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1. Introduction  

 

The power-by-wire (PBW) systems have been successfully 

applied to more eclectic aircrafts (MEA) recently, replacing the 

conventional flight-by-wire systems which are based upon central 

hydraulic systems. MEA provides both aircraft’s manufacturers and 

operators considerable benefit, such as weight saving, high efficiency 

and improved safety.1-4 EHA plays an important role in the 

development of PBW technology providing power for primary flight 

control surfaces. A typical EHA system is mainly comprised of a 

fixed displacement axial piston pump, a servomotor and a hydraulic 

cylinder, forming a closed circuit. In the EHA system, the velocity 

and direction of the hydraulic actuator are controlled by the fluid flow 

from an electric motor driven hydraulic pump which is called EHA 

pump.5   

 Figure 1 shows a typical axial piston pump applied to the EHA 

system. The pump has a cylindrical block containing several pistons 

about its centerline at equal angular intervals. Each slipper connects 

itself with the piston via a ball-joint and keeps reasonable contact 

with the swash plate utilizing the retainer. On the one hand, the 

compressed cylinder block spring pushes the cylinder block against 

the fixed valve plate. On the other hand, the compressed cylinder 

block spring transfers its force to the retainer using several pins and a 

spherical cup. When the pump operates, the cylinder block is driven 

by the shaft using the spline mechanism. When the cylinder block 

rotates about the axis of the shaft, each slipper reciprocates within the 

cylinder bore due to the retainer and angled swash plate. The 

reciprocating motion of slippers causes the suction and discharge of 

the working fluid through openings in the valve plate. The pump 

displacement and speed determine the volumetric flow of the pump, 

especially when the pump is a fixed displacement pump, the 

volumetric flow of the pump is only determined by the pump speed. 

Higher pump speed can provide larger volumetric flow for the 

hydraulic system.  

As the pump operates, three main necessary lubricating interfaces 

are forming between movable parts: the slipper/swash plate interface, 

the piston/cylinder block interface, and the cylinder block/ valve plate 

interface. These interfaces act as bearing and sealing functions, which 

significantly influence volumetric losses of the pump. The overall 

pump leakage is mainly determined by individual leakage sources 

through these three lubricating interfaces. 
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When manufacturing axial piston pumps, mass difference of piston-slipper assembly is inevitable because of manufacturing 

precision limits. Small mass difference may not cause problems when the pump operates at low speeds, while it cannot be 

ignored at high speeds. One problem related to high speed is the cylinder block tilt resulting from the inertial effect of 

piston-slipper assembly. Recently, the speed of electro-hydrostatic actuator (EHA) pump in aircraft can reach more than 

10,000 rpm. Therefore, mass difference of piston-slipper assembly should be taken into account in future EHA pump design. 

The main purpose of this paper is to investigate the effect of the mass difference of piston-slipper assembly on the cylinder 

block tilt in a high-speed EHA pump. A detailed set of relevant equations is developed to establish the relationship between 

the mass difference of piston-slipper assembly and cylinder block tilting moment. It is found that a tighter control over the 

mass difference of piston-slipper assembly should be guaranteed when it comes to high-speed EHA pumps. 
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Fig. 1 The general configuration of an axial piston pump 

 

For the aim of higher power density, the continuing development 

of EHA has put forward higher demand upon EHA pumps for higher 

rotating speed. Generally, an EHA pump is characterized as small 

displacement as well as high speed since this combination can offer 

large flow to produce sufficient velocity for the hydraulic cylinder by 

a more compact structure. At present, the electrically-driven mini-

pumps developed by Messier-Bugatti, as part of EHA system driving 

the backup flight control, can be driven at rotating speed of up to 

15,000 rpm. Also, similar EHA pumps provided for F-35 by Parker 

can operate at 20,000 rpm. However, there are some challenges that 

must be considered when designing high-speed EHA pumps. 

The first problem associated with the high speed is high pressure 

pulsation. Edge and Darling6 conducted theoretical and experimental 

studies of the cylinder block pressure in an axial piston pump and 

found that undershooting or overshooting pressure in the cylinder 

block increased almost linearly with the pump speed. Also, similar 

research was carried out by Carsten et al.7 

The second problem pertaining to high rotating speed is cavitation. 

Harris et al.8 developed cavitation and air-release models, according 

to which cavitation is likely to take place in high-speed conditions. 

Yamaguchi and Takabe9 examined the cavitation experimentally in an 

axial piston pump and discovered that higher rational speed might 

need higher suction tank pressure. Manring10 obtained the expression 

for speed limitation derived from Bernoulli equation and pointed out 

that the pump rational speed could be further improved when the 

intake pressure was increased. 

The third problem of high rotating speed is concerned with power 

losses due to high-speed rotating elements in an axial piston machine. 

The power losses mainly result from mechanical friction due to 

metallic contact of sliding surfaces and churning losses due to 

rotating elements in the fluid-filled pump case. Hong et al.11-13 

pointed out that the EHA pump usually experienced mixed friction 

and the friction loss was mainly from the valve plate and input shaft 

bearing in a bent-axis type piston pump for the EHA at high speeds 

up to 10,000 rpm. Lee et al.14 investigated the effects of duplex 

treatment on the surface properties of EHA pump parts by a high-

speed disk-to-disk type wear test and found that a duplex treatment 

was effective in reducing wear rate. Besides, special attentions shall 

be given to churning losses that contribute significantly to power 

losses within high-speed pumps or motors.15-17 

The last problem caused by high rotating speed is the instability 

of rotating parts in the high-speed piston pump. Especially, slippers 

and cylinder block tend to suffer from tilting moments because of the 

large translational inertial and centrifugal forces of piston-slipper 

assemblies in high-speed conditions.10,18-20 Unfortunately, such tilting 

moments often result in slipper tilting away from the swash plate and 

cylinder block tilting away from the valve plate.21-24 These tilting 

motions will lead to a wedge-shaped oil film between movable parts 

and thus increased leakage. 

It can be seen from the last problem that the piston-slipper 

assembly inertia has a significant influence on pump performance. 

Conventional dynamics analysis for rotating parts of the pump is 

based on the assumption that all piston-slipper assemblies have the 

same mass. However, it is impossible for piston-slipper assemblies to 

remain the same mass due to limited manufacture precision. 

Table 1 gives the actual mass of each piston-slipper assembly 

from commercial axial piston pumps. All of the data presented in this 

table are obtained from actual measurements. It should be noted that 

the max absolute mass error is equal to the maximum absolute 

difference value between the individual piston-slipper mass and 

piston-slipper average mass, and the max relative mass error is 

defined as the ratio of max absolute mass error to average mass. 

Table 1 (a) Max. displacement and max. rotating speed of the actual 

machinery  

Pump number 1 2 3 

Max. displacement (mL/r) 60 45 28 

Max. speed (rpm) 3000 3250 3600 

Table 1 (b) Individual piston-slipper mass of the actual machinery 

Piston-slipper number Pump 1 Pump 2 Pump 3 

1 119.55 103.63 70.23 

2 118.93 102.89 70.10 

3 119.42 103.17 70.34 

4 118.87 103.43 70.13 

5 119.56 102.99 70.02 

6 118.93 103.57 69.97 

7 118.72 102.73 69.83 

8 119.42 103.04 70.32 

9 119.05 103.23 70.42 

Average mass (g) 119.16 103.19 70.15 

Max. absolute mass error (g) 0.44 0.46 0.32 

Max. relative mass error 0.37 % 0.44 % 0.46 % 

 

The above mass difference of piston-slipper assembly may be a 

negligible factor when carrying out the dynamics analysis in low- 

speed conditions, but it cannot be ignored at high pump speeds. The 

small mass difference of piston-slipper assembly can produce large 

inertia force when the pump operates at high speeds, which may 

cause significant tilting inertia moment on the cylinder block. 

Although much research has been conducted in high-speed 

problems, little information is available from the manufacture 

precision point of view. In this paper, motion equations of the piston-

slipper assembly are given by using the vector analysis in which the 

piston-slipper mass difference is considered, also the rotating vector 



method is applied for evaluating the effect of the piston-slipper 

assembly mass difference on the cylinder block tilt. Finally, the 

explicit theoretical expression for cylinder block tilting moment 

caused by the piston-slipper mass difference is proposed, according to 

which a tighter control over the mass difference of piston-slipper 

assemblies should be achieved in high-speed EHA pumps. 

 

 

2. Mathematical model 

 

From the literature10 it is noticed that the cylinder block tilt is 

caused by the moments acting on the cylinder block by the centrifugal 

forces of all piston-slipper assemblies. In the present work, the 

translational inertia forces of piston-slipper assemblies will be 

considered as well as the centrifugal forces. Additionally, for any 

individual piston-slipper assembly, its mass is variable rather than 

constant. 

Figure 2 shows a simplified cross-sectional view of a schematic 

diagram of an axial piston pump that mainly consists of the valve 

plate, cylinder block, piston, slipper, swash plate and other 

components not shown here for brevity. In Fig. 2, the XYZ system is 

fixed in an inertial frame and the xyz system attached to the cylinder 

block rotates relative to the XYZ system. 

 

Fig. 2 Simplified cross-sectional view of the axial piston pump 

 

Suppose that ρ is the position vector of the centroid of the piston-

slipper assembly relative to the origin of the XYZ system. Then the 

vector expression for the absolute acceleration of the centroid of 

piston-slipper assembly is25 

     2       
r rn n n n

a ω ρ ω ω ρ ρ ω ρ  (1) 

where ω is the absolute angular speed of the cylinder block in the 

negative Z-direction that takes a constant value, ω is the absolute 

angular acceleration of the cylinder block, ρn is the position vector of 

the centroid of the nth piston-slipper assembly relative to the xyz 

system, ( )
rn

ρ and ( )
rn

ρ are the velocity vector and acceleration 

vector of the centroid of the nth piston-slipper relative to the xyz 

system. 

Before evaluating each of the terms in Eq. (1), we note that26 

 ω k   (2) 
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where i, j and k are the unit vectors in the X-direction, Y-direction and 

Z-direction respectively in the XYZ system, ω is the magnitude of 

cylinder block angular speed ω, R is the pitch circle radius of piston 

bores, β is the swash plate angle, zc is the initial position of the 

centroid of the first piston-slipper assembly, and φn is the angular 

position of the nth piston. If φ1 = 0 when the bottom dead center 

(BDC) is chosen as the position for the derivation of kinematic 

parameters, then 

 1
n

t n       (5) 

where α is the angular interval between two contiguous pistons about 

the z-axis.  

Now solving for the absolute acceleration of the centroid of the 

piston-slipper assembly from Eqs. (1) to (5), we obtain 

 2 2
sin cos tan cos

n n n
R R        

n
a i j k  (6) 

in which the first term on the right side represents the centrifugal 

acceleration arising from the rotating motion along with the cylinder 

block, and the second term represents the translational acceleration 

resulting from the reciprocating motion during discharge stoke and 

suction stroke. 

Applying D’Alembert’s principle, the centrifugal acceleration will 

generate radial inertial force Fr, and the translational acceleration will 

generate additional lateral inertial force FNy. These two types of 

inertia forces may lead to cylinder block tilting from the valve plate. 

Thus, taking tilting moment about origin, we obtain 
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where mn is the nth piston-slipper mass, N is the total number of 

pistons and Ln is the moment arm of the nth inertia force generated by 

the translational acceleration. It is noted that both ρn and Ln are 

vectors that are measured relative to the XYZ system. From Fig. 2, Ln 

is given by 

 
0

sin cos tan cos
n n n
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n

L i j k  (8) 

where z0 is the location of the intersection between the plane of all 

piston-slipper ball joints and the centerline of the shaft. 

Substituting the results of Eqs. (4) and (8) into Eq. (7), we may 

obtain the tilting moment acting on the cylinder block. 
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where 
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Previous studies usually assumed that individual piston-slipper 

assemblies were identical in mass. Namely, each mn was assumed to 

be constant. Therefore, the summations of the trigonometric series 

associated with K1, K3, and K4 in Eq. (9) would be equal to zero due 

to mathematical symmetry. The specific assumption may be 

acceptable for the case of not very high pump speed because the mass 

deviation of piston-slipper assembly due to actual manufacturing 

errors may not cause significant cylinder block imbalance. However, 

the EHA pump applied to the electro-hydrostatic actuator is 

characterized as high speed more than 10,000 rpm, even a very small 

mass deviation of piston-slipper assembly is likely to give rise to 

large cylinder block tilting moment and thus cylinder block tilting 

from the valve plate.  

Let us consider that the actual nth piston-slipper mass mn deviates 

away from the nominal mass mm by Δmn. It is noted that the nominal 

mass mm is equivalent to the average mass of all piston-slipper 

assemblies. Then the new expression for the cylinder block tilting 

moment derived from Eq. (9) is 
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Subtracting Eq. (9) from Eq. (14) after letting mn = mm in Eq. (9) 

yields the additional cylinder block tilting moment due to the piston-

slipper mass errors. 
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Considering K1≈K3 and K2≈K4 due to the small value of β, Eq. 

(15) can be further simplified as follows: 
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3. Analytical results and discussion 

 

It can be seen from Eq. (16) that the mass difference of piston-

slipper assembly will produce tilting moment components in the X 

and Y directions, as shown in Fig. 3. These two components of tilting 

moment contribute to cylinder block tilting away from the fixed valve 

plate about the X- and Y-axis during operation. One should note that 

the gap within the cylinder block/valve plate interface has been 

exaggerated for illustration purpose. The actual gap height is usually 

on the order of microns. Once the cylinder block tilt occurs, the 

wedge-shaped oil film probably forms between the cylinder block and 

valve plate, which may cause dramatically increased leakage flow.  

 

Fig. 3 Cylinder block tilt by the additional tilting moment due to mass 

difference of piston-slipper assembly 

 

It is a usual practice in the case of the piston-slipper assembly to 

limit its mass deviation during the design phase. For the case of axial 

piston pumps applied to construction machinery, the piston-slipper 

mass deviation from its nominal value is usually maintained within 

±1 g according to experience. It must be emphasized, however, that 

the above empirical value is based upon normal speed lower than 

4000 rpm in most cases. The EHA pump applied to EHA system 

usually operates at a high rotating speed more than 10,000 rpm, 

which is likely to trigger the cylinder block tilt. Therefore, a stricter 

limit on the piston-slipper mass deviation should be put forward for 

the EHA pump. 

Applying Eq. (16), the additional tilting moment of cylinder block 

can be evaluated to investigate the effect of non-uniform piston-

slipper mass on the cylinder block tilt. On the other hand, if we give 

insight into Eq. (16) from the mathematical point of view, then the 

additional tilting moment of cylinder block can be considered as 

consisting of one additional tilting moment ΔMT1 and another one 

ΔMT2. 
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Assume that the piston-slipper mass deviation Δmn varies from  

-Δm to Δm. To calculate the maximum and minimum of Eqs. (18) and 

(19), the rotating vector method will be introduced in the following 

discussion. Traditionally, the total number of pistons N within an axial 

piston pump is 7, 9 or 11 for a low flow rate pulsation. Without any 

loss of generality, N is set equal to 9 for the investigated EHA pump. 

Fig. 4 shows the rotating vector method for calculating the 

maximum of ΔMT1 using an indicator diagram. One can observe that 

each vector arrow icon represents the corresponding trigonometric 

term involved in the summation of trigonometric series in Eq. (18). 

Also, the angle between two adjacent vector arrows is α when Δmn is 

a positive value, and the angle is π-α when Δmn is a negative value. 

Then the maximum of ΔMT1 is indicated by
1OO . 

2

1max

m

2 sin
4

K R


 M



T1   (20) 

 

Fig. 4 Indicator diagram for the maximum of ΔMT1 (φ1 = 0°) 

 

In a similar manner, we could obtain the maximum of ΔMT2, as 

illustrated in Fig. 5. 
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Again looking at Fig. 4 and Fig. 5, it is found that when all piston-

slipper assemblies have the same mass deviation, both magnitudes of 

ΔMT1 and ΔMT2 turn out to be zero, as indicated by the dotted vector 

arrows. Additionally, another point to keep in mind is that both ΔMT1 

and ΔMT2 cannot achieve their possible maximum in the same manner 

even if both of their resultant vectors have the same direction. This 

implies that both ΔMT1 and ΔMT2 cannot achieve their possible 

maximum simultaneously.  

 

Fig. 5 Indicator diagram for maximum magnitude of ΔMT2 (φ1 = 0°) 

 

To evaluate the contribution of the piston-slipper assembly mass 

difference on the cylinder block tilt, it is required to introduce the 

traditional tilting moment acting on the cylinder block due to the 

pressure difference between the discharge side and suction side.27-31 

The mean value of the above traditional tilting moment can be 

expressed as32 

   

3 3 3 3

4 3 2 1 1

4 3 2 1

mean

2
cos cos

9 ln / ln / 2 4

R R R Rp
M

R R R R

  
 

 
 
 

  
 (22) 

where p is the discharge pressure, R1 and R2 are the inside and outside 

radius of the inner region of the sealing land on the cylinder block, R3 

and R4 are the inside and outside radius of the outer region of the 

sealing land on the cylinder block, and α1 is the circumferential angle 

of kidney pattern of the cylinder block, as shown in Fig. 6. 

 

Fig. 6 A schematic of the cylinder block bottom sealing face 

 

Comparing the magnitude of the additional tilting moments ΔMT1 

and ΔMT2 with the traditional tilting moment Mmean may provide a 

better understanding of the influence of the piston-slipper mass 

difference. Fig. 7 and Fig. 8 show an example of calculations of the 

additional tilting moments ΔMT1 and ΔMT2 for a range of piston-

slipper mass deviations. From the results shown in Figs. 7 and Fig. 8, 

it can be seen that the non-uniform piston-slipper mass has a 

significant impact on the additional tilting moment acting on the 

cylinder block at low pressures and high rotating speeds. The possible 

maximum of ΔMT1 can reach up to 53% of Mmean at 2 MPa and 

20,000 rpm even though the mass deviation of each piston-slipper 

assembly is only 0.5 g or -0.5 g. Moreover, the magnitude of 

additional tilting moment ΔMT1 is overwhelmingly greater than that of 

ΔMT2.  



  

 

 

Fig. 7 Results for the additional tilting moment, ΔMT1, for a range of 

piston-slipper mass deviations  

 

Fig. 8 Results for the additional tilting moment, ΔMT2, for a range of 

piston-slipper mass deviations  

 

The low-pressure and high-speed conditions are common for the 

EHA pump for the purpose of power saving.33 Therefore, it is of 

importance to recognize that the individual piston-slipper assembly 

mass must keep more consistent with each other on the basis of the 

above analysis. If it is assumed that the magnitude of total additional 

tilting moments should be maintained below 10% of Mmean for the 

investigated EHA pump at 10,000 rpm, then it is recommended to 

limit the piston-slipper mass deviation Δm to be less than 0.2 g. 

Furtherly, if the investigated EHA pump operates at 20,000 rpm, then 

the Δm is recommended to be less than 0.1 g. 

 

4. Experimental Verification 

 

The aim of the experimental study is to verify the influence of the 

piston-slipper assembly mass difference on the cylinder block tilt. As 

stated previously, the cylinder block tilt may give rise to a wedge-

shaped oil film within the cylinder block/valve plate interface, which 

consequently brings about an increase in leakage within this interface. 

As a result, the overall leakage of the pump will increase accordingly. 

It is indeed a meaningful attempt to establish the relationship 

between the piston-slipper assembly mass difference and the leakage 

increase. However, it is not yet possible to calculate the complicated 

additional leakage only because of the piston-slipper assembly mass 

difference. On the other hand, it is difficult to directly measure the 

leakage flow between the cylinder block and valve plate. In order to 

get around this dilemma, we alternatively choose to investigate the 

overall leakage of the pump and qualitatively analyze the effect of the 

piston-slipper assembly mass difference on the cylinder block tilt. It is 

assumed that the leakage change from the cylinder block/valve plate 

can be reflected by the overall leakage change of the pump. 

In order to measure the overall leakage of the high-speed EHA 

pump prototype, which was independently developed by State Key 

Laboratory of Fluid Power and Mechatronic Systems, Zhejiang 

University, a test rig presented in Fig. 9 was built up which was 

allowed to provide rotating speeds more than 10,000 rpm. The EHA 

pump prototype with a fixed displacement of 2 mL/r had a maximum 

pressure of 28 MPa and a maximum speed of 10,000 rpm.  

 

Fig. 9 Photograph of the test rig for the investigated EHA pump 

 

Two groups (A and B) of piston-slipper assemblies were selected 

to be assembled into the EHA pump prototype. The mass of 

individual piston-slipper assemblies was measured using high-

accuracy electronic scales, and one of the actual piston-slipper 

assemblies is shown in Fig. 10.  

 

Fig. 10 Photograph of one individual piston-slipper assembly of the 

investigated EHA pump prototype 

 

Table 2 lists the actual mass of each piston-slipper assembly used 

to be assembled into the investigated EHA pump prototype. It can be 

seen from Table 2 that these two groups have the same piston-slipper 

assembly mass from number 1 to number 8 except number 9. Besides, 

it is important to notice that these piston-slipper assemblies of each 

group were nested within the cylinder block in order of decreasing 

mass. This specific arrangement was to make it more convenient to 

compare the EHA pump prototype performance with different piston-

slipper assembly mass deviations. 

It is easy to obtain each piston-slipper assembly mass deviation 

by subtracting the average mass from the individual mass. Then we 

can calculate the additional cylinder block tilting moments due to the 

piston-slipper mass difference using Eqs. (18) and (19). 

Table 2 Individual piston-slipper mass of the EHA pump prototype 



Piston-slipper number Group A Group B 

1 16.514 16.514 

2 16.511 16.511 

3 16.506 16.506 

4 16.504 16.504 

5 16.483 16.483 

6 16.481 16.481 

7 16.479 16.479 

8 16.475 16.475 

9 16.470 15.976 

Average mass (g) 16.491 16.437 

Max. absolute mass error (g) 0.023 0.461 

Max. relative mass error 0.14% 28% 

 

Figure 11 gives a graphical example of the actual additional tilting 

moment ΔMT1 acting on the cylinder block. The additional tilting 

moment, ΔMT2, is not shown here since its magnitude can be 

negligible when compared with ΔMT1. 

 

Fig. 11 Calculated additional cylinder block tilting moment ΔMT1 

 

Comparing the calculated results between group A and group B 

shown in Fig. 11, it can be found that the additional tilting moment 

acting on the cylinder block for group B is obviously larger than that 

for group A, especially at high rotating speeds. This is an expected 

result given that the non-uniformity degree of mass distribution for 

group B is larger than that for group A as shown in Table 2. Therefore 

the non-uniformity degree of mass distribution cannot be ignored 

when the EHA pump operates at high speeds since the cylinder block 

tilting effect increases quadratically with its rotating speeds. 

Fig. 12 shows the trend of the measured overall leakage of the 

EHA pump prototype with increased rotating speed for group A and 

group B. These two groups of experiments were carried out at the 

same discharge pressure of 2 MPa, and the inlet oil temperature was 

maintained at (32±0.5)℃ in order to eliminate the influence of these 

two operating parameters on the pump leakage as far as possible.  

 

Fig. 12 Measured overall leakage of the EHA pump prototype  

 

It is no surprise that there is little difference of the measured 

overall leakage between group A and group B when the EHA pump 

prototype operates at low rotating speeds (i.e., lower than 4000 rpm). 

This is due to the fact that the magnitude of the additional cylinder 

block tilting moment is rather small at low speeds, so that the cylinder 

block balance is less likely to be disturbed. At this time, the gap 

height between the cylinder block and valve plate is not significantly 

affected by the small tilting moment. However, when the rotating 

speed continues to rise, the additional tilting moment acting on the 

cylinder block can no longer be ignored. It can be seen from Fig. 12 

that high rotating speeds cause leakage peaks for group B. The 

instantaneous leakage for group B can be increased by up to 600 % 

when compared with that for group A at the same speeds. This can be 

explained by the fact that the large additional cylinder block tilting 

moment due to the piston-slipper assembly mass difference 

significantly disturbs the cylinder block balance at high speeds and 

thus results in the cylinder block tilting away from the valve plate. As 

a result, a wedge-shaped oil film forms within the cylinder 

block/valve plate interface and consequently leads to a considerable 

leakage increase from this interface.  

Considering the destructive effect of the cylinder block’s tilting 

behavior on the pump performance, the maximum speed of the EHA 

pump prototype for group B only reached 7000 rpm to prevent the 

pump failure and even accident. 

 

5. Conclusions 

 

The following conclusions can be drawn from this work. 

(1) The effect of piston-slipper assembly mass difference on the 

cylinder block tilt cannot be neglected, especially when the EHA 

pump operates at high speeds and low discharge pressures. High 

additional cylinder block tilting moment may lead to cylinder block 

tilting away from the valve plate and thus a considerable increase in 

leakage. 

(2) According to Eqs. (17), (18) and (19), the total additional 

tilting moment consists of one additional tilting moment ΔMT1 and 

another one ΔMT2. Also, ΔMT1 dominates the total additional tilting 

moment. 

(3) A  tighter control over the piston-slipper assembly mass 

difference should be achieved for high-speed EHA pumps to avoid 

cylinder block tilting away from the valve plate and thus increased 

leakage. 
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