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Summary of Thesis

The present research is concerned with health monitoring techniques for rotating 
machinery, for example Turbogenerator (TG) sets in the power industry. Vibration 
based condition monitoring is widely accepted for rotating machinery and hence the 
vibration response o f a machine is again utilized in the present research study.

Experience shows that faults develop in rotating machines during normal operation 
and hence their quick identification and remedy are important from safety and plant 
productivity considerations. The vibration based fault identification procedures are 
well developed for rotating machinery. However the quantification part o f the 
identified faults has still not matured, and is an ongoing research topic. Hence the 
remedial action is usually time consuming, even though the machine is known to have 
some known faults, due to lack o f knowledge o f their locations and the extent o f the 
faults. In general such a quantification o f the identified fault relies on the 
mathematical model o f the complete system along with the measured vibration 
response o f the system.

Rotating machinery consists o f three major parts -  a rotor, fluid journal bearings and 
a foundation which is often flexible. Often a good model o f the rotor (usually a finite 
element model) and an adequate model o f the fluid bearings may be constructed. 
However, a reliable model for the foundation is difficult to construct due to a number 
of practical difficulties. Hence the present study has concentrated on two objectives - 
reliable modelling for the foundation and the quantification o f faults using the 
measured vibration response at the bearing pedestals and the mathematical model o f 
the rotor and the fluid bearings.

For the foundation model, the theory which was developed to estimate the models for  
flexible foundation has been described in the thesis. The method uses measured 
vibration response at bearing pedestals during machine run-downs, a priori rotor and 
journal bearing models, and a knowledge of the rotor unbalance, to estimate the 
stiffness, damping and mass matrices o f the foundation. The method was tested on 
both simulated and experimental examples. The prediction capability o f the estimated 
foundation model was also demonstrated.

For the fault estimation a different approach has been used. It has been assumed that 
the foundation mathematical model is not known, and it is demonstrated that the two 
faults - the state o f rotor unbalance and the misalignment in the rotor can be 
estimated reliably. The theory o f the proposed methods is discussed in the thesis. The 
method uses measured vibration response at bearing pedestals during a single 
machine run-down, and a priori rotor and journal bearing models, to estimate the 
rotor unbalance and the misalignment along with the foundation parameters, so that 
the dynamics o f the foundation is also accounted for during the estimation. The 
methods were tested on simulated and experimental examples and the estimation 
accuracy was found to be excellent and generally robust to errors in the rotor and 
bearing models.
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Chapter 1 Introduction

1.0. INTRODUCTION

Turbogenerator (TG) sets in power stations consist of three major parts -  a rotor, fluid 

journal bearings and a foundation which is often flexible. A typical schematic of the 

steam TG set is shown in Figure 1.1 and generally consists of a High Pressure (HP) 

turbine, a Low Pressure (LP) turbine and an Electric Generator. In some high 

capacity power plants the TG sets also have a few Intermediate Pressure (IP) turbines 

that are not shown in Figure 1.1. The shafts of the individual systems are joined 

together by means of couplings, and the complete shaft is known as the rotor of the 

TG set. The shafts of each turbine are designed to have a number of rows of turbine 

blades along the shaft length. Each rotor of an individual system is normally 

supported by its own fluid journal bearings, which are supported on foundation 

structures which are often flexible.

Experience shows that faults develop in rotating machines during normal operation, 

for example bends, cracks, or mass unbalance in the shaft (due to scale deposits 

and/or erosion in last stage blades of the LP turbine). If a fault develops and remains 

undetected for some time, then, at best, the problem will not be too serious and can be 

remedied quickly and cheaply. However, at worst, it may result in expensive damage 

and down-time, injury, or even loss of life. Such a situation warrants the use of a 

reliable condition monitoring technique to reduce the down time of plant.

Successful condition monitoring generally depends on two facets -  detection of the 

presence of faults and their quantification - so that remedial action can be planned in 

time. The vibration based prediction of the presence of faults in rotating machines is 

now well known and well understood for many known problems of rotating machines. 

Past research studies (Orbit, 1981-2001) gave many guidelines to detect faults and 

these are used extensively in power plants. However the quantification part of fault 

diagnosis is still an ongoing research topic. In general the quantification of faults 

relies on the mathematical model of the complete system along with the measured 

vibration response of the system.

2
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1.1. THE SYSTEM MATHEMATICAL MODEL

Often a good model of the rotor (usually a finite element (FE) model) and an adequate 

model of the fluid journal bearings may be constructed. The modelling aspects of the 

rotor and fluid bearings are discussed in Chapter 3. However, a reliable FE model for 

the foundation is difficult, if not impossible, to construct due to a number of practical 

difficulties (Lees and Simpson, 1983).

1.2. MEASURED VIBRATION DATA

It is well known that the direct measurement of vibration on the rotor during its 

normal operation is not easy. However it is convenient to perform vibration 

measurements at the easily accessible locations, such as bearing pedestals, that will 

reflect the dynamic response of the rotor, the bearings and the foundations. In addition 

the relative shaft vibration near the bearing pedestals may also be measured. In fact 

most of the diagnosis methods developed utilize these measured data which are 

briefly summarized in Chapter 2. However many of the older power plants are not 

equipped the proximity probes required to measure the relative rotor vibration and so 

this information may not always be available. Hence the present studies are confined 

to the use of the bearing pedestal vibration only.

1.3. THE PRESENT STUDY

The present research study has concentrated on the following two objectives utilizing 

the measured bearing pedestal vibration in both the vertical and horizontal directions 

during machine run-downs, and a priori models for the rotor and fluid bearings.

(a) Foundation model estimation so that a reliable mathematical model of the 

complete system can be developed.

(b) Reliable fault estimation (Rotor unbalance and misalignment) even if the 

foundation model is not known.

3
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1.3.1. Estimation of the Foundation Models
The FE modelling methods (Cook et a i, 1989, Zienkiewicz and Taylor, 1994) are 

well known and mature techniques for modelling structurally and geometrically 

complex structures with a variety of analysis capabilities. Many commercial codes are 

available to perform this analysis. The DYNROT (Genta, 1997) code based on the 

MatLab platform (Mathwork, Inc., 1999) is written for rotating machine modelling 

and analysis. Even with these advances in modelling, it has been observed that often a 

good FE model of the rotor is possible, but a reliable FE model for the foundation is 

difficult to construct (Lees and Simpson, 1983). However a reasonably reliable model 

of fluid journal bearings may be constructed using short bearing theory (Hamrock, 

1994).

Lees and Simpson (1983) argued that the modelling of the foundation, in principle, is 

possible by the FE method, but there are a number of practical difficulties. It is often 

found that similar units, built to the same drawing, display substantially different 

dynamic behaviour. The different behaviour is mainly due to small changes in a huge 

number of joints, which combine to give a substantial change in the stiffness of the 

structure. With these difficulties, it is unlikely that model updating methods (Friswell 

and Mottershead, 1995) could be used, as there are too many uncertain parameters in 

the joints. Thus the most promising avenue is to identify a model of the foundations 

directly from the measured vibration at the bearing pedestals during a run-down.

For the foundation model estimation, the machine dynamics are assumed to be linear. 

The responses of two runs (one with residual unbalance and the other with added 

unbalance at a number of balance disks) of a machine were subtracted to produce a 

response of the machine for a known unbalance in the rotor. These informations have 

then been used for the direct estimation of the foundation model from the system 

equation of motion. Initially Lees (1988) has suggested the least squares method for 

the foundation model estimation by utilizing these measured responses for a known 

unbalance along with a priori rotor and fluid bearings models. Since then several 

research studies used different estimation techniques on this topic have been carried 

out. Once again an attempt has been made to estimate the foundation model in a 

simple manner.
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Broadly two types of foundation model identification have been proposed by different 

researchers. One is the identification of the system matrices (Lees, 1988, Zanetta, 

1992, Feng and Hahn, 1995, Vania, 1996, Smart et al, 2000) and other is the modal 

model identification (Provasi et a l, 2000) for the foundation. Zanetta (1992), Feng 

and Hahn (1995), and Provasi et a l (2000) used the relative shaft vibration along with 

the bearing pedestal vibration. However others have used only the bearing pedestal 

vibration. But most of these studies were restricted to simple simulated examples, and 

limited experimental data was used. The most important aspect is the prediction 

capacity of the estimated foundation model, and this was only considered by Smart et 

al (2000).

Smart et a l (2000) used experimental data to test their estimation method. The size of 

the estimated foundation model was restricted to the measured DoF and the frequency 

was split into bands to accommodate more modes than measured DoF. The estimation 

method has modelled the transfer function using polynomial matrices for estimation 

of foundation mass, damping and stiffness matrices. The success of this method is 

critically dependent on the regularization of the resulting equations and requires 

considerable user judgement. The present estimation method is a simplified approach 

of the study by Smart et a l (2000) and has used the bearing pedestal vibration 

measured in the vertical and horizontal directions along with a priori models of the 

rotor and fluid bearings. In the proposed method (Sinha et a l, 2002a) the elements of 

the system mass, damping and stiffness matrices are directly modelled and estimated 

giving a significant reduction in the number of parameters estimated by Smart et a l 

(2000). Regularization based on physical constraints, for example symmetric system 

matrices, was also applied to further reduce the number of unknown foundation 

parameters to be estimated. Different regularizations were used and their usefulness 

has also been highlighted in the study by Sinha et a l (2002a). The prediction 

capability of the estimated foundation model was found to be excellent. These are 

discussed in detail in Chapters 5 and 6.

1.3.2. Rotor Unbalance Estimation
Several researchers have proposed many methods since the early 1930s for balancing 

a rotor to reduce the machine vibration. These are briefly summarized in Chapter 2. 

The best option is to use a mathematical model of the system that can estimate the

5
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state of the rotor at multi-planes using the measured responses from a single run-down 

of the machine. However the reliable model of the machine may not be readily 

available for many machines installed at site. Modelling of the rotor and the fluid 

bearings may be quick and straightforward but the estimation of a reliable foundation 

model is difficult and time consuming. Hence this option is not practical in many 

cases. Many other conventional balancing methods are time consuming -  several run

downs of the machine are needed and substantial experience in field balancing is 

required. Hence a quick and reliable method for the estimation of rotor unbalance is 

required that would be appreciated and welcomed in practice. Significant effort has 

been made to achieve this objective of the minimum possible machine down time with 

reasonably accurate unbalance estimation. These are briefly discussed in Chapter-2. 

Among them the technique suggested by Lees and Friswell (1997) has been found to 

be the most viable alternative. The suggested method seems to have the potential for 

fast and reliable rotor unbalance estimation just using measured pedestal vibration 

from a single run-down of a machine. In the present study the method has been further 

modified to suit plant conditions.

Lees and Friswell (1997) demonstrated the method on a simple simulated example. 

The method uses the rotor and the bearing model along with the measured pedestal 

vibration, and estimates the rotor unbalance along with the foundation parameters. 

The method has been further validated on a small simple experimental rig (Edwards et 

al, 2000). In both the cases the number of modes of the system were less than the 

measured DoF in the run-down frequency range. Hence the experimental example 

only indicates that the method is robust to the measured responses that may be contain 

some structure and instrument noise. However for systems like TG sets the number of 

modes excited may be more than the measured DoF in the run-down frequency range. 

Thus the estimated unbalance may not account for all the critical speeds. Hence the 

method has been modified further to reliably estimate the rotor unbalance by splitting 

the whole frequency range into bands for the foundation so that the band dependent 

foundation models account for all critical speeds. The advantages of the suggested 

approach have been demonstrated on a more complex simulated example and an 

experimental rig (Sinha et al., 2001, 2002b). The sensitivity of the method with 

respect to the error in the rotor and the bearing models are also highlighted (Lees, 

Sinha and Friswell, 2002). These are discussed in detail in Chapters 5, 7 and 8.

6



Jyoti K. Sinha 2002, PhD Thesis, University o f Wales Swansea, UK

1.3.3. Estimation of both Rotor Unbalance and Misalignment
The general perception and observation is that the misalignment in the multi-coupled 

rotors generates a 2X (twice the rotating speed) component in the response of the 

machine (Ehrich, 1992b, Dewell and Mitchell, 1984). The affect on the IX 

component is assumed to be small. Many simple analytical simulations have been 

carried out to understand this phenomena (Gibbsons, 1976, Sekhar and Prabhu, 1995). 

But none of the earlier studies have suggested any method for the direct quantification 

of misalignment. Hence in the present study the identification of rotor unbalance and 

misalignment has been carried out using the IX response at the bearing pedestals of 

the machine from the single run-down, even though the influence on the IX response 

due to misalignment may be small.

For this identification it has been assumed that the source of misalignment in the rotor 

is the coupling of the multi-rotor system. Such a misalignment will generate constant 

forces and moments at the couplings depending upon the extent of the off-set between 

the two rotors and irrespective of the machine rotating speed. Hence the unbalance 

estimation method discussed earlier in Section 1.3.2 has been further modified by 

including such constant forces and moments at the couplings along with the rotor 

unbalance and both of these sets of parameters along with the foundation parameters 

have been estimated. The estimation theory has been presented in Chapter 5 and its 

experimental qualification in Chapter 7.

1.4. LAYOUT OF THE THESIS

The present chapter serves as a general introduction and gives detailed objectives and 

the highlights of the advantages of the present studies. The organization of the thesis 

is as follows.

Chapter 2 gives a simplified overview on the condition monitoring of rotating 

machines for the sake of completeness and documentation.
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Chapter 3 gives the theory of rotor and bearing modelling. Details of the 

measurement scheme utilized for the present study on a simple small rig are also 

discussed.

Chapter 4 gives the details of the three experimental test rigs -two in the Dynamics 

Laboratory, Department of Mechanical Engineering, University of Wales Swansea 

(UK) and the third at Aston University, Birmingham (UK), whose measured vibration 

data were used in the present study.

Chapter 5 gives the theory of the estimation techniques for the foundation model of a 

flexible rotor-bearing-foundation system using measured vibration data during a 

machine run-down. The estimation technique involves linear estimation by the least- 

squares method for the foundation model, followed by model updating of the 

identified foundation model by non-linear optimization. The theory of the rotor 

unbalance estimation (both amplitude and phase) and the rotor misalignment of a 

flexible rotor-bearing-foundation system using measured vibration data during a 

single machine run-down is also discussed.

Chapter 6 gives an assessment and demonstration of the proposed estimation 

technique for foundation models through several numerical simulations, as well as on 

experimental run-down data from two test rigs.

Chapter 7 is concerned with the validation of the proposed rotor unbalance 

estimation, and both unbalance and misalignment techniques through several 

numerical simulations and experimental data from three laboratory scale rigs.

Chapter 8 discusses the sensitivity analysis of the proposed rotor unbalance 

estimation method by introducing perturbations in different modelling parameters to 

confirm the robustness of the method.

Chapter 9 presents some concluding remarks and also highlights the scope of future 

work.
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CHAPTER 2
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THE STATE OF THE ART



Chapter 2 Comprehensive Vibration based Diagnosis of I urbo-uenerators

2.0. INTRODUCTION

Condition monitoring requires the continuous observation of various parameters like 

vibration responses at different locations of the TG sets, and many other process 

parameters, for example., condenser pressure, bearing fluid pressure and temperature 

during the machines normal operation. Vibration based condition monitoring is 

perhaps the most popular and well-recognized in plants, perhaps because the machine 

vibration response is more sensitive to any small structural or process parameter 

change. Hence only vibration based condition monitoring is discussed here. There is 

always two aspects of condition monitoring -  Prediction o f faults and their 

quantification i.e., diagnosis. In fact the vibration based prediction of faults for 

rotating machines is now well known and well understood for many known problems 

of rotating machines. Earlier research studies (Orbit, 1981-2001, Harris, 1988) gave 

many guidelines to detect faults and are widely used in power plants.

Once a fault is suspected, the machine shutdown can be planned to identify the source 

of the fault alarm and its solution. However the identified faults like the rotor 

unbalance, misalignment in the shaft, etc. the quantification of these faults are 

important to undertake remedial action. The conventional methods (without using 

mathematical model of the system) to quantify these faults is very time consuming 

and needs considerable engineering judgement and experience, and even then is 

generally found to be not so effective most of the time. Recently many research 

studies have been carried out to solve these problems more efficiently. They have 

used the mathematical models of machines -  for examples, the research studies by 

Bachschmid and Pennacchi (2000), Bachschmid et al. (2002), and Platz et al. (2000). 

Edwards et al. (1998) gave the review of model based fault diagnosis (MFD) in the 

condition monitoring of rotating machinery. Hence the estimation of foundation 

model proposed in Chapter 5 to construct a reliable model of a complete rotor system 

is important for the MFD. The books on rotor dynamics by Vance (1988), Childs 

(1993), Genta (1993), Lalanne and Ferraris (1998), Rao (1996, 2000), and Friswell et 

al., (2002) have many aspects involved in rotor dynamics modelling and analysis, and 

many earlier research references and case histories are also included in these books.
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In general installation of condition monitoring systems need the combination of both 

hardware and software, and the kind of data measured and their storage needs to be 

considered. The intention of the chapter is to compile vibration based condition 

monitoring information in a very simplified manner so that condition monitoring can 

be well understood and implemented directly on the power plants. The organization of 

the chapter as follows.

(a) Type of Vibration Transducers required.

(b) Processing and management of vibration data.

(c) Different faults.

(d) Diagnosis of faults.

(e) Discussion on the MFD.

2.1. TYPE OF VIBRATION TRANDUCERS

The vibration is generally measured near the bearings in a rotating machine. To aid 

understanding, a small portion of shaft with a bearing pedestal instrumented with 

different types of vibration transducers is shown in Figure 2.1. Four types of 

transducers are shown in Figure 2.1 and they each have a different purpose. Every 

transducer requires some kind of power input and conditioning of the output signals 

such as conversion of a charge output into a voltage signal, band pass filtering, etc., 

shown in a unit for all of the transducers in Figure 2.1. The purpose of these 

transducers is explained below.

The tacho signal is used to measure the rotor speed and also gives the relative phase 

reference with the signals from the other transducers. Russell (1997) highlights the 

importance of phase measurement and its use in diagnosing machinery problems is 

discussed by Forland (1999). One tacho sensor is sufficient for the rotor of a machine.

The change in vibration amplitude due to a small change in structural or process 

parameters will be more significant in the horizontal and vertical directions. Hence the 

vibration measurement in these two directions is important, and is why the
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accelerometers and the proximity probes are mounted in both the horizontal (x) and 

vertical (y) directions. Similarly an optical or laser sensor may be mounted in both 

directions, however for clarity only one is shown in Figure 2.1. The accelerometers 

measure the absolute acceleration of the bearing pedestals. The acceleration signal can 

be converted into a velocity and displacement signal. However the proximity probe 

measures the relative displacement of the rotor with respect to the bearing pedestal, so 

obviously this will have more information about the shaft vibration. The absolute 

vibration of the shaft at the measurement location can be obtained by adding or 

subtracting the two signals depending upon the phase relation between them (Laws, 

1998). Alternatively, the absolute shaft vibration can be directly measured using an 

optical or a laser sensor. All these signals are generally utilized to identify faults in 

machinery. The kind of data management and signal processing required for fault 

diagnosis is discussed below.

2.2. DATA PROCESSING AND STORAGE

The data obtained from all transducers shown in Figure 2.1 are analog signals, and 

continuously vary with time. A sample of these signals is shown in Figure 2.2, 

assuming that the response of the system is purely sinusoidal to aid understanding. 

These online measured analog vibration data can be directly imported to a personal 

computer (PC) through suitable hardware and software by sampling the analog data at 

a sufficiently high sampling rate. However the storage of these data from all of the 

bearing locations during a normal machine operation, and transient operations like 

run-up and run-down, would need a huge storage capacity, and the data handing and 

retrieval would be difficult. The normal practice is to process the data to get the 

information required for machine health monitoring and then store the processed data 

for future use, and to identify a fault is becoming worse.

13
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Tacho or Keyphasor signal

Phase lag Bearing Pedestal

Shaft Relative

Shaft Absolute

One rotationOne rotation

2 T  
7 2 0  deg3 6 0  deg0 deg

Time

Figure 2.2 Time waveform measured from different transducers 
(_____Horizontal direction, ____ Vertical direction)

2.2.1. Normal Operation Condition
During normal machine operation the measurement of the following data at 

predetermined intervals are important.

2.2.1.1. Overall Vibration Amplitude

The overall vibration amplitude can be stored in term of acceleration, velocity or 

displacement. These values are specified in three ways -  root mean square (rms), 0 to 

peak (pk) or peak-to-peak (pk-pk). For simple illustration, a displacement sine wave of 

50Hz, indicating the meaning of rms, pk, and pk-pk values is shown in Figure 2.3(a). 

The time waveform shown in Figure 2.3(b) consists of both sub-harmonic and higher 

harmonics of 50Hz in the displacement signal. The rms value of a sine wave is equal 

to 0.707 times the pk value, however for any other kind of time waveform such as 

shown in Figure 2.3(b), the rms needs to be computed numerically.
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0.15
rms = 0.707pk

0.1

0.05

pk-pk

■s -0 .0 5

- 0.1

0.05 0.060.03 0.040.020.010
Tim e, sec.

0.2

:-pk pk-pk

~  - 0.1

- 0.2
0.03 

Tim e, sec.
0.04 0.05 0.060.01 0.02

Figure 2.3 Time waveforms marked with peak, peak to peak, and rms amplitude of
vibration

2.2.1.2. Vibration Spectrum

The time domain vibration signals should be converted into the frequency domain 

(Bendat and Piersol, 1980). The plots of vibration amplitude versus frequency (known 

as the spectrum) must be stored for comparison of day-to-day behaviour of machine 

performance. The vibration spectra of the time waveforms in Figure 2.3 are shown in 

Figure 2.4. Since the machine speed was assumed to be 3000RPM, the vibration 

amplitude at 50Hz is referred as IX, 25Hz as 0.5X, 100Hz as 2X and so on as 

indicated in Figure 2.4. Change in the amplitude at these frequencies should be 

monitored, as these changes may be related to some kind of fault development.
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Figure 2.4 Vibration spectra of the time waveforms in Figure 2.3
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Figure 2.5 Variation of amplitude and phase of IX  component o f shaft relative 
displacement with time ( Horizontal. Vertical)
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2.2.1.3. The Amplitude -  Phase versus Time Plot

The IX (or 2X, 3X,...) vibration amplitude and its phase relative to the tacho signal 

may be potted as a function of time for both the horizontal and vertical vibration at a 

bearing. A typical example of such a plot of IX component for the vertical and 

horizontal shaft relative displacement with respect to the bearing housing and the 

phase as a function of the time of machine operation is shown in Figure 2.5.

2.2.1.4. The Polar Plot

Figure 2.5 can also be presented in a more compact way in polar coordinates as shown 

in Figure 2.6, which is called a polar plot. Thus only one polar plot for each bearing is 

sufficient to give the required information.

0 deg., y-dir.
Proximity Probe

Rotation
0.18mm12:00:00 

20JUL02. .•

0.15mm

0.12mm

0.09mm

06:00:00
19JUL02

27090 deg., 
x-dir.

180 deg., y-dir.

Figure 2.6 Polar representation of Figure 2.5 (o- Horizontal, x- Vertical) 

2.2.1.5. The Orbit Plot

The x-y proximity probes shown in Figure 2.1 are used to measure the relative shaft 

displacement to the stationary bearing pedestal. The signal from such a non

contacting proximity probe consists of the following two components.
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(a) A dc signal that is proportional to the average shaft position relative to the probe 

mounting. The x-y proximity probes give the shaft position in the bearing, and a 

change in shaft position during normal operation would indicate a load change or 

maybe bearing wears.

(b) An ac signal corresponding to the shaft dynamic motion relative to the probe 

mounting. The x-y probe signals give the shaft centerline’s path as the shaft 

vibrates. For illustration, Figure 2.7 is shows an orbit plot obtained from the time 

waveform in Figure 2.2 for the shaft relative displacement measured by x-y 

probes. Perfect circlular orbit plot indicates that the supporting foundation 

stiffness is the same in the vertical and horizontal directions, and the rotor 

response is at IX only. This plot is the forward orbit plot as the path of the rotor 

oscillation is in the direction of rotor rotation with respect to the keyphasor, 

otherwise it maybe a reverse orbit plot.

The orbit plot can be plotted either for the unfiltered time waveform or for the filtered 

component of 0.5X, IX, 2X, etc. for each revolution of shaft. The shaft position and 

the orbit plots provide useful information about shaft malfunctions. Jordan (1993) 

discusses the usefulness of the orbit plots and the shaft position in the diagnosis of 

faults.

0.12

Keyphasor
Rotation

0.08

E
E

g- 0.04 
Q0)>
nj<Dcc
€JZW
eg -004 o t  Q)>

-0.08

-0.12'— 
- 0.12 -0.08 -0.04 0 0.04

Horizontal Shaft Relative Displ., mm
0.08 0.12

Figure 2.7 The orbit plot
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2.2.2. T ransien t O peration C onditions

The start-up and run-dow n of a m achine are considered as transient operation 

conditions. The m easured data during this condition are very useful for confirm ing a 

fault identification and its subsequent diagnosis. Thom as (1995) gave the im portance 

o f transient data analysis. The tim e dom ain data for com plete transient operation must 

be stored and the follow ing data analysis should be perform ed.

2.2.2.1. The 3D Waterfall plot of Spectra

A 3D waterfall plot is a plot of the spectra of the .x-y proxim ity probes at a bearing 

with shaft rotating speeds on the third axis. A sim ple such plot for a m achine start-up 

from  700 RPM  to 3000 RPM  for the vertical (y) proxim ity probe is shown in Figure 

2.8. The appearance or disappearance of any frequency com ponents (m ultiples o f IX ) 

or even a small abnorm al change in the vibration am plitude at any frequency 

com ponent can be recognized easily from this 3D waterfall plot of the spectra.

0.06
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E 0.04x

Q. 
cn
Q
e  0 02\
CO 
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2500 

2000 

1500 

1000
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Figure 2.8 The Waterfall plot o f spectra during machine run-up

Rotor RPM
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2.2.2.2. The Shaft Centerline Plot

The plotting of dc signals of the x-y proximity probes at a bearing with machine 

rotating speed gives the shaft average centerline. This is useful for identifying changes 

in bearing load and bearing wear, as well as for calculating the average eccentricity 

ratio and the rotor position angle. The measured eccentricity helps in the 

understanding of fluid induced stability and is a parameter that can be directly used in 

the reliable mathematical modelling of fluid bearings. An assumed shaft centerline 

plot during machine start-up is shown in Figure 2.9. In Figure 2.9 the vertical and 

horizontal bearing diametral clearance is 0.44mm and at the start of the machine 

rotation the rotor was resting at bottom (180 degree) and then slowly moves up to 

0.10mm with an angle 225 degree. This indicates that the rotor is rotating in counter 

clockwise (ccw) direction and the eccentricity ( e ) of journal centre to bearing centre 

is 0.12mm.

Proximity Probe

0.22mm
Rotation

0.18mm

0.15mm

0.12mm

0.09mm

90 deg., 
x-dir.

180 deg., y-dir.

Figure 2.9 The shaft centreline plot 

2.2.2.3. The Orbit Plot

The observation of orbit plots, both raw (unfiltered) and filtered 0.5X, IX, 2X, etc. 

signals, with the change in machine speed during transient operation is important.
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2.2.2A. The Bode Plot

The measured data have to be order tracked (Bossley et al., 1999, Fyfe and Munck, 

1997) to extract the IX and higher harmonics. The order tracking gives the vibration 

amplitude-phase relationship of IX, 2X, etc. with the change in the machine's rotating 

speed. The plot of vibration amplitude and its phase with speed is known as the Bode 

plot. A typical Bode plot of IX frequency component for an assumed machine, run

down from 2400RPM to 360RPM, is shown in Figure 2.10. As can be seem from 

Figure 2.10 for IX, the plot is analogous to the frequency response function of 

standard modal tests (Ewins, 2000). The change in the rotor speed during a run-down 

is in fact similar to swept-sine excitation to the system from an external shaker. There 

are a total of four resonant peaks -two in the vertical and two in the horizontal 

direction in the run-down frequency range. These resonant peaks are known as 

machine critical speeds. The change in phase at these critical speeds is generally 

depends on the unbalance phase. But in case of pure unbalance problem, the phase 

shift would be 90 degree at the critical speeds in one direction (vertical) and in other 

direction (horizontal) by 180 degree. Changes in phase at the critical speeds are also 

indicative of the development of some faults.
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Figure 2.10 The Bode plot of IX  shaft displacement for a machine run-down
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2.3. INSTRUMENTING TG SETS FOR CONDITION MONITORING

Considering the safety aspects of TG sets, the accepted practice in most modem 

power stations is to permanently install different vibration transducers at all possible 

locations in the TG set to monitor the vibration signals indicative of the machine 

performance during its normal and transient operations. A simplified diagram of a TG 

set instrumented with different types of transducers is shown in Figure 2.11. The 

installation of the accelerometers, proximity probes or any other transducers at a 

bearing should be similar to that shown in Figure 2.1.

It is well known that the vibration measurements near the bearings are generally 

indicative of the rotor status. But experience shows that the vibration of turbine blades 

in different stages generally does not affect the vibration measurements near the 

bearings. In particular the monitoring of the blades in the last stage of an LP turbine is 

important, because their fundamental frequency are usually as low as 2 to 3 times the 

machine rotating speed, and may be excited by small fluctuations in machine output 

power and/or operating condition. Indeed the catastrophic breakdown of TG sets 

observed in many power plants in the past was due to the failure of the last stage 

blades. However these blades could not be removed as they contribute approximately 

10% of the total output of any LP turbine which is a significant contribution and 

cannot be overlooked. Better design is needed and, in fact the manufacturers have 

been in a constant search of better designs. Apart from design modification it is also 

important to monitor the last stage blade vibration so that their failure leading to a 

catastrophic breakdown of the machine, can be avoided. The best option is to install a 

pressure transducer on the casing near to the periphery of the last stage blades, but the 

transducer installation would not be easy. In the recent study by Rao and Sinha 

(2000), the monitoring of the last stage blade vibration is possible by measuring the 

vibration at the casing near the last stage blades of the LP turbine. Hence one 

accelerometer mounted on the casing in Figure 2.11 is for monitoring the last stage 

blade vibration of the LP turbine.
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A variety of these transducers are available commercially and the selection of the 

correct transducers is important, depending upon the application. The selection of the 

transducers generally depends on the frequency range of the vibration measurement 

and the amplitude level. Although some guidelines for transducer selection is 

discussed by Laws (1998), there are no absolute rules for the selection and requires 

considerable experience in vibration measurement.

The measured signals should be processed as discussed in Section 2.2 and stored. The 

hardware and software required for data acquisition, management, processing, display 

and storage can be either developed in house or a commercially available system 

used. The advantage of the user’s developed code is that the code can be modified to 

meet any proposed or required modification in the future. In fact a smart system for 

handling, processing the measured data and pattern recognition through a training the 

program for automatic online detection of the faults may be designed.

2.4. TYPES OF FAULTS

There can be many faults that develop or keep developing in a rotating machine 

during its operation. However the failure of machines in last few decades has always 

identified the probable cause for the failure in the post-failure study. Many failures 

have related to the system design and many others to human error -  deviation in 

assembly and inaccuracy in manufacturing, as well as variation in the machine 

operation conditions. So there have been consistent efforts for many years on design 

modifications and the development of fault identification tools, so that the problems 

can be solved in the minimum possible time if a fault is identified. The machine 

performance shows that there has been a significant improvement in design as 

machines rarely fail due to design problems now-a-days. However other kinds of 

problems due to human error and deviation in operative conditions need to be 

avoided. The well recognized faults resulting from the other kind of errors than the 

design are listed below.
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(a) Mass Unbalance.

(b) Shaft bow or bend.

(c) Misalignment and Preloads, 

i  (d) Crack.

| (e) Shaft rub.
t

(f) Fluid induced instability.
iI

ii
2.5. IDENTIFICATION OF FAULTS

The non-destructive and non-intrusive identification of these faults is discussed in this 

section. Many studies, both by experiment and numerical simulation, have been 

carried out to characterize faults. In experiments, faults have been introduced one by 

one in a laboratory scaled rotating rig by researchers to study the effects on different 

parameters. Many researchers have numerically simulated these experimental 

observations or behaviours of several industrial problems of rotating machines to 

understand the mechanism of the system malfunction, known as MFD. Goldman and 

Muszynska (1999) and Harris (1988) briefly discuss the state of art for the detection 

of faults. These identification procedures are outlined here.

2.5.1. Mass Unbalance
In practice, rotors are never perfectly balanced because of manufacturing errors such 

as porosity in casting, non-uniform density of material, manufacturing tolerances, and 

| loss or gain of material (e.g., scale deposit on blades of steam turbines) during

j  operation (Wowk, 1991). Obviously these will result in a high amplitude of rotor

vibration. So the control of machinery vibration is essential in today’s industry to

I meet the requirement for rotating machinery vibration to be within specified levels of
[

vibration during machine operation.

| Generally a predominant IX component of the shaft relative or absolute displacement 

during normal operation may be an indicative of rotor unbalance. The polar plots of 

the IX component for both horizontal and vertical direction near all of the bearings 

may show some increase in amplitude without any significant change in phase with
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time. The Bode plot of the IX component for the machine run-down (transient 

operation) should look similar to Figure 2.10.

2.5.2. Shaft Bow or Bend
Bent or bowed shafts may be caused in several ways, for example due to creep, 

thermal distortion or a previous large unbalance force. The forcing caused by a bend 

is similar, although slightly different, to that caused by mass unbalance. The shaft 

vibration spectra are generally dominated by the IX component, but the IX amplitude 

and its phase in polar plots (or Amplitude-Phase versus Time plots) may vary 

significantly with time during normal machine operation unlike mass unbalance. The 

best way to detect the presence of the shaft bow through the transient operation of 

machine. There may be a significant change in the IX amplitudes and phases when 

machine passes through the critical speeds during machine transient operation. These 

changes in general depend on the shaft bow angle.

One of the first extensive investigations into shaft bow was made by Nicholas et al. 

(1976a) on the unbalance response by both experiment and analysis. Since then many 

studies on the shaft bow response have been carried out. Prominent among these 

studies are those by Flack et al. (1982), Parkinson et al. (1984), Meacham et al. 

(1988), Edward (1999), and Rao and Sharma (2000).

2.5.3. Misalignment and Preloads
The preload and the misalignment in rotor system are inter-related (Southwick, 1994). 

The most general source of the preload is a unidirectional steady state force acting on 

the fluid bearings in rotor systems due to the shaft self weight. Other sources of 

preloads are due misalignment in the shaft at coupling locations, or relatively small 

off-sets in the bearings position. In practice the shaft misalignment may be of three 

types -  parallel, angular or coupled misalignment. It is generally accepted that a 

significant 2X vibration response of the shaft relative displacement is a major feature 

of misalignment (Jordan, 1993) and the orbit plot consisting of IX and 2X signals 

may be close to the shape of a 'figure eight' if misalignment causes excessive loads. 

The affect on IX vibration behaviour is generally believed to be small. There is some 

analytical evidence and some limited experiments to justify these observations. 

Gibbsons (1976) attempted to simulate the shaft misalignment behaviour analytically
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assuming that misalignment causes forces and moments at the shaft coupling. This 

concept has been followed by many researchers - Simon (1992), Xu and Marangoni 

(1994a, b) and Sekhar and Prabhu (1995). In the present study the estimation of 

misalignment based on this concept has been suggested and discussed in Chapters 5 

and 7. Ehrich (1992b), and Dewell and Mitchell (1984) gave reviews of the potential 

existence of 2X vibrations.

2.5.4. Crack
If a crack develops in the shaft, the stiffness of the shaft will vary from high-to-low- 

to-high in a complete revolution of the shaft due to the breathing (opening and 

closing) of the crack due to the rotor self weight (Mayes and Davies, 1984). This 

behaviour of the crack shaft also generates a 2X component similar to shaft 

misalignment. But unlike the misaligned shaft, both the amplitude and phase of the 

IX and 2X components change with the time of machine operation due to the 

propagation of the transverse crack. This can be observed in either the polar plots or 

the amplitude-phase versus time plots (Bently, 1982). The orbit plot consisting of IX 

and 2X components may change from a single loop to double loops like a 'figure 

eight'. However during transient operation of the machine, the shaft vibration may be 

very high when the machine speed will be passing through nearly half of the machine 

critical speed. At this particular moment the shape of the orbit plot will change from a 

figure eight to a loop containing a small loop inside indicating a significant change in 

the phase and amplitude of the 2X vibration which is close to the system natural 

frequency (Bently, 1986, Bently and Wemer, 1990). Recent experimental 

observations on a cracked shaft supported on a rigid foundation during machine run

up are similar to above and are shown in Figure 2.12. As can be seen from Figure 

2.12, a single loop (with small distorted shape) in the orbit plot at lower speeds has 

changed to the figure eight as the speed increases and then to a loop containing 

another loop when the rotor rig speed reaches nearly half of the critical speed. 

Analytically such an observation has been shown by Jun et al. (1992), and Yang et al. 

(2002).
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2.5.5. Asymmetric Shaft
In many industrial applications an asymmetric shaft is used. In such cases the shaft 

stiffness varies in a similar way to a cracked shaft during rotation. Hence such shafts 

would also generate 2X vibration, but the amplitudes and the phases at IX and 2X are 

expected to be constant with time for the rotor system having asymmetric shaft. So it 

is important to know the difference in the IX and 2X behaviour of a cracked shaft, 

shaft misalignment and an asymmetric shaft. The ratio of IX and 2X components, 

both amplitudes and phases, will not change with time for an asymmetric shaft, 

change in both components will occur for cracked shaft if crack propagates with time, 

and IX may be invariant but 2X may change with time in the case of shaft 

misalignment. Furthermore 2X components of shaft vibration would appear right from 

the start of machine operation in the case of an asymmetric shaft and misalignment. 

Thus it is important to measure the vibration response when the shaft is aligned, 

especially for a machine with an asymmetric shaft, to distinguish if the 2X component 

is due to an asymmetric shaft or misalignment.

2.5.6. Shaft Rub
Rotating machine rubs that occur when a rotor contacts the machine stator. Rubs are 

generally classified as a secondary malfunction as they may typically be caused by 

primary malfunctions like a poorly balanced rotor, turbine blade failure, defective 

bearings and/or seals, rotor misalignment, bowed shaft either mechanical or thermal, 

deformed casing, etc. The shaft rub may be of two types -  partial or full annular rub. 

Partial rubs are often of the “hit and bounce” type behaviour of a rotor in its bearings. 

A partial rub usually precedes a full rub causing an increase in the rotor stiffness and 

the friction force. The behaviour of the system during this period is highly non-linear 

and may also be chaotic.

Bently (1983a, 1994) and Forland (1999) gave the basis for the detection of partial 

and full annular rubs based on the experimental observations. Since it is a complex 

phenomenon it is necessary to use orbit plots, shaft centreline position plots, polar 

plots and spectrum plots. The general observation is that the rub generates 

subharmonic X/2, X/3 components of shaft displacement in the vibration spectrum 

plots, and it should be followed by other checks to confirm the rub existence, such as 

the polar, orbit and shaft centreline position plots during normal machine operation.
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The abnormal change in amplitude and phase of the IX component with time in the 

polar plots may be indicative of the rub transition phase from a partial to a full annular 

rub. The unfiltered orbit plot may change from a multi-loops orbit at a partial rub to 

an orbit plot where the radius equals the bearing clearance at a full annular rub. The 

shaft centerline plots may help in identifying the nearest rub location. The presence of 

subharmonic (X/2 or X/3) along with the IX and orbit plots may be observed during 

run-up and run-down that to be similar to normal machine operation. However 

sometimes in case of a full annular rub, self-excited rotor response occurs due to the 

increase in friction forces (counter acting the machine forward torque) at the rub at a 

rotating speed just near the first critical speed and remains locked to a low speed 

during the run-down or a high speed during the run-up. The IX component may not 

be observed in such cases. A typical example of such a phenomenon is shown in 

Figure 2.13. Other than the presence of a subharmonic component in the standard 

spectrum plots, the spectrum computed by principal component analysis and an 

autoregressive technique (PCAT) is suggested as an efficient method for rub detection 

(Zhengjia et al., 1990).

0  1 Self excited, critical speed

E
E

Rotor RPM

Q.0)
Q

160

0 Frequency, Hz

Figure 2.13 A typical case of a full annular rub during a run-up
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Many research studies have considered rubs but most of them are oriented towards the 

development and improvement of mathematical models so that the rubbing 

phenomenon could be accurately understood. Muszynska (1989) wrote a thorough 

review of the topic. Muszynska (1993) then demonstrated the effect of the 

thermal/mechanical rotor-to-stator rubbing in a heavy rotating machine through a 

simple mathematical model. Ehrich (1988) demonstrated the presence of subharmonic 

frequency components due to a rub, that leads to chaotic responses in his analytical 

study (Ehrich, 1992a). Goldman and Muszynska (1994a, b) have successfully showed 

numerical simulations of several experimentally observed rubbing behaviours. 

Edwards et al. (1999) examined the influence of torsional flexibility on the rotor- 

stator rubbing in their analytical study.

2.5.7. Fluid Induced Instability
A fluid induced instability is commonly referred as Oil whip which is resulting from 

Oil whirl and they are typically occur in fluid bearings. This is actually a fluid 

induced self-excited phenomenon leading to lateral shaft vibration. When the shaft 

rotates in the bearing the fluid surrounding the journal also rotates at some 

circumferential speed (X£2) relative to the shaft speed (£2), where X is known as the 

fluid average velocity ratio. The ratio X is generally a non-linear function of the fluid 

bearing radial stiffness, which depends upon the shaft eccentricity ratio (Muszynska 

and Bently, 1989, 1996, Southwick, 1993). It has been observed experimentally and 

analytically that the fluid bearing radial stiffness increases with the journal radial 

deflection and the velocity ratio X decreases from maximum to zero i.e., journal is in 

direct contact with the wall of bearing. The fluid resonance frequency of the fluid in 

the bearing during shaft rotation is normally slightly less than the half of the shaft 

rotating speed, say 0.48 £2. If during machine operation or start-up the fluid 

circumferential speed comes close to the fluid resonance frequency an instability of 

the shaft occurs that is known as Oil whirl. This is generally identified by the presence 

of a A,X (usually 0.45-0.48X or less) component in the spectrum and the forward 

circular orbit plot for the filtered X X  component irrespective of the asymmetric 

stiffness in the vertical and horizontal direction (Jordan, 1993). If the rotor system 

natural frequency is equal to the fluid resonance then the system would be completely 

unstable. The orbit plot may then be of the order of the bearing clearance. This
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phenomenon is known as Oil whip. Oil whip can occur at the first lateral mode as well 

as at higher modes of the rotor. Oil whip generally occurs during machine start-up, 

that initiates with Oil whirl and then gets locked to the Oil whip when the shaft speed 

passes through a critical speed. A typical example during a machine start-up is shown 

in Figure 2.14.

0.1

Oil W hip

0.45X Oil WhirlE 0.05,

1X 2X

3000

2500 \'

2000 \:

1500

Rotor RPM

1000

16014012010080

Frequency, Hz
500 40

Figure 2.14 A typical case of Oil Whirl -  Oil Whip during a machine run-up

Rotor systems like TG sets have many fluid bearings, and if a fluid-induced instability 

is observed during machine operation it important to identify the bearing that is 

causing such instability. Forland (1999) indicated that the phase relation at the 

frequency of instability (XX) of the shaft relative displacement between the 

measurements at all the bearings can be used to identify the bearing. The bearing 

which may be suspected as the source of instability, its shaft relative displacement at 

the X X frequency component will have a phase lag with respect to the shaft relative 

displacement at other bearings.
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Several research studies have been carried out using both experiments and analysis to 

understand the fluid induced instability. The papers by Muszynska (1986a, 1988) may 

be useful in understanding this phenomena.

2.5.8. Mechanical Looseness
I Bolts joints and the bearing assembly may loosen over a period of normal machine 

operation. This looseness generates sub-harmonics (X/2 or X/3) and higher harmonics 

of the shaft displacement during normal operation of machines (Harris, 1988,

| Mitchell, 1978).
tii

2.5.9. General Comments
The identification procedures for known faults in rotating machines are explained 

above. However it is often observed that more than one fault appears simultaneously 

so the identification may not be straightforward and it may require considerable 

experience in condition monitoring.

2.6. CONDITION MONITORING

Estimating the modal parameters of the machine before any condition monitoring 

begins would be better and will help in understanding the dynamic behaviour of the 

machine. These modal data can be obtained by conducting modal tests (Ewins, 2000). 

Several research studies (Muszynska, 1986b, Ewins, 1998) give more specific 

procedures for modal testing and parameter identification related to the rotating 

machines but so far it has not been done on the real machines. As discussed earlier in 

Section 2.0. that there is always two aspects in condition monitoring -  Prediction o f 

faults and their quantification so that the remedial action can be planned. The 

prediction part has already been described in Section 2.5. and their possible
i

quantification is being discussed here. However when discussing the condition 

monitoring of Steam TG sets, or any other machines, the information gathered from 

the measured vibration data needs to be classified into different categories to address 

the different kind of plant personnel. Different groups in a plant may not be familiar 

with the machines (other than machine operation) and the vibration based diagnostic

I1
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techniques but their primary objective is to achieve optimum productivity without 

affecting the safety of the plant. So the coordination or sharing of information among 

them is very important. To meet this requirements vibration based information is 

generally divided into the following three category (Bently, 1983b, Sabin, 1997).

2.6.1. Operational Personnel
These are the people who are concerned with productivity, so for them the

f
I information required is whether to run the machine or not. The International Standard
|

Organization has recommended vibration severity limits for machines during normal

| machine operation and the code ISO 2372 (1974) gives general guidelines for rotating 

machines with operating speeds ranging from 10 to 200 rev/s. The codes ISO 3945 

(1980) and ISO 7919 (1986) provide vibration amplitude limits for steam TG sets. A 

brief review of these codes can be found in the handbook by Harris (1988). These 

codes recommend maximum overall vibration amplitudes measured at the 

recommended locations of machines. The code ISO 3945 (1980) gives a vibration 

severity criteria for rotating machines like TG sets supported on rigid or flexible 

foundations but it assumes a rigid rotor. It recommends the maximum value of the rms 

velocity of vibration amplitude measured at the bearing pedestals in the frequency 

band of 10Hz to 1000Hz. The vibration severity values as per ISO 3945 are listed in 

Table 2.1, and shows that the recommended vibration limits as per this code are 

independent of the machine operating speed. The recent code ISO 10816 has been 

revised to make it suitable for large rotating machines and gives the vibration severity 

limits at the machine operating speed (Parkinson and McGuire, 1995). The vibration 

limits as per this code are listed in Table 2.2. These codes are concerned with the

| vibration of non-rotating parts i.e., bearing pedestals of rotating machines. However
i
| the code ISO 7919 (1986) is directly related to the vibration of the rotating shaft and is
I
j applicable to a flexible rotor supported on a flexible foundation. Part 1 of ISO 7919

! gives the measurement guidelines that apply to shaft vibration, measured close to the

| rotor bearings under normal operating conditions. It recommends both the relative as
i
! well as the absolute shaft displacement. The code ISO 7919 Part 2 (1986) gives the
i

I charts for the vibration severity limits to compare measured values and assess the
|
j machine overall condition. Parkinson and McGuire (1995) gave an excellent review

| of the ISO codes related to rotating machines. So for the operational personnel the

! trend of overall vibration values are sufficient.
[
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Table 2.1 Vibration Severity Limits as per ISO 3945

RMS Velocity (mm/s) Rigid Foundation Flexible Foundation

0.44
0.71 GOOD
1.12 GOOD
1.80
2.80
4.60 SATISFACTORY
7.10 SATISFACTORY
11.20 UNSATISFACTORY
18.00 UNSATISFACTORY
28.00 UNACCEPTABLE
46.00 UNACCEPTABLE
71.00

Table 2.2 Vibration Severity Limits at Bearing Pedestal for Large Steam TG sets as 
per ISO 10816-Part 2 (Parkinson and McGuire, 1995)

RMS Velocity 

(mm/s)

ROTOR RPM

1500 1800 3000 3600

2.80 A A A A
3.80

B B5.30
B B7.50

C C8.50
C C11.80

D D
D D

Zone A -  Good, B -  Satis actory, C- Unsatisfactory, and D -  Unacceptable

2.6.2. Plant Maintenance Engineers
Plant maintenance engineers are responsible for overall plant safety. They may not be 

the experts in vibration based diagnosis but they can be trained to understand and 

observe several things during machine normal operation such as the trend of the 

overall vibration, spectra, Polar or Amplitude-Phase versus Time plots, Orbit plots 

(filtered and unfiltered). Any change in the amplitude and phase at IX and its 

subharmonics or higher harmonics can be noticed, and if these changes are persistent
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or increasing with time then a shutdown may be planned and the machine experts 

called to identify and solve the problems. It is also likely that the maintenance 

personnel will develop the required skills over a period of involvement in vibration 

monitoring that enables them to solve the problems without consulting the machine 

experts.

2.6.3. Machine Experts
Machine experts usually look at previous vibration data during normal machine 

operation and the vibration data during transient operations to identify the faults 

accurately as per the features outlined in Section 2.5. Their quantification and the 

remedial actions required to solve the problems are discussed below.

2.6.3.1. Mass Unbalance

Several researchers have proposed many methods for balancing the rotor to reduce the 

machine vibration. Some comprehensive reviews are given by Darlow (1987), 

Parkinson (1991), Foiles et al. (1998), and Zhou and Shi (2001). The recent review by 

Zhou and Shi. (2001) is, in fact, on the techniques for the active balancing and 

vibration control of a rotor system. An automatic balancing system to control the 

machine vibration would be good, but it is still a research topic and will require many 

more years to mature for plant use. However there are many other methods which 

have been in use for many years to reduce the machine vibration. Broadly these 

methods can be categorized into two classes -  balancing using measured IX 

responses only (known as Experimental Balancing Approach), and balancing using 

both measured IX responses and a mathematical (often FE) model of the rotor or 

machine.

The experimental balancing method (Eisemann, 1997) is the most popular and 

accepted conventional approach used in power plants. In this method several runs of 

the machine are required to know the influence coefficients of added trail mass at 

different planes, so that the corrective mass for different unbalance planes can be 

estimated. This method has a long history of development since the early 1930s, from 

two plane balancing using two sensors at a single machine speed (Thearle and 

Schenectady, 1934, Baker and Evansville, 1939, Hopkirk, 1940) to multi-plane 

balancing using multiple machine speeds (transient operation) and measurement
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locations (Goodman, 1964, Tessarzik et al., 1972, Pilkey and Bailey, 1979, Pilkey et 

al, 1983). The most recent study by Zang et al. (2002) has used a single sensor for 

multi-plane balancing of a rotating machine. The method requires a number of 

machine run-downs for the calculation of the influence coefficients, but it is useful for 

the case where the number of available measurement locations is small.

The other class of balancing methods is of two types -  the Modal Balancing method, 

and the Direct Balancing method. Both methods are based on a mathematical model 

of machine along with the measured responses. These approaches generally require 

fewer machine runs with trail masses added to balance disks compared to the earlier 

method. Thus these methods will reduce the downtime of the machine. The modal 

balancing method was first proposed by Grobel (1953) and this concept has been 

further followed/improved by by Bishop and Gladwell (1959), Bishop and Parkinson 

(1972), Saito and Azuma (1983), and Morton (1985). In this approach each mode in 

the range of the machine run-down or run-up is balanced with a set of masses at a 

time in different unbalance planes. Hence it requires A-planes for A-modes. Darlow 

(1987) has suggested an unified balancing approach by utilizing the advantages of 

both the influence coefficient and modal balancing methods. However for accurate 

unbalance mass estimation a good FE model of the rotor system is important as the 

method uses analytically computed mode shapes of the rotor. As brought out earlier in 

Chapter 1, usually an accurate FE model is the rotor and fairly accurate model of fluid 

bearings may be constructed, but it is often impossible to construct a reliable FE for 

the foundation. Hence the implementation of this approach may not be 

straightforward.

On the other hand the direct method for rotor unbalance estimation developed recently 

by Lees and Friswell (1997) seems to have potential for fast and reliable unbalance 

estimation in a quicker manner. The method uses the measured vibration data during a 

single run-down (one transient operation only) of a machine along with a model of the 

rotor and fluid bearings only to estimate the multi-plane unbalance in a single step. 

The foundation parameters are estimated as by-product, and hence the method 

accounts for the dynamics of the foundation also. So the inaccuracy in the FE model 

of the complete rotor system due to the foundation is overcome. The method has been 

demonstrated on a simple experimental rig (Edwards et al., 2000) and has been further
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| modified to suit the plant conditions (Sinha et a l, 2001, 2002b). The method was also

I observed to be robust to the presence of the modelling (Lees et a l, 2002). The

modification in the method, its usefulness and the robustness of the method has been

| discussed in details in Chapters 5, 7 and 8.
I
i

I
I A brief review of most of the methods with their advantages and limitations has been

! discussed. All the above methods will more or less serve the purpose of reducing the

j machine unbalance but may require some user experience during the balance 

estimation.

2.6.3.2. Shaft Bow or Bent

If a bend is suspected in the rotor, the bent profile of the shaft along with the rotor 

unbalance estimation can be estimated using the measured IX responses by the 

method proposed by Edwards (1999) and Edwards et al. (2000). The bend can be 

corrected and after the rotor has been rebalanced the machine can be put back to the 

operation. Alternately if the bend is small and the correction is costly, then the 

estimated corrective masses may be added to the respective planes without bothering 

about the bend in the shaft. This will reduce the machine vibration at the operating 

speed but may not be balanced at all frequencies in the machine run-down speed 

range. Many researchers (Nicholas et a l, 1976b, Parkinson et a l, 1984, Meacham et 

a l, 1988) have advocated such an approach for reducing the machine vibration for a 

bent shaft.

2.6.3.3. Misalignment or Preloads

j Several analytical simulations have been performed to understand the reason for the 

presence of 2X components in shaft relative displacement but unfortunately no
(

analytical tool has been developed earlier that can directly estimate the amplitude of 

the shaft misalignment at the coupling of multi-shafts within the rotor. If 

misalignment is detected in the rotor then it needs to be aligned, and this may be time 

consuming process because of unknown locations and amplitudes of misalignment in 

the rotor. Campbell (1993) discusses different alignment methods used in practice.

In the present study a method is developed to estimate both rotor unbalance and 

misalignment using measured response at the bearing pedestals during a single
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machine run-down which is discussed in Chapters 5 and 7. Hence the method is 

expected to reduce the rotor alignment time drastically.

Ij

2.6.3.4. Crack

Wu and Huang (1998) have suggested a method for on-line detection of crack size 

and location in a shaft using 2X components of shaft displacement through a simple 

numerical model. The practicality of this approach needs to be investigated as the 

j breathing of a crack during shaft rotation and the dynamics of a flexible foundation

I may complicate the problem.
iiI

However the offline identification of crack size and location may be relatively simple. 

Doebling et al. (1996, 1998) gave an extensive survey on the detection of crack size 

and location in structural system from their vibration properties. Wauer (1990) and 

Gasch (1993) considered the dynamics of cracked rotors. Sinha et a l (2002c) gave a 

broad survey of previous modelling approaches for cracks before proposing their own 

simplified model for crack modelling and detection. Penny and Friswell (2002) have

further advocated the usefulness of this simplified model for cracks in condition

monitoring.

2.6.3.5. Shaft Rub

There is no simple rule to directly diagnose if a shaft rub is detected or confirmed and 

in fact, a through investigation is required. The shaft centreline plots may help in 

identifying the rub location. Since a rub is generally caused by some primary 

malfunction of the shaft, the following probable reasons should be checked and the
i
! system to be rectified accordingly.
!

(a) Earlier vibration data to know whether the rub is due a primary malfunction of the 

shaft such as unbalance, bow, misalignment, blade failure, etc. or not.

(b) Bearing lubrication.i
(c) Alignment of all of the bearing housings.

(d) Bearing seals.
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2.6.3.6. Fluid Induced Instabilities

In practice this effect is usually considered while designing the systems to avoid the 

occurrence of such phenomena. The important factors are short and stiff shafts and 

better designs of the bearings, instead of plain cylindrical bearings. Perhaps the scope 

of modifying the shaft design may be limited, however improvement in the fluid 

| bearing may be possible and significant improvements have been achieved in bearing

j design. These improvements are the use of elliptical or lemon-shaped bearings with
I
| grooves and multi-lobes, rough journal surfaces, and bearings with mobile parts (such

as a tilting pad bearings), option of fluid anti-swirl injections in bearings instead of 

| just plain cylindrical bearings, to avoid the increase in the fluid circumferential
i
I velocity (Muszynska and Bently, 1996). These types of fluid bearings are generally
I

used in machines. However there is always a possibility of some system failure 

causing drop in a fluid pressure, leakage, and/or human error during bearing assembly 

that may lead to fluid-induced instability. If such situation arises that can be identified 

and solved accordingly.

2.6.3.7. Blade Vibration

There is little literature on the measurement of blade vibration in condition monitoring 

and absolutely no rule on of vibration severity limits. Considerable engineering 

judgement is required for the person involved in the condition monitoring to interpret 

or utilized these data. One possibility is to observe and record the vibration level at 

the blade natural frequency and its frequency during machine normal operation so that 

these can be compared. Hence any significant change in vibration amplitude or a shift 

in natural frequency in future should be investigated to avoid any failure.
F

|
! If the amplitude relation between the actual vibration amplitude of the blade and the
f
I amplitude measured at turbine casing can be established, either through analysis or

experimental simulation on laboratory scale model, then the maximum alternating 

stress of the blade can be estimated and compared with the endurance limit. The 

I fatigue failure life of the blade may then be estimated. Rao et al. (2001) gave a

| comparison of different cumulative damage theories for blade life estimation.

|

[
F
f
i
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2.7. COMMENTS ABOUT MODEL BASED FAULT DIAGNOSIS (MFD)

Most numerical simulations by researchers have assumed very simple rotating 

machine models to understand the machine malfunctions. The foundation models for 

such numerical simulations have been in general assumed to be either rigid or a 

simple model. Hence such an approach is good for understanding the rotor system 

phenomenon only. However to really understand the machine faults and its solution it 

is necessary to have or develop a good mathematical model of that machine e.g., 

models of the rotor, the fluid bearings and the foundation (often flexible) for TG sets. 

Inclusion of the foundation model is very important as it is observed that the 

dynamics of the flexible foundation also contributes significantly to the dynamics of 

the complete machine.

As discussed in Chapter 1 that the construction of a reliable FE model for the 

foundation is difficult due to many practical limitations and hence the estimation of a 

model of the foundation directly from measured vibration data has now considered as 

a most promising approach. Many of the earlier studies (Lees, 1988, Zanetta, 1992, 

Feng and Hahn, 1995, Vania, 1996, Provasi et al., 2000, Smart et al., 2000, Sinha et 

al., 2002a) can be referred for such a foundation model estimation. The recent method 

by Sinha et al. (2002a) has been discussed in detail in Chapters 5 and 6 .

Once a good model of the complete machine is known the malfunction in the machine 

can be simulated accurately by including a suitable fault model, for example -  the 

definition of forces due to unbalance and misalignment as discussed in Chapter 5 for a 

machine expected to have both the problems. Similarly fault model for the rub, crack, 

etc. can be included in the system model for their quantification. Such MFD will 

provide sufficient information for solving the problem quickly and reliably.

2.8. SUMMARY
An overview of vibration based condition monitoring of TG sets used in power plants 

has been discussed. A brief comment is also made on the recent trends in MFD for all 

kind of faults and the use of a reliable FE model of the foundation along with the 

models of the rotor and the fluid bearings in MFD is also discussed.
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CHAPTER 3

A FLEXIBLE ROTATING MACHINE: 

MATHEMATICAL MODELLING & 

VIBRATION MEASUREMENTS
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Chapter 3 Modelling o f Machines and Vibration Measurement

3.0. INTRODUCTION

As described in Chapter 1 and 2 that the condition monitoring and diagnosis of faults 

in rotating machines relies on measured machine vibration data and accurate dynamic 

models (often finite element (FE) models) of the machine. Rotating machines such as 

TG sets in general consist of three major parts -  the rotor, the fluid journal bearings 

and often a flexible foundation. It is also known that often a good FE model of the 

rotor and a reasonably reliable model of the fluid journal bearings may be constructed. 

However, reliable FE models for the foundation are difficult, if not impossible, to 

construct due to a number of practical difficulties (Lees and Simpson, 1983). 

Considering the limitation of reliable modelling of foundations, the models of the 

rotor and the bearings have been used for the present research study on identification 

of faults in machines, along with measured vibration responses at bearings pedestal 

only. Hence this chapter discusses about the theory of the modelling of the rotor and 

fluid bearings, vibration measurements and the processing of the measured vibration 

data.

Figure 3.1 is the abstract representation of a machine, whereby a rotor is connected to 

a flexible foundation via oil-film journal bearings. Let us assume that the dynamic 

stiffness matrices of the rotor, the bearing and the foundation are Z R, Z B, and Z F

ROTOR

BEARING

FOUNDATION

Figure 3.1 The abstract representation o f a rotating machine

3.1. MODELLING OF THE MACHINE
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respectively. The expression Z(w) = - 0)2M + mC + K is the frequency dependent 

dynamic stiffness matrix where M, C and K are the mass, damping and stiffness 

matrices of the structural system.

3.1.1. FE Modelling of the Rotor ( Z R )

The rotor generally consists of a shaft and balancing disks. The Timoshenko beam 

I approach is used to model the shaft. To understand the modelling of the complete

shaft for simulation of the lateral vibration (for both vertical and horizontal directions 

! perpendicular to shaft axis), the system matrices of one disk and one shaft element are

explained (Friswell et al., 2002).

3.1.1.1. Balance Disk Element

Let us assume that the rotor axis is along ^-direction and the disk is symmetric, the 

element mass and gyroscopic matrices for the disk corresponding to DoF

[u v 0 \ j/f  can be written as

~m d 0 0 0 " ' 0 0 0 0

0 m d 0 0

a n d  G d , e  =

0 0 0 0

0 0 I d 0 0 0 0 - I p Q

0 0 0 I d . 0 0 I p Q 0

where the DoF ( u v 0 \\f) are the transverse displacements in the vertical (z) and

horizontal (y) directions and rotations about the y and z axes. md is the mass of the

disk and ( I p , Id ) are the polar moment of inertia about the rotor axis and the

diametral moment of inertia about any axis perpendicular to the rotor axis 

respectively. Q is the rotational speed (rad/s) of the rotor.
I
|

3.1.1.2. Shaft ElementI
For a symmetrical solid shaft, the system matrices for a two node Timoshenko beam

\

j  element of length (£) and radius (r) corresponding to DoF

\ux vj 0j \|fx u2 v2 02 t|̂ 2 » as shown in Figure 3.2, can be written as

below.
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Figure 3.2 Schematic o f the two node beam element

x-axis

Mass matrix: The elem ent m ass m atrix ,M s ,̂ = MO, 

where the consistent mass matrix is,

+ M is,e (3.2)

ml 0 0 m2 m3 0 0 m4

0 ml -  m2 0 0 m2 -  m4 0

0 -  m2 m5 0 0 m4 m6 0

m2 0 0 m5 -  m4 0 0 m6
M 0„ „ = 5

’ 840(1+ 0 ) 2 m3 0 0 -  m4 ml 0 0 -  m2

0 m3 m4 0 0 ml m2 0

0 -  m 4 m6 0 0 m2 m5 0

m4 0 0 m6 -  m2 0 0 m5

and the rotary inertia effects in the mass matrix are,

ml 0 0 m8 -  ml 0 0 m8

0 ml -  m8 0 0 -  ml -  m8 0

0 -  m8 m9 0 0 m8 mlO 0

M i = PsId’\
m8 0 0 m9 -  m8 0 0 mlO

’ 30(1 + -  ml 0 0 -  m8 ml 0 0 -  m8

0 -  ml m8 0 0 ml m8 0

0 -  m8 mlO 0 0 m8 m9 0

m8 0 0 mlO - m 8 0 0 m9

where the shaft m aterial properties ( Es p̂ , ) are the Young's m odulus o f elasticity

and density respectively and Id s (=7 ir4 / 4 )  is the diam etral m om ent of inertia about 

any axis perpendicular to the rotor axis, and other term s are defined as
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ml = 312 + 588® + 280® , m2 = (44 + 77® + 35®2K , m3 = 108 + 252® +140®

m4 = -(26 + 63® + 35® 2 ) / ,  m5 = (8 +14® + 7®2K 2 , m6 = -(6  +14® + 7® 2)/ 

m l = 36, m8 = (3 -15® K , m9 = (4 + 5® + 10®2)^2, ml0 = ( - l - 5 ®  + 5®2K 2

The non-dimensional shear coefficient ( O ) for circular section of beam is defined as 

(Cowper, 1966)

12 E ,Idfl
®  =

K  GsAst 2  ’
(3.3)

where the shear constant, k  =
6(l + v)(l + n 2)2

(7 + 6v)(l + n 2)2 +(20 + 12v)|X2 ’

where Gs is the shear modulus of elasticity, v is the poisson's ratio of the shaft 

material. As is the cross-section area and p is the ratio of outer radius to inner radius

of the shaft. Hutchinson (2001) gives the shear coefficient for many other cross- 

sectional shapes of beam.

Stiffness matrix: The elemental stiffness matrix is,

E Js1d,s

(1+ o k :

0 0 6£ -1 2 0 0 61
12 -6 £ 0 0 -1 2 — 61 0

(4 + O K 2 0 0 61 (2-<E>K2 0
(4 + d>)̂ 2 -6 £ 0 0 (2 - 0 )^

12 0 0 -6 1
SYM 12 6£ 0

(4 + <D)^2 0
(4 + <b)t

(3.4)

Damping matrix: The proportional damping, C0s e = P K ^ ecan be used, where the 

constant, p is the proportional factor to stiffness. However for the present study the 

rotor has been assumed to be very lightly damped and hence no damping was used.
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Gyroscopic matrix: The skew-symmetric gyroscopic matrix is,

0 -3 6 3£ 0 0 36 3£ 0
36 0 0 3£ -3 6 0 0 3£

-3£ 0 0

CNI 3£ 0 0 £2
0 -3£ 4£2 0 0 3£ - ^ 2 0
0 36 -3£ 0 0 -3 6 -3£ 0

-3 6 0 0 -3£ 36 0 0 -3£
-3£ 0 0 £2 3£ 0 0 - 4 £ 2

0 -3£ - ^ 2 0 0 3£ 4£2 0

The dynamic matrix of the complete rotor ( Z R) can now be constructed by 

assembling the above matrices for each element of the shafts and the disks, and can be 

written as

Z R(o) = —co2M /? + /co(C r + £2G R) + (3.6)

3.1.2. Modelling of the Fluid Journal Bearing ( Z B )

Figure 3.3 represents a simple fluid journal bearing. A shaft, commonly referred to as 

a journal, rotates within a bearing housing at a speed Q . The cavity is filled with oil, 

and as a result of the circular motion of the journal a pressure build-up occurs in the 

convergent region labelled h. This pressure resists the static load F  acting downwards 

on the journal. The distance between journal centre J  and bearing centre O is referred 

to as the eccentricity e and defined as the ratio of the journal displacement to the 

radial clearance. This eccentricity depends on the static load, running speed, clearance

and oil properties.

Bearing housing

Oil

Jo u rn a l

f

f

Figure 3.3 Schematic o f a simple flu id  journal hearing
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Since most turbogenerators have bearings with a bearing length (L) to diameter (D) 

ratio of much less than unity, short bearing theory is used for modelling. The rotating

speed dependent stiffness and the damping matrices of a bearing for DoF [u v]7 may 

be written as (Hamrock, 1994, Smith, 1969)

K 6 =
" m kU

and C h =
"ell c l2"

k2l k22 u c21 c22_
(3.7)

where

k l 1 = 4a(ti2 (2 -  s 2)+ 16s2),

k \2  = A
tL 2{l - e 2f -

e V l - e 2

16e'
, k21 = -A

7i(tt2 (l -  e2 )(l + 2e2)+ 32e2 (l + e2))

s V l - e 2

k 22 = 4A 2 L o 2  ̂ 32e2(l + e2) 7t2(l + 282) + - ^ , A =
{ n 2 { l - e 2 )+ 16E2 f 2

c ll  = B 2 7 iV l-8 2 t̂2 (l + 2s2)-16£2)
, c l2 = -8 b {ji2 (l + 2e2) -  16e2), c21 = c l2 ,

c22 = B 27t(7t2 ( l - e 2 )+ 48e2 )

e V l - e 2
, B  = Y Q im d c is the bearing clearance.

The static load (F) and the eccentricity ( e ) can be either measured directly or can be 

calculated. It is always difficult to calculate the static load accurately (Smart, 1998), 

however an approximate approach is to estimate this static load from the equation of 

static. Once the load is know the eccentricity ( e ) may be obtained by the following 

equation (Friswell et al., 2002).

e8 - 4 e 6 +
, 16 — 71
6 -----------

H
e4 -  ̂ 71 4 + —

H\ /
8 + 1  = 0 , (3.8)
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where H  =
8 Fc2 ' 

DQr|L3
is known from for a particular speed (£2 ), load (F) and oil

viscosity (r|). These speed dependent stiffness and damping matrices can be 

combined to obtain the dynamic stiffness matrix of the bearings at any rotating speed 

assuming that the effect of fluid inertia is negligible. However the fluid inertia (El- 

Shafei, 1995) can be included if required.

3.1.3. Modelling of the Foundation ( Z F )

Deriving a reliable model representing the actual behaviour of the foundation by the 

conventional FE method is difficult. The estimation of a reliable model for the 

foundation has been the topic of the present research study. This has been derived 

using measured vibration data during machine run-down and is discussed in detail in 

Chapter 5.

3.2. VIBRATION MEASUREMENTS

The schematic of a simple rotating rig similar to the experimental rotating rig is 

shown in Figure 3.4. The rig consists of a rotor having two balance disks which is 

supported on the flexible foundation through two bearings. The rotor is coupled to the 

motor through a flexible coupling. The vibration measured at the bearing pedestals in 

both vertical and horizontal directions during machine run-down has been used for the 

present study. Only the kind of measured data required for the present research studies 

is discussed here.

3.2.1. Measurement Scheme
Four accelerometers (2 accelerometers at one bearing pedestal) and one tacho sensor 

for speed and phase reference were used for the measurements, as shown in 

Figure 3.4. The charge signals from the accelerometers were converted into the 

voltage signals using the charge amplifiers. These acceleration responses at the 

bearing pedestals and the tacho signals are directly stored in the PC using a National 

Instruments Data Acquisition card during the experiments. The software programme 

FlexiDaq, developed by Edwards (1999) during his PhD study, controls the motor
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run-dow n speed, data acquisition hardware and stores the accelerom eter and tacho 

signals in the PC. A photograph of the small experim ental rig used here, instrum ented 

with accelerom eters, tacho sensor and the related cables, hardw are and the PC, is 

shown in Figure 3.5.

Balance Disk-A Disk-B

Motor

Coupling Rotor

Tacho

Sensor

Bearmg-A Bearing-B

I k t i  d w a r e

Speed Control Unit
NI DAO card

l / v W W I
Kv\/vv\,n
lAAAAM

Vertical Accelerometer

Horizontal Accelerometer

IBM Compatible PC Pentium-Ill

Figure 3.4 Schematic o f the rig with vibration data measurement scheme
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Figure 3.5 Photograph o f the small rig instrumented with vibration sensors and
related hardware

20

cr

o  -1 0

n  - 2 0

-30

-40
50 100 150 200 250 300

Time, sec.
350 400 450 500

Figure 3.6 A typical run-down acceleration response o f a machine
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i

| 3.2.2. Run-down Experiments
j Different unbalance masses at different phases were added to the balance disks for

[ different run-down experiments. Each run-down was carried out from a machine

! rotating speed of 2500RPM to 300RPM and lasted 500 seconds. The measured signal

from each sensor was collected at the rate of 2500 sample per second and stored in the 

| PC. One such typical run-down acceleration response is shown in Figure 3.6.
i
i

j
j 3.2.3. Order Tracking of Run-down Data

The IX component of the run-down data in the frequency domain has been used for 

; the unbalance and foundation model estimation. Hence the run-down time domain

data needed to be order tracked to get the IX data. Fyfe and Munck (1997) and 

Bossley et al. (1999) gave the theory of order tracking. Either a computational 

program can be written for order tracking or any commercially available software 

code or hardware can be used for this purpose. Here the software code VSI Rotate 2.0 

from Void Solutions (2000) has been used for data order tracking. The order tracked 

I response (IX component) of the run-down data in Figure 3.6 is shown in Figure 3.7.

10

8 10"5

-610
5 10 15 20 25 30 35 40

F req u en cy , Hz

160
0
0
o>0■a

-200(0(0JZ
CL

-200

F req u en cy , Hz

Figure 3.7 The first order (IX) response o f the run-down data in Figure 3.6
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3.3. SUMMARY

The rotor FE modelling and the modelling of the fluid bearings has been discussed. A 

computational code in MatLab software has been developed using the above theory 

for modelling of the rotors and bearings of the experimental rigs. The vibration 

measurements, data collection and the data processing to get the required information 

for further study has also been discussed through a simple example of a rotating rig.
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CHAPTER 4

THE EXPERIMENTAL RIGS
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Chapter 4 The Experimental Rigs

4.0. INTRODUCTION

Three laboratory scale experimental rotating rigs were used for the present study. Two 

rigs which have been designed, fabricated and installed in the Dynamics Laboratory 

of Department of Mechanical Engineering, University of Wales Swansea (UK) for the 

present study. These rigs are named Small Rig and New Small Rig. Third rig is 

relatively much bigger compared to other rigs and is installed at the Aston University, 

Birmingham (UK). Some run-downs vibration data from this rig were used in the 

present study. This rig is called as the Aston rig throughout in the thesis. Details of 

these rigs are discussed here.

4.1. THE SMALL RIG

The small rig consists of a 12 mm OD (d) steel shaft of 980 mm length connected to 

two flexible supports and coupled with a motor through a flexible coupler. Both 

flexible supports are made of aluminium and physically identical. One flexible 

foundation is connected at 10 mm and other at 760 mm from the left end of the shaft 

through self-lubricating ball bearings. The shaft also carries two identical balancing 

disks made of steel and placed at 135 mm and 635 mm from the left end of the shaft. 

The balancing disk dimensions are 75 mm OD, 12 mm ID and 15 mm thickness (see 

Figure 4.1). Each balance disk has 16 holes of diameter 2 mm at a pitch circle 

diameter of 60 mm and each holes are separated by a 22.5 degree angle. These holes 

are deliberately made on the balance disk for adding the unbalance masses at different 

phase angles. The modulus of elasticity (£) and density ( p )  of the rotor are 200 

GN/m2 and 7800 kg/m3 respectively. The photograph of the rig is shown in Figure

4.2. The dynamic characterization was carried out for the following components by 

both modal tests and FE analysis.

4.1.1. Rotor alone
The first three free-free bending modes of the rotor with balance disks were calculated 

to be 47.29Hz, 129.93Hz and 281.31Hz.
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75mm

12mm

22.5'

22.5'

!

Figure 4.1 Balancing Disk

Figure 4.2 Photograph o f the Small rig in Swansea (UK)
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4.1.2. Foundation alone

Each foundation represents typical fram e type structure and is m ade o f alum inium  and 

shown in Figure 4.3. The fram e was designed such that it has a few m odes in both 

vertical and horizontal directions in the m achine run-dow n speed range. The frame 

consists of two horizontal beam s (6.52m m  x 12.8mm x 496m m ), four vertical beams 

(6.52m m  x 12.8mm x 300m m ) and 2 plates (25.88m m  x 169mm x 159mm). The 

connections of all beam s are shown in Figure 4.3. The horizontal beam s are bolted to 

the bottom  frame that is rigidly connected to the m assive base plate as seen in Figure

4.3.

Figure 4.3 Photograph o f the foundation alone

M odal tests (Ewins, 2000) were carried out using a sm all-instrum ented ham m er and a 

tiny 3.5g accelerom eter. The identified modes are listed in Table 4.1 with their mode 

interpretation. An FE model was developed using two node Euler-B em oulli beam 

elem ents for the horizontal and vertical beams and 4-node quad4 plate elem ents for 

the top and bottom  plates using the M atLab Structural D ynam ics Toolbox (Balm es, 

2000). The ends o f both the horizontal beams were assum ed to be rigid in the initial 

FE  model. The FE model is shown in Figure 4.4. The com puted natural frequencies 

are also listed in Table 4.1 for com parison with the experim ental results.

The small deviation in the com puted natural frequencies from  those obtained by 

experim ent could be because the initial assum ption o f rigid end supports for the 

horizontal beams is not correct. These supports may allow som e rotation in the
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horizontal and vertical directions. The FE model has been further modified by 

replacing the rigid support assumption by two rotational stiffnesses ( ky and kz) with

zero translation at supports. Using these two updating parameters the initial model 

was updated by the gradient based sensitivity model updating (Friswell and 

Mottershead, 1995). It was observed that the computed natural frequencies in the 

lateral and vertical directions are close to experiment for ky =2  kNm/rad and kz- 10

kNm/rad. These frequencies are also listed in Table 4.1.

Table 4.1 Natural frequencies o f the foundation alone

Modes
Experiment

data
FE

model
Updated 

FE model Remarks
1st 10.00 Hz 12.83 Hz 9.986 Hz Bending in y-dir of vertical frame
2nd 19.75 Hz 22.99 Hz 22.527 Hz Bending in x-dir of vertical frame
3rd 32.125 Hz 34.34 Hz 32.777 Hz Bending in z-dir of horizontal 2 

beams
4th 57.50 Hz 55.63 Hz 55.631 Hz Twisting of vertical frame

C

Components a and b - modelled using Beam elements, Component c -  modelled using
quad4 Plate elements.

Figure 4.4 FE model o f the foundation alone

4.1.3. Complete Rig not coupled to Motor

Initially the modal tests were conducted on the foundations of the rig without the 

motor coupling. An FE analysis was also carried out using the above updated FE 

model of the foundation along with the rotor and disks model. The FE model

59



Chapter 4 The Experimental Rigs

developed in M atLab for the rotor using two node Euler-B em oulli beam elem ents is 

shown in Figure 4.5. Since the rotor is supported on the flexible foundations through 

the ball bearings so the rotor connection to the foundation at bearing locations is 

m odelled as pinned connections. Hence the translational D oF of the rotor FE model 

was rigidly connected to the translational D oF of the updated foundation FE  m odel at 

bearing locations. The m easured and the com puted natural frequencies in Table 4.2 

and the com puted mode shapes for the rotor are shown in Figure 4.6.

Balance Disk B Disk A

Shaft

Coupling to M otor

Connected to translational D oF of Foundation FE model

Figure 4.5 FE model o f the rotor o f the Small rig

26.26Hz

1.09Hz

30.43Hz

Disk ADisk B
1.92Hz

0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1

L e n g th ,  L

Figure 4.6 Computed mode shapes fo r  the rotor in the Small rig when the motor is
not connected

60



Jyoti K. Sinha 2002, PhD Thesis, University o f Wales Swansea, UK 

Table 4.2 Small rig natural frequencies when the rotor not coupled to the motor

Modes
Experiment

data
FE model Remarks

1st 8.25 Hz 8.099 Hz Lateral mode (y-dir.)
2nd 9.00 Hz 8.922 Hz Lateral mode (y-dir.)
3rd 26.25 Hz 26.262 Hz Vertical mode (z-dir.)
4th 30.00 Hz 30.431 Hz Vertical mode (z-dir.)

4.1.4. Complete Rig coupled to Motor
The above FE model of the rig is close to the experimental setup of the rig. The rig 

rotor was then connected to the motor, required to rotate the rotor at different RPM, 

through a flexible mechanical coupler. The photograph of the complete setup is shown 

in Figure 4.2. The modal tests were again conducted on this arrangement of the rig. 

The tests were conducted at different shaft RPM. The experimentally identified 

natural frequencies are listed in Table 4.3.

Table 4.3 Small rig natural frequencies when the rotor coupled to the motor

Modes
(Hz)

Experiment Modal data at different 
rotor RPM

Updated 
FE model

Static
0RPM

372
RPM

1320
RPM

2424
RPM

Static

1st 8.625 8.500 8.500 8.500 8.537
2nd 14.375 14.375 14.500 14.500 14.341
3rd 26.250 26.500 26.500 26.750 26.550
4th 31.375 31.375 31.125 31.250 31.753

Remark
Coupling stiffnesses realized during FE model 

updating are 
k t = 27 kN/m and k e  = 25 Nm/rad

As can be seen from Table 4.3 the change in rig frequencies are negligible at different 

rotor speed so there is little gyroscopic effect in the shaft. However a small change in 

the rig frequencies is seen after flexible coupling to the motor. Using the measured 

frequencies and the FE model without coupling, the coupling stiffnesses, both 

translational ( kt ) and rotational stiffness ( ke ), were estimated by the gradient based 

sensitivity model updating method (Friswell and Mottershead, 1995). The estimated 

coupling stiffnesses are k t = 27 kN/m and k e -  25 Nm/rad and the computed natural 

frequencies are also close to the experimental results. But the changes in the rotor
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mode shapes shown in Figure 4.7 are quite significant compared to the rig without 

motor coupling. A good FE model of the complete rig including the rotor, the 

bearings, the foundation and the flexible coupling is now known. Hence any accurate 

simulation is possible.

0.08

•6.55Hz
0.06

14.34Hz0.04

o.o:
Disk ADisk B

Flexible 
“Coupling 
to Motor-o.o:

31.75Hz
8.53Hz

-0.04

-0.06
0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.90 1

Length, L

Figure 4.7 Computed mode shapes for the rotor in the Small rig when the motor is
connected

4.2. THE NEW SMALL RIG
|

I The photograph of the rig is shown in Figure 4.8. The rig is similar to the Small rig 

and the only difference is the foundation. Each foundation of this rig, shown in Figure

4.9, consists of a horizontal beam (500mm x 25.5mm x 6.4 mm) and a vertical beam 

(322mm x 25.5mm x 6.4mm) made of steel. The horizontal beam is bolted to the 

massive base plate and the vertical beam to the bearing assembly as seen in the 

photograph. A layer of acrylic foam (315mm x 19mm x 1mm) was bonded between 

the vertical beam and thin layers of metal sheet (315mm xl9mm x 350pm) to increase 

the damping. In fact the modal experiment confirms that the damping of the 

foundation increased to 1.4% from a value of 0.6% at the first lateral mode. A 12 mm 

j OD (d) steel shaft of 980 mm length connected to this flexible supports and coupled 

with a motor through a flexible coupler. One flexible foundation is connected at
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15 mm and other at 765 mm from the right end of the shaft through self-lubricating 

ball bearings. The shaft also carries two identical balancing disks shown in Figure 4.1 

and placed at 140 mm and 640 mm from the right end o f the shaft. D isk A is near to 

the Motor. In a sim ilar way to the Small rig modal tests and an FE  analysis were 

carried out for this rig and their results were com pared. These are sum m arized in 

Tables 4.4 to 4.6.

Figure 4.8 Photograph o f the New small rig in Swansea (UK)

Figure 4.9 Photograph o f the foundation o f the New small rig in Swansea (UK)
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Table 4.4 Natural frequencies of the rotor alone for the New small rig

Mode
Rotor without balance 

disks
Rotor with two balance 

disks
Experiment

data
FE

model
Experiment

data
FE

model
1st 56.563 Hz 56.323 Hz 48.125 Hz 48.014 Hz
2nd 154.688 Hz 255.262 Hz 129.688 Hz 129.889 Hz
3rd 304.063 Hz 304.401 Hz 278.438 Hz 279.212 Hz

Table 4.5 Natural frequencies of the foundation alone for the New small rig

Mode
Foundation alone Foundation with bearing 

assemby Remarks
Experiment

data
FE

model
Experiment

data
FE

model
1st 22.188 Hz 22.438 Hz 12.34 Hz 13.22 Hz Lateral mode (y-dir.)
2nd 50.313 Hz 50.444 Hz 29.25 Hz 30.62 Hz Axial mode (x-dir.)
3^ 72.813 Hz 72.892 Hz 58.25 Hz 57.63 Hz Vertical mode (z-dir.)

Table 4.6 Natural frequencies of the New small rig

Mode
Rotor not coupled to 

Motor
Rotor coupled to Motor

Remarks
Experiment

data
FE

model
Experiment

data
FE

model
1st 7.875 Hz 8.865 Hz 8.750 Hz 9.590 Hz Lateral mode (y-dir.)
2nd 10.563 Hz 10.562 Hz 18.250 Hz 18.223 Hz Lateral mode (y-dir.)
3rd 20.937 Hz 20.655 Hz 23.500 Hz Axial mode (x-dir.)
4th 36.500 Hz 36.950 Hz 36.625 Hz 37.182 Hz Vertical mode (z-dir.)
5th 41.238 Hz 39.825 Hz 59.313 Hz 55.076 Hz Lateral mode (y-dir.)
6th 47.750 Hz 47.357 Hz 49.813 Hz 49.752 Hz Vertical mode (z-dir.)

4.3. THE ASTON RIG

The photograph of the test rig at Aston University, Birmingham is shown in Figure

4.10. The rig consists of a solidly coupled, two-shaft system mounted on four oil 

lubricated journal bearings. The bearings sit on flexible steel pedestals bolted onto a 

large lathe bed which rests on a concrete foundation. The rotor itself consists of two 

steel shafts 1.56 m and 1.175m long, each with a nominal diameter of 38 mm and

64



Jyoti K. Sinha 2002, PhD Thesis, University o f  Wales Swansea, UK

coupled through flanges o f 150 mm long and 100 mm diam eter at the connecting end 

o f both shafts. The dim ensions of the rotor at each station o f the rig are given in Table 

4.7. Young's m odulus of elasticity and the density of rotor m aterial are 200 G N /m 2 

and 7850 kg/m 3 respectively.

Figure 4.10 Photograph o f the Aston rig

At either end of the shafts are journals of diam eter 100 m m , and in the centre of the 

shafts are m achined sections which take balancing disks, three for long rotor and two 

for the short rotor. Each balancing disk is made o f steel and is 203.2m m  diam eter and 

25.4m m  thickness. Constructional detail is sim ilar to the balance disk shown in Figure 

4.1. The balance disks were placed at 457.2m m , 746.8m m , 1016mm, 2351m m  and 

2630m m  from the left end of the shaft. The bearings are circular, have a length to 

d iam eter ratio of 0.3, a radial clearance of 150 pm  and contain oil of viscosity 

0.0009N s/m  . One bearing is located at either end o f the shaft and the rem aining two 

bearings were located at 1372mm and 2046m m  from the left end.
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Table 4.7 The physical dimensions o f the rotor o f the Aston rig

Long R otor Properties Short R otor Properties

Station Length
(mm)

D iam eter
(mm)

Station Length
(mm )

D iam eter
(mm)

1 203.2 100 14 6.35 38.1

2 203.2 38.1 15 25.4 77.57

3 101.6 103 16 50.8 38.1

4 177.8 38.1 17 203.2 100

5 101.6 109 18 177.8 38.1

6 177.8 38.1 19 50.8 116.8

7 101.6 117 20 76.2 38.1

8 203.2 38.1 21 76.2 109.7

9 203.2 100 22 76.2 38.1

10 50.8 38.1 23 50.8 102.9

11 25.4 78.1 24 177.8 38.1

12 12.7 38.1 25 203.2 100

13 Coupling between the two rotors through coupling flanges (see 
Figure 4.10) o f 300 mm length and 100 mm diam eter.

Disc
Bearing 1 2 Coupling 3

Foundation F1

Figure 4.11 FE model o f the rotor o f the Aston rig

An FE model shown in Figure 4.11 was created for the rotor with 51 two noded 

T im oshenko beam elem ents, each node with two translational and two rotational 

D oFs. The com puted free-free bending m odes o f the coupled shaft having all balance 

disks are 12.30Hz, 27.40H z, 57.76Hz and 101.70Hz. These are close to the m easured
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values of 12.0Hz, 27.5Hz, 55.9Hz and 99.0Hz (Smart, 1998). Similarly the measured 

natural frequencies for the foundation alone (without rotor) are 15.6Hz, 17.3Hz, 

26.9Hz, 45.2Hz, 51.2Hz & 57.7Hz in horizontal direction, and 46.6Hz, 48.4Hz, 

53.0Hz & 58.1Hz in vertical direction. Smart (1998) gave a more detailed description 

of the rig and its dynamic characterization carried out by modal tests.

4.4. SUMMARY

The physical, material properties and the constructional details of all the experimental 

rigs used are discussed here. They are used in the numerical simulations and for the 

experimental cases in the present study.
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CHAPTER 5

ESTIMATION THEORY AND 

COMPUTATIONAL IMPLEMENTATION
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Chapter b Estimation 1 heory ana computational implementation

5.0. INTRODUCTION

The requirements of the foundation model, the rotor unbalance and misalignment 

estimation have been brought out in Chapter 1. This chapter is concerned with the 

theory of modelling a flexible foundation, and the estimation of the unbalance and 

misalignment of a rotating machine, say a TG set. The theoretical concept and the 

complete computational implementation required for the estimation are presented 

here.

5.1. EQUATION OF MOTION OF A ROTATING MACHINE

Figure 3.1 in Chapter 3 is the abstract representation of a turbogenerator, whereby a 

rotor is connected to a flexible foundation via oil-film journal bearings. The dynamic 

| stiffness matrix of the system may be written as (Smart, 1998, Smart et a l, 2000);

Z r ,u Z R,ib 0 0 V
Z RJbb + ^ B - Z B 0 r R,b 0

V

0 - z B z B + z Ffbb Z Fjbi r FJb 0

0 0 Z F,ib ^ F,ii _ r F,i . 0

where Z is the dynamic stiffness matrix which is defined in Chapter 3. The subscripts 

b and i refer to bearing and internal (connection) DoF respectively, and the subscripts 

F, R, and B refer to foundation, rotor and bearings, r are the responses and fM the 

unbalance force, which is assumed to be applied only at the rotor internal DoF.

Since measurements are taken at the bearings and not at the internal DoF of the 

foundation, only a reduced foundation model Z F can be estimated which, using the 

last row of equation (5.1) to eliminate the internal foundation DoF, is

Z F = ZjF,bb ~'ZJFJbi'ZJF,ii^F,ib (5-2)

I
i
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Therefore equation (5.1) may be written as

Z R,ii Z R,ib 0 r * ,/ V
ZR,bi ZR,bb +ZB - Z B r R,b .  =  . 0 (5.3)

0 - Z B Z B + z F _ r F,b 0

The solution of equation (5.1) to eliminate rR i and rRfb gives the following relation 

^ F r F,b = lZ B - l ) r Ffb -  Z B P 1Z RfbiZ Riifu , (5.4)

where P = Z Rfbb + ZB - Z RfbiZ RiiZ R îb

5.1.1. Definition of Unbalance Force, i u

Although the unbalance will be distributed throughout the rotor, this is equivalent to a 

discrete distribution of unbalance, provided there are as many balance planes as active 

modes. Suppose the unbalance planes are located at nodes n^n2,...,n p , where p is

the number of planes. The associated amplitude of unbalance (defined as the 

unbalance mass multiplied by distance between the mass and geometric centres) and
T  Tphase angles are [uni,un2,...,u np] and [0ni,0n2, .. .,0 n̂ ] respectively. These 

amplitudes and phase angles can be expressed, for the i th balance plane, as the 

complex quantity un. exp(j0rt. j = er n, + j ei n. . Hence, the unbalance forces, fM , in the 

horizontal and vertical directions, can be written as
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where the positions in the unbalance force vector depend on the nodal locations of the 

unbalance planes. The expression for the unbalance forces can be further simplified as

f „ = 0)2 T e, (5.6)

where e = p p p p- p- p-r,n2 *'' r,np i,n\ i,n2 ’ * * i,np
T

and T is the transformation

matrix that is defined such that equations (5.5) and (5.6) are equivalent. Substituting 

equation (5.6) into equation (5.4) produces,

Z FrF,b = Z B(P -'Z fi - I ) r F b -co2(Z e p - 'Z ^ Z ^ T J e  (5.7)

or, equivalently,

Z FrFb — ZprF£ + co Z 2Te, (5.8)

where the form of Z x and Z 2 is clear from equation (5.7). As mentioned earlier in 

Chapter 3, it is assumed that good models for rotor and bearings ( Z R, Z B) are known 

a priori and rFfb are the measured data.

5.2. FOUNDATION MODEL ESTIMATION

To identify the foundation parameters accurately, the unbalance forces (e) are also 

assumed to be known either from balancing runs, by the difference in the response 

during two run-downs. Since all other quantities and data in equation (5.8) are known, 

the foundation model ( Z F ) can be estimated. The linear least-squares estimation of 

foundation models from equation (5.8) should be followed by non-linear estimation. 

These aspects are discussed below.

5.2.1. Linear Least-Squares Estimation
Equation (5.8) can be solved in the linear least-squares sense. The foundation 

parameters are grouped into a vector v . Let us assume that the foundation dynamic 

stiffness matrix, Z F , is written in terms of mass, damping and stiffness matrices. If 

there are n measured degrees of freedom at the foundation-bearing interface, then v 

will take the form,
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V =

[kFfn  k Ff  12 ••• k F>nn C F f U  CF)12 ••• C Ff Kn m F f l i  m F>12 ^ F , n n f »

(5.9)

where the elements in v are individual elements of the structural matrices. Such an 

assumption for the form of the foundation system matrices help to reduce the number 

of parameters compared to those used by Smart et al. (2000). With the present 

definition of v, there is a linear transformation such that

Z f rF ^ = W v ,  (5.10)

where W contains the response terms at each measured frequency (Sinha et al., 

2002b). For the q th measured frequency

W K H W° K )  w i K )  w 2 K ) ] -  (5-11)

where, if all parameters of the elements of the foundation mass, damping and stiffness 

matrices are identified,

where k = 0,1, 2. Equation (5.8) then becomes

W((0^)v = Q(co^), (5.13)

where the form of Q may be obtained by comparing equations (5.8), (5.10) and (5.13), 

as

Q(mq) = Zj (w9 )rFJ> (wq ) + wqZ 2(0)q )Te (5.14)

5.2.1.1. Splitting the Frequency Range

Obviously, the DoF of the estimated foundation model by this method would be equal 

to the number of measurement locations during machine run-down. Often, especially 

for large machines, the number of critical speeds of the system in the run-down 

frequency range, is more than the number of measurement locations. This requires

rF,b(®q)

0

0

(5.12)

0 rF,b(%)
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splitting the entire frequency range into smaller bands and the foundation models have 

to be estimated for each frequency band (Smart et al., 2000, Sinha et al., 2002a). The 

splitting of the frequency range may be performed by a visual inspection of the 

measured responses, together with some experience and a trial and error approach. 

However, the first trial itself will give a good estimate if the number of frequency 

peaks seen on the measured responses (both in the vertical and horizontal directions) 

are less than the total DoF of the foundation model to be estimated in each frequency 

band.

Suppose that the frequencies at which the response is measured are a>q , q =7,..., N.

Let us assume that the run-down frequency range is split into b frequency bands. The 

vectors of the foundation parameters are to be identified in each frequency band, and 

are denoted as Vj, v2 ,..., vft. For each frequency band an equation similar to 

equation (5.13) is generated and can be written as

^ b a n d _ ^ v ^ — Q b a n c U ?  (5.15)

where I  = 1, 2, ..., b. Clearly there is an equation of the form of (5.15) for each 

frequency band. The equations generated may be solved in a least squares sense 

directly, although the solution via the singular value decomposition (SVD) is more 

robust. Such an equation error approach does not optimize the error in the response 

directly, and thus the accuracy of the predicted response is not assured. The great 

advantage is that the equations are linear in the parameters. However a non-linear 

optimization (output error) has to be performed, starting with the linearly estimated 

parameters, if a more accurate prediction of the response is required. Such a non

linear optimization is discussed later.

5.2.1.2. Regularization

Equation (5.15) is a least-squares problem, and its solution is likely to be ill 

conditioned (Smart, 1998). The following two types of regularization were used to 

solve the least-squares problem.

Regularization Method-1: In solving the least-squares problem, generally two types 

of scaling, namely row scaling and column scaling, may be applied (Golub and Van
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Loan, 1996). Column scaling is necessary because of the different magnitudes of

elements of the M F , CF and K F matrices, and the scaling factors used here were 1,

0 — a) and o r respectively, where go is the mean value of the frequency range. Truncated

SVD was used to solve the equations (Hansen, 1994).

Regularisation Method-2: Other physically based constraints may be applied to the 

foundation model to improve the conditioning including Regularization Method 1. 

For example, the mass, damping and stiffness matrices of the foundation may be 

assumed to be symmetric, therefore reducing the number of unknown foundation 

parameters. Other constraints could be introduced, such as a diagonal mass or 

damping matrix, or block diagonal matrices if bearing pedestals do not interact 

dynamically.

Depending upon the physical constraints applied to the foundation model, the vector

( v ) of the foundation parameters to be estimated may be reduced and can be defined 

as

v = T V ,  (5.16)

where T is the Transformation matrix that is defined such that equations (5.9) and 

(5.16) are equivalent. Substituting equation (5.16) into equation (5.15) produces,

Wband_ = Qband_ t  (5.17)

5.2.2. Non-Linear Optimization
The linearly estimated foundation models using both regularization methods were 

then optimized non-linearly. The output error function is defined as

s o = rm-r (v) (5.18)

where rm = rFfb is the measured response and r(v) is the output of the model i.e.,

predicted response for the measured quantities which is a function of the foundation 

parameters v. The responses r(v) can be calculated from equation (5.8) as

r(v) = co2(Zf  - Z 1)'*Z2Te (5.19)
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The change in the foundation parameters can be found by minimizing the cost 

function

m i n J 0 = X e J e 0 (5.20)

Equation (5.20) is non-linear in the parameters, and as a result an iterative process is 

required to solve it. The expression for the change in the parameters at each iteration 

is

8v = (SrS )-1Sr (rm-r (v ))  (5.21)

where S is the sensitivity matrix. It is the first order derivative of the response with 

respect to updating parameters, and can be expressed as

S =
Or Or Or

Ov(l) 0v(2) dv(p)
(5.22)

where v(l), v(2), ...., v(p) are the elements of the foundation parameters vector v. 

The equation (5.22) may be ill-conditioned and require regularization. Hence the 

equation (5.22) is regularized by adding a stabilization X.  The expression for the 

parameter changes may now be written as

8v = (S 'S  + XI)'1Sr (rm-r (v )) (5.23)

The equation (5.23) is the Levenberg-Marquardt technique for solving the non-linear 

least-squares problems (Schoukens and Pintelon, 1991, Gill et al., 1981), which is 

closely related to the minimum norm constraint in model updating. The regularization

parameter, X, generally helps to improve the solution conditioning if the matrix Sr S 

becomes ill-conditioned and the cost function starts moving towards a saddle point. It 

also acts to restrain the size of the step change and avoid divergence.
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Equation (5.22) for the sensitivity matrix can be further written as

S =

DjjCa},) Dc(M[) Dm(a)!)'
D*(a)2) Dc(0)2) Dm(co2)

D * (® h v ) » c < « > * )

(5.24)

where D*(g> ) =

Dc(“ , )  =

D,„(<V =

dr(o>9) 3r(co^)

3&F,11 ^ F ,  12

3r(co^) 3r(co<7) dr(u>q)

3cf, 11 3^F,12 dcF,nn _

0r(a)9) 3r(w(?) M % )
dmFf n dmF, 12 dmF,nn _

(5.25)

(5.26)

(5.27)

Each element of equations (5.25) to (5.27) is calculated from equation (5.8). Equation 

(5.23) is applied to each frequency band as follows

5v^ (^bancl ^band £ ^band £^m  **(^))band £ (5.28)

where I  -  1, 2, ..., b. Sband t is the sensitivity matrix for ^-band. The initial value of 

the regularization parameter, X^, for starting the iteration should be a sufficiently high 

value. A good approximation may be obtained from the comer Xt of the L-curve 

(Hansen, 1994) for Sband t at starting v^. As brought out earlier the starting values 

used for are always the linearly estimated values from section 5.2.1.

5.3. STATE OF ROTOR UNBALANCE ESTIMATION

In Section 5.2, the estimation of foundation models directly from the measured 

vibration data for a flexibly supported turbogenerator was presented. The suggested
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method assumed a known unbalance of the rotor. Once a reliable mathematical model 

of the complete system, namely the rotor, the fluid bearings and the foundations of a 

TG set, is available the state of the rotor unbalance (both amplitude and phase) at 

multi-balance planes can be estimated from the measured vibration responses from a 

single run-down of the machine. However the model of the machine foundation is not 

readily available for many machines installed on site and the estimation of these 

parameters may be time consuming. Hence an alternative method is required that can 

overcome this limitation. The technique suggested by Lees and Friswell (1997) seems 

to be the most viable alternative.

The method suggested by Lees and Friswell (1997) estimates the rotor unbalance 

(both amplitude and phase) at multi-balance planes. The method uses the models of 

the rotor and bearings along with measured vibration response at the bearing pedestals 

during a single machine run down without affecting the normal setup of the machine, 

unlike other balancing methods. The method estimates the parameters of the 

foundation model as a by-product to account for the effects of the foundation 

dynamics along with the rotor unbalance. The potential of the method was highlighted 

through a simulated simple example (Lees and Friswell, 1997). Edwards et al. (2000) 

and Edwards (1999) have further demonstrated this approach experimentally on a 

small test rig during his doctorate study. Lees et al. (2000) further applied the method 

to a real life problem in a large TG unit. The estimated rotor unbalance was also 

observed to be sufficiently good for the TG unit. However this investigation will 

further explore the possibility of improvements to the rotor unbalance estimation 

method.

In the above examples (a simulated example, a small experimental rig and a TG set), 

the estimation was carried out using the whole frequency range of the run-down in a 

single band. For large machines, such as a turbogenerator, the number of modes of the 

flexible foundation in the whole run-down frequency range is likely to be higher than 

the measured number of DoFs in the foundation model. In such cases, the frequency 

range should be divided into smaller bands as suggested in Section 5.2 and the 

corresponding frequency dependent foundation parameters estimated as a by-product. 

This section gives theory and computational concept for the estimation of the rotor 

unbalance.
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5.3.1. Linear Least-Squares Approach

Equation (5.7) can be written as

^F rF,b ® [ z s p Z r,uT ]e  = Z B [P - 'Z B - l ] r F>i. (5.29)

Once again, it is assumed that good models for the rotor and bearings ( Z R, Z B) are 

known a priori and rFfb are the measured data. Since, all the quantities and data of

equation (5.29) are known, the unbalance (e) along with the foundation model ( Z F ) 

can be estimated.

To identify the unbalances along with the foundation parameters in a least squares 

sense, the equation (5.29) then becomes

Clearly there is an equation of the form of (5.30) at every frequency. How these sets 

of equations are combined is addressed below. The equations generated may be 

solved in a least squares sense directly, although the solution via the singular value 

decomposition (SVD) is more robust. Such an equation error approach does not 

optimize the error in the response directly, and thus the accuracy of the predicted 

response is not assured. The great advantage is that the equations are linear in the 

parameters. However a non-linear optimization (output error) may be performed, 

starting with linear estimated parameters, if a more accurate prediction of the response 

is required. In this chapter, only the equation error approach has been considered in 

order to concentrate on the influence of frequency range subdivision.

(5.30)

where e is unbalance parameters as defined in equation (5.6) and the form of R and Q 

may be obtained by comparing equations (5.29) and (5.30), as

B (°)g )P 1 ( ' )Z RJji {®q )Z Rji  (CD̂ )T (5.31)

Q( %)  = Z B((oq) [p  1(co^)Zfi(co^)-lJ rFJ,(wq) (5.32)
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5.3.2. Computational Approach

As earlier it is suppose that the frequencies at which the response is measured are co^, 

q = l , . . . , N . Then the different methods arise depending on whether the frequency 

range is split, or not, and whether the unbalance is assumed to be different in each 

frequency band. Thus the identification can be carried out in three ways.

5.3.2.1. Method 1: Using the Entire Frequency Range as a Singie Band

Here all the measurements are used at once, and only one estimate of the unbalance 

state and the foundation model is produced. Thus, equation (5.30) is repeated N  times 

to give

" Wq(co1) Ŵ CDj) W2(ox) R(coj)'
W0(o)2) W ^ ) W2(co2) R(co2) Cl- Q(co2)

„W0(o)„) W!(©*) W2(co„) R((%)_
ie j

_Q(c%)_

This is the method suggested by Lees and Friswell (1997). However if the number of 

modes in the run-down frequency range is more than the measured DoF at the bearing 

pedestals, one set of foundation parameters, v, may not be enough and the estimated 

unbalance and the responses may not be close to the actual values. There could be two 

possible approaches (Methods 2 and 3) for solving such limitations, which are 

discussed below.

5.3.2.2. Method 2: Dividing the Frequency Range into Bands

Often, especially for large machines, the number of critical speeds of the system in the run

down frequency range, is more than the number of measurement locations i.e., measured 

DoFs. This requires splitting the entire frequency range into smaller bands, as discussed in 

Section 5.2. The frequency dependent foundation model and the unbalance can be then 

estimated in each frequency band in a similar manner to Method 1. The estimated unbalance 

for each band should be the same, however this is unlikely because different modes will 

influence the response in each of the bands. In this approach there will often be fewer critical 

speeds in the frequency band than foundation DoF, and regularization using the SVD method 
has to be applied.
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5.3.2.3. Method 3: The Combined Approach

Method 1 estimates only one rotor unbalance state and one foundation model for 

whole frequency range. It is highly likely that the foundation identification will not be 

accurate. The foundation model estimated by Method 2 may be accurate enough, but a 

global estimate of unbalance is not obtained. Hence, a combined approach is 

suggested combining the expected advantages of the above two methods.

Let us assume that the run-down frequency range is split into b frequency bands. The 

vectors of the foundation parameters are identified in each frequency band, and are 

denoted vl5 v2, ...,v^. For each frequency band an equation similar to equation

(5.30) is generated, and if the W, R and Q matrices are combined, can be written as

£ ̂ band_^ ^bancU? ] = Qband I (5.34)

Rather than solving for the parameters for an individual band, as in Method 2, the 

problem may also be solved in one step using entire frequency range of the run-down 

as Method 1, giving a global estimate of the unbalance vector e. Thus, combining 

equation (5.34) for all the bands, gives

^band_l 0 0 ^band_l
V Qband_l

0 ^band_2 0 ^band_2 - ► zz -
Q

band_2

0 0 ^band_i» ^band_& e Qband_£>

(5.35)

Equations (5.33) to (5.35) are least squares problems, and their solutions are likely to 

be ill-conditioned (Smart et a l, 2000) and may need some regularization.

5.3.3. Regularization

The kind of regularization required to obtain a useful solution of the above equations 

generally depends on engineering judgement. However, broadly two types of 

regularization should be used as described in Section 5.2.3. One is the mathematical 

treatment (.Regularization Method 1) of the least squares equations and the other is by 

imposing physical relations between the system parameters to be estimated including 

Regularization 1 (Regularization Method 2). Apart from these regularizations, one
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more regularization is also important in case of unbalance estimation which is 

discussed below.

Regularization Method 3: The way the system dynamic matrices have been 

partitioned in the equation (5.1), the expression Z ^ - is  the dynamic matrix of the

rotor with pinned DoFs at the bearing locations of the rotating machinery. It contains 

natural frequencies of the pinned supported rotor, which do not represent any system 

dynamics, in the run-down frequency range. At these frequencies the dynamic matrix 

Z rh would be close to singular and its inverse may result in numerical ill-

conditioning particularly for lightly damped rotor. Hence it would be better to remove 

a small frequency band at these frequencies, from the run-down range, to avoid this 

numerical ill-conditioning. Regularization 3 includes Regularization 2 also.

5.4. ESTIMATION OF BOTH UNBALANCE AND MISALIGNMENT FROM A
SINGLE MACHINE RUN-DOWN

i[
! In Methods 1 to 3 the estimation of unbalance using the measured IX responses at the 

bearing pedestals is performed using a single machine run-down. The unbalance 

estimation may be in error if the multi-coupled rotors have some misalignment, since 

the misalignment may influence the IX response. The misalignment in the rotor, 

which is usually assumed at couplings, is expected to generate forces and moments at 

the couplings in both the horizontal and vertical directions, as suggested earlier by 

Gibbons (1976). The magnitude of these forces and moments will depend on the 

extent of the misalignment. However, the influence of these forces and moments at 

the rotor coupling on the machine dynamic behaviour is expected to be constant 

throughout the run-down speed range. Hence the estimation of the forces and 

moments at rotor couplings along with the unbalance at multi-balance planes has been 

proposed. The proposed theory is discussed below.
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5.4.1. Theory

Equation (5.7) can be written as

where the definition of the unbalance force fM is same as in the equation (5.6) and fm 

is a vector of forces and moments due to the misalignment.

5.4. 7. 7. Definition of Misaiignment Force, fm

It has been assumed that the misalignment in the rotor exists at the couplings between 

the multi-rotors. The nature of the rotor misalignment could be parallel, angular or 

combined as shown in Figure 5.1, but all of them would generate forces and moments. 

Let us assumed that there are c couplings in the rotor located at nodes m j, 

m2, ..., mc . The associated amplitude of forces and moments are

p -  |f f tyr m  f f M M
c m L z ,m ,» ’ iVA3>,m1* iVAz,m, > » y,m2 > iVAy ,/n 2 > iVAz,m 2 » • • •

horizontal and vertical directions and f and M are forces and moments respectively. 

Hence, the misalignment force, fm, can be written as

where the subscripts y and z represent the

(5.37)

This expression can be further simplified as

(5.38)

where Tm is the transformation matrix that is defined such that equations (5.37) and

(5.38) are equivalent. Substituting equations (5.6) and (5.38) into equation (5.36) 

produces,
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^ F TF,b + Z P  1Z RfbiZ Rfii 0) T Tm J = z P Z f l - I F,6 • (5.39)

Since, all the other quantities and data in equation (5.39) are known, the unbalance (e) 

and the m isalignm ent forces and m om ents (em) along with the foundation model

( Z F ) can be estim ated.

j .

t

A z / f l
—

_ /  n

Parallel Misalignment

Combined Misalignment

Figure 5.1 Schematic of rotor with misalignment at a coupling

5.4.2. Linear L east-S quares A pproach

To identify the unbalance and m isalignm ent in a least squares sense sim ilar to 

Method 3 , equation (5.39) becom es
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W b a n d _ l 0
0 Wband 2

0 R
0 R

p
band_l JX/n,band_l

0 0

band _ 2 ^m ,band_2

W p pVTband_Z? ^ b a n d .b  rvm,band_ft

[ v /

v 2 Qband_l

Q band_2

v* •

e Qband_b
e m.

, (5.40)

where the definition of W, R and Q is same as defined in equations (5.12), (5.31) and 

(5.32). The form of R m may be obtained by comparing equations (5.39) and (5.40), 

as

R m(< V  = Z g (to, )P_I ) Z RM (m9 )Z~R\it (a q )Tm (5.41)

Regularization 1-3 must be used to solve equation (5.40) in a least squares sense. 

Once the misalignment force (em) is estimated the linear and angular misalignment 

can be calculated as below.

5.4.3. Calculation of Linear and Angular Misalignment
From geometry and the material properties the stiffness matrix for each coupling in 

the multi-rotors machine can be calculated. Let us assume that the stiffness of an zth 

coupling is K c/ then the linear misalignment, Ay,& Az,-, and the angular

misalignment, AQy i & A0Z ,■ at the ith coupling in the horizontal and the vertical

directions can be calculated as (Gibbon, 1976)

'  AZi
'  ^ '

Ay,-

V II 1

> f y*
A0>v
AV

(5.42)
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5.5. SUMMARY

The theory for the estimation of the foundation model directly from the measured 

vibration data has been presented. The suggested method and two regularization 

methods have been applied to simulated and experimental examples of rotating 

machines to bring out their usefulness and potential. This is presented in Chapter 6.

The importance and requirements of the proposed methods for rotor unbalance and 

misalignment estimation is highlighted. The theory of rotor unbalance and 

misalignment estimation and its computational concept has been discussed. The 

advantages and limitations of the proposed estimation methods will be presented in 

Chapter 7 through the numerical simulations and experimental examples. The 

sensitivity analysis of the proposed method with respect to errors in the rotor and 

bearings models is presented in Chapter 8.
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CHAPTER 6

FOUNDATION MODEL ESTIMATION: 

NUMERICAL SIMULATIONS AND 

EXPERIMENTAL EXAMPLES
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6.0. INTRODUCTION

This chapter is concerned with the usefulness and validation o f the suggested m ethod 

(in C hapter 5) for the estim ation of foundation m odels of a rotor-fluid bearing-flexible 

foundation system  like a TG set. A com putational program  for both linear and non

linear optim ization for foundational model estim ation using the theory given in 

Chapter-5 has been developed in M atLab. Options for both the Regularization 

Methods discussed in C hapter 5 are included in the com putational code. Initially the 

suggested m ethod for foundation model estim ation is attem pted using sim ulated 

exam ples with both Regularization Methods. Once the usefulness o f the suggested 

m ethod for the foundation m odels has been established on the num erical sim ulations 

o f the rigs, the m ethod is also applied to the Aston rig.

6.1. SIMULATED EXAMPLE 1: THE ASTON RIG

The num erically sim ulated rig is based on the Aston rig shown in Section 4.3 of 

Chapter-4. The physical dim ensions and material properties for the rotor and bearings 

are exactly  the same for this sim ulated case. A model for the rig foundation connected 

to the fluid bearings was assum ed and the m easured responses at bearing pedestals 

were com puted analytically for the assum ed foundation.

Disc 1 2 3 4 5
Bearing 1 2 Coupling 3 4

Foundation F1 F2 F3 F4

Figure 6.1 The mathematical model o f the rotor and flu id  bearings o f the Aston rig
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An FE model was created for the rotor with 51 two-noded Timoshenko beam 

elements, each with two bending translational and two bending rotational DoF. Short 

bearing theory was used to obtain values for the bearing stiffness and damping 

(Hamrock, 1994), assuming the static loads acting on bearings 1 to 4 are 400N, 22IN, 

486N and 46IN respectively. The entire rig was assumed to be constrained along the 

axial direction of the rotor. The mathematical model of the rotor and fluid bearings is 

shown in Figure 6.1

Since there are four bearings, and only the horizontal and vertical accelerations are 

measured, there are 8 measured DoF. For the purpose of the simulation, the following 

mass, damping and stiffness matrices were used for the foundation, assuming no 

rotational components and the displacement vector of the foundation is ordered as

= b i zi y i Z2 >3 Z3 y* Z4F. (6.1)

where y and z are horizontal and vertical directions, and the subscripts refer to the 

response at the corresponding bearing. The foundation mass, damping and stiffness 

matrices are taken as

1 52 50 50 52 52 50 50] kg

) 150 150 150 150 150 150 150] N s/m

- 0.1 -0 .5 0.0 0.0 0.0 0.0 0.0 "
1.60 0.0 -0 .5 0.0 0.0 0.0 0.0

1.50 - 0.1 -0 .5 0.0 0.0 0.0
1.60 0.0 -0 .5 0.0 0.0

1.60 - 0.1 -0 .5 0.0
SYM 1.60 0.0 -0 .5

1.50 - 0.1
1.60

MN/m

(6.2)

(6.3)

(6.4)

This foundation model has a similar dynamic stiffness to the actual foundation and 

has a similar distribution of modes of the foundation in isolation (Smart, 1998). The 

measured responses associated with the translational degrees of freedom at all four
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bearing pedestals were computed using the assumed foundation model and a given 

unbalance on the rotor, using equation (5.1). Table 6.1 shows the different unbalance 

configurations used to excite the rotor for the different runs. The machine was run

down from 60 Hz to 1 Hz, with simulated measurements taken at a spacing of 0.5 Hz. 

Using these measured responses without noise, the identification of the foundation 

models was then carried out using different Regularization Methods.

Table 6.1 The unbalance for the Aston rig simulation without noise

Unbalance
Unbalance

Config
Balance

Disk
(amplitude in g m, 
phase in degree)

Unbalance Phase

1
3 0.160 45
4 0.160 150
1 0.160 195

2
3 0.160 45
1 0.160 195

3
5 0.160 0
1 0.160 195

4 3 0.160 45
4 0.160 150
1 0.160 195

5 3 0.160 45
5 0.160 0

6.1.1. Regularization Method 1
Considering the flexible foundation and bearing-rotor system together, the frequency

! range was divided into four bands, 1Hz to 15Hz, 15Hz to 28Hz, 28Hz to 40Hz and
|
| 40Hz to 60Hz. The estimation of the foundation models was carried out for each

| frequency band in turn. This estimation was carried out by both the linear and the

; non-linear iterative process starting from the linearly estimated values for the different|
unbalance configurations listed in Table 6.1. It has been observed that the linearly

| estimated foundation models produce a close fit to the simulated responses in all
i
| cases. Figure 6.2 shows a typical comparison of the estimated and measured responses

for unbalance configuration 1. Non-linear estimation further improves the dynamics
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of the foundation models, and the estimated responses are now an almost exact fit to 

the measured responses. This is also shown in Figure 6.2 for comparison.

• Simulated 
—  Linear Estimate 
  N on-linear Estimate

.-10

Frequency, Hz

■s.10'

* Simulated 
—  Linear Estimate 
  N on-linear Estimate

•-E 1 0 '

.-10

Frequency, Hz

|

| Figure 6.2 Comparison o f simulated and estimated responses at bearing 2 using 
I unbalance configuration 1 and Regularization 1 for the Aston rig simulation
I

j

6.1.1.1. Results and Discussion

j Considering the use of the estimated foundation models for the prediction of faults 

and condition monitoring of the complete rotating machine, the validation of the 

estimated foundation models is very important. This validation should test the 

prediction capacity with respect to different excitations. This exercise was carried out 

using estimated foundation models with different unbalance configurations of Table

6.1. It was observed that the prediction capability was poor. One such prediction is 

shown in Figure 6.3. Hence this optimization seems to perform numerical 

conditioning for a set of known unbalance and the measured responses without any 

physical meaning and the estimated foundation dynamics may not be useful.
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S-10'

• Simulated 
—  N on-linear Est. found. & Diff. unbalance

,-10

Frequency, Hz

or10'

t  10 • Simulated 
  N on-linear Est. found. & Diff. unbalance

,-10

Frequency, Hz

Figure 6.3 Dynamic behaviour (simulated and predicted responses) at bearing 2 of 
the estimated foundation using unbalance configuration 1 and Regularization 1, by 

unbalance configuration 3 for the Aston rig simulation

6.1.2. Regularization Method 2
The above exercise was repeated using the method discussed in Section 5.2.1.2. of 

Chapter 5 by assuming a symmetric stiffness matrix and diagonal damping and mass 

matrices (with the same mass at a node for vertical and horizontal DoF). This 

regularization is based on physical meaning, and has reduced the number of 

foundation parameters to be identified to a much smaller number compared to the 

earlier regularization. It was observed that the dynamics of the estimated foundation 

models based on the linear method was worst compared to the earlier Regularization 

Method 1. But the non-linear estimates starting from the linearly estimated values 

produces foundation models whose dynamics were found to be excellent. Figure 6.4 

gives one such comparison of the estimated responses (by both linear and non-linear 

j  approaches) and the measured responses.
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6.1.2.1. Results and Discussion

As can be seen from Figures 6.2 & 6.4, the linear estimation is poorer for the 

Regularization Method 2 but the non-linear estimation is far superior. The prediction 

capacity of the estimated models with respect to different excitations was also 

checked. The prediction capability was found to be excellent for a variety of different 

unbalance configurations listed in Table 6.1. Several such predictions are shown in 

Figure 6.5. Hence the results obtained by this optimization seem to be useful and 

encouraging.

j

! This method is again tested on a much simpler simulated example with noise to
!

further strengthen the confidence level in the present optimization approach.

10

-6&10

* Simulated 
—  Linear Estimate 
  Non-linear Estimate

-8n 10

-1010' 0 10 20 30 4 0 50 60
Frequency, Hz

10'

* Simulated 
—  Linear Estimate 
  Non-linear Estimate

-8■■£ 10

,-1010 0 10 20 30 4 0 5 0 6 0
Frequency, Hz

Figure 6.4 Comparison o f simulated and estimated responses at bearing 3 using 
unbalance configuration 1 and Regularization 2 for the Aston rig simulation
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.§■10'

.810" • Simulated
—  Est. Found. & Unbalance-4

Simulated
Est. Found. & Unbalance-2

Frequency, HzFrequency, Hz

_-10'Q.10

■ Simulated 
—  Est. Found. & U nbalance-2

■ Simulated 
  Est. Found. & Unbalance-4

Frequency, HzFrequency, Hz

(a) for unbalance configuration 2 (c) for unbalance configuration 4

8 1 0 ' • Simulated 
—  Est. Found. & U nbalance-5• Simulated 

  Est. Found. & U nbalance-3i
60

Frequency, HzFrequency, Hz

10̂

■5 . 10'

■eio' • Simulated 
  Est. Found. & Unbalance-5• Simulated 

—  Est. Found. & Unbalance-3

60
Frequency, HzFrequency, Hz

(b) for unbalance configuration 3 (d) for unbalance configuration 5

Figure 6.5 Prediction capacity of estimated foundation models using unbalance 
configuration 1 and Regularization 2, at bearing 3, by different unbalances for the

Aston rig simulation

6.2. SIMULATED EXAMPLE 2: THE SMALL RIG

I The simulated rig is based on the physical small rig at Swansea (UK), as described in 

j Section 4.1. of Chapter 4. For the present simulations, the updated FE model of the

! foundation from Chapter 4 is used for the computation of measured responses at the
[
| bearing pedestals for a given unbalance on the rotor, using equation (5.1). For the 

| simulation, the damping matrix for the foundation model was assumed to be

proportional to the mass and stiffness matrices of the updated FE model with the

proportional coefficients for the mass and stiffness of 0.9896 and 6.764e-5 

respectively. These proportional coefficients result in 1% and 0.94% damping at the 

foundational natural frequencies of 9.986Hz and 32.777Hz respectively. Since there
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are two bearings, and only the horizontal and vertical accelerations are measured, 

there are 4 measured DoF. The FE model of the rotor is rigidly connected to the 

foundation through the ball bearings shown in Figure 4.5 of Chapter 4 has been used 

for the responses computation and subsequent foundation model estimation. Table 6.2 

shows the different unbalance configurations used to excite the rotor for different 

runs. The machine was run-down from 40Hz to 6Hz, with measurements taken at a 

spacing of 0.25 Hz. In practice the measured data will be contaminated by both 

structure and measuring instrument noise. To simulate this condition, the computed 

responses (assumed to be measured) for unbalance configuration-1 were contaminated 

by normally distributed random noise with zero mean and standard deviation of 2% of 

the maximum response amplitude (applied to both real and imaginary parts of the 

response). Using these measured responses the identification of the frequency band 

dependent foundation models was then carried out using Regularization Method 2 -  

symmetric stiffness and damping matrices, and a diagonal mass matrix.

Table 6.2 The unbalance for the Small rig simulation with noise

Unbalance
Unbalance

Config
Balance

Disk
(amplitude in g m, 
phase in degree)

Unbalance Phase

1
A 5.0e-2 75
B 5.0e-2 135
A 10.0e-2 90

I
B 10.0e-2 30
A 7.5e-2 180

3
B 15.0e-2 0

6.2.1. Linear Estimation

As in the earlier example, the frequency range was divided into two smaller bands, 

6Hz to 21Hz and 21Hz to 40Hz. The estimation of the foundation models was carried 

out for each frequency band in turn using noise-contaminated responses for the rotor 

unbalance configuration 1. Initially the foundation models were estimated linearly 

using equation (5.17) of Section 5.2.1 of Chapter 5. The computed responses at 

bearings A and B are shown in Figure 6.6 and compared with the measured responses.
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As usual the dynamic behaviour of the linearly estimated foundation models are poor. 

Hence non-linear optimization is necessary.

10'

• Simulated 
—  Linearly Estimated Found.
  Non-Linearly Estimated Found.

■510

-610
5 10 2015 25 30 35 40

Frequency, Hz
10'

-4Q. 10

* Simulated 
—  Linearly Estimated Found.
  Non-Linearly Estimated Found.

-6

-810
5 10 2015 25 30 35 40

Frequency, Hz

(a) Bearing A responses

• Simulated
—  Linearly Estimated Found.
—  N on-Linearly Estimated Found.

-4

■S 10-

Frequency, Hz

r10'
Q.

■ Simulated 
—  Linearly Estimated Found.
  Non-L inearly Estimated Found.

< d  10

.-7

20 25

Frequency, Hz

(b) Bearing B responses

Figure 6.6 Comparison of simulated (with noise) and estimated responses using 
unbalance configuration 1 and Regularization 2 for the Small rig simulation
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6.2.2. Non-Linear Optimization

The non-linear optimization starting from linearly estimated foundation models were 

also carried out as per Section 5.2.2 of Chapter 5. A suitable value of regularization 

parameter, (where i -  1, 2), for starting the iterative process by the Levenberg- 

Marquardt technique for solving the non-linear least-squares problems, is important. 

As mentioned earlier in Section 5.2.2 (Chapter 5), a good choice is the comer of

L-curve for the sensitivity matrix at starting values of the foundation parameters. 

Figure 6.7 shows the L-curve at the start of first iteration for the frequency band 6Hz 

to 21 Hz. As can be seen from the L-curve there is no clearly defined comer in the 

curve. In fact most of the practical optimization problems have similar difficulties that 

require some user or engineering judgement in choosing the value of Xx. 

Alternatively different values of Xl can be used to check the convergence. Here the 

value of Xl = 0.000875 was chosen from L-curve and the non-linear optimization 

seems to converged, even though the measured responses were corrupted with noise. 

The dynamics of the non-linearly estimated foundation models are also shown in 

Figures 6.6 .

L-curve

.85396-005

i.7002e-005

1.00024216

1.00087519

2  10'

1.0031631

1.011432 .

1.041316

residual norm || A x -  b ||2

Figure 6.7L-curve
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6.2.3. Results and Discussion
As can be seen from Figure 6.6, although the measured responses in the frequency 

region other than the machine critical speeds range, both in horizontal and vertical 

directions, are very low in amplitude (perhaps only noise), the non-linear optimization 

seems to be promising. The prediction capacity of the estimated foundation models 

with respect to different excitations was also checked. The prediction capability was 

found to be excellent for a variety of different unbalance configurations listed in Table

6.2. Few typical predictions are shown in Figures 6 .8. The predicted responses, both 

amplitudes and phases, are excellent in the machine critical speed range. Some 

deviation in the amplitudes and phases away from the critical speed range should not 

be any cause of concern as the displacement amplitudes are very small. Hence the 

suggested method for the foundation model estimation can be considered a robust 

method.
10'*

E   Eat Found. & Unb.-2

mQ
SN•c01   Eat. Found. > Unb.-2

Frequency, Hz Frequency, Hz

£  -90

40
Frequency, Hz Frequency, Hz

(a) For unbalance configuration 2

E  Eet. Found. & Unbalance-3

b
13
s££ 10-

Frequency, Hz Frequency, Hz

£  -90

Frequency, Hz Frequency, Hz

(b) For unbalance configuration 3

Figure 6.8 Prediction capacity of estimated foundation models using unbalance 
configuration 1 and Regularization 2, at bearing A, by different unbalances for the

Small rig simulation
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Having established the suggested method with Regularization Method 2 for the 

foundation model estimation on the numerically simulated examples with and without 

noise, the method is now applied to the experimental examples of the New small rig 

and the Aston rig. The measured responses are generally contaminated with some 

structural and instrument noise.

6.3. EXPERIMENTAL EXAMPLE 1: THE NEW SMALL RIG

Details of the New small rig are given in Section 4.2 of Chapter 4. Different run-down 

experiments were performed with the rotor speed reducing from 2500 RPM to 300 

RPM for different combinations of added masses to the balance disks A and B listed 

in Table 6.3. Runs 1 and 4 were the residual runs-down i.e., without any added mass 

to the disks. The order tracking was performed such that each set of the run-down data 

consisted of the IX component of the displacement responses in the frequency range 

from 5.094Hz to 40.969Hz in steps of 0.125Hz. The linear system behaviour has also 

been confirmed by comparing the difference in the responses of run 2 and run 1 with 

the difference of run 3 and run 2.

Table 6.3 Different sets of the experimental run-downs for the New small rig

Run Disk A 
(g @ deg.)

DiskB 
(g @ deg.)

1 Residual Residual
2 0.76 @ 180 0.76 @ 0
3 1.52 @ 180 1.52 @0
4 Residual Residual
5 0.76 @ 45 0.76 @ 225

The resulting responses from the subtraction of runs 3 and 1 have been used for the 

foundation model estimation for the known unbalance and the rotor FE model. The 

run-down responses contain total four critical speeds. These critical speeds consist of 

two lateral modes, one vertical mode and one axial mode of the rig. The appearance of 

these modes in both the horizontal and vertical responses indicates that the directions 

are coupled. Hence the frequency range was divided into four small bands, 5.094Hz to 

12.094Hz, 12.094Hz to 20.969 Hz, 20.969Hz to 29.696Hz, and 29.696Hz to 

40.969Hz, and Regularization Method 2 was used by assuming symmetric stiffness, 

damping and mass matrices for the foundation. Figure 6.9 compares the measured and 

the estimated responses for unbalance run (3-1). The estimation is excellent though
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the measured responses were noisy. The prediction capacity of the estimated 

foundation models with respect to different unbalances listed in Table 6.3 was also 

checked, and the predicted responses, both amplitude and phase, were found to be 

excellent. A few typical predictions are shown in Figure 6.10.

of 10

210'

20 25
Frequency, Hz

40

<D 1 0 '

40
Frequency, Hz

(a) Bearing A responses

10~2

S’10

o in’Kl 1U

20
Frequency, Hz

25 30 35 40
Hz

■.= 10'

20 25
Frequency, Hz

30 35 40

(b) Bearing B responses

Figure 6.9 Measured and estimated responses for run (3-1) with Regularization
Method 2 for the experimental New small rig (• Measured, Linear, and

 Non-linear estimation)
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Figure 6.10 Prediction capacity of estimated foundation models using unbalance 
run (3-1) and Regularization 2, at bearing A, by different unbalances for the New

small rig
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6.4. EXPERIMENTAL EXAMPLE 2: THE ASTON RIG

Details of the Aston rig were given in Section 4.3 of Chapter 4 and the rotor FE model 

and the fluid bearings model is shown in Figure 6.1. The machine was run-down from 

55 Hz to 5 Hz in 200 frequency steps at the frequency spacing of 0.25Hz. The first 

order responses for the horizontal and vertical acceleration at the bearing pedestals 

were extracted by the process of order tracking. The runs were performed, the first 

with the residual unbalance and the second and third cases with the addition of 

different unbalance weight distributions. Since the residual unbalance was unknown, 

run 1 was subtracted from run 2, and the foundation models were then identified from 

the resulting responses and added unbalance in run 2 based on assumption that the 

system dynamics are linear.

Table 6.4 The unbalance added for the experimental run-downs for the Aston rig

Run Disk
Unbalance 

(Amplitude (g m) @ phase (degree.))

2-1 2 1.7 @ 105
5 1.7 @ 180

3-1 1 1.7 @ 225
5 1.7 @ 315

Table 6.4 shows the added unbalance when the difference between the runs is 

considered. The static load at the bearings were estimated by Smart (1998) to be 

221 N, 486 N, 461 N and 400 N at bearings 1 to 4 respectively, and were used for the 

bearing modelling. The frequency range was again divided into four smaller bands, 

5Hz to 17Hz, 17Hz to 28Hz, 28Hz to 40Flz and 40Hz to 55Hz. The estimation of the 

foundation model was carried out for each frequency band in turn by both the linear 

and the non-linear iterative process starting from the linearly estimated values for the 

foundation model. The following physical constraints for the foundation models for 

Regularization Method 2 were considered one by one to compare the behaviour of the 

estimated foundation models.



Jyoti K. Sinha 2002,PhD Thesis, University o f Wales Swansea, UK

(a) Symmetric stiffness matrix, and diagonal damping and mass matrices (assuming 

the same mass at a node for vertical and horizontal DoF).

(b) Symmetric stiffness and damping matrices, and diagonal mass matrix (assuming 

the same mass at a node for vertical and horizontal DoF).

(c) Symmetric stiffness and damping matrices, and diagonal mass matrix (assuming 

the different masses at a node for vertical and horizontal DoF).

(d) Symmetric stiffness, damping and mass matrices

Figure 6.11(a) compares typical measured and estimated responses using unbalance

run (2-1) with Regularization Method 2(a). Poor estimation at lower frequencies is 

expected as the measurement was contaminated with noise. Figure 6.11(b) gives the 

j prediction capacity of the estimated foundation models for the unbalance

configuration for run (3-1). The prediction is not as good as the simulated examples.
i|
I
|
I Using different Regularization Methods -2(b), (c) and (d), the foundation models were 

also estimated for run (2-1) and the responses were predicted for run (3-1). Figures 

6.12 to 6.14 give typical comparisons of the estimated and predicted responses with 

the measured responses. Table 6.5 summarizes the fit errors for the estimation and 

prediction using different regularizations.

| 6.4.1. Results and Discussion
l

As can be seen from Table 6.5 and Figures 6.11 to 6.14, the estimation (fit) errors are 

least for Regularization Method-2(d) but the prediction errors are very high. These 

exercises bring out the importance of the regularization used in solving such 

problems. Regularization based on some physical meaning is essential, for example 

Regularization Method 2(a) and (b). Although the estimation (fit) errors for 

Regularization 2(a) and (b) are slightly higher than Regularization 2(d), the 

prediction (output) errors are much less and the predictions and measurements also 

share many common features. However these predictions are not totally satisfactory 

and need rigorous investigation for further improvement.
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(a) Measured and estimated responses for unbalance run (2-1) at bearing 4
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■ Experimental 
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• Experimental 
  Non-linear Est. found. & Diff. unbalance
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(b) Measured and predicted responses for unbalance run (3-1) at bearing 3

Figure 6.11 Dynamic behaviour of estimated foundation for run (2-1) with 
Regularization Method 2(a) for the experimental Aston rig
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(a) Measured and estimated responses for unbalance run (2-1)
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(b) Measured and predicted responses for unbalance run (3-1)

Figure 6.12 Dynamic behaviour of estimated foundation at bearing 4 for run (2-1) 
with Regularization Method 2(b) for the experimental Aston rig
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(b) Measured and predicted responses for unbalance run (3-1)

Figure 6.13 Dynamic behaviour of estimated foundation at bearing 4 for run (2-1) 
with Regularization Method 2(c) for the experimental Aston rig
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(b) Measured and predicted responses for unbalance run (3-1)

Figure 6.14 Dynamic behaviour o f estimated foundation at bearing 4 for run (2-1) 
with Regularization 2(d) for the experimental Aston rig
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Table 6.5 Fitting and relative output errors (%)for the experimental Aston rig data

T8 E n
% Error = - 2—̂ - 

T  r  rl m l m

-100

Method Regularization 2(a) Regularization 2(b) Regularization 2(c) Regularization 2(d)

Est. Pred. Est. Pred. Est. Pred. Est. Pred.
DOF run (2-1) run (3-1) run (2-1) run (3-1) run (2-1) run (3-1) run (2-1) run (3-1)

B1H 4.430 29.25 0.751 18.51 1.003 25.42 0.496 2.11e4
B1V 5.098 41.11 2.530 96.78 1.482 87.04 0.740 3.28e5
B2H 2.513 26.29 0.808 27.11 0.510 25.73 0.290 1.58e5
B2V 2.466 28.65 2.867 32.43 0.991 61.92 0.504 7.57e5
B3H 4.733 52.02 3.117 56.06 1.062 72.67 0.308 1.76e5
B3V 4.613 17.45 1.005 16.04 1.122 22.08 0.397 5.67e4
B4H 3.756 79.44 1.392 76.57 2.735 87.58 0.733 2.5 le4
B4V 3.352 63.80 0.969 41.86 0.760 93.70 0.691 4.02e4
Average 
% Error

3.430 37.82 1.540 39.55 1.026 53.89 0.471 2.29e5

6.5. SUMMARY

The suggested method is simple and results are very encouraging. The simulated and 

experimental examples have brought out the importance of regularization. The quality 

of the estimated foundation models has been found to be excellent based on their 

prediction capabilities for the simulated examples with and without noise, and an 

experimental example of the New small rig. However the suggested method seems to 

struggle in the experimental Aston rig case which consists of fluid bearings in 

comparison to the New small rig. It was observed that the estimation was always close 

to the measured data, but the prediction was not as good though there is reasonable 

agreement between the measured and predicted responses using Regularization 

methods 2(a) &(b). Frequency peaks are common in both responses but there is some 

difference in the amplitudes. Different regularization methods are used to improve the 

prediction capability with respect to a different unbalance, but none of them was 

found to be totally satisfactory. There could be many possible reasons for such 

differences and this is the subject of future research. But the following are the most 

likely reasons for this foundation behaviour.
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(i) Fluid Bearing Modelling: Error in the bearing forces. This should be checked 

by using the measured dynamic force at the bearings in the bearing model or 

alternatively by including the shaft response measured by the proximity probes 

near the bearing pedestals to avoid using a bearing model in the estimation 

process.

(ii) The Foundation Dynamic Behaviour: It is also likely that the foundation 

behaviour may not be linear. When a small structural system (with many 

joints) is designed to have many modes in a small run-down frequency range, 

as for real life foundations of TG sets, the fabrication of such a small system 

may have some non-linear dynamic effects. In this case one should perform 

stepped-sine tests (Ewins, 2000) with different excitation amplitudes to check 

the linear behaviour of the structure before carrying out any run-down 

experiments. Of course a stepped sine test on the foundation of a TG set is not 

possible due to practical problems. Hence for the cases like this it would be 

better to perform three run-downs of a machine with increasing added mass at 

a constant phase angle at a number of unbalance planes to check the linearity 

in the responses, similar to run 1 to run 3 for the New small rig.

Unfortunately none of the above possibilities could be confirmed during the period of 

the present research study for the Aston rig. In spite of all these suspected problems, 

the predicted responses show a promising similarity to the measured responses. Some 

frequency dependent faults could still be identified using the estimated foundation 

models by the appearance of the same frequency peaks in the predicted and measured 

responses. However the prediction capacity of the estimated foundation models were 

found to be excellent for the simulated examples and the other experimental example 

of the New small rig. It has also been demonstrated that Regularization Method 2 

based on physical constraints for the foundation is important for the estimation. Hence 

the suggested method can be considered a robust method and needs no further 

improvement at present other than to check the linear behaviour of the foundation and 

the fluid bearing model for the experimental Aston rig.
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CHAPTER 7

ROTOR UNBALANCE AND MISALIGNMENT 

ESTIMATION: NUMERICAL SIMULATIONS 

AND EXPERIMENTAL EXAMPLES
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Chapter 7 Examples o f Rotor Unbalance and Misalignment Estimation from Run-down

7.0. INTRODUCTION

Three methods for unbalance estimation were suggested in Chapter 5. These methods 

have been applied initially to the numerically simulated examples of the Aston rig and 

then to the experimental examples. The advantages and limitations of each method 

will be brought out through the following examples. The estimation of both the rotor 

misalignment (at the flexible coupling) and unbalance as suggested in Chapter 5 has 

also been carried out on the experimental data from the New small rig.

7.1. SIMULATED EXAMPLE 1: THE ASTON RIG

Details of the rotor and the fluid bearings of the Aston rig are given in Section 4.3 of 

Chapter 4. For simulation the assumed foundation model given in Section 6.1 of 

Chapter 6 is used. As discussed in Chapter 6, the measured responses at the bearing 

foundation associated with the translational DoF were computed using the assumed 

foundation model and a given unbalance on the rotor, using equation (5.1). Table 7.1 

shows the different unbalance configurations used to excite the rotor for the different 

runs. The machine was run-down from 60 Hz to 1 Hz, with measurements taken at a 

spacing of 0.5 Hz. Using these measured responses, the identification of the 

foundation model and the unbalance state (at known balance planes) was then carried 

out by the proposed methods in turn. Initially the proposed methods were applied to 

the simulated responses without noise and then the responses were contaminated with 

noise.

7.1.1. The Simulated Response without Noise
Method 1: The estimated unbalance amplitude and phase for the different runs are 

listed in Table 7.1. The estimated unbalance was quite accurate. However the 

response estimation using the identified foundation models and unbalance state were 

poor for all of the cases, even for the simulated example. Figure 7.1 shows a typical 

comparison and demonstrates that the estimated responses are quite different from 

measured ones.

Method 2: As in Section 6.1.1 of Chapter 6, the frequency range was divided into four 

bands, 1 Hz to 15 Hz, 15 Hz to 28 Hz, 28 Hz to 40 Hz and 40 Hz to 60 Hz, and the
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estimation was carried out for each frequency band in turn. Table 7.1 gives the 

estimated unbalance. The estimated responses using the identified foundation models 

and unbalance state were nearly an exact fit to the simulated responses for all cases. 

Figure 7.2 shows a typical comparison of the estimated and measured responses. 

However, the unbalance estimation for each band were not close to each other, nor 

close to the simulated unbalance, for any case, except maybe cases 1 and 3 for band 4.

Method 3: The last column in Table 7.1 lists the estimated unbalances for the 

combined approach. Figure 7.3 gives the comparison of estimated and measured 

responses for a typical case. The unbalance estimates are accurate in all cases, and the 

fit to the simulated responses is quite good. The results are encouraging.

7. 1.1.1. Discussion of the Results

In summary, Method 1 predicts the unbalance reasonably well but the foundation 

poorly, Method 2 predicts the foundation well and the unbalance poorly and 

Method 3 predicts both the unbalance and foundation well. To verify the estimated 

foundation model the responses obtained by using the estimated foundation model but 

with the simulated unbalance are compared to the simulated responses. Figure 7.4 

shows one such comparison, for the responses at bearing 1 due to unbalance 

configuration 5 (Table 7.1). This confirms that the estimated foundation model and 

unbalance state identified by Method 3 is the only one that is close to the simulated 

case.

Poor foundation by Method 1 only indicates that the measured DoFs are less than the 

number of modes in the run-down frequency range, and that has also caused some 

error in the unbalance estimation. Significant deviations are observed for the model 

identified by Method 2. Although the estimated models by Method 2 in each 

frequency band was an excellent fit as the measured DoFs were more than the number 

of modes present in each frequency band but resulted in the poor unbalance estimation 

in each band due to presence of fewer number of modes. However the Method 3 that 

has exploited the strength of both the earlier methods by estimating a global 

unbalance and frequency band dependent foundation models and hence resulted in an 

excellent estimation.

i l l
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7.1.2. The Simulated Response with Noise
In practice, the measured response data will be contaminated by some noise and the 

rotor and bearing models will contain errors. To simulate such conditions, the eight 

simulated translational responses at the bearings for unbalance configuration 3 of 

Table 7.1 were corrupted with 1% noise. The effect of modelling errors was 

demonstrated by adding 20% noise to the bearing static loads at each frequency to 

introduce uncertainty into the bearing parameters for the simulated responses. The 

static loads in the model used for the estimation remain constant. The regularization 

used removes the noise from the measured data using the SVD of the autocorrelation 

matrix of the responses, as described in detail by Smart et al. (2000).

Table 7.2 shows the results for this example. Initially, the linear solution was obtained 

without regularization. The estimated values by Method 3 are close to actual values, 

although the estimated responses were not a close fit to the measured responses. The 

regularized solution (Smart et a l , 2000) gives the reasonable good fit to the measured 

responses, as shown in Figure 7.5, and the estimated unbalances remain accurate. 

These results were also compared with the results using Method 1 , which gives 

reasonable unbalance estimates, but the estimated responses are very poor, as shown 

in Figure 7.5. Hence, Method 3 is the best for the estimation of both the state of 

unbalance and the frequency dependent foundation models. Regularization improves 

the quality of the foundation model, but does not significantly improve the unbalance 

estimates.

-5
10'

• Simulated 
  Estimated

>10

0 10 20 30
Frequency (Hz)

5040 60

-5
10'

• Simulated 
  Estimated

w  —10
€ 10 
ID > 0 10 20 30

Frequency (Hz)
40 50 60

Figure 7.1 Simulated and estimated responses by Method 1, at bearing l ,fo r  
unbalance configuration 5 for the Aston rig simulation
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Chapter 7 Examples of Rotor Unbalance and Misalignment Estimation from Run-down

• Simulated 
— Estimated
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Frequency (Hz)

Simulated 
— Estimated

-10

Frequency (Hz)

7.2 Simulated and estimated responses by Method 2, at bearing l , fo r  
unbalance configuration 5 fo r  the Aston rig simulation

• Simulated 
  Estimated
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Frequency (Hz)

• Simulated 
— Estimated
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Frequency (Hz)

Figure 7.3 Simulated and estimated responses by Method 3, at bearing l , fo r  
unbalance configuration 5 fo r  the Aston rig simulation
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Figure 7.4 Simulated and estimated responses at bearing 1, using the estimated 
foundation models but the simulated unbalance, for unbalance configuration 5

for the Aston rig simulation

Table 7.2 Estimated unbalance for the Aston rig simulation with noise

Balance Disk 3 Balance Disk 4

Amplitude 
(g m)

Phase
(degrees)

Amplitude 
(g m)

Phase
(degrees)

Actual 0.160 45 0.160 150
Method 3
Unregularized

0.1689 49.39 0.1735 138.73

Method 3
Regularized

0.1494 43.02 0.1735 138.63

Method 1 0.1739 48.45 0.2163 147.58

Having established the reliability of Method 3 for the accurate estimation of the rotor 

state of unbalance both amplitude and phase at multi-balance planes and reasonably 

good foundation models on simulated examples, the method is now applied to the 

experimental examples. The unbalance estimation by Method 1 is also shown for 

comparison.
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-I—*e<Da<o
cd

Q • Simulated
-  Method 1
— Method 3

-10

Frequency (Hz)

6

• Simulated
-  Method 1
— Method 3

Q
CjO

•

ts<L>>
-10

Frequency (Hz)

Figure 7.5 Simulated (with noise) and estimated responses at bearing l ,fo r  
unbalance configuration 3 for the Aston rig simulation

7.2. EXPERIMENTAL EXAMPLE 1: THE ASTON RIG

The identification methods were tested on experimental data from the Aston rig. The 

same run-down data that were used in Chapter 6 for the foundation model estimation 

were also used here. A total of three runs were performed, the first with the residual 

unbalance and the second and third cases with the addition of different unbalance 

weight distributions. Since the residual unbalance was unknown, two approaches were 

taken. The first approach subtracts the response for run 1 from that for run 2, and the 

unbalance state was then identified from the resulting responses. Assuming the system 

is linear then the identified unbalance will be the unbalance added. The alternative is 

to estimate the residual unbalance for run 1, estimate the unbalance for run 2, and 

difference these estimates to compare with the unbalance weights added. The process 

may be repeated for run 3.
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7.2.1. Subtraction of Unbalance
Table 7.3 and Figure 7.6 show the equivalent results when the unbalance is estimated 

for each run, and the estimated unbalances are subtracted to compare with the actual 

unbalance. In Method 3 the frequency range is split into four bands; 5-17 Hz, 17- 

28 Hz, 28-40 Hz and 40-55 Hz which are the same as Chapter 6. The results are close 

to the actual unbalances.

Table 7.3 Unbalance estimation from experimental run-down data by subtracting
unbalance for the Aston rig

Method Runs Unbalance
Planes

Estimated (Amplitude (g m) @ phase (deg.))
Actual

Unbalance
Added

First Run Second Run Added
Unbalance

1 1 & 2 Disk 2 

Disk 5
0.955 @ 208.51 

0.516 @ 1.12
0.877 @ 110.00 

1.866 @ 161.50
1.388 @ 67.21 

2.360 @ 165.72
1.70 @ 105
1.70 @ 180

3 1 & 2 Disk 2 

Disk 5
0.958 @210.11 

0.860 @ 6.90
0.742 @ 85.60 

1.067 @ 153.44
1.508 @ 54.03 

1.847 @ 168.31
1.70 @ 105
1.70 @ 180

1 1 & 3 Disk 1 

Disk 5

1.043 @ 207.61 

0.605 @ 38.17
2.050 @ 269.97 

2.519 @ 36.29
1.819 @ 300.50 

2.035 @ 45.48
1.70 @ 225
1.70 @ 315

3 1 &3 Disk 1 
Disk 5

1.053 @ 209.65 

0.883 @ 11.71
2.283 @ 266.36 

2.498 @ 41.40
1.919 @ 293.67 

1.785 @ 56.43
1.70 @ 225
1.70 @ 315

B

s
• Experimental 

 Estimatedco
N•Go
X Frequency (Hz)

.-2a

>-4

Q • Experimental 
  Estimatedcdo

Frequency (Hz)

Figure 7.6 Measured and estimated responses at bearing 3 by Method 3, for run 3
for the experimental Aston rig
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7.2.2. Subtraction of Run-down Data
Table 7.4 shows the results when the difference between the runs is considered, and 

Figure 7.7 compares typical measured and estimated responses, for Method 3. The 

unbalance estimation by Method 3 is once again better than Method 1. The computed 

rotor natural frequency when pinned at the bearings was 38.41Hz and this may affect 

the unbalance estimation. Hence the unbalance estimation was carried out again using 

Regularization 3 by removing a small frequency band of 1.25Hz on either side of 

38.41Hz. The estimated unbalance is listed in Table 7.4 and the estimated amplitudes 

are now much closer to the actual values without much change in the estimated phase. 

The most important improvement is that now the fit of the estimated response is 

closer to the measured response. One such response is compared in Figure 7.7(b).

Table 7.4 Unbalance estimation from the experimental run-down data by 
subtracting runs for the Aston rig

Run Disk
Actual

Unbalance (Amp
Estimated Unbalance 
itude (g m) @ phase (deg.))

(Amplitude (g m) Method 1 Method 3
@ phase (deg.)) Without 

Regularization 3
With 

Regularization 3

2-1 2 1.7 @ 105 1.380 @ 67.42 1.529 @51.42 1.70 @ 77
5 1.7 @ 180 2.345 @ 164.78 1.759 @ 176.10 1.68 @ 152

3-1 1 1.7 @ 225 1.820 @ 300.97 1.943 @ 293.02 1.77 @ 304
5 1.7 @ 315 2.067 @ 47.59 1.849 @51.40 1.65 @ 48

7.2.3. Discussion
As can be seen from Tables 7.3 and 7.4, the identified unbalances by both approaches 

for Method 1 and 3 are almost same and close to the actual added unbalances. This 

confirms that the unbalance of the rotor can be estimated reliably even with the 

measured vibration data from a single run-down of machine.

Both approaches give good estimates of the unbalance, however Method 3 

consistently gives the better unbalance estimates. The amplitude of the unbalance is 

consistently estimated more accurately than the phase. There could be two possible 

reasons for the error in the estimated phase. One reason maybe the estimation phase 

may have same dynamic effect as the actual phase. Other maybe because of errors in 

the bearing model, or maybe small phase shifts in the measurement system, or
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possibly a small non-linearity in the foundation as pointed out in Chapter 6. The 

Regularization 3 has found to improve both the estimated unbalance and the fit of the 

estimated response to the measured response, thus indicates the significant reduction 

in the numerical ill-conditioning of the linear least squares solution.
-2

.-4

C/3

S to
• Experimental 

  Estimated

Frequency (Hz)

CL
-6

• Experimental 
  Estimated

Frequency (Hz)

(a) Without Reeularization 3

■ Experimental 
—  Estimated

§  10 '

10~7
20 40 50 55

Frequency (Hz)

B 10'

■5. 10'

’ Experimental 
  Estimated

^ 10'

40
Frequency (Hz)

(b) With Re2ularization 3

Figure 7.7 Measured and estimated responses at bearing 3 by Method 3, using the 
difference of runs 1 and 2 for the experimental Aston rig
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7.3. EXPERIMENTAL EXAMPLE 2: THE SMALL RIG
Once again the unbalance estimation has been qualified on the simulated case 

(without noise) of the Small rig (shown in Figure 4.2). The estimated unbalances were 

exactly the same as the assumed state of the rotor unbalances. The rotor unbalance 

estimation was then carried out on the measured run-down response for different 

combinations of added masses at the balance disks A and B.

7.3.1. Run-down Experiments
Different run-down experiments were performed with the rotor speed reducing from 

3000 RPM to 60 RPM, for the different combinations of added masses to the balance 

disks A and B listed in Table 7.5. Run 1 was the residual run-down i.e., without any 

added unbalance mass to the disks and the subsequent runs had some added mass to 

the balance disks. The run down time was 10 minutes for each experiment. Four 

responses were measured, namely the horizontal and vertical accelerations at both 

bearings along with one tacho signal, as discussed in Chapter 3. The order tracking 

was performed such that the each set of the run-down data consisted of the IX 

component of the displacement responses in the frequency range from 1.44 Hz to 

48.44 Hz in steps of 0.25 Hz.

Table 7.5 Different sets of the experimental run-down for the Small rig

Run Disk A 
(gm @ deg.)

DiskB 
(gm @ deg.)

1 Residual Residual

2 7.280e-2 @ 22.5 5.445e-2 @ 157.5

3 5.445e-2 @ 247.5 5.445e-2 @ 67.5

4 5.445e-2 @ 247.5 2.280e-2 @ 90.0

7.3.2. Unbalance Estimation by M e th o d s  1 and 3

The run-down frequency band of 5.94 Hz to 40.19Hz, that included all of the four 

critical speeds of the machine, was used for the unbalance estimation. Unbalance 

estimation was carried out using the complete run-down band as a single frequency 

band as well as dividing into a number of small bands for the foundation models. The 

number of small bands has been progressively increased so that the estimated 

response should be close to the measured response. It has been observed that the
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estimation was most promising when the frequency band 5.95Hz to 40.19Hz was 

divided into 4 sub-bands -  5.94Hz to 11.19Hz, 11.19 to 18.19Hz, 18.19Hz to 28.69 

Hz and 28.69 Hz to 40.19Hz. The estimated results for the subtracted runs are given 

in Table 7.6, and show that the results of Method 1 are very poor. In fact, the 

estimated responses were not a close fit to the measured responses as they do not 

account for all of the modes in the run-down frequency range. Hence it seems for a 

lightly damped rotor system Method 1 is not very good. However, the estimated 

unbalance amplitudes by Method 3 are, once again, close to the actual values but the 

phases are not, which is similar to the observation made in the experimental Aston rig 

example of Section 7.2. The estimated responses were also a close fit to the 

experiments for all cases. Some typical responses for run (3-1) are shown in Figure 

7.8 by both of the methods.

7.3.3. Unbalance Estimation using the Updated FE Model of Foundation
Recall from Chapter 5 that the proposed method for the rotor unbalance estimation 

assumes that a reliable FE model of the foundation could not be constructed. This is 

the reason why the proposed method estimates the foundation model as a by-product, 

along with the rotor unbalance. However for the experimental example of the Small 

Rig, an updated FE model fully representing the complete system is already available 

(Chapter 4). So the unbalance can be estimated directly using the FE model. For this 

estimation equation (5.30) can be modified as

Clearly there is an equation of the form of (7.1) at every frequency. The equations 

generated may be solved in a least squares sense directly as discussed earlier in 

Section 5.3.1 of Chapter 5. Hence the unbalance estimation was again carried out for 

the subtracted runs using the above equation. The estimated unbalances are also given 

in Table 7.6. The calculated responses for run (3-1) using the estimated unbalance are 

shown Figure 7.9 and compared to the measured responses. The calculated responses 

are not close to the measured ones. The estimated unbalances are not very close to the 

actual values, and are poor when compared to the estimated unbalances by the 

proposed Method 3. Hence the dynamic behaviour of the foundation was further 

investigated to find out the reason for the error in the unbalance estimation.

(7.1)
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Table 7.6 Unbalance estimation for subtraction of runs for the Small rig

Proposed Methods assuming Foundation Model not known Assuming known FE model for 
FoundationMethod 1 Method 3

Run Disk A 

(gm @ deg.)

DiskB 

(gm @ deg.)

Disk A 

(gm @ deg.)

DiskB 

(gm @ deg.)

Disk A 
(gm @ deg.)

DiskB 
(gm @ deg.)

2-1 2.04e-2 @ 348 1.58e-2 @ 170 7.53 e-2 @ 26 5.96e-2 @ 206 2.30e-2 @ 49 2.50e-2 @ 239

3-1 1.03e-2 @ 263 0.09e-2 @ 67 5.19e-2 @ 347 4.02e-2 @ 178 1.48e-2 @ 342 1.52e-2 @ 174
4-1 0.91e-2 @ 239 0.27e-2 @ 335 4.50e-2 @ 152 2.81 e-2 @ 70 1.73e-2 @ 18 1.86e-2 @ 205

Method 1

‘ Experimental 
  Est. found. & unbalance

n 10'

20
Frequency,

25
Frequency, Hz

30 35 40

• Experimental 
  Est. found. & unbalance

20
Frequency,

25
Frequency, Hz

30 40

Method 3
Frequency, Hz

10'
• Experimental 

—  Est. found. & unbalance

SMCT4

,-e
n  10'

-810'
5 10 15 20 25 30 35 40

10'
• Experimental 

—  Est. found. & unbalance
-4

i 1 0 '

-5r  10'

.—810'
5 10 15 20 25 30 35 40

Frequency, Hz

Figure 7.8 Measured and estimated responses at bearing A, for the difference of 
runs 1 and 3 for the experimental Small rig
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• Experimental 
  Found. FE model & Est. Unb.

3020
Frequency, Hz

10"2

r  10'

20
Frequency, Hz

Figure 7.9 Measured and calculated responses at bearing A using the FE model of  
the foundation and estimated unbalances, for the difference of runs 1 and 3 for

the experimental Small rig

7.3.4. The Foundation Dynamic Behaviour
The high amplitude of vibration seen during the machine run-down may be triggering 

some non-linear behaviour of the foundation and to some extent in the flexible 

coupling also. The suspicion of the non-linear behaviour has been confirmed by 

conducting a stepped-sine test.

The stepped-sine tests were carried out on the foundation alone (without the rotor). A 

portable LDS shaker was attached to the top plate of the foundation such that the 

shaker can excite the foundation in the lateral direction. The step-sine excitation was 

applied to the foundation through the LDS shaker. The level of the shaker excitation 

was varied from a very low to a high amplitude of the order of the expected run-down 

amplitude for different tests. A PCB force sensor and B&K accelerometer were used 

to measure the excitation force and the response respectively. The control of the 

stepped-sine signal to the shaker and the processing of the measured data were carried 

out through the MatLab based SigLab software (1998). Several typical measured 

frequency response functions (FRFs) inertance plots for three different shaker 

excitation levels for the foundation alone in the horizontal direction are shown in 

Figure 7.10. As can be seen from the inertance plots, when the amplitude of excitation 

was small only one peak at around 10.6Hz appeared. However, with increased 

excitation multiple peaks appeared varying from 10Hz to 11Hz and the amplification
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at the natural frequency is also not linear. These observations indicate that the 

foundation behaviour is not linear, and this behaviour of the foundation may be a 

possible cause for the error in the unbalance estimation.

(a)

(b)

(c)

Figure 7.10 Experimental FRFs (inertance) with increasing excitation amplitude
from (a) to (c)

[M ag-L in

[ P h a t e
y: 1 1 .0 6 8 7 8 3  1 -7 5 .0 6 8 9
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7.3.5. Discussion
It was observed that even for a structurally simple foundation, with a good FE model 

confirmed by modal tests, the unbalance could not be reliably estimated. The example 

of the Small rig showed that some unknown dynamic behaviour of the foundation 

may lead to large errors in the estimation. The error in the estimation could be more 

for a complex real-life foundation of a rotating machine. However, the proposed 

Method 3 (i.e., without using foundation models) gives much better results even for 

systems with some non-linear behaviour. Hence Method 3 for the rotor unbalance and 

foundation estimation once again seems to be robust and the method accounts for all 

unknown dynamic behaviour of the foundation, although there is some error in the 

estimated phase.

7.4. EXPERIMENTAL EXAMPLE 3: THE NEW SMALL RIG

The same run-down data (Table 6.3) that were used in Chapter 6 for the foundation 

model estimation were also used here. A total of five runs were performed, run 1 and 

4 with residual unbalance and other runs with added unbalance mass at the disks A 

and B. Since the residual unbalance was unknown, two approaches were taken. The 

first approach subtracts the response for run 1 (or run 4) from that for run 2, and the 

unbalance state was then identified from the resulting responses. Assuming the system 

is linear then the identified unbalance will be the unbalance added. The alternative is 

to estimate the residual unbalance for run 1 (or run 4), estimate the unbalance for run 

2, and difference these estimates to compare with the unbalance weights added. The 

process may be repeated for other runs. The unbalance estimation was carried out 

using Regularization 1-3 by assuming symmetric system matrices for the foundation 

parameters and a removal of small frequency band of 1.25Hz on either side of 

38.37Hz (natural frequency of the rotor with pinned support at bearings) from the 

machine run-down range.
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7.4.1. Subtraction of Run-down data
Four critical speeds (two in the horizontal and one each in the vertical and axial 

directions) of the machine were present in the run-down frequency range of 5.094Hz 

to 40.969Hz. The unbalance estimation was carried out by Methods 1 and 3 for the 

resulting responses from the difference of the runs. In Method 3 the frequency range 

is split into three bands; 5.094Hz to 12.094Hz, 12.094Hz to 27.469Hz, and 27.469Hz 

to 40.969Hz based on the observation that the estimated responses were close fit to 

the measured responses. The estimated results are listed in Table 7.7 and Figure 7.11 

compares typical measured and estimated responses, for Methods 1 and 3. The 

unbalance estimation by Method 3 is once again better. Method 1 has not accounted 

for the response of the first critical speed, as seen from Figure 7.11(a). The reason for 

the maximum error in phase of the order of 30 to 45 degrees and the high error seen in 

the estimated amplitude in some cases by Method 3 could be the difference in the 

responses for runs are small and are highly contaminated by measurement noise.

7.4.2. Subtraction of Unbalance
Table 7.8 shows the results when the unbalance is estimated for each run by Method 3 

only, and the estimated unbalances are subtracted to compare with the actual 

unbalance added. The estimated unbalances are much higher than the actual 

unbalances. A typical comparison of the measured and the estimated responses is 

shown in Figure 7.12(a). Further investigation was made to understand the poor 

performance of the estimation.

7.4.3. Estimation of both Unbalance and Misalignment in the Rotor
There may be a small misalignment of the rotor at the coupling with the motor during 

the assembly of the complete rig. If this is the case it will generate a set of constant 

forces and moments at the coupling location. Perhaps a good unbalance estimation for 

the subtracted responses is possible because the influence of the misalignment is 

simply removed to first order. However the unbalance estimation for individual runs 

seems to accommodate the rotor misalignment in the rotor unbalance and results in 

higher amplitudes. Hence unbalance estimation, along with the rotor misalignment,
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was carried out using the proposed method in Section 5.4 for individual runs. The 

results are listed in Table 7.9 and Figure 7.12(b) shows a typical comparison between 

the measured and the estimated responses. The fit of the estimated response is now 

much better when compared to the earlier estimation shown in Figure 7.12(a) by 

Method 3. Table 7.9 also shows that the estimated unbalance by this method is 

excellent and close to the actual values and the estimated misalignment in the rotor at 

the coupling is quite consistent for each run. The order of the estimated misalignment 

(approximately 0.1 and 0.2 mm in the horizontal and vertical directions and their 

related angular misalignment is 0.4 and 0.2 degrees respectively) is very small and 

such a misalignment is quite possible during the rig assembly. The small deviation in 

the estimation may be because of noise in the measurements, however the estimation 

seems to be quite robust. Hence this experimental example confirms that an accurate 

estimation of both the rotor unbalance and misalignment is possible using measured 

responses from a single run-down of a machine.

7.4.4. Discussion

Unbalance estimation using Method 1 again performed poorly, as it could not 

accommodate all the critical speeds in the run-down speed range. Method 3 accurately 

estimated the unbalance using the responses from the subtracted runs. However high 

errors were seen in the estimated unbalance when the individual runs were used and 

the fit of the estimated responses to the measured responses were bad. This 

highlighted the need to account for misalignment in the rotor at the coupling during 

unbalance estimation for individual runs, whereas using the responses from the 

subtracted runs removes the effect of misalignment. Hence the unbalance estimation 

along with misalignment at the rotor coupling for the individual runs was found to be 

excellent and the response fit to the measured response was also found to be very 

good compared to the estimated response without including coupling effect.
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Figure 7.11 Measured and estimated responses at bearing A, fo r  the difference o f  
runs 3 and 4 fo r  the experimental New small rig
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7.5. SUMMARY

An identification method for the estimation of the state of rotor unbalance (amplitude 

and phase) and the misalignment in the multi-rotors of a rotor-bearing-foundation 

system has been presented. The estimation uses measured vibration data at the bearing 

pedestals from a single run-down or run-up of the machine, without prior knowledge 

of the state of unbalance and the misalignment. Initially three approaches were used 

for the unbalance estimation. The first method uses the whole frequency range at 

once. It has been observed that Method 1 may gives a good estimate of the state of 

unbalance for sufficiently damped rotor system. However, the estimated foundation 

model is always not very good, since there are fewer degrees of freedom in the 

foundation model than system modes. This may be overcome by dividing the entire 

frequency range into smaller frequency bands and estimating the frequency dependent 

foundation models. The second method (Method 2) splits the frequency range, but 

identifies a different unbalance vector within each frequency band. This method 

provides multiple poor estimates of the unbalance, although the fit to the response is 

good. The final method (Method 3) combines these approaches by estimating a global 

unbalance vector, but a different foundation model in each frequency band. This 

combined method was found to be the most reliable for the estimation of both the 

frequency dependent foundation models and the state of unbalance. This method is 

also observed to be robust to noisy data, small modelling errors in the bearings and 

even when the measured responses are not linear. Method 3 has been further modified 

to account for misalignment in the rotor. This has been successfully demonstrated 

through an experimental example of the New small rig. The importance of 

Regularization 3 has also been demonstrated in the estimation process. The robustness 

check of the estimation method with respect to errors in the rotor and fluid bearing 

models has also been carried out and is presented in Chapter 8.
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CHAPTER 8

SENSITIVITY STUDY OF THE METHOD FOR 

THE ROTOR UNBALANCE ESTIMATION OF 

FLEXIBLE MACHINES



Chapter 8 Sensitivity Study o f the Rotor Unbalance Estimation Method
i

8.0. INTRODUCTION
t

In Chapter 5, the theory of rotor unbalance and misalignment estimation for flexibly 

1 supported machines using measured vibration responses at bearing pedestals from a single 

run-down of a machine has been presented. The method has been validated in Chapter 7 

| through simulated and experimental examples. Fortunately it has been observed in the 

| experimental examples (Chapter 7) that the linearly estimated unbalance by the suggested 

| method seems to be quite robust, even when the measured responses were not found to be

I linear. For all the examples in Chapter 7, the physical and material properties of the rigs were[
exactly known, and the error in the modelling of the rotor, bearings, stiffnesses of flexible 

coupling between the rotor and driving motor, were expected to be negligible. However, in 

the case of real life systems like TG sets these parameters (especially bearing models and the 

coupling of the turbine shaft to the generator) may not be known exactly and it is often 

difficult to get the required information from the plant. So it is also important to confirm that 

the suggested method is robust with respect to errors in the rotor and fluid bearing modelling. 

Hence a sensitivity study on the unbalance estimation was carried out by introducing some 

perturbations in different parameters such as shaft diameter, density, elasticity, error in the 

bearing model, coupling stiffness, etc. to assess the robustness of the method. This sensitivity 

study was carried out initially on the simulated examples and then on the experimental 

examples. In the simulated examples it was assumed that the rotor was supported on rigid 

bearings as well as on fluid bearings and their sensitivity analysis results are compared and 

presented here.

8.1. PERTURBATION IN DIFFERENT MODELS
I
[
i

I Perturbations in the different parameters required to model the rotor and the fluid bearings is
i
; introduced in the examples considered previously.

8.1.1. The Rotor Model
| The shaft diameter (d) and the material properties, modulus of elasticity (E) and density ( p ), 

! are the prominent parameters required for the rotor FE modelling. Other than these 

I parameters, the mechanical coupling stiffnesses, translational stiffness (kt ) and rotational
j

ii
ii
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stiffness ( ke ), are also the part of the rotor model and hence these are equally important. 

Errors in these parameters were introduced in turn before estimating the rotor unbalance at 

multi-balance planes. The errors introduced in different parameters were ±5% in shaft
I
I diameter (d) in steps of 0.5%, ±10% in the modulus of elasticity (E) and density ( p ) ,  and 

I ±20% in the coupling stiffnesses, kt and ke , in steps of 1%. Simultaneous perturbation in all
i

j these parameters was also considered, although such a combination may be highly unlikely 

even for realistic problems like TG sets.
F

8.1.2. The Bearing Model
The ball bearing is generally considered to provide a rigid connection between the 

translational DoF of the rotor and the foundation at the location of the bearing. So no error is 

expected if the rotor is supported through ball bearings, and the Small rig and New small rig 

both have ball bearings. However when the rotor is supported on fluid bearings, the bearing 

model is then needed for the unbalance estimation. This is the case in the Aston rig. As 

justified earlier in Chapter 3, short bearing theory can be used for fluid bearing modelling. 

Such bearing modelling (Section 3.1.2 of Chapter 3) depends on the bearing static load, 

bearing clearance and oil viscosity. Hence perturbations in these parameters were also 

considered during the unbalance estimation.

With the above perturbations in the modelling of the rotor and fluid bearings, the effect on 

the rotor unbalance and the rotor misalignment estimation has been evaluated and are 

discussed below.

8.2. SENSITIVITY TO THE ROTOR MODEL

I A total of four examples (two simulated and two experimental) have been considered. Of the
[
! two simulated examples, one has rigid bearings and the other has fluid bearings, are used to 

| examine the difference between them in terms of the rotor unbalance estimation. On the other 

| hand, of the two experimental examples, one has rigid bearings and other has fluid bearings, 

and these are used to confirm the observations made on the simulated examples.

136



Chapter 8 Sensitivity Study o f the Rotor Unbalance Estimation Method

8.2.1. Simulated Example 1: The S m a l l  R ig

This example simulates the existing experimental Small rig in the Dynamics Laboratory of 

; University of Wales Swansea (UK) as discussed in Chapter 4. For the purpose of the 

simulation the calculated responses were obtained from an updated FE model of the complete 

rig for the unbalance configurations of added mass unbalance on both disks as listed in Table 

| 6.2. Recall that the rig was run-down from 40Hz to 6Hz, with measurements taken at a 

spacing of 0.25Hz and the calculated responses associated with the translational DoF at 

bearing A (near coupling) and B (at free end) were assumed to be the measured responses.

These measured responses were now used for unbalance estimation with some perturbation in 

the rotor model (including the coupling stiffnesses). One by one, errors in the material and 

physical properties of the rotor and coupling stiffnesses were introduced during estimation of 

the rotor unbalance at disk A and B, as proposed in Section 8.1.1. The maximum deviation in 

the estimated unbalance amplitudes and phases with errors in different parameters is 

summarized in Table 8.1. The deviation in the unbalance in the table is calculated with 

respect to the estimated unbalance when there was no modelling error either in the rotor or 

the bearings i.e., with initial values of the estimated rotor unbalance. The variation in the 

unbalance estimates is shown graphically in Figure 8.1. Table 8.1 and Figure 8.1 show that 

the deviations in the unbalance estimation are small for the perturbation errors in individual 

parameters. The change in the estimated unbalance amplitudes seems to follow a pattern, 

either decreasing or increasing with error in different parameters, but the variation is not 

smooth. However the phase estimation seems to be more robust and remain almost 

unchanged with the rotor model error. Furthermore there may be a possibility that the values 

of all the parameters required for the modelling of the rotor and coupling may not be known 

I exactly. These parameters may have small errors simultaneously and such a possibility was 

i also examined. A 5% of the normally distributed random perturbations in all the parameters 

I (Table 8.1) were introduced and then the unbalance was estimated. It is observed that the 

I deviations in the estimated unbalance amplitudes are well within 38% and phases are within 

an error of 4 degrees. These estimated unbalance amplitudes and phases are shown in Figure

j  8 .2 .

i  N e x t  t h e  s a m e  r i g  i s  c o n s i d e r e d ,  b u t  w i t h  f l u i d  b e a r i n g s  i n  p l a c e  o f  t h e  r i g i d  b e a r i n g s  t o

I  e x a m i n e  t h e  e f f e c t  o f  f l u i d  b e a r i n g s  o n  t h e  r e s u l t s .
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8.2.2. Simulated Example 2: The S m a l l  R ig  with Fluid Bearings
For the purpose of comparison between the two rigs, one with rigid bearings and the other 

with fluid bearings, the fluid bearings were assumed to replace the rigid bearings A and B in 

the rig. The properties of both of the fluid bearings were assumed to be 12mm diameter, 0.3 

diameter to length ratio, 150pm clearance, and 0.0009 Ns/m2 oil viscosity. The bearing forces 

at bearings A and B were calculated as FA =13.7N and FB=1N respectively. Short bearing 

theory was used to obtain values for bearing stiffness and damping coefficients (Hamrock, 

1994). The measured responses at the bearings were again calculated for the unbalance 

configurations listed in Table 6.5. Once again a similar study to that in Section 8.2.1 was 

carried out, i.e., the unbalance was estimated with perturbations in different parameters of the 

rotor model. The summary of the results are listed in Table 8.2 and shown graphically in 

Figures 8.3 to 8.4.

8 .2 .2 .1 .  R e s u lts  a n d  D is c u s s io n

Table 8.2 and the figures show that the deviations in the estimated unbalance are generally 

less for the fluid bearing machine when compared to the results of the rig with rigid bearings. 

Variation in the unbalance estimation with the perturbation errors in the rotor parameters is 

either smoothly increasing or decreasing when compared to the rig with rigid bearings 

(Figures 8.1 & 8.2). This observation clearly indicates that the fluid bearings have more 

capability to accommodate perturbations in the parameters (both physical and material) of the 

rotor, i.e., more error in the rotor model. Perhaps the damping provided by the fluid bearings 

to the rotor is making this difference between the two bearings.

( i )  F lu id  B e a r in g s  w ith  Z e r o  D a m p in g  C o e f f ic ie n t

To confirm that the presence of damping is beneficial, the unbalance was again estimated 

assuming zero damping in the fluid bearings. A typical variation in the unbalance estimation 

due to perturbations in the modulus of elasticity of the rotor is shown in Figure 8.5. The 

observations are now similar to those observed for the rig with rigid bearings, and confirm 

the above suspicion about the bearing damping.
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( i i )  B a la n c e  R u n

It is also important to know whether the estimated unbalance, which is found to have errors 

due to perturbations in modelling, are useful or not. To confirm this a few simulated 

balancing runs were carried out. Figure 8.6 compares the response of machine before and 

after balancing for one such typical example for the unbalance configuration 1. Balancing 

responses are calculated using one of the estimated corrective unbalance -  Disk A: 

1.25x5.5e-2 g m @  (180+1.25x 75) degree and Disk B: 0.80x5.5e-2 g m @ (180+1.20x135) 

degree. Figure 8.6 shows that the rotor balancing is very effective even for high errors in the 

estimated unbalance.

Table 8.1 Unbalance estimation for the Small rig simulation, with perturbations in the
rotor model

Rotor Model Balance Disk A -  Unbalance Balance Disk B- Unbalance

Perturbation in 
Parameters Error

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Shaft diameter (d) ±5% 35% 2 2 0 % 3

Elasticity (E) ±1 0 % 21 % 2 1 2 % 1

Density ( p ) ± 1 0 % 10% 2 6 % 1

Coupl. Stiff., kt & ke ±2 0 % 6 % 1 8 % 1

5% Random error to all 2 0 % 2 38% 4

Table 8.2 Unbalance estimation for the Small rig simulation with two fluid bearings, with
perturbations in the rotor model

r 1 1 1 1 .... . 1 ■■
Rotor Model Balance Disk A -  Unbalance Balance Disk B- Unbalance

Perturbation in 
Parameters Error

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Shaft diameter (d) ±5% 14% 3 18% 3

Elasticity (.E) ± 1 0% 10 % 1 11 % 1

Density ( p ) ± 10 % 7% 1 2 % 5

Coupl. Stiff., kt & ke ±2 0 % 4% 0.5 4% 0.5

5% Random error to all 2 0 % 4 25% 4
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8.2.3. Experimental Example 1: The N e w  S m a l l  R ig

The sensitivity analysis for the unbalance estimation due to perturbations in the rotor 

modelling parameters was carried out for the individual experimental runs shown in Table 6.3 

! of Chapter 6 . Figure 8.7 gives a typical graphical representation of the variation in the rotor

; unbalance estimation for the subtracted unbalance for runs 1 and 2 with the perturbation
I
I errors in the individual rotor modelling parameters. For a 5% normally distributed random 

! perturbation error in all modelling parameters simultaneously, the variation in the estimation 

is shown in Figure 8.8. Figures 8.7 and 8.8 show that the phase estimation is more robust than 

the unbalance amplitude. Usually the estimated unbalance is less than 40-50% except in some 

cases where it is of the order of 70-75%. Table 8.3 summarizes the maximum deviation in the 

estimated unbalance amplitudes and phases. A typical variation in the linear and angular 

misalignment estimation with the rotor modelling error is also shown in Figure 8.9 for run 3. 

The maximum effect on the misalignment estimation is seen when the rotor stiffness 

decreases by 6-10%, otherwise the variation in the estimation is small.

The above sensitivity has been carried out by using all the regularization methods discussed 

in Chapter 5. The effect on the estimation with or without Regularizations 1 & 2 is usually 

not very adverse or dominating, however the use of Regularization 3 is essential particularly 

when the rotor model has some error. Figure 8.10 shows a typical example for the subtracted 

unbalance for runs 1 and 2 with the error in the rotor modelling when Regularization 3 has 

not been used. The deviation in the unbalance estimation was found to be very high compared 

to the earlier estimation using Regularization 3, as shown in Figure 8.7. Hence the use of 

Regularization 3 is essential for reliable unbalance estimation.

Table 8.3 Unbalance estimation for the experimental New small rig, with perturbations in
the rotor model1-----------------------------

Rotor Model Balance Disk A -  Unbalance Balance Disk B- Unbalance

Perturbation in 
Parameters Error

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Shaft diameter (d) ±5% 70% 45 60% 30

Elasticity (£) ± 10 % 55% 35 38% 25

Density ( p ) ± 10% 60% 30 30% 25

Coupl. Stiff., kt & Jce ±2 0 % 40% 20 25% 25

5% Random error to all 75% 20 70% 20
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8.2.4. Experimental Example 2: The A s to n  R ig

The sensitivity analysis for the unbalance estimation due to perturbations in the rotor 

modelling parameters was carried out for the subtracted experimental runs (2-1) and (3-1) 

listed in Table 6.4 of Chapter 6. Figure 8.11 gives a typical graphical representation of the 

variation in the rotor unbalance estimation with the perturbation in the rotor modelling 

parameters for run (2-1). Table 8.4 summarizes the maximum deviation in the estimated 

unbalance amplitudes and phases.

Table 8.4 Unbalance estimation fo r  the experimental Aston Rig, with perturbations in the
rotor model

Rotor Model *Balance Disk 2 -  Unbalance Balance Disk 5- Unbalance

Perturbation in 
Parameters Error

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Run (2-1)

Shaft diameter (d) ±5% 15% 15 37% 10

Elasticity (E) ±10 % 40% 50 35% 20

Density ( p ) ± 10% 38% 25 25% 20

5% Random errors in all 60% 45 80% 20

Run (3-1)

Shaft diameter (d) ±5% 15% 7 9% 5

Elasticity (E) ± 10% 2 2 % 7 12% 5

Density ( p ) ± 10% 45% 15 1 2 % 7

±5% Random errors in all 45% 35 2 0 % 8

* Disk 1 for run (3-1).

Figure 8.11 shows a smoother variation in the estimated unbalance amplitudes and phases 

with the error in the rotor parameters. The deviation in the estimated unbalance is also small 

for most of the cases compared to the experimental New small rig with rigid bearings. The 

observation is once again quite similar to the Small rig simulation with and without fluid 

bearings although the experimental Aston rig is much bigger than the experimental New small 

rig. In general the phase estimation is robust and usually invariant with the modelling error,

146



Chapter 8 Sensitivity Study o f the Rotor Unbalance Estimation Method

and in some cases the estimated phase at disk 2 for run (2-1) is found to be closer to the 

actual phase.
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Figure 8.11 Typical deviation in the rotor unbalance estimation with the error in the rotor 
model of the experimental Aston Rig for subtracted run (2-1)

8.3. SENSITIVITY TO THE FLUID BEARING MODEL

The effect of modelling errors in the fluid bearings on the unbalance estimates was also 

examined. All of the above examples with fluid bearings were considered again. One by one 

errors in the bearing parameters -  bearing forces, clearance and oil viscosity - were 

introduced and the unbalance were estimated. A linear and identical variation in the 

individual bearing parameters was assumed for all of the bearings in the rotor system. A case 

of random perturbations in all of the bearing modelling parameters was also studied. The 

summary of the results are listed in Tables 8.5 - 8.6 and typical graphical representations in 

Figures 8.12 to 8.13.
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Figure 8.12 Typical deviation in the rotor unbalance estimation with perturbations in the 
fluid bearing model for the unbalance configuration 1 of the Small rig simulation with

fluid bearings

Table 8.5 Unbalance estimation for the Small rig simulation with fluid bearings, with
perturbations in the fluid bearing model

Fluid Bearing Model Balance Disk A -  Unbalance Balance Disk B- Unbalance

Perturbation in 
Parameters Error

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Bearing Forces ±2 0 % 24% 5 1 0 % 5

Oil Viscosity ( p ) ±2 0 % 1.2 % 0.3 0.4% 0.3

Bearing Clearance ( e ) ±2 0 % 45% 2 14% 7

10 % random errors in all 28% 2 12% 5
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Figure 8.13 Typical deviation in the rotor unbalance estimation with perturbations in the 
fluid bearing model for the run (2-1) for the experimental Aston rig

Table 8.6 Unbalance estimation for the experimental Aston Rig, with perturbations in the
fluid bearings model

Fluid Bearing Model *Balance Disk 2 -  Unbalance Balance Disk 5- Unbalance

Perturbation in 
Parameters Error

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Max. % Error 
in Amplitude

Max. Phase 
Error (deg.)

Run (2-1)

Bearing Forces ±20% 6 % 5 27% 20
Oil Viscosity ( p ) ±2 0 % 0 .8 % 2 1.5% 2

Clearance ( e ) ±2 0 % 12% 7 40% 20
10 % Random errors in all 12% 3 1 2 % 20

Run (3-1)

Bearing Forces ±20% 1 2% 7 17% 5
Oil Viscosity ( p ) ±2 0 % 1.8 % 10 1.8 % 5

Clearance (£ ) ±2 0 % 26% 25 2 2 % 10
10 % Random errors in all 8 % 20 13% 20

* Disk 1 for run (3-1).
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8.3.1. Discussion
The following observations (Figures 8.12 - 8.13, Tables 8.5 - 8.6) may be made based on the 

sensitivity analysis of the rotor unbalance estimation due to the error in the fluid bearing 

modelling through the simulated and the experimental examples.

(1) The unbalance estimation is not found to be sensitive to the value of the bearing oil 

viscosity.

(2) Bearing forces and the bearing clearance are found to have some effect on the unbalance 

amplitude estimation, however the phase estimation is once again quite robust and the 

error is less than 20 degrees.

(3) In general it has been observed that the error in the unbalance estimates due to the fluid 

bearing modelling errors is less than that due to the rotor modelling errors.

Hence this study indicates that the rotor unbalance estimation method can accommodate more 

error in the fluid bearing models compared to the rotor model error. However a reasonably 

good model for the fluid bearings is required for reliable estimation of foundation model 

suggested in Chapter 5.

8.4. SENSITIVITY TO BOTH THE ROTOR AND FLUID BEARING MODELS

Perturbations in both the rotor and bearing models were also introduced simultaneously. A 

10% of the normally distributed random variation in all the modelling parameters for the fluid 

bearings and a 5% of the normally distributed random variation in all rotor parameters were 

considered. The sensitivity analysis was then carried out for the combination of the random 

errors in the rotor and the fluid bearing models to further check the robustness of the 

suggested rotor unbalance estimation method, although it would be a rare combination of 

errors even for a real-life rotor system. Figure 8.14 shows the results and the following may 

be observed.
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(1) The error in the estimated amplitudes at disks A and B is generally small and less than 

30 % and the phase estimation is robust within an error of 12 degrees for the Small rig 

simulation with fluid bearings.

(2) For the experimental Aston rig, the error in the estimated amplitudes is normally less 

than 45 % except for some combinations of random errors in the rotor and bearing models 

for run (2-1) when the error is up to 70 %. However the estimated phases seem to be 

robust, and the maximum phase error is found to be 40 degrees.
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Figure 8.14 Deviation in the rotor unbalance estimation with random perturbations in both
the rotor and the fluid bearing models
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8.5. SUMMARY

The methods for the estimation of rotor unbalance (both amplitude and phase at multi-planes) 

and misalignment for flexibly supported rotating machines have been proposed in Chapter 5. 

The methods use the rotor FE model and the model of the fluid bearings along with the 

measured vibration response at the bearing housings during a machine run-down. The 

validation of the proposed methods has been demonstrated in Chapter 7. However it may be 

that the physical and material properties are not known exactly, producing errors in the 

models of the rotor and the fluid bearings. These modelling errors may affect the estimation. 

Hence a sensitivity analysis for the proposed methods was carried out by introducing 

perturbations in the modelling parameters of the rotor and bearings to check the effect on the 

multi-plane rotor unbalance and misalignment estimation. Such a sensitivity analysis was 

applied to the Small rig simulation and the experimental examples of the New small rig and 

the Aston rig. The comparison between the two types of rigs -  one rig supported by ball 

bearings (i.e. rigid bearings) and the other rig with fluid bearings - has also been highlighted. 

In general the rotor unbalance estimation method is robust for both type of bearings. 

However, it has been observed that the rotor system with fluid bearings is generally less 

sensitive to the modelling error in the rotor due to the presence of the bearing damping. 

Furthermore the deviation in the unbalance estimates due to errors in the fluid bearing models 

is smaller compared to the rotor model error. In general, the deviation in the estimated phase 

is quite robust and almost invariant to the errors in the rotor and bearing models compared to 

the estimated unbalance amplitudes. The small variation in the misalignment estimation for 

the experimental New small rig with the errors in the rotor model also indicates the 

robustness of the proposed method, however it would be good to confirm the same on a 

larger rig with multi-coupled rotors. Hence, the proposed method for the rotor unbalance and 

misalignment estimation can be considered to be robust. The level of the error seen in the 

unbalance estimation during the sensitivity analysis should be acceptable for the real-life 

rotor systems like TG sets considering the following facts.

(1) The proposed method for the rotor unbalance estimation is straightforward to apply to the 

field balancing problem and the method does not require any existing balancing skills and 

experiences.
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(2) Generally speaking, none of the existing balancing methods have found to reduce the 

amplitude of machine vibration by 90 - 100% and they require considerable balancing 

experience. Often the reduction in machine vibration by 30% to 40% is considered to a 

successful balancing exercise for large scale machines.

(3) The observation of the robust phase estimation even with modelling errors is a very good 

indication for field balancing problems. So with a good balancing phase, and even with 

the some error in the estimated amplitude, a significant reduction in machine vibration 

can be achieved without any trial runs.
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Chapter 9 Conclusions and Recommendations

9.0. SUMMARY AND CONCLUSIONS

In this thesis, the topic of health monitoring of rotating machinery in particular the TG 

set of power generation industry has been addressed. An overall simplified summary 

of the vibration based diagnosis for rotating machinery has also been discussed. As 

discussed in the thesis the identification procedure for the presence of faults is well 

known for different kind of faults, however their quantification is still an ongoing 

research topic, and it usually requires a reliable mathematical model of the complete 

machine along with the measured vibration response of the system. The rotating 

machine consists of three major parts - a rotor, fluid journal bearings and a foundation 

which is often flexible. It is also known that a reliable model for the rotor and an 

adequate model for the fluid bearings are possible to construct, but a reliable 

modelling for the foundation is difficult due to a number of practical difficulties. In 

addition to these limitations, it was also assumed that only the vibration response at 

the bearing pedestals using accelerometers in both the horizontal and vertical 

directions along with the shaft keyphasor/ tacho signal are measured. No proximity 

probes signals for the shaft relative vibration are used, since many older power plants 

may not be equipped with this facility. Hence a priori models for the rotor and fluid 

bearings, and the bearing pedestal vibration data were utilized for the present study. 

Broadly the study has been concentrated on following two objectives.

(a) Foundation model estimation so that a reliable mathematical model of the 

complete system can be developed.

(b) Reliable fault estimation (Rotor unbalance and misalignment) even if the 

foundation model is not known.

For both of the objectives the proposed methods have been qualified initially on the 

simulated examples and then applied to the experimental examples. A total of three 

experimental rigs were used. Two rigs are in Swansea (UK), which are small and their 

rotors are supported on flexible foundations through self lubricated ball bearings, and 

the third one is at Aston University, Birmingham (UK), which is much bigger with 

four fluid journal bearings.
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For the foundation model estimation, two run-down responses (one with residual 

unbalance and the other with added unbalance at a number of balance disks) of 

machine have been considered. Assuming the machine dynamics are linear the 

responses of two runs were subtracted to produce a response of the machine for a 

known unbalance in the rotor. Hence a method has been proposed for the foundation 

model estimation directly from the subtracted responses for a known state of rotor 

unbalance and using a priori rotor and fluid bearings models. The proposed approach 

restricts the size of the estimated foundation model to be equal to the measued DoFs 

at the bearing pedestals. Hence the run-down frequency range has been split into 

smaller bands to accommodate more modes than measured DoFs. Two Regularization 

Methods were proposed to solve the resulting equation. Regularization 1 just involved 

numerical conditioning whereas Regularization 2 was based on the physical 

behaviour of the foundation along with Regularization 1. The importance of these 

regularization techniques has been highlighted through the prediction capacity of the 

estimated foundation models. It has been observed that Regularization 2 is essential 

for an accurate prediction capability of the estimated foundation model. The excellent 

predication capacity of the estimated foundation model has been demonstrated 

through several simulations with and without noise and an experimental example of 

the New small rig by the proposed method. The small differences in the prediction of 

the estimated foundation models for the experimental Aston rig requires some more 

investigation which may be a future research topic. This is discussed in the next 

section. Apart from this example the proposed method is seems to be a simple and 

robust method for the reliable estimation for the foundation model, and hence a 

reliable mathematical model of a complete system may now be possible.

For the state of rotor unbalance and misalignment estimation, a different approach has 

been suggested. The proposed methods just assume that the foundation models are not 

known and they use a priori models for the rotor and fluid bearings along with the 

measured vibration response at the bearing pedestals from a single run-down. Hence 

the proposed method is quick, as it does not require several run-downs of a machine. 

The proposed method estimates a global estimate of unbalance (both amplitude and 

phase) at multi-balance planes and the misalignment at the couplings for multi
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coupled rotor as a least squares estimation. The band dependent foundation 

parameters are obtained by splitting the machine run-down range into small bands as a 

by-product to account the foundation dynamics. The importance of different 

regularization methods required during the estimation process has also been brought 

out. The method has been tested on both simulations and on the experimental 

examples. The estimated unbalance and misalignment were found to be excellent for 

all examples. The error in the unbalance phase estimation for the experimental Small 

rig has been confirmed to be due to the non-linear dynamic behaviour of its 

foundation. However the reason for the error in the phase estimation for the 

experimental Aston rig could not be identified during the course of the study and this 

can be considered as scope for future work.

The sensitivity analysis of the proposed method for the rotor unbalance and 

misalignment estimation was also carried out by introducing perturbation errors in the 

different modelling parameters for the rotor and fluid bearings, to check the extent of 

robustness of the proposed method. It has been observed that the maximum error in 

estimated unbalance amplitude at multi-planes is usually less than 50% for the 5% 

simultaneous random errors in rotor modelling parameters and 10% in fluid bearing 

modelling parameters. However the most gratifying observation is that the phase 

estimation is quite robust which a very good indication for rotor balancing. The 

variation in the estimated linear and angular misalignment was also found to be small 

with the change in rotor modelling error for the New small rig. In general it has been 

observed that the estimation method is far less sensitive to errors in the fluid bearing 

modelling compared to the rotor modelling error, and rotor systems having fluid 

bearings are also less sensitive to modelling errors, compared to systems having rigid 

bearings. Hence the proposed method seems to be quite robust.

9.1. RECOMMENDATIONS FOR FUTURE WORK

As far as future work in this field is concerned, the following recommendations may 

be made:
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9.1.1. Foundation Model Estimation

(i) The linear dynamic behaviour of the machine should be confirmed first by 

performing three run-down experiments as suggested in Section 6.5 of 

Chapter 6 .

(ii) The error in the fluid bearing modelling should be checked by using measured 

dynamic forces at the bearings during a machine run-down. Alternatively, 

shaft responses measured by proximity probes near bearing pedestals may be 

included to avoid using the bearing model in the estimation process. In fact the 

use of proximity probe data, along with the bearing pedestal vibration, allows 

the foundation model, the rotor unbalance and the bearing forces to be 

estimated from a single run-down of machine.

(iii) The identification of a modal model for the foundation should be developed 

and the usefulness of the identified modal model should be compared with the 

present proposed method.

(iv) The proposed method should be tested on the data obtained from a power 

station.

(v) It would be good to develop a method that can identify the models for the 

foundation which are known to have non-linear dynamic behaviour.

9.1.2. Rotor Unbalance and Misalignment Estimation
The proposed method was found to be reliable and robust, and no further 

improvement is needed at present. However the method should be tested on a large, 

more complex machine like the TG set of a power plant to increase the confidence 

level in the proposed method.

9.2. CONCLUDING REMARKS

It is hoped that the work discussed above, which has a practical relevance to the 

power industry, will play a significant role in the overall improvement in health 

condition monitoring techniques for rotating machinery in power plants.
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