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Abstract

This report discusses the design, development, elevation and creation of a modular

omni-directional suspension-drive train unit for use on 1000 kg automatic guided ve-

hicle. The system included a semi-active suspension oleo strut system that can vary

its dampening and ride height. The drive train system is capable of omni-directional

motion through the use of separately driven mechanum wheels power by a 48 volt DC

system.
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a [m/s2] General Direction Acceleration

Ae [m2] Cross-sectional Area

F [N ] Force

m [kg] Mass

x [m] x Axis Displacement

y [m] y Axis Displacement

z [m] z Axis Displacement

x′ [m/s] x Axis Velocity

y′ [m/s] y Axis Velocity

z′ [m/s] z Axis Velocity

x′′ [m/s2] x Axis Acceleration

y′′ [m/s2] y Axis Acceleration

z′′ [m/s2] z Axis Acceleration
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Symbol Unit Meaning

I [kg·m/s] Linear Inertia

Blin [N ·s/m] Linear Viscous Friction

Coefficient

k [N/m] Spring Constant

J [kg·m2/s] Rotational Inertia

Brot [N ·m·s/rad] Rotational Viscous Friction

Coefficient

V [V ] Electrical Potential Difference

I [I] Electrical Current

R [Ω] Electrical Resistance

L [H] Electrical Inductance

ρ [kg/m3] Density

µ [m2/s] Viscosity
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Explanation of abbreviations

Shortcut Meaning

AGV Automatically Guided Vehicle

AGC Automatically Guided Cart

BLDC Brushless DC Motor

CAD Computer Aided Design

CV joint Constant Velocity Joint

CC Cubic Centimetre

NMMU Nelson Mandela Metropolitain University

PLC Programmable Logic Controller

SAE Society of Automotive Engineers

VDC Direct Current Voltage

VWSA Volkswagen South Africa
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1 Summary

In short this paper seeks to outline the design of a combined hydro-pneumatic (oleo

strut) electric suspension-drive train system for use on a 1000 kg autonomously guided

vehicle (AGV). This AGV is intended to be used in an industrial environment for

material handling. The suspension system is to be semi-active in nature by controlling

its degree of dampening, it will also have the capability to adjust ride height of the

AGV. The ride height adjustment and semi-active suspension capabilities will give

the AGV the smoothest possible ride without compromising on the wheel traction

as is often the case with passive suspension systems. The drive train portion of the

suspension drive train unit will be powered by a 48 V DC battery bank and will have

omni-directional capabilities (able to move in any cardinal direction) due to the use

of mechnum wheels. The whole system is designed to be modular to allow for quick

removal from the AGV’s body and replacement.

The paper itself will first discuss the reasons that such a system is necessary (design

problem) after which research into possible solutions is discussed. The results of the

research was used to create possible designs to solve the design problem, these solutions

were thoroughly investigated through the use of simulations before the best solution

was chosen. This "best fit" solution is then further refine to produce a workable system.

Keywords: AGV, Industrial, Material Handeling, Oleo strut, Semi-active suspension,

Omni-directional drive, Mechanum wheels
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2 Introduction

The purpose of this paper is to discuss the design and construction of a modular sus-

pension and electrical drive train unit to be used on material handling AGVs. The

fact that this unit is a suspension-drive unit means that it contains an integrated sus-

pension system and drive train that links an electrical motor to a single drive wheel.

Through the use of four of these suspension-drive train units the AGV will be capable

of omni-directional motion (motion in any cardinal direction) The modularity of the

system is a result of the fact that each of the four suspension-drive train units can be

relatively quickly (under 5 minutes) and easily removed (no cutting or major disassem-

bly required) from the AGV’s body and replaced with an identical unit. Motivation

behind the research contained within this report stems from the general lack of modu-

lar AGV systems that possess omni-directional capabilities and integrated suspension

systems. Many systems currently exist that are modular in nature and posses omni-

directional capabilities (such as Imetron’s “Donkey Motion System” 1) or posses omni-

directional capabilities and integrated suspension systems (such as Wheelift’s AGV

suspension systems 2). However at the time of writing this report (2015), no system

could be found that incorporated all three facets of modularity, integrated suspension

and omni-directional capabilities.

1System can be found at: https://www.donkey-motion.de/
2System can be found at: http://www.wheelift.com/transporters/agvs
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2.1. What is an AGV

The term AGV is a blanket term that covers a wide range of autonomous vehicles.

These vehicles can include automated guided carts (AGCs), mobile robots, automated

forklifts, tugger AGVS, unit load AGVs and hybrid lift trucks[2].

• Automated Guided Carts (AGCs):

Simple AGVs, they do not possess equipment to exchange materials between

themselves and other systems. Hence they rely on external systems to load and

unload them.

• Mobile Robots:

These AGVs are articulated robots that have the ability to move, allowing them

to reach positions outside of their arm’s reach.

• Autonomous Forklifts:

These are identical to traditional manned forklifts only without the direct human

control

• Tugger AGVs:

These AGVs do not handle materials directly. They are used to tow trolleys or

wheeled loads.

• Unit Load AGVs:

Similar to AGCs except they possess the capability to unload and load themselves.

• Hybrid Lift Trucks

These can fit into any of the afore mentioned categories, the difference being

that instead of being powered by electricity, these AGVs possess an internal

combustion engine.

The common thread between all these systems is the fact that they are independent of

direct human control.

Since 2005[3] , there has been a rapid increase of the use of automatically Guided
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Vehicles (AGVs) in all facets of production, with a large proportion of them being

involved in material handling. An AGV, as the name states, is simply a vehicle that is

able to autonomously perform a task usually reserved for manned vehicles. A material

handling AGV is therefore a vehicle that is able to autonomously move materials around

a production line or factory. This can include moving material from inventory to the

production line, moving products on the production line itself or moving materials

around an inventory.

Traditional methods of material handling are known to be labour intensive activities,

which are often subject to the inefficiency, errors and safety lapses that are inherent

with humans performing repetitive tasks. Thus the uses of autonomous vehicles to

perform these tasks provide the benefits of lower labour costs, increased productivity

and keeping people away from potentially dangerous activities[6].

2.2. Overall Aim

The aim of the project described in this report was to create a single electrical

suspension-drive train unit that can be used as a prototype to evaluate the effec-

tiveness of such a system, with the possibility of further research done on creating

a completely modular AGV (i.e. all facets of the AGV from frame design/layout to

navigation systems being modular) for use in industrial factory environments.

2.3. Rational and Motivation

Since space is at a premium in factories, ample space cannot always be afforded to

create large open areas to be used as turning circles for AGVs. In conjunction to this

it is also beneficial to reduce the time needed for an AGV to dock. Both of these

problems are alleviated to an extent through the use of an omni-directional drive train

system which gives the AGV a turning circle radius of zero and allows for very efficient

docking manoeuvres.
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Additional motivation for this project includes the fact that most current AGVs (2015)

are designed to operate in factories that have almost perfectly flat floors. These condi-

tions allow for the exclusion of complicated suspension systems and simple drive trains

that are directly mounted on the AGV’s frame. However this also creates a problem for

companies that have older factories ,pre 1980s[8], where the floors have either become

uneven over time due to wear or the need for very flat floors was not a prerequisite at

the time of the factories construction (prior to ASTM standard E1155).

An example of such a case is the Volkswagen South Africa (VWSA) factory located

in Uitenhage. A material handling AGV was developed for this factory by Gareth D.

Scott in 2014 as a joint project between the Nelson Mandela Metropolitan University

(NMMU) and VWSA. The AGV itself did not contain any form of suspension system, as

is common practice for AGVs working in a factory environment. This lack of suspension

combined with the poor floor quality lead to the inefficient operation of the AGV’s

omnidirectional drive system (mechanum omni-directional wheels were used for this

system). The AGV was unable to keep to a straight line when moving laterally and

the mechanum wheels were damaged due to the fact that they had the incorrect contact

profile with the floor. The damage cause to the mechanum wheels is illustrated in figure

3.1, the elongation of the roller axis mounts of the mechanum wheel can clearly be seen.

Figure 2.1.: Damaged Caused to Mechanum Wheels [1]

The modularity requirement for this project stems from the need for a unit that creates

as little down time for the AGV when repairs or replacement of the suspension-drive
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train is required. This is since the unit requiring either repair or replacement can be

quickly removed (5 minutes) and replaced allowing the AGV to be taken out of oper-

ation for only the time it takes to swap out suspension-drive train unit. This reduced

down time directly improves productivity of the individual AGVs and as a result the

system becomes more attractive to use in an industrial factory when compared to a

non-modular system. Modularity of the AGV also makes the system more customis-

able allowing the AGV to be adapted to different requirements without a full redesign

of the system taking place.

Thus this project seeks to create a system that integrates the following facets into a

single suspension-drive unit:

• modularity

• integrated suspension system

• omni-directional capabilities

Currently (2015) there does not exist a system that achieves this.

2.4. Objectives

The objects that the suspension-drive unit prototype has to meet in order for it to be

considered a success include the following:

1. The maximum weight of the AGV will be 1000 kg, thus each drive unit must be

able to handle a load of 250 kg each (provided there are four drive units)

2. The drive unit must be modular in design, the drive units must be able to easily

be detached from the rest of the AGV

3. The suspension of the AGV must be able to handle a deviation in the driving

plane of 10 mm when fully loaded, by maintaining all wheels in contact with the

driving plane
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4. The maximum speed of the drive train will be 1.3 m/s

5. The system should be safe to use in a factory environment and should be able to

tolerate the conditions typically present in such an environment

6. It must be possible to remove the suspension-dive unit from the AGV in under 5

min

7. The AGV will have 24 V DC amd 48 V DC available for on-board electronics

2.5. Hypothesis

A single suspension-drive unit will be designed (i.e. tested under theoretical operating

conditions). This unit will be able to support a 250 kg load and travel at a maximum

speed of 1.3 m/s, while maintaining the correct contact profile with the driving surface.

The system incorporates omni-direction capabilities and as such four of these units

will be able to move the AGV in any cardinal direction. The unit can be attached and

detached to the AGV body in 5 minutes or less, by a skilled technician.

2.6. Delimitation

The following are limits that are to be imposed on the project:

• Only one suspension-drive unit will be built for testing

• The AGV as a whole will be designed for indoor use

• The deviation of the driving surface will not exceed 10 mm up or down from

ideal
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2.7. Work Schedule and Milestones

This section highlights the expected time frame in which the project described in this

paper is expected to be completed. The preliminary design schedule is given below in

figure 2.2. The actual time frame of the project is given in section 8.3.

Figure 2.2.: Original Project Time frame

2.8. Layout of Chapters

This paper will be broken up into the following sections:

1. Research and Related Work:

This chapter will explain the theory behind both suspension systems and drive

trains. Including possible systems that could be used for this project, how these

systems are evaluated and what system would be most acceptable given the
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requirements of this project.

2. Generation of Conceptual Designs for the Suspension System:

This chapter deals with the development of possible suspension systems that

satisfy the requirements put forward by the design problem. In this chapter the

possible solutions are also evaluated using simulation tools.

3. Generation of Conceptual Designs for the Drive Train System:

This chapter deals with the development of possible drive train systems that

satisfy the requirements put forward by the design problem. In this chapter the

possible solutions are also evaluated using simulation tools.

4. Selection of Design:

This chapter deals with comparing the solutions developed in the generation

of conceptual designs for the suspension system chapter and the generation of

conceptual designs for the drive train system chapter to find the best solution for

the suspension system and drive train system.

5. Final Design:

This chapter further develops and integrates the chosen designs for the suspension

system and drive train system. A working model for the suspension-drive train

system is also developed in this section.

6. Non-Technical Analysis:

This chapter contains all of the non-technical data pertaining to the suspension

- drive train system, such as the social and environmental impacts as well as the

project time frame.

7. Conclusion:

This chapter concludes the paper and discusses whether the goals set up in the

aims and objectives are fulfilled
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2.9. Chapter Conclusion

An introduction into the project has been provided in this chapter along with its

overall aim. The motivation behind this project has also been discussed along with the

objectives that are to be achieved. A list of delimiting factors has been provided to

specify what is outside the scope of the project. The next chapter discusses the theory

behind suspension systems and omni-directional drive trains along and which systems

will be most appropriate for the requirements outlined in this chapter.
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3 Research and Related Work

This chapter outlines the research done into both electric drive train systems and

possible suspensions systems that could be used in the suspension-drive unit developed

for this project. Also included in this section is clarification of concepts needed by the

reader to understand the content of this report.

3.1. Vehicle Axis System

Throughout this report the SAE vehicle axis system will be used. This system is

illustrated in figure 3.1;

Figure 3.1.: SAE Vehicle Axis System

The vehicle axis system (SAE J670e) is a co-ordinate system used to denote the 6 axes

of freedom that any vehicle possesses. The X axis (longitudinal axis) of this system

is positive in the forward direction. The Y axis (lateral axis) is positive to the right
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hand side of the forward direction. Finally the Z axis (vertical axis) is positive when

it points two wards the ground. Rotation about these axes are defined as the Roll,

Pitch and Yaw respectively and always obey the right hand rule with regards to which

rotation direction is positive[9].

3.2. Suspension System Research

There are two categories of suspension system available. The first is dependent sys-

tems, this category of suspension system links two opposite wheels of a vehicle together

in a shared suspension system. The second category is that of independent suspen-

sion systems, these systems give each wheel a suspension system independent of the

rest[11]. Since each drive train assembly must be easily removed and modular a de-

pendent suspension system is infeasible. Thus only dependent suspension systems will

be investigated.

3.2.1. Definition of a Suspension System

To develop a suspension systems it is first necessary to understand what a suspension

system is and how it is related the vehicle it is attached to. A suspension system is

simply a system that isolates a given body from the surface on which it is moving, in

order to prevent the transmission of vibrations caused by the unevenness of the surface

to it[12]. It also allows for more uneven terrain to be transverse by compensating for

the deviations from a flat surface. The suspension effect is achieved through the use of

a spring and dampener (shock absorber) combination[11]. The spring is used to adjust

the distance between the vehicle body (sprung mass) and the driving surface. That is

to say that when an irregularity in the driving surface is encountered the spring either

compresses of expands to allow the vehicle body to continue to move in a straight line

with reference to a fixed horizontal plane. The problem is that this compression or

expansion stores energy in the spring which causes the body of the vehicle to oscillate
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at the natural frequency of the spring. If further excitation is received, in phase with

the current sprung mass oscillations, the amplitude of the sprung body’s oscillations

would increase even further[13]. To combat this a dampener is included in the system.

The dampener acts to dissipate energy, which causes the oscillations of the sprung mass

to decay[14]. All suspension systems experience friction, which has a negative effect

on the operation of a suspension system and as such effort is made to minimize it.

Dynamic friction acts as a conduit whereby all excitation forces smaller in magnitude

than the static frictional level will be transmitted from the unsprung mass to the sprung

mass. A typical suspension system can be modelled as illustrated in figure 3.3.

Figure 3.2.: Representation of a Suspension System

3.2.2. Terms used in Suspension Theory

This section elaborates on the terms used when dealing with a suspension system and

what is meant by them.
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Sprung and Unsprung Masses

The sprung mass refers to the body of the vehicle that is isolated from the driving

surface via the suspension system. While the unsprung mass refers to the bodies of

the vehicle in contact with the driving surface that do not experience the dampening

effect of the suspension system.

Body Roll

Body-roll is when the body of a vehicle rotates around the x axis. This effect is usually

caused by the inertia of the vehicle during turning.

Shock Absorber Motion Ratio

This is the ratio of the distance displaced by the wheel compared to the distance

displaced by the shock absorber.

Camber Angle

The camber angle of a wheel with respect to the surface it is travelling on refers to the

angle between the wheel plane and the vector normal to the surface [12]. This concept

is illustrated in figure 3.3.
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Figure 3.3.: Camber Angle of a Wheel (viewed along the x axis)

It is common convention to denote the angle as positive when the wheel is leaning

outward from the vehicle. Due to the elastic nature of wheels, if a vehicle has a positive

camber the wheels experiencing this camber will reshape themselves to become more

conical, this effect is illustrated in figure 3.4. If the vehicle has a negative camber, the

conical shaping will still occur, but this time the vertex of the cone will point towards

the centre of the vehicle.

Figure 3.4.: Conical Deformation of Wheels due to Camber

Due to the cone shape the wheel has assumed, the wheel will attempt to rotate around
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the vertex shown in figure 3.4. This will in turn cause the entire vehicle to attempt to

rotate around this vertex. If the wheel opposite (on a common rotation axis) possesses

the exact same camber angle the rotational effect cancel and the vehicle will move in

a straight line. However turning, body-roll or unevenness in the driving surface can

cause a difference in the camber angles of wheels sharing a common rolling axis. This

inequality in camber leads the vehicle to drift away from a straight line or in the case

of turning cause over-steer or under steer[11].

It is important to define the difference between camber control and camber conformity

within this paper. When camber control is referred to it is with reference to how

the camber of the wheel change with reference to a level horizontal plane then the

suspension system is displaced through its full stroke. However camber conformity

refers to how well the suspension system is able to keep the wheel parallel to an uneven

surface that varies in the x, y and z direction.

Caster Angle

The caster angle of a suspension system refers to the angle between the turning pivot of

the suspension system and the vertical plane of the wheel when measured along the y

axis. If the pivot point is leaning towards the rear of the vehicle (negative x direction)

then the caster angle is defined as positive. If the caster angle is leaning towards the

front of the vehicle then the caster angle is defined as negative [15]. This concept is

illustrated in figure 3.5.
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Figure 3.5.: Caster Angle of a Suspension System (viewed along the y axis)

The caster angle is important as if two wheels on the same y axis have different castor

angles, the vehicle will tend to pull more towards the side with the least positive caster

angle. The caster angle can also cause problems even if they are equal. If the caster

angle is too negative this can lead to steering being too light which will cause the

vehicle to wander. If the caster angle is too positive then the steering will be heavier

which will cause it to “kick” whenever an irregularity is encountered in the surface[15].

Toe-In

The toe in of a vehicle is the measure of the difference between the front and rear

distances of two wheels along a common rotational axis, when viewed along the z

axis[15]. See figure 3.6:
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Figure 3.6.: Toe-In of a Vehicle (viewed along the z axis)

Tow-in specifically refers the situation in figure 3.6, where the fronts of the wheels are

closer together than the rears. Tow-out refers to the opposite situation where the rears

of the wheels are closer together than the fronts. Ideally the tow-in of a vehicle should

be zero to minimize wear[15].

Steering Axis Inclination (SAI)

Also referred to as swivel kingpin inclination (KPI). This is the angle between the

suspensions swivel pin and the vector normal to the driving surface when along the x

axis[12]. In more modern suspension systems possessing ball joints rather than swivel

pins the steering wheel inclination is defined as the angle between the steering pivot

line and the vector normal to the driving surface when viewed along the x axis[15].

This concept is illustrated in figure 3.7.
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Figure 3.7.: Steering Axis Inclination (viewed along the x axis)

When this angle is added to the camber angle a measurement called the included angle

is defined, illustrated in figure 3.8.

Figure 3.8.: Inclined Angle (viewed along the x axis)
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Scrub Radius

The scrub radius is the distance between the centre of the contact surface of a wheel

and the intersection of the steering axis/kingpin axis and driving surface plane[12], this

is illustrated in figure 3.9.

Figure 3.9.: Scrub Radius/Swivel Pin Offset (viewed along the x axis)

By convention if the axes in figure 3.9 intersect each other at the driving surface, the

scrub radius is zero. If the intersection occurs below the driving surface the scrub

radius is positive (the case in figure 3.9) and if they intersect above the road surface

the scrub radius is negative. The action of a non-zero scrub radius is to cause the wheel

to turn away from a straight path of motion[16].

3.2.3. Vibration Theory

The analysis of vehicle suspension systems is often done using the quarter car model,

where each wheel of a vehicle is analysed as a separate independent system. Typically
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a 2 degree of freedom (DOF) is used for modelling suspension systems[18]. A typical

quarter car model is illustrated in figure 3.10.

Figure 3.10.: A Two Degree of Freedom Quarter Car Suspension Representation

Since the AGV in this report will have solid wheels rather than air filled tyres, it is

sufficient to model the AGV as a 1 DOF system. This simplified 1 DOF system is

illustrated in figure 3.11.
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Figure 3.11.: Simplified 1 DOF Quarter Car Representation

From figure 3.11 it is possible to define the equations of motion for the suspension

system. The motion of this system is given in equation 3.1.

msz
′′
s = −B(z′s − z′u)− ks(zs − zu) (3.1)

ms = sprung mass kg

B = viscous friction coefficient N ·s/m

ks = spring constant N/m

zs = sprung mass displacement m

zu = unsprung mass displacement m

Equation 3.1 can be rewritten as equation 3.2:

msz
′′
s +Bz′s + kszs = Bz′u + kszu (3.2)
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Thus if z is defined as z = zs - zu then:

ms(z
′′ + z′′u) + ksz +Bz′ = 0 (3.3)

Thus:

z′′ +

(
B

ms

)
z′ +

(
ks
ms

)
z = −z′′u = −au (3.4)

au = generalised unsprung mass acceleration m/s2

Non-dimensional-alizing the coefficients of equation 3.4 generates equation 3.5:

z′′ + 2ζωnz
′ + ω2

nz = −z′′u = −au (3.5)

ζ = dampening of the system unitless

ωn = natural frequency of the system rad/s

Taking the Laplace transform of equation 3.5 yields the input output relationship

defined in equation 3.6:

Z(s)

A(s)
=

−1

s2 + 2ζωns+ ω2
n

(3.6)

A(s) = acceleration of unsprung mass m/s2

The relationship described in equation 3.6 can be used to predict the expected accel-

eration of the unsprung mass given a known relative displacement between the sprung

and unsprung masses.
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3.2.4. Suspension System Geometries

The suspension system geometry refers to the manner by which the spring and damp-

ener of the suspension system is attached between the sprung and unsprung masses of

the vehicle.

Swing Axle Suspension

This is one of the oldest forms of independent suspension and is also one of the most

ineffective. The typical layout of the suspension system is illustrated in figure 3.12.

Figure 3.12.: Swing Axle Suspension System

The major drawback of this type of suspension is the fact that the camber angle of

the wheels changes as the system moves from its lowest point to its highest point[11].

This means that the more variation there is in the surface the vehicle is travelling on

the more the wheels will deviate from being exactly perpendicular to the road. The

only way to minimize this, with this form of suspension, is to increase the length of the

swing arms which can make the system bulky. Turning with this suspension system is

also difficult as any body-roll will lead to the vehicle over steering[11]. The perceived

advantages and disadvantages of this type of suspension are listed in table 3.1.
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Table 3.1.: Perceived Advantages and Disadvantages of the Swing Axle Suspension

System

Perceived Advantages Perceived Disadvantages

Simple to assemble Camber control variation

Inexpensive Poor camber conformity

Only takes up space in the y axis direction

Trailing Arm Suspension

The trailing arm suspension system consists of an arm attached to the body of the

vehicle parallel to the x axis[11]. This arm allows the wheel to swing up and down pro-

viding the suspension for the vehicle. The trailing arm suspension system is illustrated

in figure 3.13.

Figure 3.13.: Trailing Arm Suspension System

There are two variants of the trailing arm suspension system. The first is the true

trailing arm suspension which moves only in the x-z plane (i.e. up and down). This

system therefore cannot deal with any major changes in the lateral direction. Thus

if the road itself is cambered this suspension system will cause understeer[20]. Hence
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this system has very good camber control but poor camber conformity. This can be

understood with the aid of figure 3.14.

Figure 3.14.: Camber Angle Induced when Driving Surface Varies Laterally (viewed

along x axis)

The second variant of this suspension system is the semi-trailing arm suspension sys-

tem. This system has the pivoting arm angled from the x axis of the vehicle by 50◦ to

70◦. This makes the suspension half lateral and half longitudinal in nature. The reason

for this is that it allows the system to deal with changes in the lateral direction of the

driving surface. The lateral component will however introduce a change in camber

angle similar to the swing axle suspension. The problem of overseer caused by this

camber angle is cancelled though, by the understeer caused by the longitudinal compo-

nent of the suspension. An illustration showing the difference between the designs of

the true trailing arm and semi-trailing arm suspensions systems can be found in figure

3.15.
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Figure 3.15.: True vs. Semi-Trailing Arm Suspension Systems (viewed along the z axis)

The comparison of the perceived advantages and disadvantages of the pure trailing arm

suspension systems are summarized in table 3.2 and table 3.3 for the semi-trailing arm

suspension system.

Table 3.2.: Perceived Advantages and Disadvantages of a Pure Trailing Arm Suspension

Perceived Advantages Perceived Disadvantages

Simple to assemble Takes up space longitudinally

Good camber control Poor camber conformity

Limited camber variation

Table 3.3.: Perceived Advantages and Disadvantages of a Semi-Trailing Arm

Suspension

Perceived Advantages Perceived Disadvantages

Simple to assemble Takes up space longitudinally

Decent camber conformity Camber control variation
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MacPherson Strut Suspension System

The MacPherson system traditionally consists of a single strut or plate and a shock

absorber. The wheel axle is mounted to the strut via a ball joint which allow 3 degrees

of freedom in terms of pitch roll and yaw. This allows better camber adherence to the

driving surface. Also attached to the ball joint is the shock absorber which is normally

mounted vertically. The shock absorber is in turn mounted to the body of the vehicle

via a swivel plate if the suspension is to deal with the twisting associated with turning.

The strut by comparison is mounted to the body via a revolute bearing setup. This

system is illustrated in figure 3.16.

Figure 3.16.: MacPherson Strut Suspension System

The MacPherson strut is a relatively compact suspension system with the majority

of the space occupied by the vertical shock absorber. The system has relatively good

camber adherence when compared to other suspension systems, however excessive body

roll can lead to variation in camber[21]. The perceived advantages and disadvantages

of this system of suspension is outlined in table 3.4.
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Table 3.4.: Perceived Advantages and Disadvantages of a MacPherson Strut Suspension

System

Perceived Advantages Perceived Disadvantages

Simple to assemble Large vertical size

Light weight

Small size laterally and longitudinally

Good camber conformity

Shock absorber motion ratio 1:1

The vertical size problem has been dealt with in the past by using a bell crank to rotate

the shock absorber 90◦, illustrated in figure 3.17. Though it does this at the cost of

longitudinal space, it also makes the suspension system overly complex to mount.

Figure 3.17.: MacPherson Strut Suspension with Bell Crank
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Inline System

The inline system is very similar to the MacPherson strut, an example is illustrated in

figure 3.18.

Figure 3.18.: Inline Suspension System

The major difference however is the fact that unlike the MacPherson strut, the inline

system’s axle is not connected to the strut via a ball joint but rather through a rigid

connection. This does not allow the wheel to move in 3 degrees, but rather only one

(along the z axis). The system also often lacks the swivel plate of the MacPherson

strut, hence the full weight of the vehicle is supported through the strut, and thus the

spring and dampener. The perceived advantages and disadvantages of this suspension

system are listed in table 3.5.
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Table 3.5.: Perceived Advantages and Disadvantages of the Inline Suspension System

Perceived Advantages Perceived Disadvantages

Very Simple to Assemble No camber conformity

Light weight

Very Small

Good camber control

Shock absorber motion ratio 1:1

Double Wishbone Suspension System

Also called a Double-A suspension system. This suspension system consists of two

A-frames positioned vertically above each other with the axle of the wheel supported

between them with a pair of ball joints. The lower A-frame is responsible for supporting

the weight of the vehicle while the upper A-frame is only responsible for control[20].

The shock absorber is mounted vertically between the lower A-frame and the vehicle

body, while the A-frames themselves are mounted to the vehicle body via two sets of

revolute bearings. This suspension system is illustrated in figure 3.19.
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Figure 3.19.: Double Wishbone Suspension System

The double wishbone suspension system only keeps the wheel perpendicular to the

driving surface, thus the system has minimal camber variance. If the A-frames are of

equal length the problem of scrubbing occurs. This is when the scrub radius changes

as the vehicle’s body moves out of the neutral position[11]. The perceived advantages

and disadvantages of this system are summarized in table 3.6.

Table 3.6.: Perceived Advantages and Disadvantages of the Double Wishbone Suspen-

sion System

Perceived Advantages Perceived Disadvantages

Very Simple to Assemble Complex

Very large

Minor scrub distance control issues

Multilink Suspension System

This system is the most recent development in terms of common suspension system.

The system itself varies significantly from vehicle to vehicle. Generally the system
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tends to have similar geometry to the double wishbone with the difference being that

each of the struts that form the A-frames are a separate item. The system is illustrated

in figure 3.20.

Figure 3.20.: Multilink Suspension System

Since each strut is able to move independently of each other, the system changes shape

completely when turning. This allows for better driving surface adherence in terms

of both camber control and scrubbing when compared the other mention suspension

systems[11]. Although the system has better surface adherence it is extremely complex,

which limits the use of this system. The perceived advantages and disadvantages of

this system can be found in table 3.7.

Table 3.7.: Perceived Advantages and Disadvantages of the Multilink Suspension

System

Perceived Advantages Perceived Disadvantages

Excellent camber control and conformity Very complex

Excellent scrub distance control Costly
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3.2.5. Active, Passive and Semi-Active Suspension System

Once a physical geometry for the suspension system is chosen, it can then be determined

if an active, passive or semi-active spring and dampener system will be used. The

differences between these three mentioned systems is discussed in the sections that

follow.

Passive Suspension Systems

A passive suspension system often consists of a physical spring and dampener. There is

no feedback for this type of system and hence the suspension behaviour remain set from

the design phase. For a passive suspension system the spring is chosen based on the

total weight of the sprung mass while the dampener is chosen based on the compromise

curve between handling and capability[22]. The ideal suspension system would have

good road handling capability and good vibration dampening, this is however difficult

as one comes at the expense of the other. A more damped system is better for comfort in

the case of excitation around the natural frequency, for excitations at higher frequencies

a less damped system is advantageous. This is the typical conflict of dampening design.

This conflict is illustrated in figure 3.21.
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Figure 3.21.: Comfort vs. Stability Compromise Curve

Compromise percentage in figure 3.21 refers to the suspension system’s preference to

stability over comfort for the "vehicle stability" curve and comfort over stability for

the "ride comfort" curve.

Semi-Active Suspension Systems

Semi-active suspension works in a manner similar to a passive suspension system the

difference being that instead of the dampener having a fixed dampening effect, set dur-

ing the design phase, the amount of dampening that it provides can be adjusted during

operation, thus a primitive form of feedback is achieved. This concept is illustrated in

figure 3.22.
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Figure 3.22.: Semi-Active Suspension Representation

In the sections that follow strategies will be outlined to control the semi-active suspen-

sion system. There are three control methods that will be discussed in this report they

are the limited relative displacement control method, the skyhook control method and

the modified skyhook control method.

Limited Relative Displacement Control Method

This control method is binary in nature having two states. When the displacement

of the sprung mass relative to the unstrung mass exceeds a given set value the high

dampening state is engaged. While when the displacement is less than the set value

the low dampening state is engaged. Algebraically this can be understood with the aid

of equation 3.7.

Bac =

 Bmax : |zs − zu| ≥ α

0 : |zs − zu| < α
(3.7)
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Bac = dampening coefficient of the active dampener N ·s/m

Bmax = high dampening state N ·s/m

zs = sprung mass displacement m

zu = unsprung mass displacement m

α = set value m

Skyhook Control Method

The skyhook control method is an effective semi-active control methodology as it is

able to dissipate energy at a high rate. There are two skyhook control methodologies,

the continuous sky hook control method and the on-off sky hook control method. The

sky hook strategy that will be discussed is the on-off sky hook control as it is better

suited to industrial applications[23]. The system, like the limited relative displacement

control method, is binary in nature, having a state of large damping and a state of low

damping. The high dampening state is activated when the velocity of the body with

respect to the wheel is in the same direction as the velocity of the body with respect

to the driving surface. The low dampening state is activated when the velocity of the

body with respect to the wheel is in the opposite direction as the velocity of the body

with respect to the driving surface. Algebraically this can be understood with the aid

of equation 3.8.

Bac =

 Bmax : z′s(z
′
s − z′u) ≥ 0

0 : z′s(z
′
s − z′u) < 0

(3.8)

Bac = dampening coefficient of the active dampener N ·s/m

Bmax = high dampening state N ·s/m

z′s = sprung mass velocity m/s

z′u = unsprung mass velocity m/s
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Equation 3.8 was arrived at by creating a fictional dampener connected to a stable

reference. This is illustrated in figure 3.23.

Figure 3.23.: Skyhook Dampening System

However in real life it is not practical to have the dampener attached between the

sprung mass and a fixed reference point. Thus instead a variable dampener is attached

between the sprung and unsprung masses that mimics the skyhook dampener. The

layout of this system was illustrated in figure 3.22. The variable damper will have to

deal with four cases which are summarized in the list that follows[24]:

1. Both masses moving up and are separating

2. Both masses are moving down and are coming together

3. The sprung mass is moving upwards while masses are moving together

4. Sprung mass moving downward while masses are moving together
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When the suspension experiences case 1 (both masses moving up and are separating),

under ideal skyhook control (figure 3.23) the force produced by the skyhook dampener

will be as given in equation 3.9.

Fsky = −Bskyz
′
s (3.9)

Fsky = skyhook dampening force N

Bsky = dampening co-efficient of the skyhook dampener N ·s/m

z′s = sprung mass velocity m/s

If the semi active system is observed (figure 3.22) under the same conditions it is seen

that the dampener will be in tension thus the force produced by this damper will be

as given in equation 3.10.

Fac = −Bac(z
′
s − z′u) (3.10)

Fac = force produced by dampener N

Bac = dampening co-efficient of the dampener N ·s/m

(z′s − z′u) = velocity of the sprung mass relative to the unsprung mass m/s

Thus for the ideal skyhook system (figure 3.23) and semi-active system (figure 3.22) to

have the same results, equation 3.11 will be true.

Fsky = −Bskyz
′
s = −Bac(z

′
s − z′u) = Fac (3.11)

Thus:

Bac =
Bskyz

′
s

(z′s − z′u)
(3.12)
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Fac = Bskyz
′
s (3.13)

The next case to be evaluated is case 2 (both masses are moving down and are coming

together). Thus the equations for the ideal skyhook and semi-active system will be as

given in equation 3.14 and equation 3.16 respectively.

Fsky = Bskyz
′
s (3.14)

Fac = Bac(z
′
s − z′u) (3.15)

Thus similarly to case 1:

Fsky = Bskyz
′
s = Bac(z

′
s − z′u) = Fac (3.16)

Due to equation 3.16, it is observed that equation 3.12 and equation 3.13 will hold true

for the conditions presented in case 2.

When case 3 (the sprung mass is moving upwards while masses are moving together)

is examined it is noted that the semi-active dampener will be in compression. Thus

the forces produce by the skyhook and semi-active systems, on the sprung mass, will

be in opposite directions. Hence the best strategy to solve thus is to minimize the

dampening co-efficient to as close to zero as possible.

Finally case 4 (sprung mass moving downward while masses are moving together), has

a similar problem as case 3 and as a result the dampening co-efficient should also be

minimized for these conditions.

The major drawback of this method is that it is difficult to measure the vertical velocity

of any of the components relative to the ground on a moving vehicle.

Modified Skyhook Control Method

The modified skyhook control method is similar to the tradition on-off skyhook method,

but does away with the need to find the velocity of various components of the vehicle

relative to the driving surface. In this method the only measurements that need to be
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taken are those of acceleration. The acceleration of the sprung mass is differentiated

to obtain the jerk, while the relative velocity can either be directly measured or found

by differentiating the difference between the sprung and unsprung masses acceleration.

The high and low dampening states are activated according to equation 3.17.

Bac =

 Bmax : z′′′s (z′s − z′u) ≥ 0

0 : z′′′s (z′s − z′u) < 0
(3.17)

z′′′s = jerk of the sprung mass m/s3

According to Rao, et al.[23] it is recommended that the acceleration of the sprung mass

be put through a high pass filter, in order to remove the DC offset, when finding the

jerk through differentiation. Rao, et al.[23] also states that although it is possible to

calculate the sprung mass velocity from its acceleration, this is not recommended as

the acceleration offset is not constant. Thus the limits for the integral are difficult to

determine.

Active Suspension Systems

The basic principal behind an active suspension system is to either include an actuator

in parallel with the suspension system spring and dampener or to replace the spring

and dampener completely. When an actuator is included in parallel with spring and

dampener, it acts to effectively adjust the spring constant of the spring and dampening

coefficient of the dampener by either working with or against the forces created by the

spring/dampener system. If the actuator is attached alone between the sprung and

sprung masses then the actuator performs the role of a dampener and spring system.

This is illustrated in figure 3.24.
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Figure 3.24.: Representation of Active Suspension Systems

Since the actuator is able to add, store and dissipate energy in the system, it makes

the system very stable[25]. The down side of this system is that is requires a large

amount of energy to run[26].

3.2.6. Active Levelling

Since the spring component of any suspension system is responsible for supporting the

load of a vehicle it is beneficial to be able to change the spring constant dependent on

the loaded weight of the vehicle. This is often done through the use of an air spring

or air bellows that replace the conventional mechanical spring. The spring constant of
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the air bellows is then adjusted by either increasing or decreasing the pressure in the

bellows. A typical air spring is illustrated in figure 3.25.

Figure 3.25.: An Air Spring Fitted to a Double Wishbone Suspension System

3.3. Drive System Research

The drive train system must be omni-directional in nature, hence the AGV must be able

to move in any direction in the XY plane (see figure 3.3). To achieve such motions three

strategies are commonly used, they are swerve drives, holonomic drives and mechanum

wheels.

3.3.1. Swerve Drive

Swerve drives are the easiest of the three omni-direction systems to understand the-

oretically, however they are the most complex system to actually implement[29]. A

typical swerve drive system has 4 swerve unit, each unit consists of a traditional wheel

and motor which is turn attached to a pivot in the z direction. A typical swerve drive

unit is illustrated in figure 3.26.
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Figure 3.26.: A Typical Swerve Drive Unit

The z axis pivot allow the wheels to be orientated at any angle between 0◦ and 90◦

relative to the AGV’s body. This gives the AGV to travel in any direction on the XY

plane. The directions achievable with the swerve drive can be found in table 3.8 and

the corresponding schematic drawing in figure 3.27.

Table 3.8.: Swerve Drive Directions

Motion Drawing in figure 3.27

Forward / Reverse a

Left / Right b

Forward Diagonal Motion c

Reverse Diagonal Motion d

Yaw Rotation e
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Figure 3.27.: Directions Achievable Using the Swerve Drive System

The swerve drive system, unlike the other two omni-directional systems, requires two

motors for each wheel[30] . One motor is required for the rotation of the wheel about

its axle, while the other is required to pivot the wheel on the XY plane between 0◦ and

90◦. Thus this system can become very expensive and extremely complex. Another

major disadvantage of this system is the fact that the wheels are not directly attached

to the AGV’s chassis, this means that all of the reactant forces from the wheel are

transmitted through the Z axis pivot and not directly to the body making the system

fragile.
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3.3.2. Holonomic Drive

Holonomic drives make use of holonomic wheels. Holonomic wheels are a type of omni-

directional wheel that looks identical to traditional wheels with the exception that they

have smaller rollers placed around their circumference. This is illustrated in figure 3.28.

Figure 3.28.: A Typical Holonomic Wheel

A typical holonomic drive system consists of four holonomic wheels attached at 45◦ at

the corners of the AGV, see figure 3.29. Each holonomic wheel has its own drive motor

that is responsible for its rotation.

46



Figure 3.29.: Holonomic Wheel Layout

The directions achievable with holonomic wheels that are laid out as shown in figure

3.29 are summarized in table 3.9. The way that these motions are achieved by varying

the direction of rotation of the separate wheels is illustrated in figure 3.30.

Table 3.9.: Holonomic Drive Directions

Motion Drawing in figure 3.30

Forward / Reverse a

Left / Right b

Forward Diagonal Motion c

Reverse Diagonal Motion d

Yaw Rotation e
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Figure 3.30.: Directions Achievable Using the Holonomic Drive System

Although a holonomic drive wheel is more complex to build than any of the wheels

found on a swerve drive system[31], the system as a whole is less complex than that of

the swerve drive, as only one drive motor is required and the wheels are attached to

the body directly.

3.3.3. Mechanum Drive

Amechanum drive typically consists of four mechanum wheels, two left hand mechanum

wheels and two right hand mechanum wheels. A pair of mechanum wheels are illus-

trated in figure 3.31.
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Figure 3.31.: An Example of Typical Mechanum Wheels

Notice from figure 3.31 that the left and right hand mechanum wheels are mirror images

of each other. This has to do with the direction of the resultant force the mechanum

wheel generates when it rotates. The resultant force of a left hand mechanum wheel

when rotated forward can be seen in figure 3.32. A right hand mechanum wheel will

produce a mirrored version of the forces shown in figure 3.32.

Figure 3.32.: Forces on a Left Hand Mechanum Wheel

The left hand and right hand mechanum wheels are laid out as shown in figure 3.33 to

produce a functioning mechanum drive system.
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Figure 3.33.: Typical Mechanum Wheel Layout

The directions of motion on the XY plane achievable using the wheel layout shown in

figure 3.33 are summarized in table 3.10. The manner in which these directions are

achieved by changing the rotation of the mechanum wheels is illustrated in figure 3.34.

Table 3.10.: Mechanum Drive Directions

Motion Drawing in figure 3.34

Forward / Reverse a

Left / Right b

Forward Diagonal Motion c

Reverse Diagonal Motion d

Yaw Rotation e
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Figure 3.34.: Directions Achievable Using the Mechanum Drive System

Mechanum wheels are more complex to make than holonomic wheels however they

have the distinct advantage that they can be mounted parallel to the body of the

AGV, unlike holonomic wheels which are mount at 45◦. They are also less complicated

and expensive than the swerve drive system.

3.4. Chapter Conclusion

This chapter defined the SAE axis system that will be used throughout the rest of this

paper for axes representations. It also defined all the theories and mathematical bases

on which suspension systems and omni-directional drives are based. The suspension
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system sections included vibration theory, common suspension system layouts and the

operation principals of passive, semi-active and active suspension systems. The drive

section discussed different strategies for achieving an omni-direction drive train system.
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4 Generation of Conceptual Designs

for the Suspension System

This chapter discusses different strategies employed to develop a suspension system

capable of fulfilling the requirements set out in chapter 1. Five possible strategies

were identified including a pure mechanical system, an air-spring mechanical system,

a servo actuated spring dampener system, a hydro-pneumatic system and a oleo strut

system. For each of the listed strategies a Matlab Simulink model was created in order

to analyse the response of the system.

4.1. Simulation Conditions

All of the spring-dampener systems were tested going over a single bump that was

designed to simulate the worst conditions that the suspension system should ever be

exposed to, given the AGV’s design limitations. The dimensions for this bump can be

found in table 4.2, while a drawing of the bump can be found in figure 4.1.

Table 4.1.: Dimensions of Worst Case Simulation Bump

Dimension Value

Height 10 mm

Length 20 mm
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Figure 4.1.: Worst Case Simulation Bump Dimensions

The actual bump used in the Matlab Simulink models was created using a custom URP

function block. The function created the bump illustrated in figure 4.2 which closely

approximates the desired bump in figure 4.1.

Figure 4.2.: Custom URP Function for Simulation Purposes

Other factors that are kept the same for all simulations included the quarter mass of

the AGV, also referred to as the sprung mass, and the speed of the AGV. The simulated

weight and speed of the AGV were, like the bump parameters, set to the limits of the

AGV’s design capabilities. These values are listed in table

Table 4.2.: Dimensions of Worst Case Simulation Bump

Parameter Value

Sprung Mass 250 kg

AGV Speed 1.3 m/s

54



4.2. Pure Mechanical Spring-Dampener System

A pure mechanical system as the name implies consists of a mechanical spring and a

mechanical dampener in parallel between the sprung and unsprung masses. This is the

simplest spring-damper system which has predominant seen use in the motor vehicle

and rail industries. The system can easily be adapted from a fully passive system to

semi-active system by replacing the static damper with a dampener who’s dampening

co-efficient can be changes between two states, a state of high dampening and a state

of low dampening. A major advantage of this system is that the spring and dampener

can be combined into a compact unit called a ‘‘coil-over-oil’’ unit, where the dampener

is situated inside of the spring. This is illustrated in figure 4.3.

Figure 4.3.: Coil-over-Oil Unit

4.2.1. Simulation Introduction

A mechanical system simulation was developed in Matlab Simulink to show the sus-

pension characteristics obtainable using the conditions defined in table 4.3.
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Table 4.3.: Pure Mechanical Spring-Dampener Simulation Conditions

Parameter Value

Sprung Mass 250 kg

AGV Speed 1.3 m/s

Spring Constant 43 200 n/m

Dampening Coefficient 1 000 N ·s/m

The values chosen in table 4.3 either stem from design constraints (in the case of the

sprung mass and AGV speed) or were discovered through an iterative process that

sought to find the best response results for the requirements of the project.

The system is modelled as shown in figure 4.4. Where Y is the displacement of the

wheel following the ground’s surface, X is the displacement of the body of the vehicle

and Z is the displacement (difference) between the body relative to the wheel (X-Y).

To see the development of the Simulink model and the equations of motion of this

system refer to appendix A.
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Figure 4.4.: Pure Mechanical Spring Dampener Representation

4.2.2. Simulation Results

The results of this simulation are given in figure 4.5, figure 4.6 and 4.7. Where figure 4.5

gives the displacement behaviour of the system, figure 4.6 gives the velocity behaviour

of the system and figure 4.7 gives the acceleration behaviour of the system. It is to be

noted that this simulation is of a passive system, with no feedback.
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Figure 4.5.: Displacement results of the Pure Mechanical Spring Dampener System

Figure 4.6.: Velocity Results of the Pure Mechanical Spring Dampener System
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Figure 4.7.: Acceleration Results of the Pure Mechanical Spring Dampener System

4.2.3. Simulation Discussion

From figure 4.5 it is possible to see that with a pure mechanical spring damper sys-

tem, the body of the vehicle (sprung mass) has a settling time of approximately 1.75

seconds. The maximum amplitude experienced by the vehicle’s body (away from the

initial condition) is 2 mm which indicates that the suspension system provides ade-

quate isolation from the excitations of the driving surface, as the driving surface has

a maximum amplitude of 10 mm due to the bump. This is confirmed by the velocity

response of the system given in figure 4.6, which show that maximum velocity expe-

rienced by the body of the vehicle is 0.1 m/s compared to the 2.15 m/s experienced by

the wheel. This is a velocity reduction of 95.3%, In figure 4.7 it can be seen that there

is an acceleration of almost zero for the body of the vehicle, this further validates the

isolation of 95.3%.
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4.3. Air spring Mechanical Spring-Dampener System

The air spring mechanical spring dampener system works in much the same manner as

a pure mechanical spring dampener system. The difference being that the mechanical

spring used in the pure mechanical spring dampener system is replaced by an air

spring. An air spring uses air pressure to generate its spring constant instead of the

bulk modulus of a solid material, like a traditional mechanical spring. A typical air

spring is illustrated in figure 4.8.

Figure 4.8.: A Typical Airspring

The use of air pressure to generate a spring constant has a major advantage over a

traditional spring, in the fact that the volume of the air in the spring can be varied.

This makes active levelling for this system possible. In addition to the active levelling,

if a variable dampener is included instead of a static one the system becomes semi-

active. Air spring do not require a constant source of air, provided that the system is

adequately sealed. This is because air is only used during the active levelling operation,

after the body of the vehicle is levelled the amount of air in the air springs remains

constant. The devices involved with making an air spring mechanical spring dampener

system self-levelling are shown in figure 4.9. Although the compressor in figure 4.9

can be left out of the system if a bigger air tank is fitted that is topped up at regular

intervals (i.e. when the AGV is recharging its battery).
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Figure 4.9.: Self Leveling Systems of an Airspring Mechanical Spring Dampener System

The major disadvantage of using air springs when compared to pure mechanical springs

is that the dampener cannot be mounted in the centre of the spring (as illustrated in

figure 4.3) and as such it must be mounted next to the air spring, which takes up

additional space.

4.3.1. Simulation Introduction

A mechanical system simulation was developed in Matlab Simulink to show the sus-

pension characteristics obtainable using the conditions defined in table 4.4.
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Table 4.4.: Airspring Mechanical Spring-Dampener Simulation Conditions

Parameter Value

Sprung Mass 250 kg

AGV Speed 1.3 m/s

Spring Constant 43 200 N/m

Dampening Coefficient 1 000 N ·s/m

The values chosen in table 4.4 either stem from design constraints (in the case of the

sprung mass and AGV speed) or were discovered through an iterative process that

sought to find the best response results for the requirements of the project.

Since the mathematical model is identical to that of the pure mechanical spring damper

system, appendix A can be used to derive the Simulink model for this system. The

reason that a spring constant of 43 200 N/m was chosen was due to the air spring

available, the chosen airspring was the Continental SK 37-8 P02 (see appendix B).

Since the load on the air spring was 2.45 kN (250 kg) the spring constant of the air

spring is 43 200 N/m. The system is modelled as shown in figure 4.10. Where Y is the

displacement of the wheel following the ground’s surface, X is the displacement of the

body of the vehicle and Z is the displacement (difference) between the body relative

to the wheel (X-Y).
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Figure 4.10.: Airspring Mechanical Spring Dampener Representation

4.3.2. Simulation Results

The results of the Matlab simulation of the air spring mechanical spring dampener

system are given in figure 4.5 for displacement, figure 4.6 for velocity and figure 4.7 for

acceleration.
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Figure 4.11.: Displacement results of the Air spring Mechanical Spring Dampener

System

Figure 4.12.: Velocity Results of the Air spring Mechanical Spring Dampener System
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Figure 4.13.: Acceleration Results of the Air spring Mechanical Spring Dampener

System

4.3.3. Simulation Discussion

By comparing figure 4.5 with figure 4.11, figure 4.6 with figure 4.12 and figure 4.7

with figure 4.13, it is possible to see that the exact same results are received for the

simulation of the pure mechanical and air spring mechanical spring dampener systems.

Thus the exact same conclusions can be reached for the air spring mechanical system

as was reached for the pure mechanical system.

It must be emphasized that for this simulation the non-linear behaviour of air was

ignored. The reason for this is that air springs are designed so as to minimize the

non-linear characteristics of air compression by compensation through a change in

geometry. Thus for this simulation the non-linear characteristics can be ignored without

a significant impact on the accuracy of the results. To understand the difference in the

behaviour of a fixed geometry air spring and a mechanical spring refer to appendix C.
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4.4. Servo Actuated Spring-Dampener System

Due to the static forces that the suspension system will experience (2.45 kN per wheel

at full load conditions) it was decided that the active system investigated would be the

actuator in parallel with the spring type. This allows for the weight of the body of

the vehicle to be supported by the spring rather than the actuator, meaning that the

actuator will only exert a force when dynamic force are encountered by the system. It

was decided that the feedback of this system would be the distance between the body

of the vehicle and the wheel (i.e. the displacement of the body with reference to the

wheel). The reason that this was used as the feedback signal was due to the ease with

which it can be measured in real life, a linear potentiometer connected between the

wheel and the body would perform this task. A servo motor will be used, via a rack

and pinion, as the actuator. The reason a servo motor was chosen is because they have

very fast reversing times when compared to a traditional DC motor. Servo motors are

also able to produce more torque than a DC motor of comparable size.

4.4.1. Simulation Introduction

A Matlab simulation of this system was created to determine its displacement of ve-

locity behaviour, the simulation also allowed for parameters of the servo motor to be

evaluated. A representation of the quarter car model for the servo actuated spring-

dampener system can be found in figure 4.14.
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Figure 4.14.: Servo Actuated Spring Dampener Representation

In figure 4.14, Y is the displacement of the wheel due to the surface traversed, X is the

displacement of the body of the vehicle (sprung mass) with reference to some fixed plane

and Z is the difference in displacements of the body and wheel or the displacement of

the body with reference to the wheel (i.e. X-Y). The mathematical model and Simulink

model derived to simulate the system response of the servo actuated spring dampener

system can be found in appendix D. The parameters for the simulation of this system

are listed in table 4.5.
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Table 4.5.: Servo Actuated Spring-Dampener Simulation Conditions

Parameter Value

Sprung Mass 250 kg

AGV Speed 1.3 m/s

Motor Rotational Dampening Co-efficient (Bm) 7.92×10−4 kg·m2/s

Motor Inertia (Jm) 21.4×10−6 kg ·m2

Motor Armature Inductance (La) 0.005 H

Motor Armature Resistance (Ra) 7.8 Ω

Motor Current to Torque Ratio (Km) 0.09 N ·m/A

DC Gain (Kamp) 4 V

Motor EMF Feedback (Kb) 0.095 V ·sec/Rad

Current Saturation Limit 5 A

Linear Potentiometer Resolution 1 V/m

Mechanical Spring Constant 43 200 n/m

Radius of Pinion (rack and pinion) 20 mm

Proportional Gain (PID) 100 unitless

Integrative Gain (PID) 10 unitless

Derivative Gain (PID) 500 unitless

The motor parameter values listed in table 4.5 are based on the parameters of a typical

30 W servo motor, specifically the RS 30 W Servo Motor, 24 V dc, 12 N ·m, 1600 rpm

motor. A data sheet for this motor can be found appendix E.

4.4.2. Simulation Results

The resulting displacement behaviour of the servo actuated spring-dampener system

can be found in figure 4.15. While the resulting velocity behaviour can be found in

figure 4.16 and the resulting acceleration behaviour can be found in figure 4.17.
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Figure 4.15.: Displacement results of the Servo Actuated Spring-Dampener System

Figure 4.16.: Velocity Results of the Servo Actuated Spring-Dampener System
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Figure 4.17.: Acceleration Results of the Servo Actuated Spring-Dampener System

The conditions of the motor during the simulation are given in figure 4.18, figure 4.19

and figure 4.20. Where figure 4.18 gives the output torque of the motor, figure 4.19

gives the speed of the motor in RPM and figure 4.18 gives the current drawn by the

servo motor.

Figure 4.18.: Torque Output of the Servo Motor
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Figure 4.19.: Angular Velocity of the Servo Motor

Figure 4.20.: Current Drawn by the Servo Motor
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4.4.3. Simulation Discussion

Figure 4.15 illustrates that the maximum displacement that the body of the vehicle

will feel will be approximately 2 mm, while the maximum displacement of the wheel

will be 10 mm. The time taken for the body of the vehicle to become stable again after

the disturbance is encountered is approximately 2.5 seconds. This slightly longer than

the 1.75 seconds that the pure mechanical and air spring mechanical spring dampener

systems take, but this could be improved by increasing the size of the motor to one that

is capable of outputting a greater magnitude of torque. The maximum velocity that the

body feels is 0.1 m/s (see figure 4.16) this is an isolation of 95.3% when compared to the

velocity of 2.14 m/s that the wheel feels.This isolation is confirmed by figure 4.17, which

shows the acceleration experienced by the body of the vehicle to be approximately 0.

When the servo motor response of the system is analysed it is noticed that torque

produced by the motor reaches its saturation point of 0.12 N ·m a total of eight times,

see figure 4.18. This is because the torque produced by the motor is limited to within

its operating range by clamping the maximum current that the motor can draw to 5

A, see figure 4.20. If a motor capable of larger torques were to be used, then the motor

would run into saturation fewer times. This would then improve the settling time of

the vehicle body. In addition to the torque response of the servo motor the maximum

RPM experience by the motor was also noted to be 1020.68 rpm, see figure 4.19. This

RPM is within the operational limit of 1600 rpm of the servo motor.

4.5. Hydro-Pneumatic Spring Dampener System

The hydro-pneumatic system consists of a double actuating hydraulic cylinder. The

top portion of the cylinder is attached to a closed reservoir that contains an air bladder.

This air bladder is responsible for generating the spring in the system. The other side

of the cylinder is attached, through an orifice plate/throttling valve to a reservoir open

to the air. The movement of fluid through the orifice/throttling valve is responsible
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for the dampening of the system.

4.5.1. Simulation Introduction

A Matlab Simulink simulation of the system depicted in figure 4.21 was created in

order to evaluate the response of the system in terms of both displacement and velocity

response. The mathematical model and Simulink model created to do this can be found

in appendix F.

Figure 4.21.: Hydro-Pneumatic Spring-Dampener Representation

On figure 4.21, X is the displacement of the body of the vehicle (sprung mass) with

reference to a fixed horizontal plane. Y is the wheel (unsprung mass) displacement

caused by the driving surface. Finally, Z is the distance between the wheel and the

body of the vehicle or the displacement of the body relative to the wheel (i.e. X-Y).

The parameters used for the Simulink model are summarized in table 4.6.
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Table 4.6.: Hydro-Pneumatic Spring-Dampener Simulation Conditions

Parameter Value

Sprung Mass 250 kg

AGV Speed 1.3 m/s

Spring Constant of Air Bladder (k) 43 200 n/m

Density of Hydraulic Fluid (ρ) 868 kg/m3

Viscosity of Hydraulic Fluid (µ) 32.2×10−6 m2/s

Radius of Hydraulic Cylinder 80 mm

Radius of Air Bladder Cylinder 80 mm

Radius of Throttling Reservoir 10 mm

Length of Pipe Between Air Bladder Cylinder and Hy-

draulic Cylinder (l1)

50 mm

Length of Pipe Between Throttling Reservoir and Hy-

draulic Cylinder (l2)

50 mm

Radius of l1 8 mm

Radius of l2 8 mm

Throttling Dampening Resistance 2000 N ·s/m5

The hydraulic oil used in this simulation was ISO 32 hydraulic oil. The throttling

dampening resistance refers to the amount of pressure drop a valve causes due to how

far open or closed it is.

4.5.2. Simulation Results

The resultant system behaviour for the hydro-pneumatic spring dampener system is

illustrated in figure 4.22, figure 4.23 and figure 4.24. Where figure 4.22 illustrates the

displacement response of the system, figure 4.23 illustrates the velocity response of the

system and figure 4.24 illustrates the acceleration response of the system.
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Figure 4.22.: Displacement results of the Hydro-Pneumatic Spring Dampener System

Figure 4.23.: Velocity Results of the Hydro-Pneumatic Spring-Dampener System
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Figure 4.24.: Acceleration Results of the Hydro-Pneumatic Spring-Dampener System

Since the behaviour of the system is not clear in figure 4.22 the graph is enlarged in

figure 4.25.

Figure 4.25.: Zoomed in Displacement Results of the Hydro-Pneumatic Spring Damp-

ener System
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4.5.3. Simulation Discussion

From figure 4.22 it can be seen that the hydro-pneumatic suspension has an excellent

settling time of 1.8 seconds. However the maximum displacement amplitude that the

body experiences is almost 4.4 mm, this is illustrated on figure 4.25. This means that

the body of the vehicle feels 44% of the displacement felt by the wheel. Although this

relatively large amplitude (when compared to the maximum displacement amplitude of

the other systems) is in itself not too much concern, what is of concern is the maximum

velocity of the body that it induces. From figure 4.23 it can be seen that this amplitude

corresponds to a maximum velocity of 1.3 m/s, the same speed that the AGV is moving

forward. This makes the system unsuitable as a suspension system as the velocity of

the body is only isolated by 61.8% since the maximum velocity of the wheel is 3.4 m/s.

The reason that the system had such poor performance when compared to the others

discussed was due to the fact that the body of the vehicle was attempting to follow the

motion of the wheel (see figure 4.25). This meant that there was some form of conduit

that allowed vibrations from the driving surface to be transmitted to the body of

the vehicle directly, essentially bypassing the spring dampener system. From analysis

of the mathematical model in appendix F it was determined that the cause of this

body/wheel coupling effect was down to the inertia of the hydraulic oil through a pipe.

When the oil flows through a relatively small diameter pipe (16 mm in this case) over

a significant distance (50 mm in this case) and effect called fluid inductance occurs[18].

Fluid inductance results from the need for extra force to accelerate the hydraulic fluid

within the system in accordance with Newton’s first law[33]. This acceleration force is

bled from the spring-dampener system, reducing its effectiveness, hence the isolation

between the wheel and body is reduced. The factors that affect the magnitude of fluid

inductance force in the system are as follows:

• Finductance ∝ ρ

• Finductance ∝ lpipe

• Finductance ∝ 1/Dpipe
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Finductance = magnitude of fluid inductance force N

ρ = density of hydraulic fluid kg/m3

lpipe = length of fluid pipe m

Dpipe = diameter of fluid pipe m

The derivation of these relationships can be found in appendix G.

4.6. Oleo Strut Spring Dampener System

The oleo strut spring dampener system was investigated as a response to the short-

comings of the hydro-pneumatic spring-dampener system. Oleo struts like the hydro-

pneumatic system make use of both oil and a pressurized gas to provide suspension.

However unlike the hydro-pneumatic system the actuator piston, pneumatic spring and

dampening systems are not separated by piping, this reduces the effect of fluid inertia.

Oleo struts are commonly used in the aerospace industry due to the fact that they

are lighter than a comparable mechanical systems. The main reason for this weight

reduction comes down to the fact that air is used as the spring medium rather than

physical spring. A typical oleo strut is illustrate in figure 4.26.

Figure 4.26.: Cutaway Diagram of a Typical Oleo Strut
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The gas chamber of the oleo strut is responsible for the spring effect of the system while

the metering orifice is responsible for controlling the dampening effect. Often included

in the oleo strut system is a metering pin. The metering pin is responsible for varying

the size of the orifice and in so doing so adjusts the dampening effect of the system.

Oleo struts are capable of supporting an active levelling technology as the amount of

air in the gas chamber (see figure 4.26) can be varied to either lower or raise the body

of the vehicle. The only disadvantage of oleo struts is that as the cross-sectional area of

the separator piston is fixed the non-linear behaviour of air must be taken into account

(see appendix C for more details).

4.6.1. Simulation Introduction

A Matlab Simulink model of the oleo strut spring-dampener system was created in

order to simulate the displacement and velocity responses of the suspension system. A

representation of the oleo strut spring dampener system is illustrated in figure 4.27.

Figure 4.27.: Oleo Strut Spring-Dampener Representation

Where ,in figure 4.27, X represents the displacement of the vehicles body (sprung mass)
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from a given horizontal plane, Y is the displacement of the wheel (unsprung mass) from

the given horizontal plane and Z is the difference between the body and wheel of the

AGV or the displacement of the body with reference to the wheel (i.e. X-Y). The

parameters for the system for the simulation are listed in table 4.7.

Table 4.7.: Oleo Strut Spring Dampener Simulation Conditions

Parameter Value

Sprung Mass 250 kg

AGV Speed 1.3 m/s

Internal Radius of Outer Oleo Cylinder 45 mm

Internal Radius of Inner Oleo Cylinder 35 mm

Initial Air Cylinder Length 30 mm

Orifice Radius 2.5 mm

Orifice Length 10 mm

Density of Hydraulic Fluid (ρ) 868 kg/m3

Viscosity of Hydraulic Fluid (µ) 32.2×10−6 m2/s

Fluid Flow type co-efficient (α) 1.05 (turbulent flow)

The hydraulic fluid used in this simulation was ISO 32 hydraulic oil, while the fluid

flow type co-efficient is a co-efficient that is applied to the shock losses of the orifice. A

value of 1.05 is used for turbulent flow while a value of 2 is used for laminar flow[34].

The derivation of the mathematical model and Simulink model used to simulate this

system can be found in appendix H.

When static pressure is referred to in the text that follows, this relates to the pressure

required in the oleo strut to resist the weight of the AGV’s body, i.e. without the sus-

pension system being excited. The dynamic pressure, conversely, refers to the pressure

caused in the oleo strut purely due to excitation, i.e. the pressure difference caused

when the system moves away from static conditions due to excitation.
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4.6.2. Simulation Results

The results of the Matlab Simulink simulation of the Oleo strut spring dampener system

are given in figure 4.28, figure 4.29 and figure 4.30. Where figure 4.28 illustrates the

displacement response of the system, figure 4.29 illustrates the velocity response of the

system and figure 4.30 illustrates the acceleration response of the system.

Figure 4.28.: Displacement Results of the Oleo Strut Spring Dampener System

81



Figure 4.29.: Velocity Results of the Oleo Strut Spring Dampener System

Figure 4.30.: Acceleration Results of the Oleo Strut Spring Dampener System

Since the velocity response of the system in figure 4.29 is not very clear around the

time region 0 to 0.1 seconds this region was enlarged to create figure 4.31.
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Figure 4.31.: Zoomed in Velocity Results of the Oleo Strut Spring Dampener System

Also of major importance is the pressure response of the systems since the oleo strut

will have to be able to handle theses conditions. The overall pressure response (dy-

namic pressure and static pressure combined) of the system for the given simulation is

illustrated in figure 4.32. While the dynamic only response is illustrated in figure 4.33.

Figure 4.32.: Overall Pressure Response of The Oleo Strut Spring Dampener System
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Figure 4.33.: Dynamic Pressure Response of The Oleo Strut Spring Dampener System

4.6.3. Simulation Discussion

The settling time for oleo strut system can be deduced from figure 4.28, and was

determined to be 1.6 seconds. From figure 4.28 it is also possible to see that the

maximum displacement of the vehicles body, with reference to a fixed horizontal plane,

is 1.2 mm. since the maximum wheel displacement was 10 mm the system achieved

a displacement reduction of 88%. When figure 4.29 and figure 4.31 are analysed it is

found that the maximum velocity that the system experiences is approximately 0.12

m/s, since the wheel experiences a maximum velocity of 3.5 m/s a velocity reduction of

96.57% was achieved by the oleo strut. This isolation of the body is further confirmed

in figure 4.30 which shows that the maximum acceleration that the body feels is 400

m/s2 compared to the 6000 m/s2 of the wheel, which is an isolation of 93.33%.

With regards to the pressure responses of the oleo strut spring dampener system, figure

4.32 show that the maximum pressure that will ever be experienced by the system,

given the condition of the simulation, will be 9.17 bars while the minimum pressure

will be 6.11 bars. The static pressure by contrast will be 6.37 bars. Thus the dynamic
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pressure will cause positive increase of 2.81 bars and a pressure drop of -0.25 bars, this

is illustrated in figure 4.33.

4.7. Chapter Conclusion

This chapter discussed all the possible strategies that could be employed to produce a

spring dampener system capable of fulfilling the requirements set out in the objectives

of this project. A set of simulation conditions was determined in this chapter that

were designed to test the system to the limits of the design criteria, which included the

maximum weight the AGV was expected to carry, the max speed the AGV was expected

to travel at and the worst case conditions for the driving surface. Five different spring

dampener systems were simulated using Matlab Simulink and the results from each

simulation were used to critically analyse the given systems response characteristics.
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5 Generation of Conceptual Designs

for the Drive Train System

This chapter outlines the different strategies investigated to provide the driving force

for the suspension-drive unit. Note all of the listed drive train strategies are built

around the use of 190 mm diameter mechanum wheels. The reason for their selection

can be found in section 6.2.1.

5.1. Drive Requirements

The requirements proposed for any drive system for the 1000 kg capacity AGV are listed

in the sections that follow. These requirements pertain to each individual suspension-

drive train unit rather than the AGV as a whole.

Since the AGV will use mechanum wheels it is necessary to evaluate it for four cases

these cases include:

1. When the AGV is moving in a straight line at constant speed

2. When the AGV is moving in a straight line while accelerating

3. When the AGV is moving diagonally at a constant speed

4. when the AGV is moving diagonally while accelerating

Straight line motion refers to when the AGV is performing the motion “a” or “b” in
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figure 5.1. Under theses conditions all four suspension-drive train unit drive motors are

operating. Diagonal motion, by comparison, refers to motions “c” and “d” in figure 5.1.

Under these conditions only two of the four suspension-drive train unit drive motors

are operating. Finally condition “e” in figure 5.1 can be considered straight line motion

as all four suspension-drive train unit drive motors are operating.

Figure 5.1.: Mechanum Drive System Directions

The forces described in sections 5.1.1, 5.1.2, 5.1.3 and 5.1.4 are illustrated in figure 5.2

for clarity. To view the in-depth calculations and Matlab model used to arrive at the

results summarised in sections 5.1.1, 5.1.2, 5.1.3 and 5.1.4, refer to appendix I.
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Figure 5.2.: Diagram Of Drive Forces

All known values and constraints used in the calculations are listed in table 5.1.

Table 5.1.: AGV Drive System Design Constraints

Requirement Value

Total AGV mass (mtotal) 1000 kg

Rolling frictional coefficient of mechanum wheels to concrete (µr) 0.06

Static frictional coefficient of mechanum wheels to concrete (µr) 0.07

Velocity of AGV (V ) 1.3 m/s

Time to reach full speed from rest (∆t) 2 s

Mechanum wheel diameter (2 · rwheel) 95 mm

The values found in table 5.1 are either specified in the design constraints or were

determined experimentally.
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5.1.1. Forward/Reverse/Horizontal Constant Motion

The AGV suspension-drive train unit drive motor requirements for straight line motion

at constant speed are listed in table 5.2.

Table 5.2.: AGV Drive Motor Requirements for Straight Line Motion at Constant

Velocity

Requirement Value

Duration continuous

RPM 130.67 rpm

Required motor torque 13.97 N ·m

Radial force on shaft - vector sum 2452.20 N

- horizontal radial force 103.94 N

-vertical radial force 2450.00 N

Thrust on shaft 103.94 N

5.1.2. Forward/Reverse/Horizontal Accelerating Motion

The AGV suspension-drive train unit drive motor requirements for straight line motion

during acceleration are listed in table 5.3.
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Table 5.3.: AGV Drive Motor Requirements for Straight Line Motion During

Acceleration

Requirement Value

Duration 2 s

RPM 130.67 rpm

Required motor torque 29.40 N ·m

Radial force on shaft - vector sum 2459.76 N

- horizontal radial force 218.85 N

-vertical radial force 2450.00 N

Thrust on shaft 218.85 N

5.1.3. Diagonal Constant Motion

The AGV suspension-drive train unit drive motor requirements for straight line motion

during acceleration are listed in table 5.4.

Table 5.4.: AGV Drive Motor Requirements for Diagonal Motion at Constant Velocity

Requirement Value

Duration 30 s

RPM 130.67 rpm

Required motor torque 125.08 N ·m

Radial force on shaft - vector sum 2620.93 N

- horizontal radial force 931.00 N

-vertical radial force 2450.00 N

Thrust on shaft 931.00 N
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5.1.4. Diagonal Accelerating Motion

The AGV suspension-drive train unit drive motor requirements for straight line motion

during acceleration are listed in table 5.5.

Table 5.5.: AGV Drive Motor Requirements for Diagonal Motion while Accelerating

Requirement Value

Duration 2 s

RPM 130.67 rpm

Required motor torque 146.91 N ·m

Radial force on shaft - vector sum 2682.95 N

- horizontal radial force 1093.50 N

-vertical radial force 2450.00 N

Thrust on shaft 1093.50 N

5.1.5. Conclusion

From tables 5.3, 5.3, 5.4 and 5.5, it can be seen that the worst case scenario is when

the AGV accelerates in a diagonal direction. That is to say the forces on the wheel

will be greatest and the torque demanded from the motor will be at a maximum. It is

thus for this case that the motors and any gearboxes will be selected.

5.2. Gearbox Drive Systems

The gearbox drive train systems connect each mechanum wheel to the appropriate drive

motor via a worm gearbox. This allows the high RPM and low torque of a typical DC

electric motor to be translated into the low RPM (130.67 rpm in this case) and high
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torque required for this AGV. Three different gearbox drive systems will be discussed

for use on the suspension-drive train unit.

5.2.1. Component Selection

Given that the maximum torque required by the system was 146.91 N ·m at 130.67

rpm, the power from an electric motor to fulfil these requirements would be 2.01 kW,

see equation 5.1.

P = Twheelω = T
([

2π
60

]
RPMwheel

)
∴ P = 146.91

([
2π
60

]
130.67

)
= 2010.28

(5.1)

Twheel = required wheel torque N ·m

ω = required wheel angular velocity rad/s

RPMwheel = required wheel RPM rpm

Thus if a standard 1:20 gearbox were to be used the the torque requirement of the

motor can be calculated as follows in equation 5.2:

Tmotor =
(

1
i

)
Twheel

∴ T =
(

1
20

)
146.91 = 7.35

(5.2)

Tmotor = required electric motor torque N ·m

Twheel = required wheel torque N ·m

i = gear ratio
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Thus the require maximum torque form the electric motor (given a gear ratio of 1:20)

would be 7.35 N ·m. Similarly the required RPM for the electric drive motor can be

calculated as shown in equation 5.3:

RPMmotor = (i)RPMwheel

∴ T = (20)130.67 = 2613.4

(5.3)

RPMmotor = required electric motor RPM rpm

RPMwheel = required wheel RPM rpm

i = gear ratio

Thus the maximum required RPM for the electric drive motor will be 2613.4 rpm.

Using the equations developed in 5.2 and 5.3 it is possible to calculate the electric

motor requirements given different gearbox ratios. The required motor RPM and

torque for various standard gearbox ratios is given in table 5.6.

Table 5.6.: Electric Motor Requirements vs. Gearbox Size

Gear Ratio Motor RPM Motor Torque

5 653.35 rpm 29.38 N ·m

7 914.69 rpm 20.99 N ·m

10 1306.70 rpm 14.69 N ·m

15 1960.05 rpm 9.79 N ·m

20 2613.40 rpm 7.35 N ·m

28 3658.76 rpm 5.25 N ·m

40 5226.80 rpm 3.67 N ·m

49 6402.83 rpm 3.00 N ·m
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5.2.2. Solid Shaft Gear Drive

The solid shaft gear drive system simply connects the mechanum wheel directly to the

gearbox and motor combination via a solid shaft. Thus the motor and the gearbox are

a part of the unsprung mass and not the sprung mass. This system is illustrated in

figure 5.3.

Figure 5.3.: Solid Shaft Gear Drive System

5.2.3. CV Joint Drive

The CV (constant velocity) joint drive system is similar to the direct drive system with

the only difference being that the mechanum wheel is connected via a CV joint shaft to

the gearbox rather than with a solid shaft. A CV joint shaft is a type of shaft that can

transmit a constant torque even when its ends are moved with respect to each other.

This motion can be in either the X, Y or Z direction. A typical CV shaft is shown in

figure 5.4.
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Figure 5.4.: A Typical CV Joint Shaft

As can be seen in figure 5.4 a CV joint shaft consists of two universal joints separated

by a splined telescopic shaft. The CV joint shaft allows the gearbox and drive motor to

be mounted on the sprung side of the suspension-drive unit rather than the unsprung

side. The two evaluated layouts for the CV joint drive are illustrated in figure 5.5 and

figure 5.6.

Figure 5.5.: In-line CV Joint Drive
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Figure 5.6.: Parallel CV Joint Drive

Figure 5.5 shows the in-line CV joint drive system while figure 5.6 shows the parallel

CV joint drive system. The in-line system is the simplest of the two systems shown in

figures 5.5 and 5.6 as the CV joint is directly attached between the mechanum wheel

and gearbox. No additional bearings are needed for this system due to this direct

connection. The major drawback of this system, however, is the fact that it takes up

a lot of space laterally (see figure 3.1 for co-ordinate system). This drawback lead to

the development of the parallel CV joint drive, which attempted to decrease the space

taken laterally by placing the mechanum wheel parallel to the CV joint shaft instead

of in-line with it. The mechanum wheel and CV joint shaft were then linked by a chain

drive. The inclusion of the chain drive, however, has its own set of drawbacks; which

include the fact that an extra bearing would need to be included where the CV joint

attached to the chain sprocket and the fact that a tensioning mechanism would have

to be designed for the chain drive.

The AGV suspension system will have a stroke length of 20mm (10mm up and 10mm

down). Since the CV joint shaft must be able to handle this deviation, the minimum

physical dimensions of the CV joint will be those given in table 5.7. To understand

what the values table 5.7 is referring to see the schematic in figure 5.7.
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Table 5.7.: CV Joint Shaft Physical Parameters

Requirement Value

Design Constraints:

Suspension Stroke (Stroke) 20 mm

Maximum Universal Joint Angle (Max) 22.50 ◦

Maximum Alpha Angle (Alpha) 67.50 ◦

Minimum Component Sizes:

Maximum Connecting Rod Length (h) 52.26 mm

Minimum Connecting Rod Length (x) 48.28 mm

Max and Min Rod Length Difference 3.98 mm

Figure 5.7.: Schematic of CV Joint Shaft

Note that in table 5.7, the “Design Constraints” refer to initial conditions that the CV

joint shaft must adhere to. The suspensions stroke is set by the suspension system,

while the universal joint maximum angle refers to half the maximum allowable angle

a universal joint can be set at (45 ◦being the maximum [38]) while still being able to

transmit rotational energy.

The mathematical formulas used to calculate the values given in table 5.7 can be found

in appendix J.
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5.3. Direct Drive Systems

The direct drive systems included in this section aimed to do away with the gearbox

between the drive motor and mechanum wheel by using an electric motor capable of

producing high torque at low RPM. For this system two types of motors configurations

can be used, namely on-hub motor and in-hub, further details on these two systems

can be found in the sections that follow.

5.3.1. Component Selection

Since the mechanum wheel is is directly attached to the electric drive motor, the electric

motor requirements for this system will be:

• 146.91 N ·m

• 130.67 rpm

5.3.2. On-Hub Direct Drive Motor

The on-hub motor that has the spindle of the motor attached directly to the axle of

the mechanum wheel, as illustrated in figure 5.8. This system is not as compact as the

in-hub system, but it is easier to attach the wheel to and is simpler to mount.

Figure 5.8.: On-Hub Motor System
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5.3.3. In-Hub Direct Drive Motor

With the in-hub drive system design the armature of the electric motor becomes the

centre or “rim” of the wheel and the spindle becomes the non-rotating axle of the wheel,

see figure 5.9. This system is very compact, however can lead to an increase in diameter

of the wheel when a stronger motor is required. This system is also very difficult to

manufacture.

Figure 5.9.: In-Hub Motor System

On-hub and in-hub motors have the advantage of begin the smallest drive systems,

however, motors (especially DC motors) capable of producing the low RPM high torque

necessary to fulfil the requirements set out for the suspension-drive train unit are rare

and extremely expensive when compared to the other systems listed.

5.4. Hydraulic Coupling Systems

The hydraulic coupling system replaces the connection between the electric drive motor

and the mechanum wheel with a hydraulic coupling. A hydraulic coupling consists of

a hydraulic motor and pump that are directly connected. The pump is driven by

the electric drive motor which in turn drives the hydraulic motor which turns the
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mechanum wheel. The advantage of using this system is that depending on the CC

(cubic centimetre) cylinder value difference of the pump and motor, a gearing ratio

can be achieved. With the use of this system the electrical motor and hydraulic pump

can be placed on the sprung mass, while the hydraulic motor can be placed on the

unsprung mass. The hydraulic pump and motor are then connected via flexible hose

allowing the sprung and unsprung masses to move independently of each other.

There are two systems commonly used for hydraulic couplings as described in this

paper. The first is the open loop system while the second is the closed loop system.

Further details on these two systems can be found in the sections that follow. Both

systems work by translating the rotational power of the electric motor (RPM × Torque)

into hydraulic power (Fluid Flow Rate × Pressure)[36]. The hydraulic power in then

translated back into rotational power at the hydraulic motor. Thus:

• RPM ∝ Fluid Flow Rate

• Torque ∝ Pressure

5.4.1. Component Selection

There are various types of hydraulic motors and hydraulic pumps; these include gear,

gerotor, vane, semi-rotary, rotary piston, parallel piston, axial piston and cam type

pumps and motors. For this system it was decided that a axial piston pump and a

gerotor motor would be used, see figure 5.10.
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Figure 5.10.: Hydraulic Parallel Piston Pump and Gerotor Hydraulic Motor

The axial piston pump was chosen due to the fact that this type of pump has a relatively

small CC displacement (in relation to the hydraulic motor chosen) and can produce

high pressure at very low flow rates (many of the other pump styles must have a large

flow rate to develop pressure). The gerotor motor was chosen due to its compact size

versus torque output, this system was also capable of producing high output torque at

low flow rates.

For the hydraulic coupling to produce a the required wheel torque and RPM of 146.91

N ·m at 130.67 rpm, the parameters in table 5.8 were used. The values found in table

5.8 were calculated as shown in appendix K.
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Table 5.8.: Hydraulic Coupling Parameters

Requirement Value

General:

Maximum Fluid Flow Rate 11.63 l/m

Maximum Pressure 134.83 bar

Power Lost in the System 699.99 W

Pump/Electrical Motor Requirements:

RPM 3000 rpm

Torque 8.63 N ·m

Power In 2710.27 W

Pump Size 3.88 CC

Hydraulic Motor Requirements:

RPM 130.67 rpm

Torque 146.91 N ·m

Power Out 2010.28 W

Pump Size 89.00 CC

The major drawback of of hydraulic coupling systems is that the inefficiency of a

hydraulic coupling is far greater than that of a mechanical gearbox, a loss of 699.99

W of power was observed. Hence for a hydraulic coupling a larger input motor will be

required to produce the same output torque as a motor-mechanical gearbox system.

5.4.2. Open Loop Hydraulic Coupling Drive

The open loop hydraulic system has a hydraulic reservoir in the circuit. Hydraulic

fluid is sucked from the reservoir (which is at ambient atmospheric pressure) into the
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hydraulic pump. The hydraulic fluid is then pressurised by the pump in the hydraulic

line that leads to the hydraulic motor at a given flow rate. The hydraulic motor

translates this fluid flow power into rotational power to dive the mechanum wheel.

The hydraulic fluid exits the hydraulic motor at ambient atmospheric pressure and is

channelled back to the hydraulic reservoir. This system is illustrated in figure 5.11.

Figure 5.11.: Open Loop Hydraulic Coupling Schematic

For this system the electrical motor that drives the hydraulic pump will always rotate in

one direction. To change the direction of rotation of the system a value is used. Forward

operation of the system is illustrated in figure 5.12, reverse operation is illustrated in

figure 5.13.
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Figure 5.12.: Forward Motion of the Open Loop Hydraulic Coupling

The switches “PLC_1” and “PLC_2” in figures 5.12 and 5.13 refer to digital outputs

of the controlling PLC. The switch is made when the output is high from the PLC and

is open when the output from the PLC is low.
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Figure 5.13.: Reverse Motion of the Open Loop Hydraulic Coupling

The change over from forward to reverse motion is not instantaneous. The speed of

the mechanum wheel is slowed down using an external brake or by slowing the electric

motor once the system is no longer in motion the the main control value is switched

from the current direction into neutral (where the pressure over the hydraulic motor is

zero) to the opposite direction. This operation is illustrated graphically in figure 5.14.
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Figure 5.14.: Open Loop Direction Changeover Graph

5.4.3. Closed Loop Hydraulic Coupling Drive

The closed loop hydraulic system also consists of a hydraulic pump and hydraulic motor

in the same arrangement as the open loop system, but does not have a reservoir on

the low pressure side of the circuit. Instead the return pipe from the hydraulic motor

is attached directly to the input pipe for the hydraulic motor. This means that the

system needs to have an initial pressure or “charge pressure” in the idle state to ensure

that there is hydraulic fluid in every part of the system. The working pressure (the
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pressure used to transfer rotational power to hydraulic power to rotational power) is

thus the difference between the high pressure side of the hydraulic circuit and the low

pressure side, which remains at the “charge pressure” value. This system is illustrated

in figure 5.15 and is shown schematically in figure 5.16.

Figure 5.15.: Closed Loop Hydraulic Coupling System
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Figure 5.16.: Closed Loop Hydraulic Coupling System Schematic

Since the system is closed loop there is no need for a control valve, the direction an

speed of the system can be set directly by the electric motor. The direction changeover

graph for this system is shown in figure 5.17.
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Figure 5.17.: Closed Loop Hydraulic Coupling System Behaviour Graph

5.5. Chapter Conclusion

Various drive train strategies where developed in this chapter, these systems all sought

to provide a way to transmit power from the electric drive motor to the relevant

mechanum wheel. The systems investigated were categorised as either gearbox dive

train systems, direct drive systems or hydraulic coupling drive systems. The drive

train systems that fell into the gearbox drive systems category included the solid shaft
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gear drive and CV joint drive systems. The drive systems found in the direct drive

system category included the on-hub and in-hub drive systems. Finally the hydraulic

coupling systems included the open loop hydraulic coupling system and the closed loop

hydraulic coupling system.
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6 Selection of Design

This chapter deals with the selection of a suspension system and drive train to be

developed to create a suspension-drive train system capable of fulfilling the design

requirements of the project.

6.1. Suspension System Selection

The selection of the suspension system will be divided up into two sections. The first

section will deal with the selection of the suspension system geometry and the second

will deal with the selection of the spring-dampener system used in the suspension

system.

6.1.1. Suspension System Geometry Selection

This relates the selection of the of the physical geometry of the suspension system.

From the section 3.2.4 it can be seen that there are six commonly used designs. These

designs are listed below:

• Swing Axle Suspension System

• Trailing Arm Suspension System

• McPherson Strut Suspension System

• Inline Suspension System
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• Double Wishbone Suspension System

• Multilink Suspension System

These suspension system geometries are compared using an order of merit table to

determine which system would best fulfil the requirements of this project. The order

of merit table can be found in table 6.1.

Table 6.1.: Order of Merit Table for Different Suspension System Geometries

Characteristic Weight Suspension Geometries

Swing

Axle

Trailing

Arm

McPher

-son

Strut

Inline

Double

Wish

-bone

Multi

-link

Design Simplicity 0.5 4 5 3 5 1 1

Assembly

Simplicity
0.4 4 4 3 5 2 2

Lateral Size 0.8 1 5 4 4 3 3

Vertical Size 0.4 4 3 2 2 4 4

Longitudinal Size 0.5 4 3 4 4 4 4

Construction Cost 0.4 4 5 3 5 1 1

Maintenance Cost 0.8 3 4 4 5 2 2

Camber Control 1 1 4 4 3 5 5

Camber

Conformity
0.2 1 1 4 1 5 5

Lifespan 0.8 3 5 4 5 3 3

Reliability 0.9 4 5 5 5 3 3

Total 19.2 28.7 25.6 28.2 20.4 20.4

Rating of 100 57.31 85.67 76.42 84.18 60.90 60.90

Each characteristic of the suspension geometries is rated between one and five, where

five is the best performance and one is the worst. These ratings are then multiplied by
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a weight factor that skews their importance to the design since some characteristics are

of more importance than others. The rating of each characteristic is biased towards the

fact this suspension system will be used in a material handling AGV and as such the

scoring reflects the use of each system in this context rather than a universal context.

The results are represented graphically in figure 6.1.

Figure 6.1.: Total Order of Merit Scores for Different Suspension Geometries

From both table 6.1 and figure 6.1 it is possible to see that the geometry system best

suited to solving the suspension system requirements of the material handling AGV is

the "Trailing Arm" geometry system.
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6.1.2. Spring Dampener System Selection

This section deals with the selection of a spring dampener system from the systems

developed in chapter 4. The selection of the spring dampener system was done based

on the results of an order of merit table. The order of merit table used is given in table

6.2.

Table 6.2.: Order of Merit Table for Different Spring Dampener Systems

Characteristic Weight Spring-Dampener Systems

Pure

Mechan

-ical

Air

spring

Mechan

-ical

Servo

Actuated

Hydro-

pneumatic
Oleo

Design Simplicity 0.5 5 3 3 2 1

Assembly Simplicity 0.4 5 3 2 1 1

Size Compactness 0.9 5 1 2 1 5

Suspension Isolation 1 5 5 5 3 4

Response Time 1 4 4 2 3 5

Construction Cost 0.4 5 3 1 1 2

Maintenance Cost 0.8 4 3 1 1 3

Lifespan 0.8 4 3 2 3 4

Intelligence 1 1 3 5 3 3

Innovation Rating 1 1 2 3 5 5

Total 28.4 23.6 21.9 19.9 28.8

Rating of 100 72.82 60.51 56.15 51.03 73.85

Each characteristic of the spring dampener systems was rated from one to five, where

five was the best outcome and one was the worst. The relevance of each characteristic

to the final design was then multiplied by a weight factor to ensure that its influence on
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the selection process was correctly weighted. The results of table 6.2 are represented

graphically in figure 6.2.

Figure 6.2.: Total Order of Merit Scores for Different Spring Dampener Systems

The highest scoring spring-dampener system was the Oleo strut.
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6.2. Drive Train System Selection

The selection of the drive train components is broken up into two sections. The first

deals with the selection of the omni-directional motion strategy, while the second deals

with the selection of the physical components of the drive train.

6.2.1. Omni-directional Strategy

To achieve omni-directional motion with the AGV three strategies were investigated

in section 3.3. These systems included:

• The Swerve Drive

• The Holonomic Drive

• The Mechanum Drive

To evaluate which system was to be used on the AGV an order of merit table was

created. This order of merit table can be found in table 6.3:
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Table 6.3.: Order of Merit Table for Different Omni-directional Drive Systems

Characteristic Weight Omni-Directional Stratergy

Swerve

Drive

Holonomic

Drive

Mechanum

Drive

Design Simplicity 1 1 4 5

Assembly Simplicity 0.9 2 4 4

Wheel Simplicity 0.6 5 3 1

Size 1 1 4 4

Ease of Control 0.6 1 3 5

Traction 0.8 5 2 3

Construction Cost 0.4 1 3 3

Maintenance Cost 0.8 1 4 5

Robustness 1 1 2 5

Lifespan 0.8 3 1 4

Reliability 0.9 4 4 5

Total 18.6 27.1 34.8

Rating of 100 44.29 64.52 82.86

Each characteristic in table 6.3 is rated between one and five, where five is the highest

score and one is the lowest. Each characteristic was also weighted in terms of im-

portance using a weighting factor. The order of merit table results from table 6.3 is

represented graphically in figure 6.3.
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Figure 6.3.: Total Order of Merit Scores for Omni-directional Drive Systems

The highest scoring omni-directional strategy was the Mechanum wheel system.

6.2.2. Drive Train Selection

From the results of section 6.2.1, the mechanum drive was selected as the omni-

directional strategy to be developed for the AGV. The selection of the drive train

used to drive the mechanum wheels of the mechanum drive was selected from the

options explored in chapter 5 using the order of merit table given in table 6.4.
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Table 6.4.: Order of Merit Table for Different Drive Systems

Characteristic Weight Omni-Directional Stratergy

Gear

-box:

Solid

Shaft

Gear

-box:

CV

Joint

Direct

Drive:

On

-Hub

Direct

Drive:

In

-Hub

Hydraulic

Coupling:

Open

Loop

Hydraulic

Coupling:

Closed

Loop

Design Simplicity 1 5 4 5 5 2 1

Assembly

Simplicity
0.5 5 3 3 2 1 2

Longitudinal Size 0.4 3 4 5 5 5 5

Vertical Size 1 3 4 5 5 4 4

Lateral Size 0.8 3 1 4 5 4 4

Unsprung Side

Weight
0.2 1 3 2 2 4 4

Construction Cost 0.4 5 4 2 1 2 1

Maintenance Cost 0.8 4 3 1 1 2 2

Lifespan 0.8 3 2 3 3 4 3

Parts Avaliability 1 5 4 1 1 2 2

Innovation Rating 0.2 1 2 3 3 4 4

Total 27.1 22.5 22.7 22.6 20.9 19.2

Rating of 100 78.55 65.22 65.80 65.51 60.58 55.65

The characteristics listed in table 6.4 are rated from one to five, where five is the

highest score and one is the lowest. Each characteristic is also weighted by importance

to the design using a weight value. The order of merit results contained in table 6.4

are represented graphically in figure 6.4.
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Figure 6.4.: Total Order of Merit Scores for Drive Systems

The highest scoring drive system was the Gearbox: Solid Shaft.

6.3. Chapter Conclusion

This chapter compared different suspension geometries, spring-dampener systems,

omni-directional drive strategies and drive train strategies. The results of the or-

der of merit tables meant the following designs were chosen for each order of merit
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comparison:

Table 6.5.: Order of Merit Table Results

Order of Merit Table Chosen Design

Suspension System Geometry Selection - Trailing Arm

Spring-Dampener System Selection - Oleo Strut

Omni-directional System Strategy - Mechanum Drive

Drive Train Selection - Gearbox: Solid Shaft
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7 Final Design

7.1. Introduction

This section delves into more depth with regards to the chosen designs for the suspen-

sion drive train system. The discussed concepts will be broken up into two sections;

the first deals with mechanical systems that will be found on the AGV while the second

deals with the electrical systems.

7.2. Mechanical Subsystems

This section deals with the mechanical side of the suspension-drive train system. The

working drawings for the suspension drive train system can be found in appendix V

7.2.1. Oleo Strut

The oleo strut is responsible for the suspension part of the suspension drive train

system. The design of the oleo strut is technically illustrated in figure 7.1 and rendered

in figure 7.2.
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Figure 7.1.: Technical Drawing of Oleo Strut

Figure 7.2.: Oleo Strut Rendering

From figure 7.1 it can be seen that the oleo strut is broken up into a hydraulic and

pneumatic section as previously described in section 4.6, which are seperated by a free
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floating piston. The actuation of the strut is achieved via the movement of the outer

cylinder over the inner cylinder, this is shown in figure 7.3. In this system the air cavity

acts as the spring for the system while the movement of the hydraulic fluid through

the orifice of the systems serves as the dampening coefficient.

Figure 7.3.: Fully Compressed vs Fully Extended Oleo Strut

Unlike the oleo strut illustrated in figure4.26 from section 4.6. The oleo strut developed

for the AGV will be semi-active in nature thus the size of the orifice will be changed

actively to ensure that the best possible suspension characteristics are achieved for a

given load on the suspension system. The change of the size of the orifice size is done

using an orifice plunger, which when forced into the orifice restricts its size. This action

then decreases the rate at which hydraulic fluid can flow from one cavity to the next,

increasing the dampening of the system. The orifice plunger itself is actuated by a
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combination of a stepper motor and lead screw.

Outer Cylinder Design

The outer cylinder one of the cavities that is responsible for housing the hydraulic fluid

of the system. The parts used in this system are explained with the aid of figure 7.4.

Figure 7.4.: Outer Cylinder

The hydraulic plug shown in figure 7.4, is used to initially charge the system with the

fixed amount of hydraulic fluid. The hydraulic seal is ensures a sealed fit between the

inner and outer cylinders while the wear bearing prevents any horizontal loads from

being transferred to the seal, which would cause deformation. Finally the piston wiper

prevents the ingress of dirt from the outside environment to the hydraulic seal.
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Inner Cylinder

The design of the inner cylinder is illustrated in figure 7.5. This cylinder houses the

remainder of the hydraulic cavity as well as the pneumatic cavity. These cavities are

separated by the floating piston.

Figure 7.5.: Inner Cylinder

There are two wear bearings on the inner cylinder. The first is responsible for aligning

the inner and outer cylinders and prevents the seal between the two from being crushed.

The second ensures alignment of the orifice plunger and prevents the pneumatic/piston

wiper combo from being crushed or distorted due to any horizontal forces on the orifice

plunger. The orifice plunger does not have a separate pneumatic seal and rod wiper,

instead these items are combined into a pneumatic/piston wiper combo. The lead

nut shown in figure 7.5 is responsible for translating the rational motion of the stepper

motor into a linear motion of the orifice plunger. The lead nut will always be submerged
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in the hydraulic fluid of the suspension system, which alleviates the need to lubricate

the lead screw (cut into the orifice plunger) and the lead nut. Finally the orifice,

shown in figure 7.5 is cut into a detachable orifice plate which is separate from the rest

of the inner cylinder. This makes it easier to replace should it become worn due to

possible cavitation effects.The pneumatic coupling allows for an external valve systems

to regulated the pressure of the air column in the air cavity, which can be used to

adjust ride height dependent on load, see section 3.2.6.

Floating Piston

The floating piston serves to separate the pneumatic and hydraulic cavities of the oleo

strut. The piston is floating since it is not connected to any form of actuation rod and

only serves as a dividing structure. The floating piston is illustrated in figure 7.6

Figure 7.6.: Floating Piston
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The floating piston has four sets of seals, two of which are pneumatic and two are

hydraulic. The hydraulic-pneumatic seal pair found on the outside of the floating piston

create a seal between the inner cylinder surface and floating piston. The hydraulic-

pneumatic seal pair found on the inside of the floating piston create a seal between the

floating piston and the rod of the orifice plunger. Finally the wear bearing prevents

horizontal forces on the floating piston from deforming the various seals.

Orifice Plunger

The orifice plunger is responsible for changing the size of the orifice of the suspension

system shown in figure 7.5. This adjusts the dampening effect of the suspension system

allowing semi-active suspension strategies to be implemented. These strategies are

explained in section 3.2.5. A technical drawing of the part can be seen in figure 7.7.

Figure 7.7.: Orifice Plunger

The orifice plunder is made in two parts this allows the plunger to be fitted to the lead

nut.
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Stepper Motor Assembly

The stepper motor assembly is responsible for controlling the size of the orifice through

the use of the orifice plunger. The stepper motor assembly is illustrated in figure 7.8

Figure 7.8.: Stepper Motor Assembly

The stepper motor is free floating, this means that the stepper motor is able to move

vertically with the orifice plunger, this is illustrated in figure 7.9.

Figure 7.9.: Vertical Movement of the Stepper Motor

129



The stepper motor is only able to move vertically and is prevented from rotating by

four rods which can be clearly seen in figure 7.9. The flexible beam coupling used in the

system allows tolerance in the alignment of the motor shaft of the stepper motor and

the orifice dampener rod. The beam coupling used was the MWC20-5-5-SS produced

by Ruland manufacturing, details for this coupling can be found in appendix L. The

beam coupling is illustrated in figure 7.10.

Figure 7.10.: Flexible Beam Coupling

The torque requirements of the stepper motor were calculated as illustrated in appendix

M. This result (0.010 N ·m) lead to the selection of the SS2421-5041 pancake bipolar

hybrid stepper motor from Sanyo Denki, this motor came with its own controller namely

the BS1D200P10. The data sheet for the stepper motor can be found in appendix N,

while the data sheet for the stepper motor driver can be found in appendix O. A picture

of the chosen stepper motor and chosen stepper motor driver can be found in figure

7.11.
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Figure 7.11.: Sanyo Denki Stepper Motor and Driver

7.2.2. Unsprung Assembly

The unsprung assembly contains the mechanum wheel, gearbox and drive motor. The

assembly is illustrated in figure 7.12 and figure 7.13.

Figure 7.12.: Unsprung Side Assembly (1)
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Figure 7.13.: Unsprung Side Assembly (2)

The unsprung assembly is able to actuate relative to the body of the AGV. This actua-

tion is done about the pivot bearing illustrated in figure 7.12, the actuation is performed

by the oleo strut which is attached via the oleo strut mounting rod (also shown in fig-

ure 7.12). This actuation style is consistent with the trailing edge suspension geometry

chosen using the order of merit table 6.1.

Unsprung Assembly Structural Framework

The physical structure that supports the components that make up the unsprung side

assembly were made from laser cut steel plate which were welded together. This struc-

ture is illustrated in figure 7.14.
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Figure 7.14.: Unsprung Assembly Structural Framework

As can be seen in figure 7.14, the unsprung assembly’s structural frame work contains

two bearings. One bearing takes both radial and trust loads while the second only

takes radial loads. The reason that a thrust bearing is needed is due to the nature

of mechanum wheels. They will always produce both radial and thrust forces during

motion this was proven in appendix I. The worst case scenario forces that the mechanum

shaft will experience due to the effects of the mechanum wheel are listed in table 5.5.

They are summarised again in table 7.1
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Table 7.1.: Resultant forces from Mechanum wheel

Force Magnitude

Thrust Reaction Force (Fslip) 1093.5 N

Gravitational Reaction Force (Fg) 2450 N

Forward Reaction Force (Fdrive) 1093.5 N

The forces described in table 7.1 are shown diagrammatically in figure 7.15.

Figure 7.15.: Schematic Diagram of Forces Caused by the Mechanum Wheel

Using the forces described in table 7.1 and shown in figure 7.15, it was possible to

calculate the forces acting on the thrust bearing at position B and radial bearing at
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position A. This calculation can be found in appendix P, while the results of these

calculations can be found in table 7.2.

Table 7.2.: Bearing Reaction Forces

Force Magnitude

Bearing A “Radial Bearing”

Force in The x Direction -230.42 N

Force in The y Direction -887.26 N

Force in The z Direction 0 N

Radial Force 916.69 N

Thrust Force 0 N

Bearing B “Thrust Bearing”

Force in The x Direction -863.08 N

Force in The y Direction -1562.74 N

Force in The z Direction 1093.50 N

Radial Force 1785.24 N

Thrust Force 1093.50 N

The bearing reactant force given in table 7.2 lead to the selection of the following

housed bearing units produced by SKF:

• Thrust Bearing : FY 25 TF

• Radial Bearing : FY 20 TF

Selection of Drive Motor and Gearbox

This section details which gearbox - drive motor pair were selected for use on the AGV.

The absolute maximum requirements for the drive motor were given in table 5.5. These
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requirements are summarised again in table 7.3.

Table 7.3.: AGV Drive Motor Requirements

Requirement Value

RPM 130.67 rpm

Required motor torque 146.91 N ·m

Required motor power 2010.27 W

Using the data given in table 7.3 a number of possible drive DC drive motors were

found to fulfil these requirements when paired with an appropriate gearbox. These

motors are listed below in table 7.5.

Table 7.4.: Possible Drive Motors

Designation Manufacturer Outputs Desc. Value

ETH 2.4/4.5/23-04 Kostov Motors Power 2.4 kW

Voltage 24 V

RPM 2300 rpm

Torque 9.96 N ·m

RET 30 Rotex Electric Power 10 kW

Voltage 63 V

RPM 2500 rpm

Torque 38 N ·m
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HPM3000B Golden Motor Power 3 kW

Voltage 48 V

RPM 3000 rpm

Torque 10 N ·m

ZD2973A Jinle Motor Power 3 kW

Voltage 24 V

RPM 2600 rpm

Torque 11 N ·m

DC48-3-28 Jinan Keya Electronic Co. Power 3 kW

Voltage 48 V

RPM 2800 rpm

Torque 10.2 N ·m

The appropriate sized gearbox for each DC listed motor was determined as listed in

table 7.5. Note that only standard sized gearboxes were evaluated, the standard sizes

are listed in table 5.6 and are:

• 1:5

• 1:7

• 1:10

• 1:15

• 1:20

• 1:28

• 1:40
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• 1:49

Table 7.5.: Gearbox and Motor Pairing

Motor Best Gearbox Output Value

Designation Gear Ratio

ETH 2.4/4.5/23-04 1:15 Output RPM 153.33 rpm

Torque Output 149.40 N ·m

Unused Power ≈ 390 W

RET 30 1:15 Output RPM 166.67 rpm

Torque Output 570 N ·m

Unused Power ≈ 7990 W

HPM3000B 1:20 Output RPM 150 rpm

Torque Output 200 N ·m

Unused Power ≈ 990 W

ZD2973A 1:15 Output RPM 173.33 rpm

Torque Output 165 N ·m

Unused Power ≈ 990W

DC48-3-28 1:20 Output RPM 140 rpm

Torque Output 204 N ·m

Unused Power ≈ 990 W

The gear ratio for each motor was determined by selecting the gearbox whose desired

motor RPM (table 5.6) most closely matched the maximum output RPM of the given
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motor (table 7.5), while still producing a torque (table 7.5) equal to or more than

the needed gearbox input torque (table 5.6). The reason that the unused power is

approximate has to do with the fact that the rated power was used for this calculation

rather than the power as a result of multiplying the output torque with output RPM.

This calculation can be found in equation 7.1.

Punused = Prated− Prequired = Prated − 2010.27 (7.1)

Punused = unused power capacity of the given motor W

Prated = rated power of the given motor W

Prequired = required motor power W

Although the best motor to use in the given list would be the ETH 2.4/4.5/23-04, as

it had the lowest unused power value, it was not readily available in South Africa. The

most easy to acquire motor, in South Africa (circa 2015) is the HPM3000B; thus this

motor was chosen for the final design. This motor also comes with it own controller,

namely the VEC200. The HPM3000B brushless DC motor and VEC200 controller can

be found in figure 7.16.

Figure 7.16.: HPM3000B Brushless DC Motor and VEC200 Controller

139



The 1:20 gearbox chosen to accompany the HPM3000B is produced by Varvel, des-

ignated the S-RT-60-B3-20-90-B14-AC-25-BTV-RH-90 right hand 90◦ worm gearbox.

This gearbox is illustrated in figure 7.17.

Figure 7.17.: S-RT-60-B3-20-90-B14-AC-25-BTV-RH-90 Worm Gearbox

The data sheets for the HPM3000B and VEC200 can be found in appendix Q ,while

the data sheet for the S-RT-60-B3-20-90-B14-AC-25-BTV-RH-90 right hand 90◦ worm

gearbox can be found in appendix R.

Mechanum Wheel

The mecanum wheel chosen for the AGV suspension-drive train system was the

MecanumWheelS (40-92-L). This mecanum wheel was produced by Donkey Motion

(Imetron) and is illustrated in figure 7.18.
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Figure 7.18.: MecanumWheelS (40-92-L)

7.2.3. Sprung Assembly

The sprung assembly is the section of the suspension-drive train unit that is attached

to the AGV. It allows the unsprung assembly to actuate relative to the AGV via the

oleo strut and the pivot bearings. The sprung assembly is illustrated in figure 7.19 and

figure 7.20.

Figure 7.19.: Sprung Assembly View 1
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Figure 7.20.: Sprung Assembly View 2

The services connection plate that can be seen in figure 7.20 contains the quick release

connection for the main 48 V DC power connection, communication connections (for

motor drivers and sensors) and the pneumatic connection that links to the AGV’s

air reservoir. The wear plates shown in figure 7.19 and 7.20 form part of the quick

attachment strategy between the AGV body and the suspension-drive train unit. This

system is further discussed in section 7.2.5.

Sprung Assembly Structural Framework

This section discusses the design of steel framework that makes up backbone of the

sprung assembly. This frame is illustrated in figure 7.21.
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Figure 7.21.: Sprung Assembly Structural Framework

The structural framework has two lips, on on each longitudinal side, that slides into

receiving grooves on the AGV side attachment. These lips along with quick release

lock pins holes allow for the rapid attachment and detachment of the suspension-drive

train unit from the AGV proper, fulfilling the quick attachment criteria outlined in the

design brief.

Linear Sensor

The linear sensor is used to measure the displacement, velocity and acceleration be-

tween the sprung and unsprung assemblies, this allows for the appropriate feedback.

This feedback is used to implement a semi-active suspension strategy as discussed in

section 3.2.5. The linear sensor chosen was the LP-50FP produced by Midori MAC.

This sensor is a 1 kΩ potentiometer type sensor which will operate between 0 and 10

volts, where 10 volts will represent 50 mm of stroke and 0 volts will represnt 0 mm of

stroke. This relationship is given in equation 7.2, while the potentiometer is illustrated

in figure 7.22.

d = 5V (7.2)
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d = displacement of sensor mm

V = Voltage over sensor V

Figure 7.22.: LP-50FP Linear Potentiometer

The relationship given in equation 7.2 is represented graphically in figure 7.23.

Figure 7.23.: Graph of LP-50FP Voltage versus Displacement

The linear potentiometer is also used to provide feedback during testing of the system
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to analyse whether the system is performing as theoretically predicted. Further detail

for this sensor can be found in the datasheet contained in appendix S.

Pneumatic Values

The pneumatic valves shown in figure 7.19 are responsible for controlling the volume of

air in the oleo strut. Which in turn allows the ride height of the AGV to be controlled.

Thus if more weight is added to the AGV, air can be added to the oleo strut to raise

the AGV back to the correct ride height; conversely if weight is removed from the AGV

it will ride too high, this is corrected by releasing air from the oleo strut. There are two

valves on the system, the first is responsible for venting excess air into the atmosphere;

while the second is responsible for adding air to the oleo strut from the AGV’s on-board

reservoir. The valves chosen for this task were the VZWD-L-M22C-M-G14-25-V-1P

solenoid valves from Festo. A datasheet for these valves can be found in appendix T

while the valve is illustrated in figure 7.24.

Figure 7.24.: VZWD-L-M22C-M-G14-25-V-1P Solenoid Valve

The static pressure (pressure under no dynamic actuation) in the oleo strut is expected

to be a maximum of 6.37 bars (under a quarter load of 250 kg) while the maximum

dynamic pressure is expected to be 9.17 bars. Since the pressure in the system will

approach 10 bars it was impossible to use a standard pneumatic control valve for the

control of the ride height of the suspension-drive train unit, thus two fluid control

valves were used instead. The pressure values were determined in section 4.6.2.
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Electronics Control Box

The electronics control box contains the electronic circuit boards and controllers rele-

vant to the suspension drive train system. This box is illustrated in figure 7.25, note

only the stepper motor driver is present.

Figure 7.25.: Electronics Control Box

7.2.4. Quick Attachment

The quick attachment is a part of the AGV’s body and provides a point where the

sprung mass can be attached to the AGV. This attachment is design to allow for rapid

attachment and removal of the suspension drive train unit. This assembly is illustrated

in figure 7.26.
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Figure 7.26.: AGV Quick Attachment Structure

7.2.5. Overall Mechanical Design

This section defines how the entire system fits together as well as how various features

of the system works. The entire system is shown in figure 7.27.
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Figure 7.27.: Full Suspension Drive Unit Assembly

Actuation of the Suspension System

As discussed previously in this text, the suspension selected for the suspension drive

unit was the trailing arm suspension system coupled with the oleo strut. The actuation

of this system is illustrated in figure 7.28.

Figure 7.28.: Actuation of the Suspension System

From figure 7.28 it can be seen that the system has a maximum stroke of 76 mm which
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satisfies the minimum stroke length of 20 mm defined in objectives of this project.

Quick Attachment / Detachment Strategy

The quick attachment allows the suspension drive train unit to be quickly attached

and detached from the body of the AGV. The manner by which this is achieved is

illustrated in figure 7.29 and figure 7.30 where figure 7.29 shows the system in the

attached state and figure 7.30 shows the system in the detached state.

Figure 7.29.: Quick Attachment / Detachment System in The "Attached Position"
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Figure 7.30.: Quick Attachment / Detachment System in The "Detached Position"

7.3. Electrical and Pneumatic Subsystems

This section discusses the electrical components and pneumatic components that will

be present on the AGV.

7.3.1. Electrical Subsystems Circuitry

The electrical components present on the AGV include the following:

• Linear Sensor Potentiometer

• Two Pneumatic Valves
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• Main BLDC Motor Driver

• Oleo Strut Stepper Motor

The quick attachment between the suspension-drive unit and the AGV body will have

two electrical couplings, the first will contain the 48 V DC power lines from the batteries

that will be used to power the main BLDC drive motor. The pins that will be found

in this connection include:

1. 48 V DC (from battery bank)

2. 0 V DC (from battery bank)

The second electrical coupling will contain the pins to connect the inputs and outputs

from the PLC along with the 24 V DC power lines from the AGV’s 24 V DC power

supply. The pins that can be found in this coupling, in detail, are:

1. 24 V DC (from AGV’s 24 V DC supply)

2. 0 V DC (from AGV’s 24 V DC supply)

3. Linear Sensor Output (PLC Analogue Input)

4. Main Motor Throttle (PLC Analogue Output)

5. Stepper Motor Monitor Signal (PLC Digital Input)

6. Stepper Motor Alarm signal (PLC Digital Input)

7. Stepper Motor Pulse Train (PLC High Speed Digital Output)

8. Pneumatic Valve Control Input 1 (PLC Digital Output)

9. Pneumatic Valve Control Input 2 (PLC Digital Output)

10. Main Motor Brake LOW (PLC Digital Output)

11. Main Motor Brake HIGH (PLC Digital Output)

12. Main Motor Rotation Direction (PLC Digital Output)

13. Main Motor e-lock (PLC Digital Output)
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14. Stepper Motor Direction (PLC Digital Output)

15. Stepper Motor Activation (PLC Digital Output)

The wiring of each component listed above is discussed in further details in the sub-

sections that follow.

Linear Sensor Potentiometer (LP-50FP)

The linear sensor potentiometer is used to evaluate the displacement, velocity and

acceleration of the sprung and unsprung assemblies relative to each other. The poten-

tiometer has a resistance of 1 kΩ and an operating voltage between 1 and 10 volts DC

(As dictated by the PLC analogue input range). Since 24 V DC is supplied to the PLC

electronics this voltage must be restricted to 10 V DC, which is done through the use

of a voltage divider. The voltage divider is shown in figure 7.31

The ratio of the voltage divider circuit was determined using equation 7.3

Vo
Vi

=
Rsensor

R1 +Rsensor

(7.3)

Vi = supply voltage V

Vo = output voltage to PLC V

R1 = R1 resistance Ω

Rsensor = linear sensor resistance (1 kΩ) V

Reworking equation 7.3 reveals that:

R1 = Rsensor

(
Vi
Vo

)
−Rsensor

∴ R1 = 1× 103
(

24
10

)
− 1× 103

∴ R1 = 1.4kΩ

(7.4)
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Figure 7.31.: Electrical Diagram of the Liner Sensor

In figure 7.31 PLC_AI_1 represents an analogue input for the s7-1200 PLC. The

24 V DC supply voltage and ground shown in figure 7.31 are powered by the AGV’s

on-board 24 V DC power system.

Oleo Strut Pneumatic Control Valves (VZWD-L-M22C-M-G14-25-V-1P)

The Oleo strut pneumatic control valves are responsible for controlling the ride height

of the suspension-drive train by either adding or removing air from the oleo strut. The

valves themselves are normally closed (NC) and open when 24 V DC is placed across

them. In order to protect the PLC from over current draw the valves are not directly

actuated by the PLC but are rather driven through relays. The electrical setup for the

valves is illustrated in figure 7.32.
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Figure 7.32.: Electrical Diagram of the Pneumatic Valve Controls

In figure 7.32 K1 and K2 are the single pole - single throw relays used to control the

pneumatic valves, Valve_1 and Valve_2 are the solenoid used to open the pneumatic

valves and PLC_DO_1 and PLC_DO_2 are two digital outputs on the PLC.

Main Drive Motor Driver (VEC200)

The main drive motor driver or VEC200 is used to control the the brushless DC motor

the drives the mechanum wheel. The setup of the controller is illustrated in figure

7.33. The control electronics for the VEC200 are 5 V DC, hence the inclusion of
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the MCT6 opto-isolators which allow the PLC’s 12 V DC to control the controller’s

5 V DC circuits. The analogue input for the VEC200, which controls the throttle,

ranges between 0-5 V DC, thus a voltage divider circuit which halves the PLC’s 0-

10 V DC analogue output was included. In order for the controller to activate a 48

V DC voltage must be present on the e-lock pin of the VEC200, this voltage was made

available through the use of a relay coupled to the battery bank’s 48 V DC.

The controller is capable of two braking modes, these modes are LOW and HIGH, as

is to be expected the HIGH braking mode is stronger than the LOW braking mode

however regenerative breaking works better in LOW braking mode. The direction of

rotation of the motor is controlled by a placing either 5 V DC or 12 V DC on the motor

direction pin of the VEC200. If 0 V DC is present the motor spins "forward", however

if 5 V DC is present the motor spins in "reverse".

In figure 7.33 PLC_DO_1 to PLC_DO_4 represent digital outputs of the PLC, while

PLC_AO_1 represents an analogue output of the PLC.
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Figure 7.33.: Electrical Diagram of the Main Drive Motor Controller
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Stepper Motor Controller (BS1D200P10)

The stepper motor is responsible for controlling the orifice size in the oleo strut which

in turn controls the amount of dampening in the suspension system. Wiring of the

BS1D200P10 stepper motor controller is illustrated in 7.35. The stepper motor driver

require 5 V DC in order to operate, this voltage is created throught the use of the

LM138 variable voltage regulator which is able to convert 24 V DC into 5V DC when

set up as shown in figure 7.34

Figure 7.34.: 24 V DC to 5 V DC Conversion Circuit
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Figure 7.35.: Electrical Diagram of the Stepper Motor Controller

All of the digital I/O’s from the PLC that communicate with the digital I/O’s of
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the stepper motor controller are all opto-coupled using the MCT6 opto-isolator. This

allows the 24 V DC PLC to communicate with the 5 V DC controller. PLC_DO_1

to PLC_DO_3 in figure 7.35 represent digital outputs of the PLC while PLC_DI_1

and PLC_DI_2 represent digital inputs of the PLC.

7.3.2. Electrical Subsystems Veroboard

The design of the physical veroboard that will be used to support the circuitry shown

in figures 7.31, 7.32, 7.33, 7.34 and 7.35. The circuit were placed on two separate

boards, due to space restrictions. These boards will be mounted on top of one another

in the electronics control box using spacers. (the electronics control box can be found

in figure 7.25). The veroboards are illustrated in figures 7.36 and 7.37.

Figure 7.36.: Component Veroboard 1
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Figure 7.37.: Component Veroboard 2

The veroboard shown in figure 7.36 contains the circuits illustrated in figures 7.31,

7.32 and 7.33. That is to say that the conditioning circuit for the linear sensor, the

control circuit for the pneumatic valves and the interfacing circuit for the VEC200

are contained on this veroboard. The second veroboard, in figure 7.37, contains the 5

V DC supply circuit and the interfacing circuit for the stepper motor (figures 7.34 and

7.35). It is to be noted that in figure 7.37 the voltage regulator LM138K is not present,

this is due to the fact that it requires heat-sinking and will be heat-sunk against the

body of the electronics control box. It will then be attached to the veroboard, through

flexible cable, via on of the screw terminal sets.

7.3.3. Pneumatic Subsystems

The pneumatic subsystems of the suspension-drive train are relatively simple as they

only consist of two electro-pneumatic values. One valve is responsible for allowing air
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to flow from a reservoir into the oleo strut while the other allows air to be vented into

the atmosphere. A pneumatic diagram of the system is illustrated in figure 7.38

Figure 7.38.: Pnuematic Diagram for the Suspension-Drive Train System

7.4. Chapter Conclusion

In this chapter the design of the suspension-drive train was finalised, this finalisation

included the selection of all the standard parts, performing necessary calculations and

the design of custom parts. This created a complete CAD model of the suspension-drive

train system that could be used to create a working unit.
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8 Non-Technical Analysis

8.1. Cost

The initial estimated cost of the suspension-drive train, which was calculated before

purchasing and manufacture began, was estimated to be R 47 591,10. While the actual

cost of the project was calculated to be R 48 370,67. A breakdown of these two costs

can be found in appendix U. A simplified breakdown of the project is also contained

in table 8.1.

Table 8.1.: Total Cost of the Suspension Drive Unit

Sub-Assembly Cost Estimated Cost Actual Cost

Total Cost of Oleo Strut R 4 789.35 R 3 237.44

Total Cost of Drive Train R 42 041.75 R 44 618.83

Total Cost of AGV Side Mounting R 760.00 R 574.40

Grand Total Cost R 47 591.10 R 48 370.67

8.2. Impact on Society and the Environment

In depth research with regard to both environmental impact and societal impact are

beyond the scope of this paper, however, a basic analysis will be performed in the
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sections that follow.

8.2.1. Impact on Society

As with any form of automation there will be a loss of jobs. The material handling

AGV which the suspension drive train will form a part of will replace unskilled workers

such as forklift drivers and labourers. Though the loss of jobs through automation is

unfortunate it is necessary. This is due to global competition which promotes the idea

that a process that reduces either cost or improves efficiency will always be preferred

over a process that does not. Hence automation will always be chosen over manual

labour.

The trend of automation over manual process is supported by global statistics which

show that the world market for process automation has increased, on average, by

5.1% between 2005 and 2010 and was worth approximately 94.2 billion US Dollars in

2010.[42]. After 2010 the average growth of the automation industry increased to 6%

per annum with the market share worth 152 billion US Dollars in 2013.[43].

Although the implementation of the material handling AGVs (and the suspension -

drive train by association) will cause the loss of unskilled jobs it will create new skilled

niche jobs. Such as AGV programmers, AGV route analysts, AGV centred industrial

engineers and AGV mechanics. This movement from unskilled jobs to skilled jobs and

semi-skilled jobs in industry can be beneficial to society in the long run, as the increased

worker competence levels demanded by industry forces an increase in the mean level

of education in the country that supports the industry.

8.2.2. Environmental Impact

This section evaluates the environmental impact causes by the Suspension Drive Unit

and not the AGV as a whole.

Most of the Suspension Drive Train unit structure is made from carbon steel and
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aluminium, both of these material are easily recycled through sorting an smelting.

The motor, gearbox and electronic system are also easily recycled as the processes

used to perform recycling of these products are well established. The only components

that present difficulty in terms of recyclability are all of the plastic components.

The Suspension-Drive Unit’s potential operation carbon footprint is significantly lower

than that of the existing transportation strategies currently employed at VWSA. This

is because VWSA currently use a significant amount of internal combustion engine

driven transport system which produce "greenhouse gasses". The Suspension Drive

Train System by comparison uses electrical power supplied by the AGV’s on-board

batteries, provided that the power to charge the batteries is obtained from a clean

energy source, the Suspension-Drive train unit will be operationally carbon neutral.

8.3. Project Time Frame

Due to problem with the manufacturers and suppliers the project ran over the initial

estimated time frame the actual project time frame can be found in figure 8.1.

164



Figure 8.1.: Actual Project Time frame

8.4. Chapter Conclusion

This chapter contained the data relating to the cost of the project, the perceived

environmental impact, the perceived sociological impact and tame frame of the project.
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9 Conclusion

9.1. Fulfilment of Hypothesis Requirements

Discussion

At the completion of this project the goals set forward for this project were met. Thus

it can be said that a suspension-drive train unit capable of supporting a load of 250 kg

could be created (1000 kg on a four wheeled AGV). The following conclusions for the

project can be drawn.

Suspension System Conclusion

It was proven that through the use of an oleo strut; a semi-active suspension system

could be created where the dampening co-efficient of the suspension system could be

controlled along with the ride height to produce a system that had a very smooth

ride and could keep the mechanum wheel in contact with the driving surface. The

suspension system was shown, through simulation, to be capable of traversing a 10

mm high by 20 mm wide bump at 1.3 m/s. The suspension system reduced the vertical

displacement of the AGV’s body from 10 mm to 1.2 mm, a reduction of 88%. The

vertical velocity of the AGV’s body was reduced from 3.5 m/s of the wheel to 0.12

m/s, an isolation of 96.57%. Finally the oleo suspension system reduced the vertical

vibration of the AGV’s body by 93.33% when compared to the vibration felt by the

wheels.

Drive Train Conclusion
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It was possible to design a drive train system that ran off of 48 V DC that was capable

of travelling at 1.3 m/s while carrying a total load of 250 kg (1 000 kg for a four wheeled

AGV). This drive train system was also capable of omni-directional motion, due to the

use of mechanum wheels.

Other Conclusions

Due to the design of the suspension-drive train system, the system can easily be de-

tached from the AGV’s body (thanks to the quick attachment strategy) by a skilled

technician in under 5 minutes. It was concluded in the non-technical analysis of the

AGV that a system that makes use of this suspension-drive train unit is more environ-

mentally friendly than existing material systems. Also concluded in the non-technical

section was the fact that the AGV has a neutral social impact as although it replaces

unskilled workers, it creates new semi-skilled jobs.

9.2. Fulfilled objectives

The following objects were fulfilled:

1. The maximum weight the AGV could handle was 1000 kg, thus each drive unit

was able to handle a load of 250 kg (provided there are four drive units)

2. The drive unit was modular in design and was detachable from the rest of the

AGV

3. The suspension system was able to handle a deviation in the driving plane of

10 mm when fully loaded, by maintaining all wheels in contact with the driving

plane

4. The AGV could reach a speed of 1.3 m/s

5. The system is safe to use in a factory environment and was designed to tolerate

the conditions typically present in such an environment

6. It is possible to remove the suspension-dive unit from the AGV in under 5 min
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7. The suspension-drive train unit was able to run off of the 24 V DC and 48 V DC

available on the AGV.

9.3. Possible Future Improvements

After the completion of the design a couple of areas were identified that could be im-

proved. For starters the cost of the system was high, this could be reduced significantly

if mechanum wheels were to be produced in-house instead of being imported from Ger-

many. The cost of the oleo strut could also be reduced by using standardised hydraulic

ram tube which comes in standard lengths and diameters (the existence of these pipes

was only discovered after completion of the oleo strut design). The size of the stepper

motor could also be increased to a unit that provides more torque, as any misalignment

of the orifice plunger produces unforeseen forces that the stepper motor must contend

with. The design can also be reworked to have more points of adjustment so that

the accuracy and tolerance of the various parts can be reduced to reduce the cost of

manufacture.

9.4. Chapter Conclusion

This chapter served to conclude the results of the project and illustrated that the

hypothesis and objectives put forward were met. This chapter also included possible

future improvements to the suspension-drive train system.
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A Appendix - Mathematical and

Simulink Model Development of

the Pure Mechanical and Airspring

Mechanical Spring Dampener Sys-

tem

This appendix deals with the development of the mathematical and Simulink model

of the pure mechanical spring dampener system. That will be used to simulate this

system’s response characteristics.

A.1. Mathematical Model

To develop the transfer equation for this system it is first necessary to define the force

within it using figure A.1.

170



Figure A.1.: Block Diagram of the Pure Mechanical Spring Dampener System

A.1.1. Forces on the Suspensions System

The forces acting on the sprung mass are as follows:

Force 1: Inertia of sprung mass

F1 = mx′′ (A.1)

m = vehicle quarter mass kg

Force 2: The force of the dampener

F2 = B(x′ − y′) (A.2)

B = dampener dampening coefficient N ·s/m
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Force 3: The force of the spring

F3 = k(x− y) (A.3)

k = spring constant N/m

A.1.2. Transfer Equation

The transfer equation for the pure mechanical and air spring mechanical spring-

dampener system can be derived as follows.

F1 + F2 + F3 = 0 (A.4)

Thus substituting in equation A.1, equation A.2 and equation A.3 into equation A.4

will yield equation A.5:

mx′′ +B(x′ − y′) + k(x− y) = 0 (A.5)

Since z = x− y and x′′ = z′′ + y′′, equation A.5 can be written as equation A.6:

m(z′′ + y′′) +Bz′ + kz = 0 (A.6)

Thus:

mz′′ +Bz′ + kz = −my′′ (A.7)

Since y′′ = awheel:

mz′′ +Bz′ + kz = −mawheel (A.8)
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Taking the Laplace transform of equation A.8 gives equations A.9 and A.10:

Z(ms2 +Bs+ k) = −mA (A.9)

∴ Z =

(
1

ms2 +Bs+ k

)
(−mA) (A.10)

A.2. Matlab Simulink Model

Using the transfer function created in equation A.10, the Simulink model was cre-

ated for the pure mechanical and airspring mechanical spring dampener systems as

illustrated in figures A.2, figure A.3 and figure A.4.

Figure A.2.: Physical Model Subsystem
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Figure A.3.: Output Conditioner Subsystem
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Figure A.4.: Main Simulink File for the Pure Mechanical and Airspring Mechanical

Spring-Dampener System

Where the URP is a custom input signal that generates the acceleration profile con-

sistent with the suspension system travelling over a bump that is 20 mm long and 10

mm high, see section 4.1 for more details. The transfer equation developed in equation

A.10 is implemented in the subsystem shown in figure A.2. The coding used to drive

the Simulink model illustrated in figure A.2, figure A.3 and figure A.3 can be found in

figures A.5 and A.6.

175



Figure A.5.: Mechanical/Airspring Suspension Simulation Matlab Code (1)
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Figure A.6.: Mechanical/Airspring Suspension Simulation Matlab Code (2)
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B Appendix - Continental SK 37-8

P02 Airspring Data Sheet

Figure B.1.: Data Sheet for SK 37-8P02 Airspring (1)
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Figure B.2.: Data Sheet for SK 37-8P02 Airspring (2)
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C Appendix - Difference in Behaviour

of a Fixed Geometry Air spring and

a Mechanical Spring

To understand the differing spring effects between a traditional mechanical spring and

an airspring both springs will be analysed as if they were exerting a force (F ) on an

object that has a fixed area (Ae) if they are both compressed by a given distance (x).

C.1. Mathematical Model of a Mechanical Spring

For a mechanical spring, the relationship between the force exerted by the spring is

directly related to the distance it is compressed through a constant. This relationship

is given in equation C.1.

F = k∆x1 (C.1)

F = force of spring N

k = spring constant N/m

∆x = spring displacement m

1Equation from Jewett & Serway (2010:173)[33]
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C.2. Mathematical Model of a Fixed Geometry

Airspring

For the purpose of this derivation an isothermal system will be modelled, that is to say

that the temperature of the airspring will remain constant throughout its operation.

Since the force exerted by the airspring is due to the pressure of the column of air,

the relationship between pressure with reference to the spring’s displacement must be

determined. This is done using Boyle’s law which is illustrated in equation C.2:

P1V1 = P2V2 = C2 (C.2)

P1 = initial pressure Pa

P2 = final pressure Pa

V1 = initial volume m3

V2 = final volume m3

C = constant unitless

Thus equation C.2 can be rewritten as equation C.3 :

P2 = P1

(
V1

V2

)
(C.3)

If equation C.4 is proposed such that:

∆P = P2 − P1 (C.4)

Substituting equation C.3 into equation C.4 yields equation C.5 and ultimately equa-

tion C.6:
2Equation from Boundless (2015:¶4)[35]
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∆P = P1

(
V1

V2

)
− P1 (C.5)

∆P = P1

(
V1

V2

− 1

)
(C.6)

Since V2 = V1 −∆V , equation :

V1

V2

=
V1

V1 − 1
(C.7)

And:

V1 = l1Ae = x1Ae (C.8)

l1 = initial airspring length m

Ae = airspring cross-sectional area m2

Since the cross sectional area of the airspring is constant, due to the fact that the

geometry of the airspring is fixed, the change in volume of the airspring will be due to

its change in length only:

∆V = ∆lAe = ∆xAe (C.9)

Thus:

V1

V2

=
x1Ae

x1Ae −∆xAe
(C.10)

∴
V1

V2

=
Aex1

Ae(x1 −∆x)
(C.11)

182



∴
V1

V2

=
x1

x1 −∆x
(C.12)

Substituting equation C.12 into C.6 will yield equation C.13:

∆P = P1

(
x1

x1 −∆x
− 1

)
(C.13)

The change in pressure, ∆P , is then translated into a force using Pascal’s law which

states that:

P =
F

Ae
3 (C.14)

P = pressure Pa

F = force exerted by pressure N

Ae = cross-sectional area that pressure acts on m2

Rearranging equation C.14 gives equation C.15:

F = PAe = ∆PAe (C.15)

Substituting equation C.13 into C.15 yields equationC.16:

F = P1

(
x1

x1 −∆x
− 1

)
Ae (C.16)

C.3. Comparison of the Two Spring Responses

The behaviours of a pure mechanical and fixed geometry airspring, with similar output

behaviours, can be seen in figure C.1.
3Equation from Jewett & Serway (2010:403)[33]
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Figure C.1.: Comparison of Airspring to Equivalent Mechanical Spring

The relationship between force and displacement for the mechanical spring was deter-

mined using equation C.1. While the relationship between force and displacement for

the airspring was determined using equation C.16. The specifications for the mechan-

ical spring and airspring used to create figure C.1 can be found in table C.1.
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Table C.1.: Mechanical Spring and Airspring Specifications for figure C.1

Parameter Value

Initial Length of Airspring (x1) 30 mm

Initial Pressure of Airspring (P1) 6.37 bar

Cross-sectional Area of Airspring (Ae) 6.4 ×10−3 m2

Spring Constant of Mechanical Spring (k) 139.78 ×10−3 N/m

It can clearly be seen from figure C.1 that there is a non-linear relationship between

the displacement of the airspring and the output force of the spring. This is in contrast

with the linear relationship of the mechanical spring also shown in figure C.1.
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D Mathematical and Simulink Model

Development of the Servo Actu-

ated Spring Dampener System

This appendix deals with the development of a mathematical and Simulink model in

order to simulate the response of a servo actuated spring-dampener system.

D.1. Mathematical Model

The equations of motion for this system are developed with the aid of the block diagram

given in figure D.1.

Figure D.1.: Block Diagram of the Servo Actuated Spring Dampener System
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D.1.1. Forces Acting on the System

The forces acting on the servo actuated spring dampener system are summarized in

the sections that follow.

Force 1: Inertia of the sprung mass

F1 = mx′′ (D.1)

m = quarter mass of vehicle kg

Force 2: The force of the spring

F2 = k(x− y) (D.2)

k = spring constant N/m

Force 3: The force developed by the servo motor

F3 = Tnet

(
1

r

)
(D.3)

Tnet = motor output torque Nm

r = radius of pinion (rack and pinion) m

The torque developed by the motor in equation D.3 is given in equation D.4:

Tnet = Tm − (Jmθ
′′ +Bmθ

′) (D.4)
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Tm = theoretical motor torque N ·m

Jm = rotational inertia of motor kg ·m2

Bm = viscous friction rotational dampening coefficient N ·m·s/rad

θ′ = motor shaft angular velocity rad/s

θ′′ = motor shaft angular acceleration rad/s2

Substituting equation D.4 into equation D.3 yields:

F3 = (Tm − (Jmθ
′′ +Bmθ

′))
1

r
(D.5)

Since θ′ = z′/r and θ′′ = z′′/r, equation D.5 becomes equation D.6:

F3 =

(
Tm − Jm

(
z′′

r

)
+Bm

(
z′

r

))
1

r
(D.6)

D.1.2. Transfer Function

The transfer function for the servo actuated spring dampener function is developed as

follows:

F1 + F2 = F3 (D.7)

Thus substituting equations D.1, D.2 and D.6 into equation D.7 will yield:

mx′′ + k(x− y) =

(
Tm − Jm

(
z′′

r

)
+Bm

(
z′

r

))
1

r
(D.8)

Since z = x− y and x′′ = z′′ + y′′:

m(z′′ + y′′) + kz =

(
1

r

)
Tm − Jm

(
z′′

r2

)
−Bm

(
z′

r2

)
(D.9)
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Equation D.9 can be rewritten as equation D.10:

mz′′ + kz =

(
1

r

)
Tm − Jm

(
z′′

r2

)
−Bm

(
z′

r2

)
−my′′ (D.10)

Since y′′ = awheel:

mz′′ + kz =

(
1

r

)
Tm − Jm

(
z′′

r2

)
−Bm

(
z′

r2

)
−mawheel (D.11)

Thus:

z′′
(
m+ Jm

(
1

r2

))
+ z′

(
Bm

(
1

r2

))
+ zk =

(
1

r

)
Tm −mawheel (D.12)

Taking the Laplace transform of equation D.12 gives:

Zs2

(
m+ Jm

(
1

r2

))
+ Zs

(
Bm

(
1

r2

))
+ Zk =

(
1

r

)
T̂m −mAwheel (D.13)

∴ Z

[
s2

(
m+ Jm

(
1

r2

))
+ s

(
Bm

(
1

r2

))
+ k

]
=

(
1

r

)
T̂m −mAwheel (D.14)

∴ Z

(
1

r2

)[
s2(r2m+ Jm) + sBm + r2k

]
=

(
1

r

)
T̂m −mAwheel (D.15)

∴ Z

(
1

r

)[
s2(r2m+ Jm) + sBm + r2k

]
= T̂m −mrAwheel (D.16)

Thus equation D.16 in input/output format gives equation D.17:

Z = r

(
1

(r2m+ Jm)s2 +Bms+ r2k

)[
T̂m −mrAwheel

]
(D.17)
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D.2. Matlab Simulink Model

Using the transfer function created in equation D.17 was used to create a Matlab

Simulink model of the servo actuated spring dampener system. This Simulink model

is shown in figures D.2, D.3, D.4, D.5 and D.6.

Figure D.2.: Linear Pot Subsystem

Figure D.3.: Output Conditioner Subsystem
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Figure D.4.: Physical Model Subsystem (1)
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Figure D.5.: Physical Model Subsystem (2)
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Figure D.6.: Main Simulink File for the Servo Actuated Spring Dampener System
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Where in figure D.6, the URP is a custom input signal that generates the acceleration

profile consistent with the suspension system travelling over a bump that is 10 mm

long and 20 mm high, see section 4.1 for more details. The transfer equation developed

in equation D.17 is implemented in the subsystem shown in figures D.4 and D.5.

The “PLC Voltage Saturation” limit in figure D.6 refers to the maximum and minimum

voltages that a typical Siemens PLC can output as analogue voltages. This range is

between -10 V DC and 10 V DC. The “Current Clamp”, in figure D.4, limit refers to

the maximum and minimum voltages that can be handled by the motor, these limits

are between -CurrentClamp and +CurrentClamp (see code in figures D.7, D.8, D.9,

D.10 and D.11).

The coding used to drive the Simulink model described in figures D.2, D.3, D.4, D.5

and D.6 can be seen below:
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Figure D.7.: Servo Actuated Suspension Matlab Simulation Code (1)
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Figure D.8.: Servo Actuated Suspension Matlab Simulation Code (2)
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Figure D.9.: Servo Actuated Suspension Matlab Simulation Code (3)

197



Figure D.10.: Servo Actuated Suspension Matlab Simulation Code (4)
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Figure D.11.: Servo Actuated Suspension Matlab Simulation Code (5)
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E RS 30 W Servo Motor, 24 V dc,

12nm, 1600 rpm Datasheet

Figure E.1.: Data Sheet for 30W Servo Motor Airspring (1)
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Figure E.2.: Data Sheet for 30W Servo Motor Airspring (2)
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F Mathematical and Simulink Model

Development of the Hydro-

Pneumatic Spring Dampener Sys-

tem

This appendix deals with the development of a mathematical and Simulation model to

simulate the response of a hydro-pneumatic spring dampener system.

F.1. Mathematical Model

The equations of motion and transfer function of this system were developed with the

aid of figure F.1.
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Figure F.1.: Block Diagram of the Hydro-Pneumatic Dampener System

F.1.1. Forces Acting on the System

The forces acting on the hydro-pneumatic spring dampener system are summarized in

the sections that follow.

Force 1: Inertia of the sprung mass

F1 = mx′′ (F.1)

m = quarter mass of vehicle kg

Since x′′ = z′′ + y′′, equation F.1 can be rewritten as equation F.2:

F1 = m(z′′ + y′′) (F.2)

Force 2: Spring force of air bladder

Force 2 in terms of the air bladder cross-sectional area (Fα):

Fα = kh (F.3)
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Fα = spring force (relative to air bladder) N

k = spring constant of air bladder N/m

h = air bladder displacement m

Using the relation P = F/Ac it is possible to get rewrite equation F.3 as equation F.4:

P2 =
Fα

Aair_bladder
=

kh

Aair_bladder
(F.4)

Aact_cylinder = actuating cylinder cross-sectional area m2

Aair_bladder = air bladder cross-sectional area m2

Using the relationship P = F/Ac again it is possible to get equation F.4 into resultant

force form as shown in equation F.5:

F2 = ∆P2Aact_cylinder = Aact_cylinder

(
kh

Aair_bladder

)
(F.5)

Using Pascals law (equation F.6):

FA
AA

=
FB
AB

(F.6)

FA = force on cylinder A’s cross-sectional area N

FB = force on cylinder B’s cross-sectional area N

AA = cross-sectional area of cylinder A m2

AB = cross-sectional area of cylinder B m2

The relationship described in equation F.6 can be used to create equation F.7:
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h =

(
Aact_cylinder

Aair_bladder

)
z (F.7)

Thus equation F.5 can be written as equation F.8 by substituting in equation F.7:

F2 = (Aact_cylinder)
2

[(
1

Aair_bladder

)2

k

]
z (F.8)

Force 3: Fluid inductance force in pipe l1

Since the pressure drop caused by fluid inductance is defined as (equation F.9):

∆P = Lq′ (F.9)

Where L is defined as (equation F.10):

L =
ρl1

Apipe_1

(F.10)

Apipe_1 = Cross-sectional area of pipe 1 (l1) m2

q′ = Volume flow acceleration m2

Thus:

∆P3 =

(
ρl1

Apipe_1

)
q′ (F.11)

Since q′ = Aact_cylinderz
′′, equation F.11 can be written as equation F.12:

∆P3 =

(
ρl1

Apipe_1

)
(Aact_cylinderz

′′) (F.12)

Due to the relationship P = F/Ac, equation F.12 can be manipulated to create equation

F.13.
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F3 = ∆P3Aact_cylinder = (Aact_cylinder)
2

(
ρl1
Apipe1

)
z′′ (F.13)

Force 4: Fluid friction force in pipe l1

Pressure drop caused by friction in pipe l1:

∆P4 = (Rpipe_1)ρq (F.14)

Rpipe_1 = Fluid resistance N ·s/m5

q = Volume flow rate m3/s

Since q = Aact_cyclinderz
′ equation F.14 becomes equation F.15:

∆P4 = (Rpipe_1)ρ(Aact_cyclinderz
′) (F.15)

Using the relationship P = F/Ac equation F.15 can be rewritten as F.16.

F4 = ∆P4Aact_cyclinder = (Aact_cyclinder)
2Rpipe_1ρz

′ (F.16)

Where in equation F.16:

Rpipe_1 =
32µl1

Apipe_1(d2
h1)

(F.17)

And:

d2
h1 =

4Apipe_1

2πrpipe_1

(F.18)
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dh1 = hydraulic diameter of pipe 1 m

rpipe_1 = radius of pipe 1 m

Force 5: Resistance force caused by valve in pipe l2

∆P5 = Rthrottle(ρq)
n (F.19)

n = fluid shock loss co-efficient m

Since q = vAc = Aact_cylinderz
′

∆P5 = Rthrottle(ρAact_cylinderz
′)n (F.20)

Using the relationship P = F/Ac equation F.20 can be written as equation F.21

F5 = Aact_cylinder(∆P5) = Aact_cylinder(Rthrottle)(ρAact_cylinderz
′)n (F.21)

Force 6: Fluid inductance force in pipe l2

∆P6 = Lq′ (F.22)

Since

L = ρ

(
l2

Apipe_2

)
(F.23)

And:

q′ = Aact_cylinderz
′′ (F.24)
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Equation F.22 becomes equation F.25

∴ ∆P6 = Aact_cylinder

[
ρ

(
l2

Apipe_2

)]
z′′ (F.25)

Using the relationship P = F/Ac equation F.25 can be written as equation F.26

F6 = Aact_cylinder∆P6 = (Aact_cylinder)
2

[
ρ

(
l2

Apipe_2

)]
z′′ (F.26)

Force 7: Fluid frictional force in pipe l2

∆P7 = Rpipe_2ρq (F.27)

Since q = Aact_cylinderz
′, equation F.27 becomes equation F.28

∆P7 = Rpipe_2ρ(Aact_cylinderz
′) (F.28)

Using the relationship P = F/Ac equation F.28 becomes F.29

F7 = Aact_cylinder∆P7 = (Aact_cylinder)
2(Rpipe_2ρ)z′ (F.29)

Force 8: Fluid capacitive effect of reservoir

Fluid capacitive effect is defined in equation F.30

q = CP ′8 (F.30)

C = Fluid capacitance m5/N

Where:
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P ′8 =

(
1

C

)
q (F.31)

Thus:

P8 =

(
1

C

)[∫
q dt

]
=

(
1

C

)
Vact_cylinder (F.32)

Since the volume of the actuation cylinder is defined as Vact_cylinder = Aact_cylinderz,

equation F.30 becomes equation F.33:

P8 =
1

C
(Aact_cylinderz) (F.33)

Using the relationship P = F/Ac, equation F.33 becomes equation F.34:

F8 = Aact_cylinderP8 = (Aact_cylinder)
2

(
1

C

)
z (F.34)

F.1.2. Transfer Function

The transfer function for the hydro-pneumatic suspension system is developed as fol-

lows:

F1 + F2 + F3 + F4 + F5 + F6 + F7 + F8 = 0 (F.35)

Thus substituting in equations F.2, F.8, F.13, F.16, F.21, F.26, F.29 and F.34 will

yield:
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[mz′′] +

[
(Aact_cylinder)

2
(

1
Aair_bladder

)2

kz

]
+
[
(Aact_cylinder)

2
(

ρl1
Apipe1

)
z′′
]

+
[
(Aact_cylinder)

2Rpipe_1ρz
′]+

[
Aact_cylinder(Rthrottle)(ρAact_cylinderz

′)n
]

+
[
(Aact_cylinder)

2
[
ρ
(

l2
Apipe_2

)]
z′′
]

+
[
(Aact_cylinder)

2(Rpipe_2ρ)z′
]

+
[
(Aact_cylinder)

2
(

1
C

)
z
]

= −my′′

(F.36)

The throttling value (Rthrottle) can be approximated as an orifice and as such n = 2 in

equation F.36, thus:

[
(Aact_cylinder)

2ρ
(

l1
Apipe_1

+ l2
Apipe_2

)
+m

]
z′′

+
[
(Aact_cylinder)

2ρ(Rpipe_1 +Rpipe_2 +Rthrottle)
]
z′

+

[
(Aact_cylinder)

2

((
1

Aair_bladder

)2

k + 1
C

)]
= −my′′

(F.37)

Taking the Laplace transform of equation F.37 will create equation F.38:

Z
[
(Aact_cylinder)

2ρ
(

l1
Apipe_1

+ l2
Apipe_2

)
+m

]
s2

+Z
[
(Aact_cylinder)

2ρ(Rpipe_1 +Rpipe_2 +Rthrottle)
]
s

+Z

[
(Aact_cylinder)

2

((
1

Aair_bladder

)2

k + 1
C

)]
= −mA

(F.38)

Where A = L {y′′} in equation F.38. Taking out he common factor Z from equation

F.38 produces equation F.39:

Z
{[

(Aact_cylinder)
2ρ
(

l1
Apipe_1

+ l2
Apipe_2

)
+m

]
s2

+
[
(Aact_cylinder)

2ρ(Rpipe_1 +Rpipe_2 +Rthrottle)
]
s

+

[
(Aact_cylinder)

2

((
1

Aair_bladder

)2

k + 1
C

)]}
= −mA

(F.39)

Equation F.39 is rearranged, as illustrated in equation F.40, to give the input-output

equation of the hydro-pneumatic suspension system.
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Z =

(
1[

(Aact_cylinder)2ρ

(
l1

Apipe_1
+

l2
Apipe_2

)
+m

]
s2+[(Aact_cylinder)2ρ(Rpipe_1+Rpipe_2+Rthrottle)]s

+

[
(Aact_cylinder)2

((
1

Aair_bladder

)2

k+ 1
C

)]
 (−mA)

(F.40)

F.2. Matlab Simulink Model

Using the transfer equation developed in equation F.40 it was possible to create a

Matlab Simulink model to simulate the response of a hydro-pneumatic suspension

system. The Simulink model is illustrated in figures F.2, F.3 and F.4.
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Figure F.2.: Output Conditioner Subsystem

Figure F.3.: Transfer Function Subsystem
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Figure F.4.: Main Simulink File for the Hydro-Pneumatic Spring Dampener System

The URP in figure F.4 is a custom function that simulates a bump in the driving

surface that is 20mm long and 10mm high. The code used to drive the Simulink model

is given in the figures F.5, F.6, F.7 and F.8.
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Figure F.5.: Hydro-Pneumatic Suspension Matlab Simulation Code (1)
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Figure F.6.: Hydro-Pneumatic Suspension Matlab Simulation Code (2)
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Figure F.7.: Hydro-Pneumatic Suspension Matlab Simulation Code (3)
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Figure F.8.: Hydro-Pneumatic Suspension Matlab Simulation Code (4)
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G Fluid Inductance Contributing

Factors

The factors that contribute to the magnitude of the fluid inductive force for a given

mass of fluid in a pipe is determined in the equations that follow. The pressure drop

caused by fluid inductance between the start and end of any pipe is defined in equation

G.1

∆P = Lq′1 (G.1)

∆P = pressure difference between pipe ends Pa

L = fluid inductance in the pipe kgkg/m4

q′ = volume flow acceleration m3/s2

Where L in equation G.1 is:

L =
ρlpipe
Apipe

(G.2)

1Equation from Golnaraghi & Kuo (2010:184)[18]
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ρ = fluid density kg/m3

lpipe = length of pipe m

Apipe = cross-sectional area of pipe m2

Substituting equation G.2 into equation G.1 will yield equation G.3:

∆P =

(
ρlpipe
Apipe

)
q′ (G.3)

Now since volume flow acceleration (q′) is defined as in equation G.4:

q′ = Acx
′′ (G.4)

Ac = arbitrary cross-sectional area m2

x′′ = linear acceleration of cross-sectional area Ac m

The arbitrary cross-sectional area simply refers to the area that has been chosen to

measure the pressure over. In this paper this value is related to the cross-sectional area

piston head used to actuate the hydro-pneumatic suspension system. It is possible to

rewrite equation G.3 as G.5 using equation G.4

∆P =

(
ρlpipe
Apipe

)
Acx

′′ (G.5)

Using the definition of pressure (P = F/Ac) it is possible to generate an equation from

equation G.5 that related force directly to fluid inductance instead of pressure. This

relationship is given in equation G.6:

F = ∆PAc =

(
ρlpipe
Apipe

)
(Ac)

2x′′ (G.6)
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As Ac and x′′ are independent of the connecting pipe’s characteristics, there exists only

three parameters (of the connecting pipes) that can be changed to affect a response in

the fluid inductance force produced. These characteristics are:

• ρ

• lpipe

• Apipe

Since the cross-sectional are of the pipe is related to its diameter through equation G.7:

Apipe = π

(
Dpipe

2

)2

(G.7)

Using equation G.7, the three parameters that change the behaviour of the system can

be modified to:

• ρ

• lpipe

• Dpipe
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H Mathematical and Simulink Model

Development of the Oleo Strut

Spring Dampener System

This appendix deals with the development of a mathematical and Simulink model to

simulate the response of an oleo strut spring dampener system.

H.1. Mathematical Model

The equations of motion for the oleo strut suspension system were developed with the

aid of figure H.1
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Figure H.1.: Block Diagram of the Oleo Strut Spring Dampener System

The forces acting on the oleo strut are summarised in the sections that follow.

Force 1: Inertia of the sprung mass

F1 = mx′′ (H.1)

m = quarter mass of vehicle kg

Since x′′ = z′′ + y′′ equation H.1 becomes equation H.2:

F1 = m(z′′ + y′′) (H.2)

Force 2: Spring of Air Column

F2 = P1

[(
l1

l1 −∆l

)
− 1

]
Ainner (H.3)
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∆l = change in l1 length m

Ainner = cross-sectional area of smaller cylinder m2

Where for equation H.3:

P1 =
Ftemp
Ainner

=
mg

Ainner
=

mg

βAouter
(H.4)

Aouter = cross-sectional area of large cylinder m2

Where β in equation H.4 is defined as:

β =
Ainner
Aouter

(H.5)

Thus from equation H.5 and since ∆l = z, equation H.3 becomes:

F2 = P1

[(
l1

l1 − z

)
− 1

]
βAouter (H.6)

∴ F2 = P1

[
l1

(
1

l1 − z

)
− 1

]
βAouter (H.7)

∴ F2 = P1βAouter

[
l1

(
1

l1 − z

)
− 1

]
(H.8)

The equation for force F2 is non-linear in nature and as such the Laplace transform of

it cannot be directly found (when a system response equation is developed), thus steps

must be taken to linearise this equation. The linearisation of F2 is done as follows:

F2(z) ≈ f(a) + f ′(a)(z − a) (H.9)
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Where for equation H.9:

f(a) = P1βAouter

[
l1

l1 − a
− 1

]
(H.10)

And since:

f ′(z) = P1βAouter
d

dz

[
1

l1 − z
− 1

l1

]
(H.11)

∴ f ′(z) = (P1βAouterl1)

(
d

dz

[
(l1 − z)−1

]
− d

dz

[
(l1)−1

])
(H.12)

∴ f ′(z) = P1βAouter

(
l1

(l1 − z)2

)
(H.13)

Thus:

f ′(a) = P1βAouter

(
l1

(l1 − a)2

)
(H.14)

Therefore the linear approximation for force 2 given in equation H.8 is:

F2 = P1βAouter

(
l1

l1 − a
− 1

)
+

(
P1βAouter

[
l1

(l1 − a)2

])
(z − a) (H.15)

The linearised vs non-linearised behaviour of force 2 is illustrated in figure H.2.
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Figure H.2.: Non-linearised vs. Linearised Behaviour of Force 2

Force 3: Resistance force of orifice

The head loss caused by an orifice as shown in, figure H.3, is defined in equation H.16.

Figure H.3.: Block Diagram of an Orifice

hL =
∑

KL

(
v2

2g

)
1 (H.16)

1Equation from Cengal & Cimbala (2012:560)[34]
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hL = head loss m∑
KL = sum of shock loss coefficients

v = velocity of fluid m/s

g = gravitational acceleration m/s2

Where:

∑
KL = Kcontraction +Kexpansion (H.17)

∴
∑

KL =

[
−0.609

(
d2

D2
inner

)]
+

[
α

(
1− d2

D2
inner

)2
]

2 (H.18)

Where: α = 1.05

The head loss described in equation H.16 can be transformed into a pressure loss

through the use of equation H.19.

∆P3 = ρghL = ρg

[
KL

(
v2

2g

)]
(H.19)

∴ ∆P3 =
1

2
ρKLv

2 (H.20)

∴ ∆P3 =
1

2
ρKL(z′)2 (H.21)

ρ = density of hydraulic fluid kg/m3

Hence using the relationship P = F/Ac force 3 can be determined from equation H.21:

2Definitions of Kcontraction and Kexpansion are from Cengal & Cimbala (2012:563)[34]
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F3 = ∆PAouter =
1

2
ρKL(z′)2Aouter (H.22)

∴ F3 =
1

2
ρKLAouter (z′|z′|) (H.23)

Force 3 as described in H.23 is non-linear and as such the Laplace transform of this

equation cannot be easily found. This presents issues when developing a transfer

function for the system. Hence it is necessary to linearise equation H.23, this is done

as follows:

Since at F3(0) the gradient of the function is zero, see figure H.4, it is impossible to use

the standard linearising technique of letting F3(z) ≈ f(a) + f ′(a)(z−a). Thus another

method must be used. The method chosen was therefore the trend-line method.

Figure H.4.: Non-linearised vs. Linearised Behaviour of Force 3

To develop a trend-line for equation H.23 it is first necessary to determine the gradient

of the trend-line this is done as follows.

Let:
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termA = n

(
n∑
i=1

(z′iF3 i)

)
(H.24)

termB =

(
n∑
i=1

z′i

)(
n∑
i=1

F3 i

)
(H.25)

termC =

(
n∑
i=1

(z′i)
2

)
(H.26)

termD =

(
n∑
i=1

z′i

)2

(H.27)

n = sample size for equation H.23 m

z′i = ith z′ value m

F3 i = ith force 3 value corresponding to z′i N

Thus the gradient for the trend-line, determined using equations H.24, H.25, H.26 and

H.27 is:

GRAD1 =
termA− termB
termC − termD

(H.28)

∴ GRAD1 =
[n (
∑n

i=1(z′iF3 i))]− [(
∑n

i=1 z
′
i) (
∑n

i=1 F3 i)]

[(
∑n

i=1(z′i)
2)]−

[
(
∑n

i=1 z
′
i)

2
] (H.29)

It is now necessary to find the y-intercept for the trend-line this is done as follows.

Let:

termE =
n∑
i=1

F3 i (H.30)
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termF = (GRAD1)

(
n∑
i=1

z′i

)
(H.31)

Thus using equations H.30 and H.31 the y-intercept for the trend-line can be determined

as follows:

Yintercept_1 =
termE − termF

n
(H.32)

∴ Yintercept_1 =
[
∑n

i=1 F3 i]− [(GRAD1) (
∑n

i=1 z
′
i)]

n
(H.33)

Thus using n results from equation H.23 and equations H.29 and H.33 , a linear rela-

tionship for force 3 is determines as follows:

F3 = (GRAD1)z′ + Yintercept_1 (H.34)

∴ F3 =

[
[n(
∑n
i=1(z′iF3 i))]−[(

∑n
i=1 z

′
i)(
∑n
i=1 F3 i)]

[(
∑n
i=1(z′i)

2)]−
[
(
∑n
i=1 z

′
i)

2
]

]
z′

+

[
[
∑n
i=1 F3 i]−[(GRAD1)(

∑n
i=1 z

′
i)]

n

] (H.35)

Force 4: Inductance force through orifice

Since:

∆P = Lq′3 (H.36)

∆P = pressure difference between orifice ends Pa

L = fluid inductance in the orifice kgkg/m4

q′ = volume flow acceleration m3/s2

3Equation from Golnaraghi & Kuo (2010:184)[18]
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Where L in equation H.36 is:

∆P =

(
ρlorifice
Aorifice

)
q′ (H.37)

lorifice = orifice length m

Aorifice = orifice cross-sectional area m2

And as q′ = Aouterz
′′, an equation describing the pressure change due to inductance

relative to the displacement z = x − y can be determined. This relationship is given

in equation H.38:

∆P4 =

(
ρlorifice
Aorifice

)
(Aouter)z

′′ (H.38)

Using the relationship P = F/Ac and equation H.38, force 4 can be determined:

F4 = ∆P4Aouter =

(
ρlorifice
Aorifice

)
(Aouter)

2z′′ (H.39)

Force 5: Fluid frictional force through orifice

∆P5 = Rorifice(ρq)
2 (H.40)

Where:

Rorifice =
128µlorifice
πd4

ori

(H.41)
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Rorifice = fluid resistance through orifice N ·s/m5

µ = fluid viscosity m2/s

lorifice = length of the orifice m

dorifice = diameter of the orifice m

Since q = Aouterz
′, equation H.40 becomes:

∆P5 =

(
128µlorifice
πd4

ori

)
(ρAouterz

′)
2 (H.42)

∴ ∆P5 =

(
128µlorifice
πd4

ori

)
ρ2A2

outer(z
′)2 (H.43)

Due to the relationship P = F/Ac force 5 can be found from equation H.43 as follows:

F5 = ∆P5Aouter =

(
128µlorifice
πd4

ori

)
ρ2A3

outer(z
′)2 (H.44)

∴ F5 =

(
128µlorifice
πd4

ori

)
ρ2A3

outer(z
′|z′|) (H.45)

The force described in equation H.45 is non-linear in nature, hence for reasons already

described, the equation must be linearised this is done in a manner similar to force 3,

using a trend-line. This is because once again the gradient at z = 0 is zero. This can

be seen in figure H.5:
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Figure H.5.: Non-linearised vs. Linearised Behaviour of Force 5

To develop a linearised equation for force 5 the gradient of the trend-line must first be

determined this is done as follows.

Let:

termA = n

(
n∑
i=1

(z′iF4 i)

)
(H.46)

termB =

(
n∑
i=1

z′i

)(
n∑
i=1

F4 i

)
(H.47)

termC =

(
n∑
i=1

(z′i)
2

)
(H.48)

termD =

(
n∑
i=1

z′i

)2

(H.49)
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n = sample size for equation H.23 m

z′i = ith z′ value m

F4 i = ith force 4 value corresponding to z′i N

Thus the gradient for the trend-line is determined using equations H.46, H.47, H.48

and H.49. This gradient is:

GRAD2 =
termA− termB
termC − termD

(H.50)

∴ GRAD2 =
[n (
∑n

i=1(z′iF5 i))]− [(
∑n

i=1 z
′
i) (
∑n

i=1 F5 i)]

[(
∑n

i=1(z′i)
2)]−

[
(
∑n

i=1 z
′
i)

2
] (H.51)

It is now necessary to determine the y-intercept for the trend line, this is done as

follows.

Let:

termE =
n∑
i=1

F5 i (H.52)

termF = (GRAD2)

(
n∑
i=1

z′i

)
(H.53)

Thus using equations H.52 and H.53 the y-intercept for the trend-line can be determined

as follows:

Yintercept_2 =
termE − termF

n
(H.54)

∴ Yintercept_2 =
[
∑n

i=1 F5 i]− [(GRAD2) (
∑n

i=1 z
′
i)]

n
(H.55)
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Thus using n results from equation H.45 and equations H.51 and H.55 , a linear rela-

tionship for force 3 is determines as follows:

F5 = (GRAD2)z′ + Yintercept_2 (H.56)

∴ F5 =

[
[n(
∑n
i=1(z′iF5 i))]−[(

∑n
i=1 z

′
i)(
∑n
i=1 F5 i)]

[(
∑n
i=1(z′i)

2)]−
[
(
∑n
i=1 z

′
i)

2
]

]
z′

+

[
[
∑n
i=1 F5 i]−[(GRAD2)(

∑n
i=1 z

′
i)]

n

] (H.57)

H.1.1. Transfer Function

The transfer function for the oleo strut suspension system is developed as follows:

F1 + F2 + F3 + F4 + F5 = 0 (H.58)

Thus substituting in equations H.2, H.15, H.34, H.39 and H.56 into equation H.58 will

yield:

−m(y′′) = m(z′′)+[
P1βAouter

(
l1

l1−a − 1
)

+
(
P1βAouter

[
l1

(l1−a)2

])
(z − a)

]
+
[
(GRAD1)z′ + Yintercept_1

]
+
[(

ρlorifice
Aorifice

)
(Aouter)

2z′′
]

+
[
(GRAD2)z′ + Yintercept_2

]
(H.59)

Hence:

−m(y′′) =
[
m+

(
ρlorifice
Aorifice

)
(Aouter)

2
]
z′′

+ [GRAD1 +GRAD2] z′

+
[
P1βAouter

(
l1

(l1−a)2

)]
z

+
[
P1βAouter

(
l1

l1−a − 1−
(

l1
(l1−a)2

)
a
)

+ Yintercept_1 + Yintercept_2

] (H.60)
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Taking the Laplace of equation H.60 gives:

Z
([
m+

(
ρlorifice
Aorifice

)
(Aouter)

2
]
s2 + [GRAD1 +GRAD2] s

+
[
P1βAouter

(
l1

(l1−a)2

)])
= −mA

−1
s

[
P1βAouter

(
l1

l1−a − 1−
(

l1
(l1−a)2

)
a
)

+ Yintercept_1 + Yintercept_2

] (H.61)

Equation H.61 can now be mapulated to give an input output transfer function. This

function is given in equation H.62:

Z =

(
1[

m+

(
ρlorifice
Aorifice

)
(Aouter)2

]
s2+[GRAD1+GRAD2]s+

[
P1βAouter

(
l1

(l1−a)2

)]
)

(
−mA− 1

s

[
P1βAouter

(
l1

l1−a − 1−
(

l1
(l1−a)2

)
a
)

+ Yintercept_1 + Yintercept_2

]) (H.62)

H.2. Matlab Simulink Model

Using the transfer equation developed in equation H.62 it was possible to create a

Matlab Simulink model to simulate the response of the oleo strut suspension system.

The Simulink model is illustrated in figures H.6, H.7 and H.8.

Figure H.6.: Transfer Function Subsystem
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Figure H.7.: Output Conditioner Subsystem
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Figure H.8.: Main Simulink File for the Oleo Strut Spring Dampener System

The code used to drive the simulations given in figures H.6, H.7 and H.8 is illustrated

in figures H.9, H.10, H.11, H.12, H.13, H.14, H.15, H.16 and H.17.
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Figure H.9.: Oleo Strut Suspension Matlab Simulation Code (1)
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Figure H.10.: Oleo Strut Suspension Matlab Simulation Code (2)
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Figure H.11.: Oleo Strut Suspension Matlab Simulation Code (3)
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Figure H.12.: Oleo Strut Suspension Matlab Simulation Code (4)
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Figure H.13.: Oleo Strut Suspension Matlab Simulation Code (5)
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Figure H.14.: Oleo Strut Suspension Matlab Simulation Code (6)
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Figure H.15.: Oleo Strut Suspension Matlab Simulation Code (7)
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Figure H.16.: Oleo Strut Suspension Matlab Simulation Code (8)
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Figure H.17.: Oleo Strut Suspension Matlab Simulation Code (9)

In figure H.11 a simulink model called VelSetUp.mdl is used. This model is illustrated

in figure H.18.

Figure H.18.: Simulink Model of VelSetUp.mdl
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I Appendix - Mathematical Model

and Matlab Program Used to Cal-

culate AGV Drive Motor Require-

ments

This appendix deals with developing the mathematical formulae need to calculate the

forces expected on the wheels of the AGV and the torque and RPM necessary to

drive the vehicle. Since there are four different motion requirements, listed below, it is

necessary to develop a different set of motion equations for each of these conditions.

Also included in this appendix is the Matlab code used to create a program to preform

these calculation tasks.

I.1. Mathematical Foundation

In the sections that follow the equations of motion, torque - RPM equations and bearing

force requirement calculations are developed for the four different conditions the AGV

is expected to experience.
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I.1.1. AGV Motor Speed Calculation

The angular velocity of the mechanum wheels needed to drive the AGV at its working

speed of 1.3 m/s will be:

RPMwheel =

(
v

rwheel

)(
60

2π

)
(I.1)

RPMwheel = rpm of the wheel rpm

v = velocity of the AGV in a straight line m/s

I.1.2. Forward / Reverse Motion at Constant Velocity

To develop a set of mathematical formulae to describe the dynamics of the AGV when

it is travelling at constant speed, the forces acting on the AGV must be analysed. The

forces produces by the AGV are illustrated in I.1.
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Figure I.1.: Traction Force Produced by the AGV at Constant Forward / Reverse Speed

The forces labelled in figure I.1 occur as a result of overcoming the resultant forces

given in figure I.2.
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Figure I.2.: Reaction Forces Acting on the AGV at Constant Forward / Reverse Speed

The sum of forces equations for the reaction forces given in figure I.2 are as follow.

In the lateral direction (Y):

∑
Fy = 0 = Fs1 − Fs2 + Fs3 − Fs4

as : Fs1 = Fs2 = Fs3 = Fs4

(I.2)

Fy = net force in the Y direction N

Fs = lateral rolling frictional force N

In the longitudinal direction (X):
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∑
Fx = −Ff1 − Ff2 − Ff3 − Ff4

∴ Fx = − (Ff1 + Ff2 + Ff3 + Ff4)

(I.3)

Fx = net force in the X direction N

Ff = longitudinal rolling frictional force N

Since the forces in the Y direction cancel each other out (see equation I.2), it is only

necessary to evaluate the force in the X direction. Hence for the force of friction due

to rolling resistance (Ff ) is given in equation I.5.

Ff = µRN (I.4)

µR = coefficient of rolling friction between concrete floor and mechanum wheels

N = normal force N

Where in equation I.5:

N = Fg = mquarterg =
(mtotal

4

)
g (I.5)

Fg = gravitational load on one suspension-drive unit N

g = gravitational acceleration 9.8 m/s2 m/s2

mquarter = quarter mass of AGV kg

mtotal = total mass of AGV kg

The equation developed in I.5 holds for Ff1, Ff2 , Ff3 and Ff4. Thus equation I.3

becomes:
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∑
Fx = −4(Ff )) (I.6)

Thus the forces experienced by each wheel in the X direction will be:

Fwheel =
1

4

(∑
Fx

)
(I.7)

Hence the torque that the drive system will have to overcome will be:

T = Fwheelrwheel (I.8)

T = required torque N/m

rwheel = radius of mechanum wheel m

The speed that the drive train will run at was calculated in equation I.1. The equations

in the previous text represent forward motion, to calculate the forces in the reverse

direction, simply change the sign of the resultant magnitudes.

I.1.3. Forward / Reverse Motion while Accelerating

To find the dynamics of the AGV, when it is in forward or reverse motion while ac-

celerating, it is first necessary to identify the forces acting on the AGV. The forces

that the AGV produces in order to move itself forward or in reverse while accelerating

(traction forces) are illustrated in figure I.3.
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Figure I.3.: Traction Force Produced by the AGV

These traction forces will produce reaction forces according to Newton’s 3rd law. It is

by using these traction forces that the torque needed from the motors can be calculated

along with the size of the bearings needed to handle the forces generated by the wheel.

The reaction forces are illustrated in figure I.4.
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Figure I.4.: Reaction Forces Acting on the AGV

Note the only difference between the AGV travelling at constant speed and the AGV

accelerating is the inclusion of the inertia force, Fma (compare figures I.2 and I.4). The

sum of forces for the reaction forces shown in figure I.4 are given in equations I.9 and

I.10 below.

In the lateral direction (Y):

∑
Fy = 0 = Fs1 − Fs2 + Fs3 − Fs4

as : Fs1 = Fs2 = Fs3 = Fs4

(I.9)

Fy = net force in the Y direction N

Fs = lateral rolling frictional force N
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In the longitudinal direction (X):

∑
Fx = −Ff1 − Ff2 − Ff3 − Ff4 − Fma

∴ Fx = − (Ff1 + Ff2 + Ff3 + Ff4 + Fma)

(I.10)

Fx = net force in the X direction N

Ff = longitudinal rolling frictional force N

The forces in the Y direction cancel thus only the forces in the X direction are further

analysed. Since Ff1 = Ff2 = Ff3 = Ff4 = Ff (see equation I.5 for the value of Ff ) it

stands that equation I.10 becomes:

∑
Fx = −(4(Ff ) + Fma) (I.11)

Where Fma in equation I.11 is:

Fma = mtotala (I.12)

a = acceleration of the AGV m/s2

Where in equation I.12, a is:

a =
d

dt
v ≈ ∆v

∆t
(I.13)
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v = velocity of the AGV at an instant m/s

∆v = change in velocity of the AGV m/s

t = an instant s

∆t = change in time s

Thus the force experienced by each mechanum wheel in the X direction will be:

Fwheel =
1

4

(∑
Fx

)
(I.14)

Hence the torque that the drive system will have to overcome will be:

T = Fwheelrwheel (I.15)

T = required torque N/m

rwheel = radius of mechanum wheel m

The maximum RPM of the wheel is calculated as shown in equation I.1. The equations

in the previous text represent forward motion, to calculate the forces in the reverse

direction, simply change the sign of the resultant magnitudes.

I.1.4. Horizontal Motion at Constant Velocity

The traction forces produced by the AGV to achieve a horizontal movement are given

in figure I.5
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Figure I.5.: Traction Force Produced by the AGV for Constant Horizontal Movement

The traction forces shown in figure I.5 produce reaction forces which are given in figure

I.6
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Figure I.6.: Reaction Forces Acting on the AGV during Constant Horizontal Motion

The sum of forces in the lateral (Y) and longitudinal (X) directions is given in equation

I.16 and I.17 the section that is to follow:

In the lateral direction (Y):

∑
Fy = Fs1 + Fs2 + Fs3 + Fs4 (I.16)

Fy = net force in the Y direction N

Fs = lateral rolling frictional force N

In the longitudinal direction (X):
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∑
Fx = 0 = −Ff1 + Ff2 − Ff3 + Ff4

as : Ff1 = Ff2 = Ff3 = Ff4

(I.17)

Fx = net force in the X direction N

Ff = longitudinal rolling frictional force N

For horizontal motion the sum of forces in the X direction is zero. Thus only the forces

in the Y direction will be analysed, where:

Fs1 = Fs2 = Fs3 = Fs4 = Fs = µRN (I.18)

µR = coefficient of rolling friction between concrete floor and mechanum wheels

N = normal force N

N in equation I.18 is defined in equation I.5. Equation I.16 becomes:

∑
Fy = 4(Fs)) (I.19)

Thus the forces experienced by each wheel in the Y direction will be:

Fwheel =
1

4

(∑
Fy

)
(I.20)

Translating the lateral rolling frictional forces onto the 45◦component force gives the

force described in equation I.21.

F45 = Fwheel

(
1

sin 45

)
(I.21)
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Translating the 45◦into a force in the lateral direction yields equation I.24.

Flateral = F45 cos 45 = Fwheel

(
1

sin 45

)
cos 45 (I.22)

Since:

cos 45 =
√

2
2

sin 45 =
√

2
2

(I.23)

Equation I.24 becomes:

Flateral = Fwheel (I.24)

Thus the torque on the mechanum wheel will be:

T = Flateralrwheel (I.25)

T = required torque N/m

rwheel = radius of mechanum wheel m

Horizontal motion, at constant velocity, in the opposite direction to that currently

described will have the same magnitude and opposite sign to the results of the before

mentioned equations.

I.1.5. Horizontal Motion while Accelerating

The forces produced by the AGV when the system is accelerating in a horizontal

direction are illustrated in figure I.7.
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Figure I.7.: Traction Force Produced by the AGV for Horizontal Movement while

Accelerating

These forces are a result of opposing the reaction forces (according to Newton’s third

law) that are shown in figure I.8.
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Figure I.8.: Reaction Forces Acting on the AGV during Horizontal Motion while

Accelerating

The sum of forces for the X and Y directions as described in figure I.8 are given in

equations I.26 and I.27.

In the lateral direction (Y):

∑
Fy = Fs1 + Fs2 + Fs3 + Fs4 + Fma (I.26)

Fy = net force in the Y direction N

Fs = lateral rolling frictional force N

In the longitudinal direction (X):
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∑
Fx = 0 = −Ff1 + Ff2 − Ff3 + Ff4

as : Ff1 = Ff2 = Ff3 = Ff4

(I.27)

Fx = net force in the X direction N

Ff = longitudinal rolling frictional force N

The sum of forces in the X direction is zero (longitudinal direction). Hence only the

forces in the Y direction will be analysed (lateral direction). Since Fs1 = Fs2 = Fs3 =

Fs4 = Fs, theses values can be found using equation I.18. The value of Fma is found as

follows in equation I.28:

Fma = mtotala (I.28)

a = acceleration of the AGV m/s2

Where in equation I.28, a is:

a =
d

dt
v ≈ ∆v

∆t
(I.29)

v = velocity of the AGV at an instant m/s

∆v = change in velocity of the AGV m/s

t = an instant s

∆t = change in time s

Thus equation I.26 becomes:
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∑
Fy = 4(Fs) + Fma (I.30)

From equation I.30 the force acting in the lateral direction for each suspension-drive

train unit’s mechanum wheel will be:

Fwheel =
1

4

(∑
Fy

)
(I.31)

Projection the force described in equation I.31 onto the 45◦ axis between the X and y

axis (to coincide with the axis or rotation of the rollers on the mechanum wheel) will

yield:

Flateral = F45 cos 45 = Fwheel

(
1

sin 45

)
cos 45 (I.32)

Since:

cos 45 =
√

2
2

sin 45 =
√

2
2

(I.33)

Equation I.34 becomes:

Flateral = Fwheel (I.34)

The torque needed to drive the mechanum wheels is thus:

T = Flateralrwheel (I.35)

T = required torque N/m

rwheel = radius of mechanum wheel m
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Horizontal acceleration of the AGV in the opposite direction to that described in the

above text will produce the same magnitude forces as described in the previous equa-

tions, however, their sign will be opposite.

I.1.6. Diagonal Motion at Constant Velocity

The forces produced by the AGV’s motors when it is moving in a diagonal direction

at a constant velocity is illustrated in I.9:

Figure I.9.: Traction Forces Produced by the AGV for Diagonal Movement at Constant

Velocity

In figure I.9 it can seen that only two of the motors are actually producing any driv-

ing force. The other two are not moving. These forces result in the reaction forces

illustrated in figure I.10.
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Figure I.10.: Reaction Forces Acting on the AGV for Diagonal Movement at Constant

Velocity

The sum of forces in the W direction is given in equation I.36

∑
Fw = −Fsr1 − Frr1 − Frr2 − Fsr2

where : |Fsr1| = |Fsr2| and |Frr1| = |Frr2|

(I.36)

Fw = net force in the w direction N

Fsr = static frictional force N

Frr = rolling frictional force N

Thus:
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|Fsr1| = |Fsr2| = |Fsr| = µsNquarter (I.37)

Nquarter = quarter vehicle normal force N

µs = co-efficient of static friction between concrete floor

and mechanum wheels (0.7)

And:

|Frr1| = |Frr2| = |Frr| = µrNquarter (I.38)

Nquarter = quarter vehicle normal force N

µr = co-efficient of rolling friction between concrete floor

and mechanum wheels (0.06)

Where N in equation I.37 and I.38 is:

Nquarter = mquaterg =
(mtotal

4

)
g (I.39)

mquarter = quarter mass of AGV kg

mtotal = full mass of AGV kg

Thus equation I.36 becomes:

∑
Fw = −2(Fsr)− 2(Frr) (I.40)

The W direction force for each wheel of the two drive wheels is thus:

Fwheel =
Fw
2

(I.41)
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The force given in equation I.41force is now projected onto the X axis as illustrated in

equation I.42:

Fv = Fwheel cos 45 (I.42)

The force described in equation I.42 will require the drive motors to produce the fol-

lowing torque:

T = |Fv|r (I.43)

T = required torque N/m

rwheel = radius of mechanum wheel m

The RPM required from the motor was calculated in equation I.1.

I.1.7. Diagonal Motion while Accelerating

The forces produced by the AGV’s drive motors while the vehicle is accelerating in a

diagonal direction is illustrated in figure I.11:
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Figure I.11.: Traction Forces Produced by the AGV for Diagonal Movement while

Accelerating

The traction forces described in figure I.11 produce the forces illustrated in figure I.12.
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Figure I.12.: Reaction Forces Acting on the AGV for Diagonal Movement while

Accelerating

The sum of forces in the W direction for the forces shown in figure I.12 is given in

equation I.44:

∑
Fw = −Fsr1 − Frr1 − Frr2 − Fsr2 − Fma

where : |Fsr1| = |Fsr2| and |Frr1| = |Frr2|

(I.44)

Fw = net force in the w direction N

Fsr = static frictional force N

Frr = rolling frictional force N

The equation used to calculate Fsr1 and Fsr2 is given in equation I.37 while the equation

270



used to calculate Frr1 and Frr2 is given in equation I.38. The equations used to calculate

Fma is given below:

Fma = mtotala (I.45)

a = acceleration of the AGV m/s2

Thus equation I.44 becomes:

∑
Fw = −2(Fsr)− 2(Frr)− Fma (I.46)

From equation I.46 the W direction force on each of the two active driving wheels will

be:

∑
Fwheel =

∑
Fwheel
2

(I.47)

The force given in equation I.47 can be projected onto the X axis as shown in equation

I.49:

Fv = Fwheel cos 45 (I.48)

Thus the torque required from each of the two drive wheels will be:

T = |Fv|r (I.49)

T = required torque N/m

rwheel = radius of mechanum wheel m

The RPM of the motor was calculated in equation I.1.
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I.1.8. Conclusion of Mathematical Foundation

Using the calculations in the above sections it can be determined that all of the motions

of the AGV can be restricted to four states. These states are listed in table I.1 and are

the states used for selection of the drive train components and design considerations.
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Table I.1.: AGV Drive States

Drive States Motions

Forward/Reverse/Horizontal Constant - forward motion at constant velocity

Motion - reverse motion at constant velocity

- left motion at constant velocity

- right motion at constant velocity

Forward/Reverse/Horizontal - forward motion while accelerating

Accelerating Motion - reverse motion while accelerating

- left motion while accelerating

- right motion while accelerating

Diagonal Constant Motion - forward-left motion at constant velocity

- forward-right motion at constant veloc-

ity

- reverse-left motion at constant velocity

- reverse-right motion at constant veloc-

ity

Diagonal Accelerating Motion - forward-left motion while accelerating

- forward-right motion while accelerating

- reverse-left motion while accelerating

- reverse-right motion while accelerating
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I.2. Matlab Model

The Matlab model used to calculate the forces acting on the AGV and the torque

required from the drive motors for the four different states of motion an be founf in

figures I.13, I.14, I.15, I.16, I.17 and I.18.
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Figure I.13.: Matlab AGV Torque and Force Calculator (1)
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Figure I.14.: Matlab AGV Torque and Force Calculator (2)
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Figure I.15.: Matlab AGV Torque and Force Calculator (3)
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Figure I.16.: Matlab AGV Torque and Force Calculator (4)
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Figure I.17.: Matlab AGV Torque and Force Calculator (5)
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Figure I.18.: Matlab AGV Torque and Force Calculator (6)
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J Appendix - CV Joint Shaft Param-

eters Calculations

The calculations for the CV joint length and diameter along with the Matlab code used

for this calculator are included in this appendix

J.1. Mathematical Foundation

The CV joint rod is shown schematically in figure J.1.

Figure J.1.: Schematic of CV Joint Shaft

From figure J.1 an equation can be developed to describe the extension of the CV joint

rod with relation to the vertical displacement of the suspension system. The length of

the CV joint rod when the suspension is fully extended is given in equation J.1.

h = Stroke

(
1

cosα

)
(J.1)
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Stroke = suspension stroke mm

α = see figure J.1 deg

h = shaft length (suspension at max stroke) mm

Where α in equation J.1 is:

α = 90−max (J.2)

max = max allowable angle of universal joints deg

The length of the CV joint shaft when the suspension system is at rest (i.e. stroke =

0) is given in equation J.3.

x = h cos(max) (J.3)

Thus the change in length of the CV joint shaft between stroke = 0 and stroke = 30

will be:

∆d = h− x (J.4)

∆d = changer in length of CV joint shaft mm

J.2. Matlab Model

The Matlab code used to create a model to represent the CV joint shaft is given in

figures J.2 and J.3.
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Figure J.2.: CV Joint Calculator Matlab Code (1)
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Figure J.3.: CV Joint Calculator Matlab Code (2)
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K Appendix - Hydraulic Coupling

Calculations

This appendix deals with the creation of a mathematical model to calculate the pres-

sure, power and CC ratio requirements of a hydraulic drive coupling consisting of a

electric motor driving a hydraulic pump and a hydraulic motor.

K.1. Mathematical Foundation

The volume flow rate is related to the output RPM of the hydraulic motor via the

relationship given in equation K.1:

q =
Vmotor(RPMmotor)

1000
(K.1)

q = volume flow rate 1/minute

Vmotor = volume of the hydraulic motor CC

RPMmotor = RPM of the hydraulic motor rpm

The pressure needed to produce the required output torque for the hydraulic motor is

given in equation K.2:
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P =

[
2πTmotor

Vmotor × 10−6
× 10−5

]
[(1− e) + 1] (K.2)

P = system working pressure bar

Tmotor = torque produced by the hydraulic motor N ·m

Vmotor = volume of the hydraulic motor CC

e = efficiency of hydraulic system (0-1)

Knowing the required pressure from equation K.2 and the required flow rate from equa-

tion K.1, input torque and CC cylinder size of the hydraulic pump can be calculated.

The CC cylinder size of the hydraulic pump is calculated as follows in equation K.3:

Vpump =
q(1000)

RPMelectric_motor
(K.3)

Vpump = volume of hydraulic pump l/min

RPMelectric_motor = operating RPM of the electric drive motor rpm

Since the drive motor is directly coupled to the hydraulic pump the RPM of the hy-

draulic pump will match that of the electric drive motor. The torque that the hydraulic

pump must produce to ensure that the desired pressure in equation K.2 is produced

will be:

Tpump = Telectric_motor =
[(P + Ploss)1000] [Vpump × 10−6]

2π
(K.4)

Tpump = hydraulic pump input torque N ·m

Telectric_motor = electric motor output torque N ·m

Ploss = pressure loss due to fluid friction bar
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The power needed by the hydraulic pump is thus:

Ppump = TpumpRPMelectric_motor

(
2π

60

)
(K.5)

Ppump = hydraulic pump power W

For comparison the power output by the system through the hydraulic motor will be:

Pmotor = TmotorRPMmotor

(
2π

60

)
(K.6)

Pmotor = hydraulic motor power W

The power lost to inefficiencies in the hydraulic system will be:

Plost = Ppump− Pmotor (K.7)

Plost = power lost in hydraulic system W

K.2. Matlab Model

The Matlab model created to perform the calculations listed in the previous text for

the hydraulic coupling is illustrated in figures K.1, K.2 and K.3.
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Figure K.1.: Hydraulic Coupling Calculator Matlab Code (1)
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Figure K.2.: Hydraulic Coupling Calculator Matlab Code (2)
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Figure K.3.: Hydraulic Coupling Calculator Matlab Code (3)
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L Appendix - Oleo Strut Beam Cou-

pling Data Sheet

Figure L.1.: Data Sheet for MWC20-5-5-SS Beam Coupling (1)
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Figure L.2.: Data Sheet for MWC20-5-5-SS Beam Coupling (2)
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M Appendix - Oleo Strut Design Re-

quirements Calculation

To determine the parameters of the stepper motor, it is first necessary to clarify the

geometry of the orifice plunger which the stepper motor must drive. This geometry is

illustrated in figure M.1.

Figure M.1.: Geometry of the Orifice Plunger

The force acting on the orifice plunger include: drag, motor weight and orifice plunger

weight. The sum of force equation for these force, in the z direction) is given in equation
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M.1.

∑
Fz = FD + Fmotor + Fplunger (M.1)

∑
Fz = sum of forces in the z direction N

FD = force of drag N

Fmotor = weight of motor N

Fplunger = weight of orifice plunger N

Force 1: Drag force

Since the worst case operating scenario for the oleo strut has already been determined

through simulation (see section 4.6.2), the forces acting on the orifice plunger can be

calculated. It is important to note that the orifice is never fully closed, as this would

expose the plunger to the fully dynamic pressure changes in the system (caused by

the actuation of the system) which in turn will result in excessive force on the orifice

plunger leading to the lead screw or stepper motor failing. Thus if the orifice is always

assumed to be open the only force acting on it will be solely due to drag of the fluid

as it moves through the orifice.

To simplify the calculation the orifice plunger’s head will be simulated as a cylinder.

From figure 4.29 it can be seen that the maximum velocity difference between the

sprung and unsprung masses will be approximately 3 m/s. This speed can be used as

an approximation of the fluid speed through the orifice. Using this and the formula for

drag (given in equation M.2) the force acting on the orifice plunger in the z direction

can be determined.

CD =
FD

1/2ρv2A
(M.2)
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CD = co-efficient of drag

FD = force of drag N

ρ = fluid viscosity kg/m3

v = fluid velocity m/s

A = frontal area m2

Equation M.2 re-written in terms of FD as follows:

FD = CD

(
1

2
ρv2A

)
(M.3)

Where the CD value of a cylinder is given in table M.1. This table was taken from

Cengal, Cimbala and Turner (2012:600)[34]

Table M.1.: CD Values of a Cylinder

L/D ratio Value

0.5 1.1

1 0.9

2 0.9

4 0.9

8 1.0

Where L/D in table M.1 refers to the ration of the length of the cylinder (L) and its

diameter (D). If the dimensions of the cylinder are related to figure M.1 then:

• L = 10 mm

• D = 24 mm

The the ratio of L/D will be:
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L

D
=

10

24
= 0.42 ≈ 0.5 (M.4)

Thus since L/D = 0.5, the value for CD will be 1.1. Due to the fact that a cylinder is

being evaluated the frontal area (A) will be:

A = π
D2

4
= 4.52× 10−4 (M.5)

Hence the force caused by drag on the orifice plunger is given in equation M.6 (provided

that ρ = 868 kg/m3).

FD = 1.1

(
868(3)24.52× 10−4

2

)
= 1.94 (M.6)

Force 2: Force due to weight of stepper motor

The force caused by the weight of the stepper motor is:

Fmotor = mmotorg = 0.086(9.8) = 0.84 (M.7)

mmotor = mass of the motor kg

g = gravitational acceleration constant (9.8) m/s2

Force 3: Force due to weight of the orifice plunger

The force caused by the weight of the orifice plunger is:

Fplunger = mplungerg = 0.12(9.8) = 1.18 (M.8)

mplunger = mass of the orifice plunger kg

g = gravitational acceleration constant (9.8) m/s2
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Thus the sum of forces in the z direction (equation M.1) becomes:

∑
Fz = 1.94 + 0.84 + 1.18 = 3.96 (M.9)

Thus the torque required by the stepper motor to overcome the force Fz will can be

calculated using the lead screw equation for raising loads (i.e. no force assist from

gravity). The lead screw equitation is given in equation M.10.

Tforces =
(
∑
Fz)dm
2

(
l + πfdm
πdm + fl

)
(M.10)

Tforces = motor torque due to forces 1 to 3 N ·m

dm = mean diameter of lead screw thread m

l = lead m

f = friction coefficient

The values of l and dm are calculated as shown in equations M.11 and M.12 where the

pitch of the lead screw is 2 mm.

dm = d− p

2
= 10× 10−3 − 2× 10−3

2
= 9× 10−3 (M.11)

d = major diameter of lead screw m

p = pitch of lead screw m

l = np = 1(2× 10−3) = 2× 10−3 (M.12)

n = number of threads
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Thus:

Tforces = (3.96)9×10−3

2

(
2×10−3+π(0.35)9×10−3

π(9×10−3)+(0.35)2×10−3

)
∴ Tforces = 7.32× 10−3

(M.13)

However the efficiency of the lead screw is determined to be 42 % thus true torque

produced by the the stepper motor must be inflated as given in equation M.14:

Tforces_true = Tforces(1 + e) = (7.32× 10−3)(1 + 0.42) = 0.010 (M.14)

e = efficiency of lead screw

Thus the required torque from stepper motor is 0.010 N ·m.
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N Appendix - Oleo Strut Stepper Mo-

tor Data Sheet

Figure N.1.: Data Sheet for SS2421-5041 Stepper Motor mm (inch)

Where L in figure N.1 is 11.6 mm.
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Figure N.2.: Data Sheet for SS2421-5041 Stepper Motor (2)

The parameters for this motor are summarised in table N.1.

Table N.1.: Stepper Motor Parameters

Parameter Value

Holding torque at two phase energisation 0.083 N ·m

Rated current 1 A/Phase

Wiring Resistance 3.5 Ω/Phase

Wiring Inductance 1.2 mH/Phase

Rotor Inertia 0.015 ×10−4 kg ·m2

Mass 0.086 kg
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O Appendix - Oleo Strut Stepper Mo-

tor Driver Data Sheet

Table O.1.: BS1D200P10 Stepper Motor Driver Parameters (1)

Parameter Value

Basic Specifications

Model number BS1D200P10

Input source DC24 V/36 V ± 10%

Source current 3 A

Mass 0.09kg

Environment

Protection class Class III

Operation environment Installation category

(over-voltage category): I, pollution degree 2
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Table O.2.: BS1D200P10Stepper Motor Driver Parameters Continued (2)

Parameter Value

Environment

Ambient operating

temperature

0 to 50 C

Conservation temper-

ature

-20 to +70 C

Operating ambient hu-

midity

35 to 85% RH (no condensation)

Conservation humid-

ity

10 to 90% RH (no condensation)

Operational altitude 1000 m (3281 feet) or less above sea level

Vibration Resistance Tested under the following conditions:

5 m/s2 frequency range 10 to 55 Hz

, direction along x, y and z axis, for 2 hours

Impact resistance Not influenced at NDS-C-0110 standard

section 3.2.2 division “C”

Withstand voltage Not influenced when 0.5 kV AC is applied

between power input terminals and cabinet for one minute

Insulation resistance 10 MΩ MIN. when measured with 500V

DC megohmmeter between input terminals and cabinet

Functions

Selection functions Step angle, pulse input mode, low vibration mode

step current, operating current, original excitation phase

Protection functions Open phase protection, Main

circuit power source voltage decrease

LED indication Power monitor, alarm display
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Table O.3.: BS1D200P10 Stepper Motor Driver Parameters Continued (3)

Parameter Value

I/O Signals

Command pulse input Photocoupler input system, input resistance : 220 Ω

input-signal “H” level : 4.0 to 5.5 V

, input-signal “L” level : 0 to 0.5 V

Maximum input frequency : 150 kpulse/s

Power down input Photocoupler input system, input resistance : 220 Ω

signal input-signal “H” level : 4.0 to 5.5 V

, input-signal “L” level : 0 to 0.5 V

Phase origin monitor From the photocoupler by the open collector output

output signal Output specification : Vceo = 40 V MAX

, Ic = 10 mA MAX

Rotor monitor output signal From the photocoupler by the open collector output

Output specification : Vceo = 40 V MAX

Ic = 10 mA MAX
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Figure O.1.: Stepper Motor Driver Schematic mm (inch)
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P Appendix - Bearing Forces Calcu-

lation

This appendix contains the maths used to calculate the reaction forces that the two

bearings supporting the mechanum axle will experience. It also contains the code for

a Matlab calculator used to perform the calculations automatically.
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P.1. Mathematical Foundation

Figure P.1.: Schematic Diagram of Forces Caused by the Mechanum Wheel

From figure P.1 the following vectors can be determined, as shown in equation P.1.

¯rCA = [0 rad d]

F̄C = [−Fdrive − Fg Fslip]

¯rBA = [0 0 L]

(P.1)

Thus using the vectors developed in equation P.1, the moment about point A can be

calculated as follows:
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T̄A = ¯rCA × F̄C

∴ T̄A =


î ĵ k̂

0 rad d

−Fdrive Fg −Fslip



∴ T̄A = [(rad)(−Fslip)− (d)(Fg)] î

+ [(d)(−Fslip)− (0)] ĵ

+ [(0)− (rad)(−Fdrive)] k̂

(P.2)

Thus the reaction forces for the bearing at point B will be:

X direction

FB_x =
d(−Fdrive)

L
(P.3)

Y Direction

FB_y =
(rad)(−Fslip)− (d)(Fg)

L
(P.4)

Z direction

FB_z = Fslip (P.5)

Note that the force in the z direction (see equation P.5 is simply equal to the thrust

force (Fslip). If it were to be calculated using the sum of moments (equation P.2) like

equations P.3 and P.4, a divide by zero error would occur.

The reaction forces for the bearing at point A cab be calculated using the sum of forces

principal, thus:

X direction

FA_x = (−Fdrive)− FB_x (P.6)

Y Direction

FA_y = (−Fg)− FA_y (P.7)

307



Z direction

FA_z = 0 (P.8)

P.2. Matlab Model

The code for the Matlab model can be found in figures P.2, P.3 and P.4.
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Figure P.2.: Bearing Reactant Forces Calculator Matlab Code (1)
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Figure P.3.: Bearing Reactant Forces Calculator Matlab Code (2)
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Figure P.4.: Bearing Reactant Forces Calculator Matlab Code (3)
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Q Appendix - HPM3000B Motor and

VEC200 Controller Data Sheet

This appendix contains all the relevent data pertaining to the HPM300B BLDC motor

and VEC200 driver.

Q.0.1. HPM3000B BLDC Motor

The performance data for the HPM3000B BLDC motor can be found in table Q.1.

Table Q.1.: HPM3000B BLDC Motor Characteristics (1)

No. Voltage Current Pwr in Torque RPM Pwr out effciency

(V ) (I) (W ) (N ·m) (rpm) (W ) (η)

1 48.19 9.086 437.9 0.2 4757 98.37 22.5

2 48.19 11.55 557 0.4 4738 228.6 41

3 48.17 14.44 696.1 0.7 4711 389.6 56

4 48.16 19.03 916.6 1.2 4673 612.2 66.8

5 48.12 25.04 1205 1.8 4626 893.3 74.1

6 48.1 31.8 1529 1.8 4566 1227 80.2

7 48.06 40.26 1935 3.4 4488 1609 83.2

8 48.02 48.49 2329 4.3 4399 2001 85.9
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Table Q.2.: HPM3000B BLDC Motor Characteristics (2)

No. Voltage Current Pwr in Torque RPM Pwr out effciency

(V ) (I) (W ) (N ·m) (rpm) (W ) (η)

9 47.98 57.47 2758 5.3 4309 2408 87.3

10 47.93 66.9 3207 6.3 4214 2788 86.9

11 47.88 76.25 3651 7.3 4123 3185 87.2

12 47.84 85.58 4094 8.4 4025 3578 87.4

13 47.78 89.89 4295 9.4 3860 3831 89.2

14 47.7 90.02 4294 10.4 3563 3917 91.2

15 47.62 90.05 4288 11.1 3243 3777 88.1

16 47.59 89.72 4270 11.9 2965 3727 87.3

17 47.57 89.46 4256 12.6 2737 3622 85.1

18 47.55 89.38 4250 13.3 2548 3583 84.3

19 47.55 88.09 4189 13.9 2374 3468 82.8

20 47.58 80.75 3842 14.2 2135 3227 84
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Figure Q.1.: HPM3000B Mechanical Drawing
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Q.0.2. VEC200 Controller

Table Q.3.: VEC200 Specifications

Parameter Value

Rated voltage : 48 V DC

Rated current : 70 A

Maximum phase current : 200 A

Quiescent operation current : 20 40 mA

Driving method : Direct torque control

Dimensions : 190 x 180 x 50 mm

Weight : 2.5 kg

Table Q.4.: VEC200 LED Indicator Signals (1)

Error Description Blink Interval

Over-voltage protection Battery voltage is higher than 1

default value

Under-voltage protection Battery voltage is lower than 2

default value

Motor over-current Motor phase is short-circuited or 3

protection phase to ground is short-circuited

Motor over-heat protection Motor temperature is higher 13

than default value

Stalling protection Motor stalling time is over default 4

value
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Table Q.5.: VEC200 LED Indicator Signals (2)

Error Description Blink

Interval

HALL Protection HALL input is abnormal 5

MOSFET protection MOSFET self-checking is abnormal 6

Phase winding disconnect One of the motor phase is 7

protection disconnected

Self-checking error protection System internal power-on 10

self-checking is abnormal

Controller over-heat protection Controller operation temperature 11

is higher than default value

Throttle protection Throttle input is abnormal 12
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Figure Q.2.: VEC200 Wiring Diagram
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R Appendix - S-RT-60-B3-20-90-

B14-AC-25-BTV-RH-90 Gearbox

Data Sheet

Table R.1.: S-RT-60-B3-20-90-B14-AC-25-BTV-RH-90 Specifications (1)

Parameter Value

Input Data

Input speed : 3000 rpm

Output speed :150 rpm

Ratio (i=) : 1:20

Requested power : 1.1 kW

Service factor : 1.8

Thermal power : 1.93 kW
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Table R.2.: S-RT-60-B3-20-90-B14-AC-25-BTV-RH-90 Specifications (2)

Parameter Value

Output Data

Type : RS - worm reducers

Input type : S (Elastic coupling)

Size : 60

Ratio (i=) : 20

Input flange : B14

Mounting position : B3

Rated output torque : 61.53 N ·m

Efficiency : 0.82

Inertia moment : 0.000107 kg ·m2

Gear Unit Configuration

Output shaft : Hollow output shaft

Version : PC

Output Radial and Axial Loads

Ball bearings radial load : 2.5 kN

Taper bearings radial load : 3.2 kN

Ball bearings axial load : 500 N

Taper bearings axial load : 640 N

Accessories

Hollow Output Shaft : AC 25

Torque Arm : BRV RH
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Figure R.1.: S-RT-60-B3-20-90-B14-AC-25-BTV-RH-90 Mechanical Drawing
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S Appendix - LP-50FP linear Poten-

tiometer Data Sheet

Table S.1.: LP-50FP Specifications (1)

Parameter Value

Electrical Data

Electrical Travel : 50 mm

Total Resistance : 1 kΩ

Independent Linearity : 1% FS

Rated Dissipation : 1.5 W/70 ◦C

Mechanical Data

Mechanical Travel : 52 mm

Friction : 0.4 N MAX

Mass : 25 g
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Figure S.1.: LP-50FP Mechanical Drawing
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T Appendix - VZWD-L-M22C-M-

G14-25-V-1P Solenoid Valve Data

Sheet

Figure T.1.: VZWD-L-M22C-M-G14-25-V-1P Solenoid Valve
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Table T.1.: VZWD-L-M22C-M-G14-25-V-1P Specifications (1)

Parameter Value

Design structure : Directly actuated poppet valve

Type of actuation : electrical

Sealing principle : soft

Assembly position : Any

Mounting type : Line installation

Process valve connection : G1/4

Electrical connection : - Plug

- Cubic design

- to EN 175301-803

- Design A

Nominal size : 2.5 mm

Valve function : 2/2 closed, monostable

Manual override : None

Flow direction : non reversible

Medium : - Compressed air

- Inert gas

- Mineral oil

- Water

- Neutral Fluids

Nominal pressure : 100

Differential pressure : 0 bar

Characteristic coil data : 24 V DC: 11 W

Insulation class : H

Permissible voltage fluctuation : +/- 10 %

Duty cycle :100 %

Type of reset : mechanical spring

Type of piloting : direct

324



Table T.2.: VZWD-L-M22C-M-G14-25-V-1P Specifications (2)

Parameter Value

Medium pressure : 0 to 22 bar

Maximum viscosity : 22 mm2/s

Medium temperature : -10 to 80 ◦C

Ambient temperature : -10 to 35 ◦C

Leak rate (EN 12266-1) : A

Flow rate Kv : 0.16 m3/h

Standard nominal flow rate : 170 l/min

Switching time on : 20 ms

Switching time off : 18 ms

Materials note : - Contains PWIS substances

- Conforms to RoHS

Material, housing : Cast brass

Material number, housing : CW617N

Materials, seals : FPM

Product weight : 550 g

Protection class : IP65

Corrosion resistance CRC : 1
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U Appendix - Detailed Cost of

Project

This appendix contains the detailed cost breakdown of the suspension drive unit de-

scribed in this paper. The cost analysis will be broken up into three sections, the first

will deal with the cost of the oleo strut, the second will deal with the cost of the drive

unit and finally the third will deal with the cost of the quick release interface between

the AGV and the suspension drive unit.

U.1. Cost of the Oleo Strut

The cost of the various sub assemblies that make up the oleo strut can be found in

tables U.1, U.2, U.3, U.4, U.5 and U.6. Since many of the machined parts for the oleo

strut will be manufactured in-house at Ostfalia these parts were assigned a cost of R

0.00. Since all of the sundries were purchase in bulk the sundries for each individual

assembly is not listed, but rather assigned a value of "NA". The cost of the sundries

are included in the totalling table (table U.7) as a bulk amount.
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Table U.1.: Small Oleo Cylinder Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Small Oleo Cylinder (Simplified) 1 unit R 0.00 R 0.00

Orifice Plate 1 unit R 0.00 R 0.00

Dampener Rod Support 1 unit R 0.00 R 0.00

Mounting Bracket VER4 1 unit R 0.00 R 0.00

Guide Pin 4 unit R 0.00 R 0.00

10 mm Lead Nut 1 unit R 0.00 R 0.00

Sheet Metal Parts

Dampener Rod Support 1 unit R 0.00 R 0.00

Standard Parts

2.5 mm Thick, 5.6 mm Wide 1 meter R 205.00 R 290.70

Wear Bearing Strip

1.5 mm Thick, 5.6 mm Wide 0.01 meter R 45.00 R 49.91

Wear Bearing Strip

10 mm ID Pneumatic Wiper 1 unit R 45.00 R 52.44

Seal Combo

Sundries

M3 x 6 Socket Head Bolt 5 unit NA NA

M3 x10 Socket Head Bolt 3 unit NA NA

M4 x 10 Hex Cap Bolt 8 unit NA NA

�4 mm x 0.4 Thick External Cir-

clip

4 unit NA NA

Total Cost R 295.00 R 393.05
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Table U.2.: Large Oleo Cylinder Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Large Oleo Cylinder 1 unit R 0.00 R 0.00

Telescopic Seal Rest VER2 1 unit R 0.00 R 0.00

Static Bearing Spacer 1 unit R 0.00 R 0.00

Cylinder Cap and Wiper Mount 1 unit R 0.00 R 0.00

Standard Parts

3 mm Thick, 9.7 mm Wide 0.5 meters R 230.00 R 169.29

Wear Bearing Strip

80 mm ID Hydraulic Wiper 1 unit R 90.00 R 93.48

80 mm ID Hydraulic U Seal 1 unit R 90.00 R 102.14

Total Cost R 410.00 R 364.91
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Table U.3.: Floating Piston Assembly Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Floating Piston Head 1 unit R 0.00 R 0.00

Sheet Metal Parts

Orifice Plunger Shaft Seal 2 unit R 0.00 R 0.00

Plate Floating Piston

Standard Parts

70 mm OD Hydraulic U Seal 1 unit R 100.00 R102.14

70 mm OD Pneumatic U Seal 1 unit R 100.00 R 184.68

12 mm ID Hydraulic U Seal 1 unit R 45.00 R 44.46

12 mm ID Pneumatic U Seal 1 unit R 45.00 R 52.67

Sundries

M2.5 x 5 Socket Head Bolt 10 unit NA NA

Total Cost R 290.00 R 383.95
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Table U.4.: Orifice Plunger Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Orifice Plunger Head 1 unit R 0.00 R 0.00

Orifice Plunger Rod 1 unit R 0.00 R 0.00

Sundries

M3 x 8 Cheese Head Bolt 1 unit NA NA

Total Cost R 0.00 R 0.00

Table U.5.: Motor Protection Housing Cost

Part Quantity Estimated Cost Actual Cost

Plastic Parts

Curtain Cover 1 unit R 50.00 R 34.20

Spacer Wide 2 unit R 60.00 R 57.00

Spacer 2 unit R 55.00 R 57.00

Sundries

M1.6 x 6 Hex Cap Bolt 20 unit NA NA

M1.6 Hex Nut 20 unit NA NA

�1.6 mm Washer 20 unit NA NA

Total Cost R165.00 R 148.20
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Table U.6.: Oleo Strut Remaining Parts Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Mount Bush Body Side 2 unit R 0.00 R0.00

Plastic Parts

Motor Cover Base 1 unit R 30.00 R28.50

Sheet Metal Parts

Floating Motor Plate 1 unit R 0.00 R 0.00

Back Motor Plate 1 unit R 0.00 R 0.00

Standard Parts

Sanyo Denki Stepper Motor 1 unit R 546.66 R 654.96

5 mm Flexible Beam Coupling 1 unit R 836.33 R 1 061.72

PG7 Press Fit Bushings 4 unit R 1 946.80 R 101.23

M12 Cable Glands 1 unit R 9.69 R 4.50

Push-in / Threaded L- Connection 1 unit R 100.00 R 41.08

Sundries

�4 mm x 0.4 Thick External Cir-

clip

8 unit NA NA

M3 x 6 Socket Head Bolt 4 unit NA NA

Total Cost R 3 579.35 R 1 927.33

The total cost of the oleo strut is totalled in table U.7
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Table U.7.: Total Cost of Oleo Strut

Assembly Cost Estimated Cost Actual Cost

Small Oleo Cylinder R 295.00 R 393.05

Large Oleo Cylinder R 410.00 R364.91

Floating Piston Assembly R 290.00 R 383.95

Orifice Plunger R 0.00 R 0.00

Motor Protection Housing R 165.00 R 148.20

Remaining Parts R 3 579.35 R 1 927.33

All Sundries R 50.00 R 20.00

Grand Total Cost R 4 789.35 R 3 237.44

U.2. Cost of Drive Train

The cost of all the sub assemblies that make up the drive train section of the suspension-

drive train unit are listed in tables U.8, U.9, U.10, U.11, U.12 and U.13. The total cost

of drive train can be found in U.14.
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Table U.8.: Unsprung Assembly Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Swivel Housing 2 unit R 400.00 R 330.60

Forward Brace Shaft 1 unit R 200.00 R 159.60

Oleo Rod Unsprung Side VER2 1 unit R 300.00 R 296.40

Mechanum Axle VER2 1 unit R 500.00 R 484.50

Custom Pivot Bush 2 unit R 500.00 R 638.40

Mount Spacer 2 unit R 100.00 R 68.40

Sheet Metal Parts

Outer Side Plate VER4 1 unit R 200.00 R 145.24

Inner Side Plate VER3 1 unit R 200.00 R 147.07

Top Cross Strut 1 unit R 100.00 R 108.60

Front Cross Strut 1 unit R 60.00 R 45.49

Swivel Cross Plate 1 unit R 50.00 R 21.36

Support Plate for Oleo Rod 1 unit R 80.00 R 36.33

Support Plate for Oleo Rod Mirror 1 unit R 80.00 R 36.13

Shaft Stop Plate 2 unit R 10.00 R 5.70

Standard Parts

25 mm Ball Bearing Housed Unit 1 unit R 320.00 R 285.46

20 mm Ball Bearing Housed Unit 1 unit R 300.00 R 291.41

Mechanum Wheel (Left) 1 unit R 12 000.00 R 14 716.60

1:20 Right Hand Worm Gearbox 1 unit R 4 000.00 R 3 496.23

3 kW BLDC Electric Motor 1 unit R 8 000.00 R 6 736.60

M12 Cable Glands 4 unit R 38.84 R 18.00
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Sundries

�10 mm Clevis Pin 1 unit NA NA

M5 x 10 Hex Cap Bolt 2 unit NA NA

M5 x 16 Hex Cap Bolt 2 unit NA NA

M8 x 12 Hex Cap Bolt 2 unit NA NA

M8 x16 Hex Cap Bolt 10 unit NA NA

M8 x 20 Hex Cap Bolt 4 unit NA NA

M8 x 25 Hex Cap Bolt 4 unit NA NA

M10 x 20 Hex Cap Bolt 4 unit NA NA

M6 x 20 Countersunk Hex Cap Bolt 5 unit NA NA

Shaft Key (8 mm x 10 mm x 90 mm) 1 unit NA NA

�10 mm Washer 1 unit NA NA

2.5 mm x 16 Split Pin 1 unit NA NA

�30 mm x 1.2 Thick Internal Circlip 2 unit NA NA

Total Cost R 27 438.84 R 28 068.12
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Table U.9.: Top Frame VER2 Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Round Oleo Strut Part 1 unit R 30.00 R 57.00

Top Frame Swivel Mid Joint 1 unit R 150.00 R 148.20

Top Frame Swivel Joint 2 unit R 180.00 R 182.40

Sheet Metal Parts

Strut 3 1 unit R 20.00 R 25.52

Strut 4 1 unit R 20.00 R 32.06

Swivel Bracket 2 unit R 35.00 R 25.63

Mid Support Bracket 2 unit R 30.00 R 18.06

Top Pivot Plate 1 unit R 60.00 R 63.96

Cross Brace Short 1 unit R 25.00 R 15.89

Side Plate VER2 1 unit R 80.00 R 74.54

Side Plate Mirror VER2 1 unit R 80.00 R 74.49

Top Strut 1 unit R 60.00 R 39.31

Top Strut 2 1 unit R 60.00 R 39.31

Oleo Side Brace (with sensor

mount)

1 unit R50.00 R 40.20

Oleo Side Brace 1 unit R 45.00 R 35.06

Sundries

M4 x 4 Grub Screw 1 unit NA NA

Total Cost R 925.00 R 871.63
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Table U.10.: Main Driver Mount Cost

Part Quantity Estimated Cost Actual Cost

Plastic Parts

Driver Cover 1 unit R 60.00 R 68.40

Sheet Metal Parts

Main Driver Plate 1 unit R 90.00 R 78.32

Standard Parts

17-14 Yellow Ring Connector 5 unit R 3.75 R 15.00

3 kW BLDC Motor Driver 1 unit R 4 156.99 R 6 485.69

Sundries

M3 x 5 Socket Head Bolt 6 unit NA NA

M5 x 10 Hex Cap Bolt 6 unit NA NA

M6 x 20 Hex Cap Bolt 4 unit NA NA

�6 mm Washer 4 unit NA NA

Total Cost R 4 310.74 R 6 647.41
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Table U.11.: Hanging Electronics Box Cost

Part Quantity Estimated Cost Actual Cost

Sheet Metal Parts

Backing Plate 1 unit R 60.00 R 65.01

Side Plate 1 1 unit R 20.00 R 7.60

Side Plate 2 1 unit R 20.00 R 6.18

Hanging Box Bracket 1 1 unit R 15.00 R 19.00

Hanging Box Bracket 2 1 unit R 15.00 R 19.10

Cover Plate 1 unit R 20.00 R 12.45

Back Component Plate 1 unit R 20.00 R 9.43

Under Clamp 1 unit R 10.00 R 6.29

Standard Parts

Sanyo Denki Stepper Motor Driver 1 unit R 1 603.53 R 1 922.52

10 mm Motherboard Standoff 4 unit R 6.00 R 10.00

M12 Cable Glands 6 unit R 58.26 R 27.00

Sundries

M3 x 4 Socket Head Bolt 10 unit NA NA

M3 x 5 Socket Head Bolt 16 unit NA NA

M3 Hexagonal Nut 14 unit NA NA

Total Cost R 1 847.79 R 2 104.58
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Table U.12.: Rotating Pot Hold Cost

Part Quantity Estimated Cost Actual Cost

Standard Parts

Rotating Pot Hold Base 1 unit R 200.00 R 307.80

Rotating Pot Hold Pin 1 unit R 50.00 R 51.30

Sundries

M4 x 4 Grub Screw 1 unit NA NA

Total Cost R 250.00 R 359.10

Table U.13.: Drive Train Remaining Parts Cost

Part Quantity Estimated Cost Actual Cost

Machined Parts

Oleo Mount 1 unit R 400.00 R 433.20

Adjustable Shaft Mount 4 unit R 1 500.00 R 1 185.60

Left Oleo Support Rod 1 unit R 50.00 R 28.50

Right Oleo Support Rod 1 unit R 80.00 R 39.90

Pivot Shaft VER2 1 unit R 40.00 R 39.90

Oleo Strut Wheel Side Bushing 1 unit R 180.00 R 319.20

Stop Rest Shaft 1 unit R 50.00 R 45.60

Linear Pot Mount (rod side) 1 unit R 180.00 R 159.60

Plastic Parts

Stop Rest Block 2 unit R 80.00 R 91.20
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Top Wear Plate 2 unit R 40.00 R 22.80

Wear Plate 2 unit R 50.00 R 22.80

Sheet Metal Parts

Stop Rest Side Plate 2 unit R 180.00 R 22.04

Stop Rest Side Plate 2 1 unit R 210.00 R 26.88

Cable Support Plate 2 unit R 40.00 R 29.05

Valve Support 1 unit R 50.00 R 55.50

Standard Parts

1 kΩ Linear Resistor 1 unit R 2 000.00 R 2 166.00

M3 Rod Eye 1 unit R 50.00 R 63.38

Pneumatic Solenoid Valve 2 unit R 1 500.00 R 1 167.54

Pneumatic 6 mm Push-in / 2 unit R 40.00 R 51.48

G14 Threaded Straight Connector

Pneumatic 6 mm Push-in T Connector 1 unit R 40.00 R 50.55

Pneumatic 6 mm Push-in / 1 unit R 30.00 R 41.27

G14 Threaded L Connector

Pneumatic G14 Pneumatic Silencer 1 unit R 30.00 R 34.50

Pneumatic 6 mm Push-in L Connector 4 unit R 120.00 R 162.38

Pneumatic 6 mm to 4 mm Push-in Y Connector 2 unit R 100.00 R 124.44

Pneumatic 6 mm Quick Coupling Socket 1 unit R 120.00 R 136.52

M12 Cable Glands 2 unit R 19.38 R 9.00

Sundries

Split Pin 0.6 mm x 6 1 unit NA NA

Split Pin 1 mm x 12 1 unit NA NA

�12 x 30 Clevis Pin 2 unit NA NA

�3 x 22 Clevis Pin 1 unit NA NA

�8 mm Washer 2 unit NA NA
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�6 mm Washer 24 unit NA NA

�4 mm Washer 6 unit NA NA

�3 mm Washer 5 unit NA NA

�20 mm x 1.75 Thick External Circlip 2 unit NA NA

�22 mm x 1.75 Thick External Circlip 1 unit NA NA

�30 mm x 1.5 Thickness External Circlip 2 unit NA NA

M4 x 4 Grub Screw 6 unit NA NA

M4 x 10 Countersunk Hex Cap Bolt 4 unit NA NA

M4 Hexagonal Bolt 3 unit NA NA

M5 x 6 Socket Head Bolt 2 unit NA NA

M3 x 8 Hex Cap Bolt 5 unit NA NA

M4 x 6 Hex Cap Bolt 5 unit NA NA

M4 x 8 Hex Cap Bolt 2 unit NA NA

M4 x 10 Hex Cap Bolt 6 unit NA NA

M4 x 25 Hex Cap Bolt 1 unit NA NA

M6 x 10 Hex Cap Bolt 21 unit NA NA

M6 x 12 Hex Cap Bolt 12 unit NA NA

Total Cost R 7 269.38 R 6 567.71

The total cost of the drive train section of the suspension - drive train unit is calculated

in table U.14.
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Table U.14.: Total Cost of Drive Train

Assembly Cost Estimated Cost Actual Cost

Unsprung Assembly R 27 438.84 R 28 068.12

Top Frame VER2 R 925.00 R 871.63

Main Driver Mount R 4 310.74 R 6 647.69

Hanging Electronics Box R 1 847.79 R 2 104.58

Rotating Pot Hold R 250.00 R 359.10

Drive Train Remaining Parts R 7 269.38 R 6 567.71

All Sundries R 20.00 R 20.00

Grand Total Cost R 42 041.75 R 44 618.83

U.3. Cost of AGV - Drive Train Quick Attachment

System

The cost, both initial estimate and final, for the quick attachment system that will form

the interface between the AGV’s body and the suspension - drive system is summarised

in table U.15.
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Table U.15.: AGV Side Mounting Cost

Machined Parts

Quick Attachment Spacer 2 unit R 200.00 R 171.00

Plastic Parts

Spacer 2 unit R 70.00 R 57.00

Rear Wear Plate 1 unit R 45.00 R 28.50

Sheet Metal Parts

Cross Brace 4 unit R 150.00 R65.62

Standard Parts

Pneumatic 6 mm Quick Coupling Plug 1 unit R 120.00 R 38.87

ISO L50 x 50 x 5 0.63 meter R 60.00 R52.86

ISO L50 x 50 x 5 0.63 meter R 60.00 R 52.86

ISO L50 x 50 x 5 0.33 meter R 30.00 R27.69

Sundries

M5 x 12 Countersunk Hex Cap Bolt 14 unit NA NA

Total Cost R 735.00 R 494.40

The total cost of the AGV - drive train quick attachment system is summarised in

table U.16.
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Table U.16.: Total Cost of The AGV - Drive Train Quick Attachment System

Assembly Cost Estimated Cost Actual Cost

AGV Side Mounting R 735.00 R 494.40

All Sundries R 25.00 R 20.00

Grand Total Cost R 760.00 R 514.40

U.4. Final Project Cost

The final cost of the project, both initial estimate and actual final cost, can be found

in table U.17.

Table U.17.: Final Project Cost

Assembly Cost Estimated Cost Actual Cost

Total Cost of Oleo Strut R 4 789.35 R 3 237.44

Total Cost of Drive Train R 42 041.75 R 44 618.83

Total Cost of AGV Side Mounting R 760.00 R 514.40

Final Project Cost R 47 591.10 R 48 370.67
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V Appendix - Working Drawings
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