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Abstract

The total frictional loss in a large two-stroke marine diesel engine is rather well determined.
However, the contribution (size and distribution) from the different machine elements are not
well known. The aim of this study is to establish methods to measure and calculate friction
in the piston assembly and guide shoe system for a large two-stroke marine diesel engine.
These components are, according to Abanteriba [1995], the two major contributors to the
total friction in a two-stroke marine diesel engine. The piston pack represents approximately
60% of the total mechanical loss at full load and the guide shoe system 23%. The rest of
the mechanical loss is situated in the piston rod 2%, piston skirt 3% and main bearings
and connecting rod bearing 12%. The mentioned values are theoretically determined by
Abanteriba [1995]. Information about the friction distribution can be used in future design
of these machine elements. Theoretical models for determination of frictional losses for both
aforementioned bearing types are presented. Experiments revealing the size and distribution
frictional loss are carried out. The results of the friction measurements are used for verification
of theoretical models. This requires additional information such as oil film thickness, pressure
and temperature. These parameters are measured and compared with simulations. Studies
concerning reduction of the overall frictional loss for both bearings are carried out.

Note: Since the measurements are conducted on a T50MX engine (the research engine
located at MAN B&W Diesel A/S’s facility) data for the given engine will be used in this

paper. Drawings of the most important components are presented in Appendix A.1.
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Abstrakt (Dansk)

Det totale friktionstab i en stor totakts skibsdieselmotor er relativt veldefineret.

Imidlertid er stgrrelse og fordeling af friktionstab fra de enkelte maskinelementer ikke umid-
delbart kendte. Malet med dette studie er at generere metoder til at male og beregne friktion
i stempelringsmekanismen og guideskolejet i en stor totakts skibsdieselmotor.

Disse to komponenter er ifglge Abanteriba [1995] de to stgrste individuelle bidragsydere til
det totale mekaniske tab. Stempelringspakken star for ca. 60% af det samlede mekaniske tab
ved fuldlast og guideskolejet for ca 23%.

Resten af friktionstabene fordeler sig med 2% i stempelstangspakdasen, 3% i stempelskortet
og hovedlejer og plejlstangslejer star for tilsammen 12%. De fornsevnte veerdier er teoretisk
bestemt ved fuldlast af Abanteriba [1995] .

Information vedrgrende fordelingen af friktionstab kan benyttes i fremtidige design af disse
maskin elementer. En teoretisk model til bestemmelse af friktionstabene for hvert leje er
presenteret. Yderligere er der foretaget en eksperimentiel bestemmelse af friktionstabene.
Maleresultaterne er benyttet til verifikation af de teoretiske modeller. For at ggre dette er
information om for eksempel oliefilm tykkelse, tryk og temperatur ngdvendige. De ngdvendige
parametre er malt og sammenlignet med beregnede stgrrelser. Endeligt er der foretaget et
studie vedrgrende saenkning af friktionstabet pa begge lejer.

Note: Da malingerne blev udfgrt pa MAN B&W Diesel A/S’s testmotor er alle data, der er
benyttet, relateret til netop denne motor. Tegninger af de vigtigste komponenter er presen-

teret i Appendix A.1.
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Chapter 1

Introduction

Two-stroke marine diesel engines are typically installed in large ships. These can for instance
be crude carriers, tankers or container ships. The demand for transportation over sea is
increasing and therefore also the demand for new engines. These two stroke engines are
ranging in power from 2000 to over 100000 horse power rated output.

1.1 Typical Engines for Large Ships

Generally speaking there are 3 propulsion systems for large ships. These are listed below.
e Steam Turbines
e Four-stroke Engines
e Two-stroke Engines

Steam turbines are not used very much anymore for large ships since they are quite fuel
inefficient. Furthermore, they require a reduction gear with a gear ratio of approximately 40
or more in order to maximize propeller performance. Four-stroke engines are comparable to
two stroke engines in fuel consumption but their main disadvantage is the speed. Since they
usually run at higher revolutions a reduction gear is needed. This is due to the fact that the
speed of the propeller has to stay as low as possible in order to maximize propeller efficiency.
Two stroke engines which fires at every cycle can operate with a smaller fuel consumption
than four stroke engines. Furthermore no reduction gear is required in order get the right
angular velocity of the shaft. One disadvantage is their relatively larger physical dimensions.

1.2 Historical Review

Since the first B&W engine was installed in 1912 in ’Selandia’ the engine has undertaken a
huge development. The major advances have been achieved in the increased thermal efficiency
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10%
Bigend bearing

6%
Valve Train

Piston Crankshaft

assembly

Others

5%
Qil Churning Loss

Figure 1.1: The distribution of frictional losses in four stroke engines

in order to reduce the size and increase the power and reliability. However, the layout has not
changed much. One of the major advances in thermal efficiency has been the introduction of
the turbocharger. Running an engine without turbocharger required large engines to produce
the required amount of propulsion energy. Furthermore, the fuel consumption of the larger
engines was a significant running cost. This, however, was not a very central aspect prior
to the energy crisis in the early seventies. Once the turbocharger was implemented in the
1950’s the relative size was significantly reduced. It was the energy crisis in 1970’s which
really put focus on fuel consumption. Until then steam turbines were used on many ships
(mostly tankers) for propulsion system, but that dramatically changed since the two-stroke
engine was approximately twice as fuel efficient as the steam turbine. Ever since the energy
crisis fuel consumption has been a very important and competitive parameter. Therefore a
lot of effort has been put into improving the thermal efficiency. The thermal efficiency is now
approaching the optimal value. Going through the engine for power losses - the mechanical
loss is relevant. This has been done for instance by Priest et al. [1998] and Ruddy and
Hildyard [1993] who revealed that approximately 5 — 7% of the total generated power is lost
to mechanical friction. Examining the distribution and size of the friction loss can supply
the manufacturer with a tool for minimizing the total mechanical loss. See figure 1.1 for
distribution according to Ruddy and Hildyard [1993].
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1.3 Presentation of a Typical Two-stroke Engine

A side view of a typical two-stroke marine diesel engine is presented in figure 1.2.

Figure 1.2: Cross section view of a large two stroke engine

The two major contributors to the mechanical frictional loss are the guide shoe bearing and
the piston ring pack.

The guide shoe is seen in figure 1.3. The function of the guide shoe is to counteract the
horizontal force generated by the connecting rod mechanism.

The piston pack and liner is seen in figure 1.4. The function of the piston is to transport
the cylinder pressure on to the piston rod. The function of the piston rings is to maintain a
pressure difference over the piston such that the resultant force on the piston is as large as
possible. At present there are four piston rings installed. The function of the piston skirt is
to counteract side forces arising from a misalignment or from external inputs. These inputs
could for instance be generated from a rolling motion of the ship or simply by vibration of
the entire engine.

The distribution of the mechanical losses has been examined for small two-stroke engines and
for four-stroke engines. A comparison study regarding the total mechanical loss for a large
two-stroke and a four-stroke marine engine has been carried out by Abanteriba [1995].

This revealed that the total amount of lost power for the two components mentioned above
was up to ~ 80% of the total mechanical loss, which is approximately 5% of the total
generated power. The same is seen in figure 1.1 for a typical four stroke engine. Note that
the 44% lost in the piston assembly may be correlated to the losses in the guide bearing and
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Figure 1.3: Guide shoe arrangement

Figure 1.4: Piston assembly arrangement



1.4. CHARACTERIZATION OF FRICTION AND LUBRICATION 3

piston rings for a two stroke engines. Note that the sources of friction are different between
the two representations. Abanteriba [1995] does not include the "Valve train’, ’Oil churning
loss” and 'Others’ as the presentation shown in figure 1.1 shown by Ruddy et al. [1981].

1.4 Characterization of Friction and Lubrication

Two surfaces having a relative motion generates heat by friction. The nature of friction is
determined by for instance the load, the material of the surfaces, the appearance (The surface

finish) and the fluid (air, water, oil etc.) trapped between the two surfaces.
Ff'ric ion
Fnormtjlload )7

as introduced by Amonton and Coulomb. The basic models have been extended over the

The traditional understanding of friction is related to a coefficient of friction (u =

years but generally speaking the coefficient of friction depends on the surface topography,
the material, the relative motion and the load.

Friction can be either constructive or destructive. Bearing friction is often destructive since
heat is generated and power is lost.

There are ways of controlling the coefficient of friction. Lubricating the surfaces with a fluid
is a way of reducing the coefficient of friction by several orders of magnitude. The nature of
the lubrication regimes can be characterized by the fluid film parameter given in equation
1.1.

hm'm
A= tmin (1.1)
\/oi + 03

Where
e 0, is the root mean square of the surface roughness at surface 1.
® h,,in 1s the minimum film thickness.

The value of A determines the lubrication regime. The different regimes are listed in the next
three sections indicating the value of A as well.

Fluid Film Lubrication (2 < A < 100)

An ideal situation is obtained if the solid surfaces operate such that the two surfaces are fully
separated. This is called fluid film lubrication and it is a condition which is to prefer in most
bearings. The bearings listed below usually operate under these circumstances.

e Journal bearings
e Thrust bearings

e Slider bearings
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Within this lubrication regime the nature of lubrication can be divided into different catego-
ries regarding the relative load.

e Hydrodynamic Lubrication (HL)(5 < A < 100)
e Elasto Hydrodynamic Lubrication (EHL)(2 < A < 100)

— Hard EHL(2 < A < 5)
~ Soft EHL(5 < A < 100)

If the relative load is small - Hydrodynamic Lubrication is present. If the load increases such
that the surfaces of the bearing deforms, the lubrication condition is elasto-hydrodynamic.
There are two modes of EHL, soft and hard EHL. Viscosity-pressure effects are not important
in soft EHL. If the load is very high as for instance in rolling element bearings (pmqez > 0.7
GPa) hard EHL is present and the viscosity may change several orders of magnitude.

Partial Lubrication (1 < )\ < 3)

Sometimes it cannot be ensured that the two surfaces do not touch each other. If the degree
of interaction is small Partial (or Mixed) Lubrication is present. In Partial Lubrication the
surface roughness of the surfaces compared to the minimum film thickness are of the same
order of magnitude. This means that the two surfaces occasionally touch each other due
to the surface roughness. Since the surface roughness parameter o; is a statistical value
some asperities will be larger than this value and therefore asperity interaction may occur.
In this context some wear will be present and therefore the component must eventually be
exchanged. However, the most important load absorber is still the lubricant trapped between
the bearing surfaces. Partial lubrication can for instance be seen in :

e Piston rings
e Cam system

When this takes place both HL and EHL can be present in the regions where asperity
interaction is not present.

Boundary Lubrication (A < 1)

If the A is less than one boundary lubrication is present. It is no longer the lubricant that
carries the most of the load but the asperities. This configuration is subjected to significant
wear and therefore the component must be exchanged after some time. Boundary lubrication
can for instance be seen in :

e Piston rings (Depending on the actual operating condition)
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e Rubbing sleeve bearings

e Break pads

1.5 Comments on Guide Shoe Friction

The function of the guide shoe is to counteract the horizontal force generated by the con-
necting rod mechanism. The bearing design reveals that this is designed to be a fluid film
bearing, which means that the parts are always fully separated by oil. The guide shoe con-
sists of two bearing pads. The guide shoe system for a two-stroke engine was investigated
theoretically by Abanteriba [1995] by the use of infinitely wide bearing theory with finite
width correction factors. The system was assumed to be viewed as a rectangular thrust
bearing with parallel surfaces. This information is also available in the common literature
on lubrication, see for instance Hamrock [1994], where general theory for thrust bearings is
presented. In the same context a tapered bearing is examined but not the correlation between
the two. A similar approach was presented by Rodkiewicz and C. [1974] for a thermal active
bearing and by Rohde and Kong [1975] for a regular slider bearing. Including the inclination
of the guide shoe and examining the characteristics concerning structural elasticity will be
examined in the dissertation. Furthermore, a practical approach is addressed such that the
friction and other relevant parameters are measured in order to discuss the correlation of the
models to be applied to the problem. No prior work has been done in the experimental part
of this problem.

1.5.1 The Contribution From This Thesis

The aim of this work is to analyze and measure guide shoe friction. An examination of
the correlation between measurement and experiment of the guide shoe system is perfor-
med. Furthermore, characteristic parameters that control friction are identified along with
suggestions on how to lower the frictional loss.

1.6 Comments on Piston Ring Friction

Since there are more than one friction mechanism for the piston ring lubrication of this
will be further investigated. Piston rings are subjected to a varying load and speed which
often reveals that all three lubrication regimes (mentioned above) are present. Fluid film
lubrication is present in the mid part of the stroke and partial lubrication is present at the
ends of the stroke. Depending on the surface topography and the appearance of the surface
of the components boundary lubrication might be present at the end of the strokes.

A lot of research in piston ring lubrication is taking place, but most of this research is
directed on automotive engines. 2D Hydrodynamic models are widely used for instance by



8 CHAPTER 1. INTRODUCTION

Sherrington et al. [1995a], Sherrington et al. [1995b] and Yang and Keith [1996a], Yang and
Keith [1996b] and Liu et al. [1998]. These models take into account that the roundness of
the ring and the liner might not be the same and furthermore the influence of the ring gab.
The aforementioned approaches assume that hydrodynamic lubrication is present. However,
experiments have shown that mixed lubrication is present. Patir and Cheng [1978] and Patir
and Cheng [1979] developed a flow model for rough surfaces. Ruddy et al. [1981] applied this
model on an oil control ring. Later Nakai et al. [1996], Ping and Susumu [1993] and Priest
et al. [2000] applied this on a loaded piston ring for a four stoke engine. Priest et al. [2000]
has also examined different cavitation models to be applied to the problem.

However, a few studies have been conducted on two-stroke marine diesel engines. Saburi
et al. [1995] calculated piston ring oil film thickness using purely hydrodynamic lubrication
theory. Furthermore, wave cut was implemented in this model. However, a simple model of
the piston ring was used as well as a no wear profile of the liner was used.

In the present analysis a numerical simulation will be conducted on a two-stroke marine diesel
engine (Saburi et al. [1995]) but including a cavitation model (Priest et al. [2000]) and an
asperity model (Greenwood and Tripp [1971]) and the surface roughness model (Patir and
Cheng [1978]). The analysis will be conducted as a 2D analysis because of the appearance
of the system as done by Sherrington et al. [1991]. Furthermore, the effect from the rings
passing the scavenging ports will be included.

As an input for the model knowledge about the pressure drop over the rings must be known.
Ting and Mayer [1974a], Ting and Mayer [1974b] has established a simple model for predicting
pressure drop in the piston ring package. This model is used but with some modifications.
The profile of the ring, thermal expansion of components and ring lift has been implemented
in the flow model.

Measurements have shown that the frictional loss is typically in the range from 1% to 3%
of the generated power. Since there is an experimental part of this project a literature
study was conducted in order to see which relevant approaches have already been used. The
instantaneous friction method has been tested by Mehmet and Patterson [1984], Mehmet and
Patterson [1983] and Ping and Susumu [1993] with diverging conclusions. Another method
"The floating liner’ method is widely used for smaller engines in order to evaluate frictional
loss. For instance Halsband [1995], Wakuri et al. [1995] and Furuhama and Takiguchi [1979]
have been using that method and research is ongoing in that field. The approach given by
the latter will be used in the experimental part of the thesis.

1.6.1 The Contribution From This Thesis

The aim of this thesis is to analyze piston ring friction for a two stroke marine diesel engine.
Parameters traditionally used in the automotive research area are included. Furthermore, it
is the goal to measure friction in the piston ring pack by an approach used on automotive
engines. Lastly the correlation between theory and experiment will be examined and the cha-
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racteristic parameters that control friction are identified along with suggestions for lowering
the frictional loss.

1.7 General info - Engine Presentation

The work presented in this thesis originates in one particular engine design. The chosen
engine is as mentioned in the abstract the research engine located at the research facility
which is located at the headquarter of MAN B&W Diesel A/S (MBD) two stroke division.
Therefore all dimensions and properties related to the specific models used in this thesis
match the components mounted inside the research engine.

Engine presentation

The engine - 4T50MX is a four cylinder two stroke engine with a bore (Dp;ston) 0f 500 mm.
Its nominal performance is 9076 hp which is generated at a speed (n,.,) of 123 rpm. It has a
stroke (S) of 2200 mm which is transmitted to the crank shaft via a 2885 mm long connecting
rod. This engine is a bit untypical since this engine is designed to meet the future demands
of engines required for the marine propulsion market. This means that the engine is designed
to operate at a larger maximum pressure Peomp,mae and mean induced pressure M EP than
any of the engines currently seen in the engine programme offered by MAN B&W Diesel
A/S. However, it is the authors opinion that it is close enough to present and future engine
designs to enable a comparison between measured and calculated frictional properties. It can
thus be used to calibrate / examine the calculations carried out.
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Chapter 2

(Guide Shoe Presentation

The guide shoe system is mounted in a two-stroke marine diesel engine. The guide shoe is
mounted on the cross head pin. The cross head transfers forces in the piston rod to the
connecting rod. See figure 1.3 for assembled view and figure 2.1 for a view of the guide shoe

only.

Figure 2.1: Guide Shoe

The horizontal forces generated by the connecting rod are absorbed in the guide shoe bearing.
Since there are two guide shoes each consisting of two bearing surfaces the load will be
distributed. The normal load depends on the engine load. As all ready mentioned the guide
shoe consists of two planar bearing surfaces with four oil grooves distributed on each surface.
The two central grooves are connected to the external lubrication system. The guide shoe
is sliding on a guide plane. This is a long flat plane which is supported by the rest of the
structure called the frame box. The design of the sliding plane for the research engine can

11
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be seen in appendix A.l.

2.1 Dimensions and Properties

The total clearance (C') between the guide shoe and the guide planes is approximately 0.4mm.
The guide shoe length (Lgpee) is 0.700m and the width (W) is 0.15m. The length of the
guide plane Lyjgne is 2.9m. The guide shoe is produced in cast steel and the bearing surface
is applied with a 3mm layer of white metal (babbit) as bearing surface. The counterpart is
made of regular steel which after welding is machined in such a way that the two opposing
planes are co-planar. These planes are manufactured with a specified surface quality. The

properties of the components can be seen in the production drawings presented in Appendix
Al

Position of Guide Shoe

The vertical position of the guide shoe, the speed and the acceleration is presented in figure
2.2 for 100 % load (Full load).

Loading of Guide Shoe

A typical normal force is shown in figure 2.3 for a full load situation. Note that TDC denotes
the Top Dead Center and BDP the Bottom Dead Center of the stroke. In the following it
is assumed that the load is evenly distributed on both guide planes in either maneuver or
exhaust side.

Lubrication of Guide Shoe

The guide shoe is lubricated from the cross head. The lubricant is supplied through the cross
head via a circumferential channel in the cross head pin. Since the oil is fed to the cross
head through a telescope pipe the pressure varies during one stroke. The pressure variation is
caused by the volumetric change of the telescope pipe, the inertia of the system and the feed
rate from the oil supply pump. The four oil grooves are machined into the bearing surface.
Only the two central ones are fed with the oil from the telescope pipe. A typical pressure
history in the oil supply system is shown in figure 2.4 showing large differences in oil supply
pressure over time.

2.2 Service Experiences

The list of problems with this bearing type is short. Only very few problems have been
encountered with this bearing type compared to the large number of guide shoe bearings
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Figure 2.2: Position, speed and acceleration for the full speed condition (123 rpm).

installed (more than 6000 engines have been manufactured with this design). The usual
service problems observed are production related. Having this in mind a tool for generating
characteristic data for this bearing will be valuable in designing new optimal guide bearings.

2.3 Frictional Losses in Guide Shoe Bearing

So far purely theoretical considerations concerning frictional losses for this bearing have been
carried out. As mentioned in the introduction an expected frictional loss of approximately
1% is expected. This quantity is to be verified theoretically and experimentally.
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Figure 2.3: Normal load acting on both guide shoes for 100 % Load

2.4 Requirements for Calculation of Guide Shoe Cha-
racteristics

The service experiences consolidates the belief that the bearing is acting in the fluid lubrica-
tion regime.

The characteristics for this kind bearing are the oil film thickness distribution, the pressure
distribution, the temperature and of course the frictional loss. All of these quantities are
related to the solution of Reynolds equation for establishing the characteristics. Full separa-
tion is expected to be present in the bearing so that Reynolds equation for smooth surfaces
is expected to be adequate. Since this bearing is subjected to alternating sliding speed from
+u to —u and the normal load shifts direction in one operation cycle cavitation is likely to
occur in the bearing. Focusing on the guide planes on which the guide bearing is sliding
raises a new question, namely how the deformations of the guide planes influence the guide
shoe characteristics. Furthermore, the assembly procedure of the guide planes suggest for
initially deformed guide planes which the guide shoe must adapt to.
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Chapter 3

Piston Assembly Presentation

The piston is mounted on top of the piston rod. A side view of the engine was presented in

figure 1.2. The piston is seen in figure 3.1.

Figure 3.1: Piston mounted with piston skirt and four piston rings

3.1 Description of Characteristics Four Stroke vs. Two
Stroke

A lot of studies concerning piston characteristics have been carried out. This for instance

concerns:

1. Position of piston in liner

17
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2. Movement of piston ring
3. Oil Film Thickness (OFT)

4. Wear

However, the majority of these studies have been carried out on small 4 stroke engines. There
is quite a difference in operating conditions between a large two stroke diesel engine and a
small 4 stroke diesel/gasoline engine. The piston diameter ratio is about 5 - 10 and the
engine speed about a factor of 20-30 smaller. Furthermore, the lubricant is supplied through
the piston for a four stroke engine and distributed by the oil control ring. For a two stroke
marine engine oil is supplied from the liner at a discrete position. This means that the piston
rings must run in the oil supplied at this particular position. This gives another OF T history
than for four stroke engines. A significant issue is that two stroke engines fires at every stroke
and that reduces the amount of time for a new oil film to build up.

Another issue is wear. With a total life time of 4000-6000 hours for most four stroke automo-
tive engines the manufactures have been able to promote a strategy where part replacement
is not necessary. However, for a two stroke marine diesel engine the first service overhaul is
performed after 8000 hours. At that time a the wear is measured and the piston rings are be
replaced if necessary. Usually this is done after 12000 hours of operation. This fact gives a
completely changed focus with other requirements to materials and surface finish. Further a
cylinder liner for a K90MC engine weighs about 8 tons and therefore production costs and
handling are also an issue.

Piston Crown and Skirt

A typical piston crown is forged and afterwards the piston ring grooves are applied with
an anti wear layer (Typically Chrome layer). The piston is cooled by cooling oil, which is
circulating in the interior of the piston. The oil is supplied through the piston rod via the
telescope mechanism.

The piston skirt is made from cast iron and is fitted with two stationary bronze rings in order
not to provoke scuffing in the low load regime if side forces occur.

Piston Rings

A typical piston for a 2 stroke engine is mounted with 4 piston rings made of cast iron. These
may be coated with a running in layer. The wear rate is approximately 0.05 — 0.1757-. The
piston rings have a very open surface structure due to the graphite in the cast iron.

The function of the piston rings is to seal the gas inside the combustion chamber from the
gas trapped below the piston. Several rings are used in order to get a controlled pressure

drop over each ring and to reduce the wear on the components.
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As it is shown in figure 3.1 there are at present 4 piston rings. The top ring is a CPR-
ring(Control Pressure Ring). This means that the pressure drop over the first ring is control-
led in the whole lifetime of the ring - not illustrated. The three other rings are traditional
oblique cut rings. The rings have a continuously changing geometry because of wear. Howe-
ver, each ring has approximately the same shape on the running surface after running in.
Changes is observed in the ring tension which grows smaller as the rings grows thinner in
radial direction. In the following it is assumed that the roughness of the ring at time ¢ where
t > trunintime Stays the same in the larger part of the lifetime of the ring. It is assumed that
the surface roughness pattern also stays the same.

Cylinder Liner:

The cylinder liner is usually made of cast iron and is afterwards machined in a certain matter
so that the wear rate is kept as low as possible - at least in the early stages of its lifetime.

The liner is also subjected to wear, however not so significantly as the ring (the lifetime
is substantially longer). The surface roughness of the liner is assumed to follow the same
pattern as the piston ring where the surface roughness stays the same after running in.

Wave Cut

Wave cut is present in the liner. This means that the liner is machined such that the surface
consists of a wavy pattern. This wave cut is eventually worn away since the depth is limited.
The reason for introducing wave cut is the ability of the liner to have a small storage for oil
such that wear is reduced. An analysis by Saburi et al. [1995] has been carried out in a two
stroke engine but with a simple / ideal profile of the ring. No wear was subjected to the liner
which meant that the profile of the liner was that of the production drawings. This is not
the case since the wave cut is worn away especially near TDC and BDC.

Wave cut is not implemented in the current work since the experimental setup was not applied
with such a feature.

3.2 Dimensions and Properties

The overall dimensions of the components in focus are listed in table 3.1.
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Bore Dyiston 500 mm
Ring Width Wing 9.5—-125 mm
Middle Induced pressure MEP 18 Dbar
Max Cylinder pressure Deomb,maz 160 bar
Lube oil consumption 0.45-1.0 ¢g/BHPh
Piston ring rotation speed (Estimate) 0.05 rpm

Table 3.1: Characteristic dimensions of piston assembly

Position of Piston

The piston slides in the cylinder liner according to the connecting rod mechanism. The
vertical position, velocity and acceleration can be seen in figure 2.2.

Loading of Piston

The piston is subjected to the combustion pressure and carries the load generated by the
combustion process to the cross head pin.
Typical combustion and interring pressures are shown in figure 3.2 for the research engine.
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Figure 3.2: Pressure in piston ring package
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Lubrication of Piston Rings

The piston rings are lubricated from the liner. The lubricant is supplied through channels
machined in the liner surface. The oil is fed at an adjustable time and rate.

3.3 Service Experiences

For engines in general the list of problems with piston ring/liner is long. This is due to the
fact that wear is present in this system due to solid contact between the moving parts and
the liner. Therefore reduction of the wear is always the aim of work. The service experiences
and tests carried out by MBD are often not very clear since there are so many parameters
influencing the lubrication condition that it is hard to get good statistical data. Another
factor influencing this is that the wear rate is low - typically below 0.1mm per 1000h. This
makes is hard to test a low of new alternatives because of the long lasting experiments.

3.4 Requirements for Calculation of Piston Ring Cha-
racteristics

The service experiences for the piston ring / cylinder liner contact states the fact that the
bearing is acting in the partial lubrication regime.

The characteristics for this bearing are the oil film thickness distribution, the pressure distri-
bution, the temperature and of course the frictional loss.

All of these quantities are related to the solution of Reynolds equation applied to the problem.
Since partial lubrication is expected to be present in the bearing Reynolds equation for rough
surfaces is expected to be adequate. Since the bearing is subjected to alternating sliding speed
from +u to -u along with the pressure drop in the ring package cavitation is likely to occur
in the ring. Due to the low speed near TDC and BDC and high load partial lubrication and
asperity interaction is likely to occur.
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Chapter 4

Lubrication Theory

In the current chapter the different lubrication models used in the current study are presented.
The derivations shown in the following are based on two surfaces moving relative to each
other with the coordinate systems shown in figure 4.1. u,v denotes the sliding speed of the

surface.

Figure 4.1: Coordinate system definition

Since the space in between the two surfaces are filled with fluid and there is a relative motion
between them a pressure will build up according to Navier-Stokes equations.

4.1 Lubrication and Friction of Smooth Surfaces

One of the reduced forms of Navier-Stokes equations is Reynolds equation. There is a list
of assumptions used in order to get a simple representation of the problem - and a simple

solution.
e Inertial properties of the fluid film are neglected

23
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Fluid is assumed to be iso-viscous

Film thickness (h) << width (W) and length (L) of bearing (2D solution)

Iso-thermal conditions assumed

Laminar flow

e No slip at surfaces

The general Reynolds equation is presented in equation 4.1. See for instance Hamrock [1994]
for a derivation of Reynolds equation.

o [ ph® dp d [ ph®dp [ p(ug + up)h 9 [ p(ve +vp)h %)

— | ——= — === |— — | — — (ph) (4.1

ox (1277 ox + 0z \12n 0z ox 2 + 0z 2 + ot (ph) (4.1)
Some of the terms in equation 4.1 may be cancelled out. The pressure variations are relatively
small such that any changes in p are negligible. The movement of the bearing parts are often

w = 0. Furthermore, it is assumed that

in one direction only and that states that % (
only one of the surfaces are moving such that u, = 0. The result of these considerations can

be shown in equation 4.2.

o (h*o a ( h®d uwoh  Oh
o (K op), 0 (K op)_udk, oh 02)
Ox \12n Ox 0z \ 1210z 20x Ot

The equation is the reduced form of Reynolds equation. For a given bearing fulfilling the
requirements this differential equation can be solved. The solution to the system (the pressure
distribution) can be found by the use of either analytical or numerical means depending on

the problem.

4.1.1 Bearing Characteristics Smooth Surfaces

When the two surfaces are fully separated by fluid and the surface roughness is small compa-
red to the distance between the surfaces Reynolds equation may be used in its reduced form
(equation 4.2). The interesting bearing characteristics are individual depending on the aim
of the study. Usually the bearing has to match some sort of external parameter. This may
be an external load, a given film thickness or maybe a certain speed. A calculation is issued
in order to verify a quantitative parameter.

In this thesis frictional behavior is important, therefore information about running conditions
of the bearing are the aim of this study. Since the bearing in this study is loaded with a well
defined external load (for example force F;; and moment M,,;) the pressure distribution
and oil film thickness are determined by solving Reynolds equation for smooth surfaces and
integrated for the wanted properties. Equation 4.3 shows an example of this. The pressure
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is integrated over the bearing area in order to retrieve the force and moment generated by
the oil film distribution.

F,; ://pd:vdz
M, = //pxdxdz (4.3)

The calculated load carrying capacity is checked for equilibrium with the external loading.
Once this is established by adjusting the degrees of freedom - usually the oil film thickness,
a new calculation step may be issued if the bearing is dynamically loaded. The procedure
for dynamically loaded bearings is presented in chapter 6.

4.1.2 Friction for Smooth Surfaces

The frictional loss for relative movement of bearing surfaces relative to each other in sliding
direction x may be calculated by equation 4.4.

Firicoit = //dedz (4.4)

Where the shear stress is defined as :

4.2 Lubrication and Friction of Rough Surfaces

In some bearings the minimum oil film thickness compared to the surface roughness is small.
If the oil film thickness is of the same order as the surface roughness - local effects arising
from the surface pattern may have impact on the lubrication condition. An example of
this kind of lubrication condition can be seen in figure 4.2. A natural extension of that
is to take into account surfaces that are not necessarily smooth and implement these into
the lubrication model . Such a model has been suggested by Patir and Cheng [1978]. The
Average Reynolds equation is introduced and applied to rough surfaces. An application of
this is given in Patir and Cheng [1979]. This modified Reynolds equation is presented in
equation 4.6. The implementation of roughness effects in Reynolds equation introduces flow
factors ¢;, which are dependent on the surfaces appearance of the bearing. In the following
isotropic, homogeneous surface roughnesses are assumed.

2 h3 Op h® Op wOhy u 0¢s Ohr
<¢ 12778:5) <gz5 12778z> 2 Oz * 27 9z * ot (4.6)
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As shown in equation 4.6 numerous new terms are present.

The term hp denotes the local film thickness and is defined by the the nominal film thickness
h and the local roughness amplitude J;, shown in equation 4.7 and in figure 4.2. The dotted
lines in the figure represents the mean value.

Figure 4.2: Coordinate system

Since the local roughness is a statistical value the value for hr the average separation may
be determined by equation 4.8 - see Hamatake et al. [2001].

oy = /oo(h +8)f(6)ds (4.8)

h

In this context ¢ is the combined roughness of both bearing surfaces. f(d) denotes the
probability density of the roughness (Gaussian surfaces appearance assumed in this case and
o; is the the standard deviation).

The result of this integration gives equation 4.9

hr = g (1 + erf(%)) +

o —hn?

\/ﬁﬁezT? (4.9)

The term o is the standard deviation of the combined surface roughness (approximately 10%
larger than the R, value according to Ruddy et al. [1981]). The relation between Hry and
H,, (defined as :Hp = %T, H,, =) are plotted in figure 4.3.
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Figure 4.3: The average local film thickness Hp as function of the nominal film thickness H
(Normalized)

As seen in the figure the difference between the local and the nominal film thickness are
asymptotically closing in on the value for h as the nominal film thickness h increases. This
is a natural extension since local effects are not relevant once the separation between the
surfaces is large.

Using the relation of hr and h and inserting into 4.6 gives equation 4.10.
0 oh

a h3 Op h® Op udh wu
. . gon v a 4.1
<¢ 12778:5) <gz5 12778z> C’2 oz * 27 9z +Cat (4.10)

,where C = % (1 + erf(ﬁ))

The three flow terms introduced into Reynolds equation are pressure flow factors ¢,, ¢, and
shear flow factors ¢5. The derivation can be seen in Patir and Cheng [1978]. ¢, is denoted the
shear flow factor and can be approximated by equation 4.11 for Gaussian isotropic surfaces.
The factor describes the additional flow due to sliding in a rough bearing.

1‘899H7()n.98670.92Hm+0.05H3n H, <5
¢s = (4.11)
1.126¢ 0-25Hm H, >5

The shear flow factor is shown in figure 4.4, and it is obvious that the roughness effect on
the shear flow factor is significant only in the small film regime.
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Figure 4.4: Shear flow factor

¢, is denoted the pressure flow factor and can be approximated as shown in equation 4.12
for Gaussian isotropic surfaces. This factor ¢, compares the average pressure induced flow
for a rough bearing to that of a smooth bearing.

1 — 0.90¢~0-56n
Qs:v =
12

The pressure flow factor is pictured in figure 4.5.

for H,, > 0.5 (4.12)
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Figure 4.5: Pressure flow factor

The Reynolds equation for rough surfaces asymptotically turns into Reynolds equation when
H,, — oo. That is a natural extension of the model proposed by Patir and Cheng [1978].
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4.2.1 Bearing Characteristics Rough Surfaces

The load carrying capacity may now be established in the same way as for the smooth
surfaces seen in equation 4.3, since no new components are introduced by the new model,
except for slightly changed load carrying capacity due to altered pressure distributions. An
implementation on piston rings has been given by for instance Sanda et al. [1997] or Priest
et al. [2000].

4.2.2 Friction for Rough Surfaces

The frictional loss may be calculated by equation 4.4. But note that the shear stress definition
is altered due to the introduction of flow factors. The new definition is shown in equation
4.13. The derivation can be seen in Patir and Cheng [1978].

ap un
o (01 8r) 5 (4.13)

Three new flow factors are introduced relating to she shearing of the bearing. ¢y, is the mean

h
T = ¢fp§

pressure flow factor component of the shear stress - shown in figure 4.6.
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Figure 4.6: Shear stress flow factor

¢s is the mean sliding velocity component of the shear stress. This can be obtained by
equation 4.14. This equation requires a numerical integration. However, the solution may be
approximated by equation 4.15, the dependence of h is shown in figure 4.7.

~ £
dr=h| h(—+)5d5 (4.14)
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B2 (1= 22)3mE + & (=55 + 2(132 + 2(345 4 2(—160 + 2(—405 + z(60 + 1472))))))]
for H,, <3
TSR

B2 (1= 22)3n= + L (66 + 22(302% — 80))]

\for H, >3
(4.15)

_ Hn £ 1
where z = 5 and €* = 300

0 1 2 3 4 5

Hp,

Figure 4.7: Shear flow factor ¢ as a function of H,,

¢ss is the mean sliding velocity component of the shear stress. This can be obtained by
equation 4.16. The term is only active if the two surfaces roughness’s are different, otherwise
this term vanishes. The dependence of h is shown in figure 4.8.

(I)fs _ 11'1H72n.31672.38Hm+0.11H3n (4.16)

s = Vii®rs(Hpm, 71) — Vi@ ys(Hp, 72) (4.17)

Where V;4 = (2)? and V9 = (2)? = 1 — V}4. ~ denotes the orientation of the asperities -

g

~; = 1 for isotropic surfaces, for other cases see Patir and Cheng [1978] and Patir and Cheng
[1979].
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Figure 4.8: Shear flow factor ¢, as a function of H,,

This concludes the description of the new terms in equation 4.10. As shown in the flow
factors the surface roughness is important once the film thickness is small. For large film
thickness h equation 4.13 reduces to equation 4.5. Since this is statistically based some of the
surface peaks will be in contact with each other as shown in figure 4.2. Therefore a natural
extension of this is to include the asperity interaction in the lubrication model.

4.3 Asperity Contact Model

In the current section the asperity contact model introduced by Greenwood and Tripp [1971]
is used.

4.3.1 Surface Appearance

The surfaces of the sliding contacts are important for the asperity interaction model. The
amount and size of the asperities strongly depends on the interacting components. In the
current study only components that have been run in are considered - which means that
the statistical surface appearance is not altered with time although solid to solid contact
is present. The size, shape, orientation and distribution of asperities are also important in
asperity models.

In the following it is assumed that the distribution is a Gaussian distribution as proposed in
Patir and Cheng [1979], which is also the assumption used in the previous section concerning
the lubrication of rough surfaces.

The orientation of the asperities is also important. The orientation refers to whether the
asperities are mainly aligned in one direction or not. In this case an isotropic asperity
orientation is assumed.
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Furthermore, the r.m.s. values o; are needed along with the elasticity modulus of the surfaces.
The r.m.s. value is approximately 10 percent larger than R, for a surface with a Gaussian
distribution - see Ruddy et al. [1981].

The r.m.s. values are statistically used to determine at what distance asperity contact is
present. An averaged surface roughness and o is denoted as the variance of this quantity,

o=\/o}+ 03 (4.18)

Furthermore, # and 7, which are two surface parameters are required. [ describes the

shown in equation 4.18.

average radius of curvature of the single asperity peak and 7, describes the surface density
of the peaks.

The load carried per unit width can be described by equation 4.19, taken from Greenwood
and Tripp [1971]. The equation is based on the assumption that the contact is elastic, and
represents the approximate Hertzian solution for contact of two paraboloids.

We = %W(nsﬂg)QEl\/g/Fg(g)dx (4.19)

E' is the composite modulus of elasticity of both surfaces.
The last unknown F,,(H,,) is the asperity contact function, which depends on the statistical
distribution of asperities. The equation 4.20 shows the equation for the Gaussian distribution.

1 [ 2

= 7=/, (x — Hy,)"e” Tdx (4.20)

This integration is pictured in figure 4.9 as a function of H,, for two values of n.
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Figure 4.9: F,, as a function of H,,
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For practical applications this equation, which requires numerical integration can be replaced
by analytical means if the approximation proposed by Rohde and Kong [1975] is used. This
can be done if the surface distribution is assumed to be Gaussian.

flefQZn(H;@*Hm)+f3(ln(H%*Hm))2 'lf Hm S 35
Fs = f{’e(Hf*n—Hm)ff if 3.5<H, <H: (4.21)
0 if  Hy <Hpj,

The coefficients are shown in equation 4.22.

fi =1.705-107*
fo =4.05419
f3 =1.37025

H —8.8123-107°
fH =2.1523
H =5 (4.22)

4.3.2 Including Asperities in a Lubrication Model with Cavitation

Including asperities into a lubrication model, is like including microscopic effects on a ma-
croscopic problem. However, a question naturally arises in this content. Is each asperity
acting like a small bearing or is an asperity not important compared to the application of
Reynolds equation in this context? Should the surface be modeled as perfectly smooth (Rey-
nolds equation) or should the oil film model be altered such that the lubrication of each
asperity is included? This last physical interpretation has been made by Patir and Cheng
[1978]. However, considerations about cavitation and asperity interaction is not presented.
In the following it is assumed that cavitation can occur and that the asperities will not act
like small bearings viewed from a global point of view which means that Reynolds equation
is fulfilled in large scale. This is based on the fact that the asperity is a statistical quantity
incorporated in Reynolds equation and therefore it is also seems valid to include this quantity
in the cavitation area of the contact.

4.3.3 Bearing Characteristics Rough Surfaces with Asperity Inte-
raction

The load carrying capacity is similar to the one calculated for rough surfaces except with the
new term arising from the contact pressure at the contact points. This new term is shown in
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equation 4.23.
Fosp = /chz (4.23)

4.3.4 Friction for Rough Surfaces with Asperities

The friction generated on the bearing surfaces originate from two terms - asperity friction
and fluid film friction for the rough lubrication model.

The asperity friction term is presented in equation 4.24 as the shear strength of the surface
film.

Ffric,asp - aFasp + 7_(]14C’ (424)

Where Ac denotes the area of asperities in contact which is given by 4.25 and 7y denotes the
shear strength of a boundary film with no normal load (Tabular value).

W
A¢ = 7D, isson (70 B0)2 E! \/g /0 F2(g)dx (4.25)

The determination of F»(%) is made using equation 4.20. Alternatively equation 4.21 may
be used as an approximation to the integral, which have to be determined by numerical
integration. The new coefficients are shown in equation 4.26.

fi =2.1339-10*
fo =3.804467
f3 =1.341516
f=1.1201-10""*
fH =1.9447
H* =5 (4.26)

The total friction force can be determined by inserting equation 4.13 into equation 4.4 and
add equation 4.24 as shown in equation 4.27.

Ff’ric = Ff’ric,oil + Ff’ric,asp (427)

The necessary theory concerning lubrication models have been presented such that they are
available depending on the problem to be solved. Models for lubrication have been presented
depending on the relative film thickness compared to the surface roughness.



Chapter 5

Cavitation in Bearings

Calculating bearing characteristics by the use of Reynolds equation may create negative
pressures. The nature of Reynolds equation does not contain the information about the
incapability of the fluid to sustain negative film pressures. Therefore negative pressures can
occur in the process of pressure distribution calculations of bearings. This approach is often
denoted as the Full Sommerfeld solution. Large negative pressures cannot be present in
running bearings. Experiments have shown that the fluid is capable of sustaining only very
small negative pressures, and if the pressure drops below a certain limit cavitation occurs.
Removing these negative pressures by simply neglecting them in the load carrying capacity
calculation is often named the Half Sommerfeld or the Giimbel condition. The problem with
this conservative algorithm is that mass flow continuity is not satisfied. The formulation
of the Reynolds or the Swift-Steiber boundary condition ensured that flow continuity was
present. This approach is the one of the two models used in this study. It is recently used
by Priest et al. [1998], who named it Reynolds separation and reformation model, because
an extra term is included- namely the ability of the fluid to reform after cavitation. The
other approach presented here is noted the open-end cavitation, which states that fluid will
be dragged into the bearing to eliminate cavitation - used by for instance by Han and Lee
[1998].

5.1 Reynolds Separation and Reformation

5.1.1 Determining The Film Rupture Location

The point where cavitation starts (the film rupture location) can be found if Reynolds bo-

undary condition is applied. This states that p(z*) = 0 and aaf* =0 at z = x*. The problem

is limited to determination of the location x* where both conditions are fulfilled.

For analytical solutions to Reynolds equation two nonlinear equations with two unknowns
are to be solved for a one dimensional problem.
Many techniques are available, one of them is to iteratively modify the solution domain until

35
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the criteria is fulfilled. An example is shown in figure 5.1.

15 T T T
— Initial
1.st iteration
— 2.nd iteration
1 - -

Dimensionless Pressure
o

_15 L L L L L L L L L
0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1

Position in bearing gap

9 _

Figure 5.1: Tteration search for £

5.1.2 Inside The Cavitated Region

The structure of cavitation is not well determined but can perceived as small gaseous bubbles,
because the fluid has to compensate for the negative pressures. Another theory is that when
cavitation occurs then the oil film turns into oil channels connecting the non-cavitated regions
- Thomsen [1975]. In the present analysis the load carrying capacity of the cavitated region
is not included in the analysis.

5.1.3 Reformation of The Film

In some bearing configurations the fluid film can reform. The point of cavitation is called x*,
and the point of reformation is called z**

The approach mentioned originates in a flow continuity consideration. The flow into the
cavitated region q.q, is calculated is set equal to the flow out of the cavitated region. This
equality can be used to find 2** shown in equation 5.1 - one dimensional assumption.

12n 0x 2

onw = gh(x*) —_ h(z™) (5.1)
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Hereby three nonlinear equations equation 5.1, p(z*) = 0 and aaf* = 0 at x = xx are to

be solved in order to determine these points. An example of a reformation in a bearing
subjected to cavitation is shown in figure 5.2. The initial pressure distribution calculated
using the full Sommerfeld solution is shown as the curve with label 'Initial’. This curve shows
that cavitation occurs in this bearing. The pressure distribution until the point of cavitation
is shown as the curve labeled 'Cavitation’. Since the pressure at the exit boundary is > 0 the
possibility for reformation of the oil film is present. The point of reformation is determined
from iteration. The result is shown as the curve labeled 'Reformation’. The assumption in
this case is a parabolic film thickness distribution with an outlet pressure of 0.5.

0.6

— Initial
Cavitation
0.5f — Reformation N

Dimensionless Pressure

_03 L L L
0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1

Position in bearing gap

Figure 5.2: Pressure distribution (Cavitation and Reformation)

5.1.4 Application of Cavitation Algorithm

For analytical descriptions of pressure distributions the procedure shown above can easily be
incorporated.

An implementation of such a procedure is shown in a flowchart in figure 5.3.
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Figure 5.3: Flowchart Reynolds cavitation and reformation algorithm

If the establishment of the solution requires a numerical description the procedure shown
above may be time demanding. A larger number of iterations in order to establish the
cavitation area may be necessary. Therefore a fast implementation can be useful. A simplified
version is applied called the Negative Pressure Elimination Method (NPEM) Saburi et al.
[1995], which is more conservative than a traditional Reynolds boundary condition. The
method is applied in such a way that the largest negative pressures are removed and a
new iteration process is carried out for equilibrium determination. The pressure profile is
examined for negative pressures. If negative pressures are present the largest of these are
cancelled out and a new search for equilibrium with the external load is initiated. The
advantage of this method is that it is a fast implementation compared to the other method
used by for instance Priest et al. [2000]. The result is close to the solution where the flow
continuity equation is used, but this depends on the discretization of the problem. Working
with NPEM it cannot be ensured that the point of cavitation is not within two discretization
points without moving these points to locate the exact position. This is no real problem
since the discretization is fine - such that the error performed in this assumption is small.
Otherwise an assumption of the pressure distribution being described by for instance a 3rd
degree polynomial around the cavitation could be implemented in order to check the error
- as shown in Thomsen [1975]. The flowchart for cavitation elimination is shown in figure
5.4. The method removes the largest negative pressure in each iteration until no negative
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pressures are present. The number of iterations needed for cavitation elimination depends on

the discretization of the problem. If for instance there are N,,, cavitation points in a infinite

bearing this may take no more than log(%) iterations. The typical error in this context
dp

is that the point where 32 = 0 lies within two discretization points, which is no problem if a

fine mesh is used.

< Input Data O

A 4

Find Equilibrium
Flowchart figure 6.1

o Modify domain
Yes™ Find Pmin Syet Pmin = Peav B

No

Next load step

Figure 5.4: Flowchart NPEM algorithm

5.2 Open-end Cavitation

The open-end cavitation states that cavitation does not occur in the bearing. Once the
bearing pressure drops below the saturation pressure of the bearing fluid will be dragged in
the bearing in order to fill the domain and eliminate the small pressures. See for instance Han
and Lee [1998]. An example of this configuration is shown in figure 5.5. The initial pressure
profile is shown and the pressure profile for the open-end cavitation is shown. Note that the
outlet boundary is moved such that the smallest pressure in the bearing is not smaller than

the outlet pressure and aaf* = (. This point is determined iteratively.
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Figure 5.5: Pressure distribution with open end cavitation

5.2.1 Application of Cavitation Algorithm

The flow chart for this type is shown in figure 5.6
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Figure 5.6: Flowchart open-end cavitation




Chapter 6

Time Stepping in Dynamically Loaded
Bearings

Bearings subjected to dynamic load move accordingly to these exterior loads. The load
may be periodic or not. Periodically loaded bearings are for instance bearings mounted in
combustion engines or compressors.

The solution to statically loaded bearings is in most cases pretty straight forward, since the
degrees of freedom match the number of equations to be solved simultaneously in order to
find equilibrium.

The situation is not so straight forward in dynamically loaded bearings. Since the position
is dynamically altered a time dependent equilibrium must be established. But if the bearing
is periodically loaded a solution may be found by simple means due to the periodicity in
loading and dynamic response of the system. There are a number of different approaches
available. The approach chosen for this study originates in stability analysis of rotor journal
bearings. The integrated Reynolds equation is the base point of this approach.

6.1 Damping and Stiffness of Rotor Bearings

The damping and stiffness of a bearing subjected to constant load may be important in order
to check the stability of the bearing. Stodola [1925] suggested that the dynamic response of
a bearing could be represented by stiffness and damping coefficients.

One way to determine the damping coefficients of a bearing is the application of perturbation
theory in lubrication suggested by Lund [1968]. Lund [1968] proposed a solution to this
problem that could be attained from analytical or numerical means, depending on the solution
for the pressure profile for the problem.

The approach originates in Reynolds equation - see also Lund and Thomsen [1978]. The
benefit is robustness in determination of damping and stiffness coefficients for the chosen
bearing.

41
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6.1.1 Analytical Approach

Some bearings run under such conditions that analytical solutions are available for the deter-
mination of bearing characteristics. These characteristics may be pressure, oil film thickness,
load carrying capacity frictional loss and so on. A bearing subjected to a static load and a
given running speed attains at a static equillibrum position ¥ with ¥ = 0. The load carrying
capacity is noted 7. T may be a force of a moment depending on the problem. Assuming
that the bearing is given a small disturbance denoted AT and velocity term A% the carrying
capacity is altered.
The load carrying capacity of the bearing may be Taylor expanded as shown in equation
6.1(1st order terms only). This expansion can be used to determine the change in load
carrying capacity for the small disturbance Av < . The correlation between the disturbance
and the change in load carrying capacity is presented in equation 6.1.

T=T,+ g—gAE + %AE (6.1)
The term gA@ describes the change in load carrying capacity due to the disturbance Av.
It is observed that g—g may be interpreted as the stiffness of the oil - and ‘Z—% the damping of
the oil.
If an analytical solution for the current problem is present for the load carrying capacity,
these terms can be determined analytically - see for instance Vglund and Klit [2000] and Klit
and Vglund [2002]. B B
The terms are called the dynamic coefficients K and B for the chosen bearing.
These are coefficient matrices with the definitions denoted in equation 6.2 and 6.3.

aT;
5] avj ( )
aT;
K, ;= 6.3
The system may now be defined as shown in equation 6.4.
T-To=K -Av+B-AG (6.4)

This system of equations terms relates the coupling between a perturbation Awv; , Av; and
the effect this has on the bearing performance. Note that a perturbation in Av; may create
disturbances in all the elements of 7.

6.1.2 Numerical Approach

Working with bearings for which the assumptions required for analytical solutions do not
hold requires other ways to determine the dynamic coefficients.
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For this approach a numerical determination of the dynamic coefficients is useful. The way
to do that originates in perturbations around the current state, with the base in Reynolds
equation. The advantage of this approach compared to a numerical differentiation of the
calculated load carrying terms is that the numerical inaccuracy of the numerical differentia-
tion technique can be eliminated by J.W. Lund’s approach - see Lund and Thomsen [1978|.
The chosen perturbation is shown in equation 6.5. This is a small 1st order perturbation in
the position around position .

Uy + AU

v
0 =19+ AD (6.5)

v is a set of variables related to the position of the bearing. Av < ¥ and correspondingly
that Av < 0.
The perturbation changes the film thickness profile for the bearing h = hg + h(Av).
The perturbation in oil film thickness generates a similar perturbation in the oil film pressure
shown in equation 6.6.

p = po + peAU + pyAD (6.6)

This perturbation is introduced in Reynolds equation to give equation 6.7.

) ((h0+h(M))33 ) ((h0+h(M))

_ ) =
(o + prAT + p@M)) + EP (Po + prAT + %M)> =

ox 129 ox 0z 129
uo (ho + h(AT)) + 9 (ho + h(AT)) (6.7
209z V)T g Vo v '

The single terms (v;, Av;, Avy) are isolated such that sets of equations are established.
Isolating all original terms generates the system shown in equation 6.8 and Reynolds equation
is naturally the result.

a% ((ho) 9 (po)) +% ((ho) 9 (p0)> _ g%(h0)+%(h0) (6.8)

121 Oz 12 0z

The terms Av keeping only 1.st order terms are shown in equation 6.9, where the righthand
side RH; depends on the actual problem to be solved. The same operations are performed
for Av in equation 6.10. An example a RH; is shown in chapter 7 for a slider bearing. Note
that appropriate boundary conditions must be applied as well.

% <(h0) 2 (]%)) + % <(h0) g (pi)) = RHy (6-9)

2 (f’;f? " <pg>> + 2 ((f;)? . (pa) - RH; (6.10)
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As shown is equations 6.8-6.10 the left hand terms are identical, only the right hand side is
altered. The advantage of this is that once Reynolds equation is discretized, the lefthand
side of the system of equations is the same. This means that the same system is to be solved
with several right hand sides whether a solution for the pressures or the perturbed pressures
are the objective.

Thereby the solution to each problem can be found and the solution to the pressures, and
the perturbation pressures are obtained.

Integrating these perturbation pressures generates the damping and stiffness coefficients for
the bearing chosen - shown in equation 6.11 .

Ki; = ffproj(i)p@dA
B; ;= ffpmj(i)pzjdA

Where proj(i) is the projection of the perturbation pressures on to property i (May be sine

(6.11)

or cosine for radial bearings or may be a torque arm for torque calculation terms).
Once the stiffness and damping coefficients are established the stability of the bearing may
be examined in a similar manner as for the analytical solution.

6.2 Application to Dynamically Loaded Bearings

Stability is checked for bearings running under steady load - traditionally. The same proce-
dure may be imposed for dynamically loaded bearings. Take for instance a main bearing in
a combustion engine. This bearing has a periodic load and thereby a stable orbit, which the
center of the shaft follows.

The problem is to determine this orbit since it depends on the time history of the bearing. The
procedure for calculating orbits for dynamically loaded bearings with the above mentioned
approach is described in the forthcoming paragraph.

To obtain a solution over one period of a dynamically loaded bearing - the external loads
T..: are discretized in time with time intervals At.

An assumption of the position Ty at time step k£ of the bearing within the clearance is made
and the load carrying capacity is calculated using estimates for vz. The calculated load
carrying capacity Ty, is checked with the external loading. The problem is to get the right
estimates for the unknowns in vj,. This is where the stiffness and damping coefficients are
useful. Another problem is that once a correction is presented for one of the elements in 7y,
this has a potential effect in all the terms of the load carrying capacity of the bearing.

The stiffness and damping coefficients represent this cross coupling effect in two matrices: K
and B. Where K;; determines the stiffness in direction i for a perturbation in direction i.
K; ; where i # j represents the cross coupling terms. The same is the case for the damping
terms B, ;.

This coupling can be used in order to give good estimates for the dynamic properties.
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Once the estimates at iteration ¢ for 'UTk,i are issued the load carrying capacity Foil,m- is
determined. The load carrying capacity is inserted into equation 6.12. This system of linear
equations is solved for Aty ;. The solution represents the corrections needed for the estimates
for 0y;41 that are used for calculation of the load carrying capacity of the discrete pressures.
These pressures are determined by the solution to the system of linear equations used to
describe Reynolds equation for the bearing problem.

EAEk,iJA =Tewt — Toilk,,- (6.12)

The system is now updated such that the new estimate for v is:

(0r)iz1 = (0k)i + (ADg); (6.13)
The estimate is inserted into Reynolds equation and the solution is established once more.
This procedure is repeated until equilibrium is reached within a certain criteria. See the
flowchart for this procedure in figure 6.1.

Once equilibrium is reached at the time step a step forward in time is issued using an

appropriate time stepping criteria. A simple formulation is the Euler formulation stating
that the new position may be determined from:

Vg1 = g + UpAL (6.14)

Where At is determined by the resolution of the calculation in time domain. The new search
for equilibrium is issued once more and this continues until the locus curve represents a closed
loop as expected for the periodically loaded bearing. This procedure is shown in figure 6.2.
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Figure 6.2: Flowchart for time stepping



Chapter 7

Calculation of Guide Shoe
Characteristics

In the present chapter analytical and numerical models for frictional loss are presented for the
guide shoe bearing. Since the frictional loss is directly correlated with the oil film thickness
a natural aim of this analysis is to generate a model of the oil film properties in the bearing.
The models described in this chapter start out very simple and are gradually applied with
more features in order to describe the problem and its solution better. The assumptions
for fulfilling Reynolds equation are assumed to be valid in the entire scope of the analysis’
presented. The reason for the gradual refinement of the models is to examine the terms
having significant influence on the bearing performance.

7.1 Analytical Models

Analytic descriptions exist for bearings with simple and well defined geometries. For instance
the pressure distribution in some journal bearings can be described by analytical means
Hamrock [1994] and Klit and Vglund [2002].

7.1.1 Two examples: Short and Infinite Width Journal Bearings

If the journal bearing is short relative to the circumferential length (% > 2) - short
width bearing theory can be applied, see for instance Hamrock [1994]. In short width journal
bearing theory the Poiseuille flow in circumferential direction ¢ is assumed to be negligible
compared to the Couette flow. This assumption implies that the flow in axial direction is
more significant than the circumferential flow. This simplifies Reynolds equation such that
an analytical solution can be deduced. This reduced Reynolds equation is shown in equation

7.1.

o ( h? Op woh  Oe
(o) _woh 06— 1
GE (1297 az> 290 T a0 ®) (7.1)
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If the width of the bearing is large (Zimcter < 1) the pressure gradient in the axial direction
z can be neglected and that reduces Reynolds equation to a one dimensional description, as

shown in equation 7.2 - see Hamrock [1994].

10 (h®dp _wOh  0Oh

T 20¢ Ot
Therefore an analytical description can be reached. The same considerations can be imposed
if the bearing components are flat.
7.2 Analytical Rectangular Squeeze Bearing

The model used in this analysis is presented in figure 7.1, where x denotes the sliding direction,
z denotes the width and y the height.

Figure 7.1: Definition of slider bearing

The degrees of freedom for the analysis’ presented are the central film thickness Ay and the
attitude angle ¢ and of course the dynamic components. Reynolds equation applied to this
problem is presented in equation 7.3.

2 (L), o (K _uon o -
Ox \12n Ox 0z \ 1210z 20x Ot

Reynolds equation can be simplified if the theory for short width or infinite width bearing
theory is applied, which is presented in the following section.

Since the integrated form of Reynolds equation is needed for the force balance a representation
of the oil film as presented in figure 7.2 can be used for the understanding of the problem
and its solution.
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Figure 7.2: Definition of dynamic system

The problem is reduced such that a solution to the forced harmonic system is wanted. The
only modification from a traditional simple dynamic system is that the stiffness and damping
terms depends on the oil film thickness distribution and are highly nonlinear. The loading
of the guide shoe is a normal force F,,; acting in the y direction according to the definition
in figure 7.1. Furthermore, an external moment is applied M,,; which is acting around the z
axis - The quantity is set =0 in this context.

7.2.1 Infinitely Wide Guide Bearing

Suppose the guide shoe system can be viewed as an infinitely wide slider. Furthermore,
neglecting the oil grooves gives rise to a simple representation of the problem. Reynolds
equation is reduced to a one dimensional equation in space, see equation 7.4.

o ( h® op uwoh  Oh
or (ma—) “sar T (7.4)

No Inclination ¢ =0

The first approach chosen for this study is based on the analysis made by Abanteriba [1995],
who performed an analysis of a cross head bearing by this approach, the design however was
quite different from the one presented here. The presentation given in equation 7.4 requires
that the bearing can be viewed as a bearing with infinite width. Furthermore, requiring
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that the shoe cannot rotate causes the sliding term in equation 7.4 to vanish. This reduces
Reynolds equation to equation 7.5 and an analytical solution can be established by simple
means. The pressure distribution is presented in equation 7.6. This implies that only squeeze
motion can take place and therefore the dynamic system is like it is pictured in figure 7.2, with
the modification that only the linear damper is active in the system - no stiffness, rotational
stiffness and rotational damping.

o ([ h ap\ oh
o (m%) = ot (7.5)

oh. 125 (16h
Iy 22202 L ar 4 B .
p(z, h, at) 3 <2 577 + Az + ) (7.6)

In the equation presented above A and B are integration constants.

Using boundary conditions p =0 at z = iLL"’Qﬂ determines the integration constants A and
Btobe: A=0and B = —1,12—57 (éL?hoe) % Thereby the complete description of the pressure
profile can be given as a parabolic description in equation 7.7.

oh, 6noh ( L3 ..
p(l"a 75) ~ 3t (33 T4 (7-7)

Equation 7.7 is integrated to get the load bearing capacity 7.8.

oh n oh _,
N=—_1t7"7
’at) h3 9t~ shoe

The system presented in figure 7.2 can be written as shown in equation 7.9. The locus

F(h Whoe (7.8)

curve is found by solving the ordinary differential equation presented below (Inertia effects
neglected). A 4th-order Runge Kutta method was chosen for time stepping control.

oh
F... = Byii— 7.9
ext oil ot ( )
where B,; is the nonlinear damper given by B,; = —"Lg”wh# The load condition is

chosen to be the load for 100% load (Full Load) for the test engine. This load curve can be
seen in figure 7.3. This normal load is generated by the measured values for acceleration and
combustion pressure. These terms are used for the determination of the normal load acting in
the guide shoe bearing. The solution to this problem using the boundary conditions described
above is presented in figure 7.4. The axes are normalized such that the Y-axis is normalized
with respect to the stroke (S) and the X-axis with respect to the clearance(C = 400-1075m).
The figure shows the center of gravity’s (COG.) movement within the clearance of the guide
planes as a function of the stroke. The position where 1/2 — h/C = 0 is the position where
the guide shoe is positioned in the center of the clearance.
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Figure 7.3: Normal force on the infinite bearing problem

0.8f

0.2fF

0 1 1 1 1 1

-05 -04 -03 -02 —O.i./2 _0 h/&l

L 1
0.2 0.3 0.4 0.5

Figure 7.4: Solution to the infinite bearing problem with co-planar baring parts

The starting point is at the position marked with the ’x’ in the figure. It can be observed
that the overall convergence is obtained after about 1.5 cycles, for almost arbitrary starting
point.
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7.2.2 Infinitely Wide Slider with Inclination

Adding an extra degree of freedom to the problem namely the shoe inclination changes the
system. For the infinitely wide slider (Pressure is independent of the width) it is possible to
evaluate the coefficients analytically in each step in the iteration process - see Vglund and
Klit [2000]. This system is equal to the dynamic system presented in figure 7.2. The oil film
thickness is still assumed to be independent of z. The oil film is described by equation 7.10,
where the attitude angle ¢ and the central oil film thickness hy are the degrees of freedom.
Equation 7.12 describes the attitude angle and accordingly the variation in film thickness.
Equation 7.11 describes the squeeze term. The oil film description is inserted into equation
7.3 - integrating twice gives equation (7.13).

h = hy+ ¢x (7.10)

oh _ 0Ohy Ox dp .
%= o +atg0+ 5L = W up + o (7.11)

oh

— = 7.12
5 =¥ (7.12)
The pressure distribution is expressed as a function of A for a simple representation of the
system.
u w he 1 7 2hy  hd 1277A
h)=1|—-6n—+12n— — — — on—{In(h)+ —— — 7.13

The coefficients A and B are given as: (note that h; and hy, are the film thickness’ at

xr = —% and z = % respectively and that hg is the central oil film thickness.

o (B g () (g ) )

] U w ho 1 nY ho  hi
B=6—A—-|-6n—+12n— | | =5 — — 6— | In(h 92— — O
oh2 ( ?780+ ?7802> <2h% h2> = (n( 2) + hy 202

These coefficients are determined from the boundary conditions where p = 0 at x = i%.

The inclination of the slider generates a non-symmetric pressure profile which introduces a
torque term. This generates a system of equations shown in equation 7.17. The load carrying
capacity, equation 7.14, is found by integrating the pressure over the slider.

Fu (o +15) [ (1) 5 1 - )] 9 (2 ) 0
h h

N
+61% [(Qho + o) In (he) — (2ho + hl) n (hy) — (;% - ;%) - hQ} (7.14)
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The torque, equation 7.15, is generated by the non-symmetric pressure distribution on the
guide shoe.

Moy = 7 (—625 + 122 ) [’;ozn(h2) b — o] — i (12 4+ £ (0 — 1Y) i
h2 7.15

+61% [73 (h2 = h2) — Min (hy) + Bin (hy) + Sin (h—)} _ hoFay

Another torque term is introduced namely the torque generated by the friction force of the

system. This friction force is calculated by equation 4.4. The result is shown in equation
7.16.

2h1hs

1
2
O (ha— M hy
6n— holn
n(ﬂ < 2 + 0 (hl) 2h2h1 )

—(—— h_1) + —ln(h—l)] (7.16)

ho(hy — h h
Mfm'c :Dsh06[<_677% + 1277%) <M + In (_2)> +

These equations are inserted into the force and torque equations established for the system
7.17.

d2
Md—t?; :Foil_Femt
d2
Jﬁf — Moil - Mfm'c + Memt (717)

These equations are solved in time domain with respect to h, ¢, 3 ah and 8“" The procedure
for solving this system is presented i Chapter 6.

At time ¢t = t;the guide shoe has coordinates h; and ¢, and acceleration hk and ¢y relative to
the guide plane. In the j'th iteration the speeds are estimated to (wy); = %j and () ;. These
speeds are given increments Aw; and A¢; and the corresponding change in the hydrodynamic
forces may be expressed as equation 7.18

{ (Byy)j (Bytp)j }{ Aw; }:
(Btpy)j (Bc,bc,b)j Ap;
M((i;Q (Fe:L‘t)] Fo (yk, Pk (wk) (gpk)J)

J’Za — M (yk#Pk, wi); » (Pr) ) — Myyic (?ﬂca@ka (wi); (Sbk)j)
(7.18)
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Where
(Byy)g (855)” )yk Prs(wi);(Pr);
(Byp); = (a?;”)ym o)) (7.19)
(Bey); = (%58%) y u
(Byp); = ()

YhsPhks(

The perturbation coefficients (B;;) are found analytically for an infinitely wide slider. Taking
the derivatives of equation 7.14 and (7.15) as specified in equation 7.19 gives expressions for
the damping coefficients equation 7.20),(7.21) and (7.22).

- - -1 7.20
4hs 4h, + 2hg 2hohy (7.20)
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Some algebraic manipulation of the equations verifies that By, = By,.

9A _ 1 ((hi—h2)®\ 8A _ 1 hhz __% 9B _ 60 9A _q9mn (ho _ 1
where < Iho 5 o2 | h2- l + hahy " 0w T ph? dw 12<p2 2 h

2h"

The solution to the presented problem can be seen in figure 7.5. This figure shows the position
of the center of gravity within the clearance space and the inclination of the shoe.

Since the bearing is not of infinite width a correction must be applied to compensate for
that. This has been done by Abanteriba [1995], who established load correction factors for
the current problem - these are included in the simulations. These correction factors were
established with the assumption that no inclination of the shoe is present - see figure 7.6.
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Figure 7.6: Correction factor for F;

These factors are derived using a numerical model of a plane squeeze bearing with finite
width and an analytical description of an infinite bearing with the same properties .

7.2.3 Infinitely Wide Slider and Flexible Components

Since the guide bearings absorb the horizontal forces generated by the connecting rod the
forces from the oil acting on the structure and the guide shoe are large. The flexibility of the
components have been examined by issuing a contact analysis of the interacting components.
For instance see one calculation result in figure 7.7. It was established that the deflection
could be as large as the magnitude of the oil film thickness.

Once again the system can be viewed as a forced harmonic system presented in figure 7.8.
An average stiffness of the guide plane were used in generating the results. The guide shoe
was assumed to be rigid. As shown in figure 7.9 the global position of the guide shoe is
changed significantly compared to figure 7.4. But viewed in a local coordinate system placed
on the surface of the guide shoe the oil film thickness is not altered. Since no inclination is
present and only one bearing is present the characteristics for the guide shoe system has not
changed seen from an oil film viewpoint due to the uniform stiffness and the missing degree
of freedom in the attitude angle of the guide shoe.
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Figure 7.7: Flexible investigation of frame box

7.2.4 Slider with Finite Width and Length, Inclination and Fle-
xible Components, Two Bearings

Adding a new feature to the problem namely the width of the bearing complicates the solution
significantly. This system cannot be solved analytically. To solve this kind of problem
a numerical description is necessary. Furthermore, introducing the second bearing surface
(The opposite side of the guide shoe) an extra frictional term is introduced. This term has

shown to be significant in friction calculations.

7.3 Numerical Models of The Guide Shoe Problem

In the present section a description of the guide shoe problem is presented using numerical
modelling techniques. Since the guide shoe with finite width running in rigid environment
will be the natural extension of the analytical models this is presented in the following.

7.4 Guide Shoe with Finite Width and Inclination

As mentioned in the previous section the solution to Reynolds Equation for a 2D formula-
tion of the bearing problem is not possible by analytical means and therefore a numerical
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Figure 7.8: Flexible component interaction with oil film

implementation is necessary.

For the chosen configuration it is assumed that the guide shoe consists of two bearing pads
running on rigid co-planar guide planes. The degrees of freedom for this system is the central
film thickness hg and the inclination ¢.

7.4.1 Finite Difference Formulation of Reynolds Equation

A finite difference formulation is chosen to solve this problem. The discretization is done using
1
2
in the way presented in figure 7.10. The notation Njepgy, refers to the number of divisions in

a = point discretization technique using central differences. The bearing area is discretized

the sliding direction of the bearing and N4, refers to axial divisions.

The result of this formulation is a system of NN x NN linear equations where NN =
(NWidth + 1)(Nlength + 1)

éNNQL‘NN x BNle = MNle (723)

Every point in the discretization corresponds to one row in the general oil film system of
equations shown in equation 7.23.

7.4.2 Newton’s 2’nd Law

Equilibrium is obtained when Newton’s laws of motion are fulfilled. The relevant equations
are shown in equation 7.17.
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Figure 7.9: Solution to the infinite bearing problem with coplanar baring parts

7.4.3 Searching for Equilibrium

The method for determining equilibrium presented in Chapter 6 is adopted. To find the
necessary damping coefficients the perturbation technique shown in Chapter 6 is applied to
the current problem.

The perturbation coefficients (B;;) are generated by a perturbation of Reynolds equation -
result seen in equation 7.24 and 7.25 and a successive numerical integration as described in
chapter 6. For this problem the perturbed Reynolds equations are shown in equation 7.24
and 7.25. The boundary conditions are chosen such that the damping properties of the oil is
set equal to zero at the boundaries and in the cavitated area.

O (h* Opaw) | 0 (7 Opaw _

a—<m m)*&(ﬁ az>—1 (7.24)
0 h3 8pA¢ 0 h3 8pA¢

i | = = 2
Ox (1277 Ox >+8z (1277 0z ) ‘ (7.25)

Equation 7.24 and 7.25 are solved to find the perturbed pressure these are integrated accor-
ding to equation 6.11. This results in the system of equations presented in equation 7.18.
When equation 7.17 is close to be fulfilled - the change from one iteration to the next becomes
sufficiently small - the new position of the guide shoe is determined by explicit time stepping
using a second order Adam-Bashforth method - see equation 7.27.

The error term is defined as shown in equation 7.26.
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Figure 7.10: Discretization of bearing for oil film calculation
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The step is accepted when Err < Err..4, (usually in the neighborhood of 107%)

Yrt1 = Yk + 5 (Bwy — wy_1)

_ (7.27)
Pk+1 = P+ % (3% — Pr-1)

The process proceeds until the guide shoe follows the same path in consecutive strokes.

7.5 Cavitation in Guide Shoe Bearing

In periods of the stroke the pressure is negative if no action is taken to counteract for that,
especially when the second bearing is introduced. The fluid cannot sustain the large negative
pressures and therefore cavitation occurs. The model used here is the one described as the
Negative Pressure Elimination Method (NPEM). The flowchart for cavitation elimination is
shown in figure 5.4.

Although no bearing capacity is present a fraction of the remaining fluid is still shearing and
therefore contributing to the total friction of the guide shoe system. It is assumed that the
fluid will still have contact to both bearing surfaces, but no longer to its full extent. A similar
approach as for example in Priest et al. [1998].

A volumetric approach is used for the determination of the fraction of shearing fluid within
the area of cavitation. The algorithm is as follows.

Store the full information of the oil film thickness distribution for the non-cavitated bearing

in QFULL at the current load step. Step forward in time. If cavitation is present in point i, j
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calculate the filling ratio in this point by the formula:

hruLLi,

FILLi,j == h,

(7.28)

i’j
If no cavitation is present set hpyrr;; = hij. Multiply this matrix element by element when
calculating the shearing term. The matrix £ /LL has values in the range from 0 to 1. When

an element in F'/LL;; is equal to 1 the space is completely filled with oil and is shearing to
its full content. This shearing ability drops if the filling ratio is lowered (FILL;; < 1).

7.5.1 Solving for Pressures in Equation 7.23

The system can be solved using direct solving methods (LU-factorization method) or iterative
methods.

A LU-factorization method was chosen because of the numerous solving attempts on the
system with the same matrix, but with changed righthand side, which means that the facto-
rization needs only to be performed once and the back substitution for each righthand side
which is attempted in order to find the solution. Furthermore, a technique for limiting the
total number of calculations were used. The chosen technique was based on the solution of
banded linear equations. These methods are further described in Press et al. [1996].

7.6 Verification of Oil Film Model

The numerical model was subjected to different load situations and configurations in order to
verify the model. The engine was run both ways around and checks for symmetric results were
performed. This was to verify that the two oil films were functioning in the same manner.
A calculation using symmetry boundary conditions in the width direction along with no oil
grooves was issued and checked with the analytical results. Furthermore, a textbook example
of a rectangular squeeze bearing was modeled and the results were compared with textbook
examples - the Raleigh step glider and squeeze bearings - see for instance Hamrock [1994].
Another example is the infinite inclined slider bearing which also was modeled and compared.
Good correlation were found in all cases.

7.7 Elasticity in Guide Shoe Bearing

As mentioned in the introduction to the current chapter elastic deformation of the bearing
components are so significant that the bearing characteristics are changed once this feature
is included.

The guide bearing system can be viewed as a damped harmonic system. This system is
presented in figure 7.11. COG denotes the center of gravity of the guide shoe.
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Figure 7.11: Dynamical description of Guide Shoe <> Oil Film <> Frame Box

B,ii; and K ,; present damping and stiffness of the oil in bearing ¢ and are functions of
the transient position and are therefore highly nonlinear. The terms B, 0, and Ko i
represent the rotational damping and stiffness of the oil. The elasticity of the guide plane
and guide shoe is presented by Kyjane and Kgpoe and are the same for both sides of the bearing.

For the system shown in figure 7.11 the inertial properties are neglected which means that
the solution can be established as the solution to 3 discrete systems. Two flexibility systems
(One for the frame box and one for the guide shoe) and one oil film system. Since the stiffness
of the plane is a function of the shoe position relative to the guide plane (vertical direction)
uniform stiffness is not present and a cross coupling between the two guide planes exist.

Furthermore, the guide plane is subjected to pre-tension. The tightening of the stay bolts
originating from the assembly of the entire engine generates a global deflection of the frame
box which is reflected on the guide planes. These may no longer be considered to be planar
surfaces. This means that the damping and stiffness of the oil film also depends on the
position of guide shoe relative to the guide plane.

7.8 Finite Element Modelling

The frame box and the guide shoe surface are flexible. Since the load is relatively high the
guide plane and the guide shoe deflect due to the load absorbed in the bearing. In order
to compensate for that finite element models of one cylinder unit and one guide shoe were
established. This generated two systems of equations shown in equation 7.29 - one for each



7.8. FINITE ELEMENT MODELLING 63

component.

K - Ah =F
=shoe ——shoe =shoe (729)

- Ah F

plane — L plane

—plane
Interpolating the pressure from the oil film to the plane and the shoe generates F, . and

Ejane- The solution Ah; to equation 7.29 is interpolated to the oil film and inserted into the
discretized Reynolds equation as (Ah;). A linear interpolation technique in two dimensions
(x and z) was used to convert the pressures acting on the structural parts from the oil. This

linear interpolation was the same as the shape functions for the elements.

7.8.1 Finite Element Model of Frame

The finite element model of the frame is generated from solid, shell and shell-to-solid elements
- Ansys [1999]. Only one section of the entire engine was modeled, this was half of the 2nd
cylinder and half of the 3rd cylinder in the research engine. This is presented in figure 7.12.
The cylinder section was applied with symmetry boundary conditions (The blue arrows shown
in figure 7.12). In order to get a good accuracy of the model a large number of elements
were used, which resulted in 300000 degrees of freedom (DOF). The guide plane surfaces
contained approximately 1000 nodes on each surface. Since the guide plane is machined
before assembly the shape of the bearing surface is no longer co planar once the entire engine
is assembled. This feature is included by issuing a calculation of the assembled bed frame,
frame box and cylinder frame. The three components are held together by stay bolts, whose
pre-tension force have been used for the numerical model. The result of the calculation can
be seen in figure 7.13. The figure reveals that the initially co-planar guide planes can no
longer be considered plane in this context. The deformation (U,) ranges from —30um to
+40pum, which is in the same level as the smallest oil film thickness for the case with rigid
components. Therefore this effect is significant in the determination of the guide bearing
characteristics.

7.8.2 Finite Element Model of Guide Shoe

The finite element model of the shoe is generated from solid elements. The model is presented
in figure 7.14.

The guide shoe was constrained against movement in the pin hole (The blue arrows shown
in figure 7.14). In order to get a good accuracy of the model a 36.000 DOF were estimated
to be necessary. The bearing surface had approximately 500 nodes on each bearing surface.

7.8.3 Condensing The FE-Models

The large number of degrees of freedom in the frame box (approximately 300.000) increases
the computing time with several orders of magnitude because the size of the stiffness matrix
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Figure 7.12: Finite Element Model of frame box

is very large Kjjun.. Condensing the finite element model reduces the number of active
degrees of freedom. The active number of DOF are chosen such they are directly related to
the deformation and loading of the guide plane. This is applied in a simple way by setting
up a super element. The commercial Finite Element software ANSYS were used for that -
see Ansys [1999]. The reduction in DOF for the frame box (Figure 7.12) were large - from
approximately 300000 to only 2000. On the guide shoe (Figure 7.14) the number of DOF was
reduced from 36000 to 1000. This speeds up the entire calculation process tremendously. The
disadvantage of this process is that the super elements have to be unpacked if information
about the stiffness properties in the rest of the FE-model is needed, a rather slow process.

Both system of equations 7.29 contains a characteristic matrix - the stiffness matrix. The
stiffness matrix for both finite elements were inverted to get the flexibility matrix for each
system. The advantage of working with flexibility matrices is that it much faster to multiply
by the interpolated forces (the integrated pressures) in order to get the deflections Ah, seen
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Figure 7.13: Calculation result of predeformed guide plane. LEFT: Calculation result for
half a cylinder unit. RIGHT: Closer view of calculation result

in equation 7.30.

_ -1
Mshoe - gs]iole : Eoil (730)
A—plane = éplane ’ Eplane

The latter of these procedures is still one of the major time consumers in the process of
establishing the characteristics of the guide shoe. This could be further reduced by choosing
the domain of active degrees of freedom such that the active number of DOF could be further
reduced, letting the flexibility matrix of the frame box follow the guide shoe position. The
problem by doing this is that that requires a lot of stiffness matrices because of the domain
change between each load step calculation. That would require a large number of stiffness
matrices one for each calculation step(or at least every second if uniform step size is used),
and thereby take up a lot of space and may slow down the process because the large number
of I/O communication. One flexibility matrix was used and continuously interpolated in
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Figure 7.14: Finite Element Model of guide shoe

order to retrieve the local flexibility.

7.8.4 The Coupling Between Solid and Fluid

Since the pressure in the oil film depends on the film thickness and the film thickness is
determined from the initial gap and deformation of the surfaces involved in the bearing a
coupling is present, as shown in equation 7.31.

h = h(l‘, t; SO) =+ Ahshoe =+ Ahplane (731)

For this reason an iterative scheme is implemented. An under-relaxation technique similar
to the one used by Fillon et al. [1994] is applied in order to solve the solid-fluid-solid system.
The technique is shown in equation 7.32. The deformation calculated at the current step is
noted Ahegie = Ahpiane+Ahshoe see equation 7.30 and the result from the previous calculation
is denoted Ahgieoia- This equation ramps the deformations using under-relaxation technique
in order to ensure convergence.

Ahnew - (1 - a)Ahcalc,old + (a)Ahcalc (732)

In the current situation a = 0.06 is chosen. The value has been established by solution
attempts for varying values. This indicates a rather strong coupling between solid and fluid,
meaning that the elasticity has large influence on the local oil film thickness,. The values for
Ahpey is afterwards copied to Ahegic,oid-

These deformations are incorporated into Reynolds equation from cycle to cycle.

The flowchart is shown in figure 7.15.
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Figure 7.15: Flowchart of solid-fluid-solid interaction

Once these are converged a complete calculation has been performed for the chosen problem.
Post-procession can be carried out regarding the desired parameter for investigation.

7.8.5 Simulation Result - Test

Calculating the bearing characteristics showed that the pressure profiles depends on the
elasticity of the bearing components. Three simulations where the elasticity was included or
not revealed this. The intermediate simulation including only the pre-tension of the frame
box. The pressure profile for the simulation for 145 degrees after TDC (Full load 100 %),
for all three simulation cases are shown in figure 7.16. The film thickness is found to deviate
from the rigid case with co planar guide planes to the full flexible case. The same difference
is also spotted for the pressure profiles in figure 7.17.
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Oil film thickness on bearing surface (m) as a function of the width and length

Figure 7.16

Oil Film Thickness STIFF
Oil Film Thickness PRETENSION only
Oil Film Thickness FLEX + PRETENSION

of guide shoe. UP

CENTER
DOWN



69

7.8. FINITE ELEMENT MODELLING

2 \\\\\\\\“
e
e

S

=
=

T AT T
T
7

2755
70 a0 A i
7T

Figure 7.17: Pressure in bearing (Pa) as a function of the width and length of guide shoe.
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As seen in the figures of the differences in both pressure and oil film profiles are significant.
The flexible bearing is carrying the load in a different manner than the stiff bearing for the
chosen time step. One reason for this is the nature of the guide plane deflections in time
domain due to loading and pre-tension. The pre-tension deformations originate from the
assembly procedure and the load dependent deformations from the normal load absorbed in
the guide shoe bearing.



Chapter 8

Calculation Results Guide

In the following the results for the calculations of the guide shoe characteristics are presented
including full elasticity in both bearing components. These are analogous to Vglund [2001].

8.1 Simulations

The guide shoe characteristics were established for the same conditions as the measured
conditions which were according to load points on the propeller curve. The load points were
0,25,50,75 and 100 % Load.

Motoring 0 % Load, 123 rpm

For this loading condition the engine is running with no load but with full speed, which
means that only inertia forces form the components are acting on the guide shoe system.

Propeller Loads 25, 50, 75 and 100 % Load

These loads are standard load points when running experiments on the test engine, which is
the main reason for choosing these load points.

8.2 Inputs

Since measurements were performed the measured values were used as input for the simula-

tions if they were available.

8.2.1 Oil Supply Pressure

The measured values were used see the data in figure 9.13 in chapter 9
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8.2.2 Speed

The speed was applied directly from the measurements.

8.2.3 Normal Load

The normal load was calculated by using the measured pressure values and accelerations of
the guide shoe to generate the normal force acting on the bearing - see chapter 9. The result
of this calculation is shown in figure 8.1.

|| — (o
09K _ 07
— 5%
0.8H —100%

Figure 8.1: Bearing load

8.2.4 Viscosity

The measured temperatures were used for viscosity determination by equation 8.1. Average
temperature values between shoe and plane were used for input.

(aoilTT+m)
€ —0.6
n(TT) = ; (8.1)

The values for a,;; and m are correlated to the chosen viscosity grade of the oil.
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8.3 Characteristics

The characteristic data for the simulation are the oil film orbit, the maximum guide shoe
pressure, the oil film thickness and the friction

8.4 Results

Selected simulation results are presented below. For each case the global position and attitude
angle of the guide shoe are presented. Furthermore, the frictional term is presented as well
as the pressure and film profiles at different locations during the stroke. The maximum film
pressure and minimum oil film thickness curves are plotted as well.

8.4.1 Orbits for Guide Shoe Bearing

In the following section the simulated orbits for all the load configurations are presented. See
figures 8.2 - 8.6. In the figures the COG is plotted within the nominal clearance for both
degrees of freedom - translation h and rotation ¢. On the left the orbit of the COG is shown
and on the right the attitude angle.
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1/% — n)C oL/C

Figure 8.2: Orbit of bearing (Motoring)
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Figure 8.3: Orbit of bearing (25% Load)
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Figure 8.4: Orbit of bearing (50% Load)
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Figure 8.5: Orbit of bearing (75% Load)
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Figure 8.6: Orbit of bearing (100% Load)

In the figures 8.2-8.6 it is revealed that the film thickness and the attitude angle is greatly
influenced by the normal load and the running condition of the engine. In all simulations the
attitude angle is revealed to follow a mirrored pattern on the up stroke and the down stroke.
The reason for this behavior originates in the initially deformed guide planes generated by
the pre-tension of the stay bolts - shown in figure 7.13. Furthermore the orbit increases with
increased load. The magnitude increases due to the relative larger normal load acting in the
bearing. Compare for instance figure 8.3 and 8.6, which reveals this effect. Great influence
is observed by the comparison of the left curves 1/2 — h/C and only smaller effects on the
attitude angle. The relative larger amplitudes originate from the larger deformations and
smaller film thickness’ generated by the larger normal load.

8.4.2 Selected Pressure and Film Profiles for 100 % Load

Some characteristic plots of the point of minimum oil film thickness and maximum pressures
are presented in figure 8.7 and 8.8 for 3 different crank angle degrees. Figure 8.7 reveals that
the distribution of the oil film thickness on the bearing surface depends of the deformation
of the guide planes and the load acting at the current crank angle. The same is observed for
the pressure profiles for the three crank angles.
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Figure 8.7: Oil film thickness distribution (m) on bearing surface for 3 different crank angles

UP: Oil Film Thickness 25 deg.

CENTER : Oil Film Thickness 105 deg.

DOWN : QOil Film Thickness 125 deg.
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Figure 8.8: Pressure distribution (Pa) on bearing surface for 3 different crank angles

UP: Pressure 25 deg.

CENTER : Pressure 105 deg.

DOWN : Pressure 125 deg.
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The minimum oil film thickness plotted as a function of the crank angle can be seen in figure
8.9 and the maximum pressure in figure 8.10.
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Figure 8.9: Minimum oil film thickness for all simulations
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Figure 8.10: Maximum pressure for all simulations
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8.4.3 Friction Losses Calculated in Simulations

Integrating the shear acting on the surface of the bearing results in the friction force acting
of the bearing surface of the guide shoe. The results for all 5 simulations are presented in
chapter 10 along with the measured values.

8.4.4 Power Losses for Simulations

In table 8.1 the total power loss is presented for the bearing along with the minimum oil film
thickness and the maximum pressure. The power loss history can be seen in figure 8.11.
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Degrees after TDC

Figure 8.11: Power loss shown for all simulations

As seen in the figure the power loss increases with the load as expected. The table reveals that
the minimum oil film thickness decreases for rising load and increased maximum pressures.
The minimum oil film thickness is 9.3um at 124 degrees after TDC for the full load condition
and the maximum pressure occurs at 103 degrees after TDC and reached 31.3bar.
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Case | Load | hpin | Pmae | Lost Power
No. % | wm | Bar hp

1 00 | 22.2 | 234 9.5

2 25 | 24.1 | 18.1 4.7

3 50 | 17.4 | 234 7.1

4 75 | 14.1 | 274 10.8

5 100 | 9.3 | 31.3 12.1

Table 8.1: Characteristic values for all simulations for 1 guide shoe

8.5 Summary

In the current chapter 5 different simulation results for the bearing were presented. The
characteristic parameters such as oil film thickness, pressure, friction loss and power loss were
presented. All the inputs for the calculations were if possible generated using the measured
quantities. It was revealed that the attitude angle of the shoe is important along with the
elastic behavior of the components. The attitude angle was found to give film thickness
variations of 28um across the guide shoe. The oil film thickness was found to be as low as
9.3um. The overall loss for the bearing calculated at full load was found to be 1.1% of the
generated power.



Chapter 9

Guide Shoe Measurements

9.1 Introduction

In order to gain knowledge about the important parameters controlling / affecting friction
an experimental study was conducted. The experimental part of this study was conducted
with the aid of people employed at the research laboratory located at MBD. The aim of the
experiments were to verify and adjust the numerical model and to gain knowledge about the
guide shoe characteristics - a new area of investigation at MBD.

9.2 The Experimental Apparatus

The frictional behavior of the guide shoe is controlled by the interference between the guide
planes and the guide shoes as shown in the theoretical part of this thesis. Since the separating
media is oil the friction behavior will be controlled by the lubrication condition of the guide
shoe bearings. Therefore the measurements are focused on measuring the input/outout
parameters which characterize the lubrication condition for the theoretical model. Relevant
measurable parameters are listed below.

e Viscosity of the oil

Oil supply pressure

Applied normal load
e Pressure in bearing

Oil film thickness

Friction

81
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9.2.1 Input Parameters

As shown some of these measured parameters may be considered as either input or output
parameters for the theoretical description of friction in the bearing.

Viscosity of The Oil

Since the viscosity is very temperature dependent and only to a limited degree pressure
dependent a measurement of the temperature of the oil trapped in the bearing gives a good
estimate for the viscosity. The temperature of the bearing components are easily established
and are used to predict the lube oil temperature. The measurement points for the guide
plane can be seen in figure 9.1, and the sensor placement for the guide shoe can be seen in
figure 9.12. It is hereafter assumed that the temperature of the oil trapped in the bearing
may be expressed as the mean temperature of the two surfaces.

Oil Supply Pressure

The bearing is fed with oil via the telescope arrangement. This arrangement causes oscillating
oil supply pressures. The oil supply pressure was measured by placing pressure transducers in
the oil supply system in the maneuver side and the exhaust side of the bearing. The sensors
were mounted in the oil grooves on each side of the bearing. This was done in order to get
as close to the actual inlet position as possible.

Applied Load

The normal load applied is very important in determining the input characteristics for the
bearing. This is established by measuring the cylinder pressure and the angular velocity of
the engine. Furthermore, the acceleration of the guide shoe was measured in the vertical
plane. These measurements all together makes is possible to calculate the normal load. It is
assumed that friction can be neglected in this calculation.

9.2.2 Output Parameters

As all ready mentioned some of these measurement points are output parameters (seen form
a calculation point of view) and the objective of these measuring points is to verify/adjust
the numerical model.

Oil Film Thickness

The oil film thickness is a characteristic output parameter along with the pressure in the
bearing. The oil film thickness is measured by capacitive sensors mounted in the guide plane
and by inductive sensor mounted on the guide shoe. The placement of the capacitive sensors
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can be seen in figure 9.1. The inductive sensors were placed on the guide shoe for oil film
thickness measurements, but these results were of diverging quality and are not shown here.

Figure 9.1: Left: Sensors in maneuver side. Right : Sensors in exhaust side. Yellow cylin-
ders(numbers) represent temperature sensors. Red cylinders (characters) represent capacitive
Sensors.

Friction

Lastly the friction generated by the shearing and squeezing of the oil was measured. This
was done by the use of a guide shoe especially designed for the purpose. No sensors were
commercially available which could measure friction and at the same time be subjected to
a large normal load. Therefore a new guide shoe design was made. The new design criteria
of the guide shoe was that the normal stiffness on the running surface of the new design
compared to the traditional design should not change too much and at the same time the
bearing should be quite flexible in the transverse direction (the shearing direction). A contact
calculation was carried out on both the standard design and the new design proposal. The
guide shoes were pressed against the guide planes. The result - see figure 9.2- should not
generate a higher contact pressure nor significantly shift the area of contact into another
location. Several designs were tried before an acceptable solution was found. The result is
shown in the result presented in figure 9.2. These kind of contact calculations are often used
in the verification of new designs of guide shoe bearings. As shown in the result the contact



84 CHAPTER 9. GUIDE SHOE MEASUREMENTS

CFRESS  5A000013/5R000012
+2, 04de+id
L +=. none

CINESS  FAODOC1 ERIC0012

3] 15:28:38
ri Oet 15 03:25;32 MEST 1933

7 SDRC I-DEAS ABAQUS H

SIRC -DERS ABANLS
0DB: xorml, adb sana_verd

2 ODEI feods_:

1,000 3

/1, 000e+00

Figure 9.2: Result of contact calculation for guide shoe surface. Left: Original design
Measurement design

. Right:

pressure is lower for the test shoe than the original design, which is to prefer. The design was

verified with people responsible for the design of guide shoe bearings in the R&D department

at MBD. The result of the calculation generated a guide shoe design presented in figure 9.3.

The figure shows that large stiffness in the normal direction is maintained by the seven ribs.

This design of the ribs generates significantly smaller stiffness in the transverse direction than

the normal direction. The guide shoe was manufactured and the result can be observed in

figure 9.4.

9.3 View of the Measurement Guide Shoe

The shoe can be seen below before assembly in figure 9.4, and the mounted shoe is figure 9.5.
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Figure 9.3: Final design of measurement shoe

Figure 9.4: View of the measurement guide shoe before assembly

The friction measurement system was calibrated in a hydraulic jack by loading the system
with different loads. The loads were applied in the normal loading direction and the transverse
direction as well in order to generate a calibration curve. The measuring area for the strain
gauges (Shear gauges) was constructed by thin plates welded on the side of the ribs on the



86 CHAPTER 9. GUIDE SHOE MEASUREMENTS

Figure 9.5: Measurement guide shoe installed in engine section

shoe, this can be seen in figure 9.6 and a closeup in 9.7.

Figure 9.6: View of the strain gauge arrangement for frictional measurements
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Figure 9.7: Close view of the strain gauge arrangement

Before the measurements were conducted all sensors were calibrated, and the data were used
to transform the signal to the corresponding physical parameter (Force, Distance Tempera-
ture etc).

9.4 Signal Storing and Analysis

All the sensors mounted in the stationary part (Frame Box) were connected directly to the
required amplifiers. The signal from the amplifiers were sent to the data logger equipment
(Computer with I/O-board). All sensors mounted on the movable part (the guide shoe)
could not be directly connected to the measurement computer. The cables would most likely
fail because of the high inertial loads and that limited the size and number of measurement
probes. Telemetry was used for transportation of the measurement signal. That required
that the amplifiers for the sensors were mounted on the guide shoe and that a wireless
signal transmitting device also was installed. The measurement equipment was powered by
batteries also attached to the guide shoe. Since the amplifiers were mounted on the shoe a
high robustness was required, because the components was subjected to inertial loads from
+15 g to -25 g. The signal was transported by the transmitter and picked up by an antenna
mounted on the guide planes. That limited the amount of signals that could be transmitted
simultaneously. Three signals could be received from the telemetric system at a time. One
from the temperature points, one from the acceleration and one from the strain gauge signals.
The strain gauge signal channel contained all the strain gauges and the pressure transducers.
The signal from the inductive transducers were picked up at another test run, where the
signals form the strain gauges were disconnected and the inductive probes connected in stead.
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Since only three signals could be received at one time a data switch was incorporated in the
hardware. The data switch switched cyclically between all the active measurement channels
with a frequency of 30sec./channel, which meant that that all strain gauge measurement
were recorded as on long string of data. Afterwards the signal had to be chopped in pieces in
order to separate the different measurement points. The necessary electronics were produced
and tested by people located at the research laboratory at MBD.

Every measurement point was measured with reference to the position of the crank shaft
position (angular encoder). Therefore a measurement was initiated every time a signal was
received from the angular encoder to the measurement computer. The resolution of this
encoded signal was 2048 pulses per revolution. Afterwards the raw data were extracted and
ordered such that every measurement point were aligned to the same reference signal from
the encoder.

9.4.1 Signal Treatment

After the signal was extracted from the bulk data the signal was processed. Every periodic
signal was inspected for periodicity. A FFT-analysis was applied in order to see whether
the whole system was subjected to a periodic behavior, other than the one originating from
the loading. Since every measurement point had 10-20 revolutions of measured values stored
these were averaged in order to filter noise from the signal after checking that the signal was
periodic.

Furthermore, a moving least squares data fitting method was applied to the system in order
to get continuity in the behavior of the different signals and to cancel out noise. This was
only applied to signals where the measurement probe was active during all 360 degrees of one
revolution, such as the strain gauge, accelerometer, pressure transducers and the inductive
distance signal.

An example is shown below for the entire conversion process. The measurement point is one
of the strain gauge measurement points.

9.4.2 Converting the Signal to a Physical Property

The data is converted to its physical property in this section. The chosen example is taken
from the strain gauge signal from the maneuver side of the guide shoe.

The raw data is shown for 10 revolutions in figure 9.8 for the example presented above.



9.4. SIGNAL STORING AND ANALYSIS 89

25

— Position signal
—— Strain gage signal

T A A T ET
U |

0 500 1000 1500 2000 2501 0 3500 4000

0__ 300
Position (Degrees after TDC%

Figure 9.8: 10 revolutions of raw data

These signals are averaged over 10 revolutions and the result is shown in 9.9.
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Figure 9.9: Measurement data averaged over 10 revolutions

The friction signal is calculated on this set of data and the result is shown in figure 9.10.
This was done using the strain gauge signals and the accelerometer signal in order to extract
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the inertial part of the measurement signal.
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Figure 9.10: Frictional signal calculated from averaged data

The friction signal is calculated by applying least squares method to the signal is shown in
9.10 on this set of data and the result is shown in figure 9.11.
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Figure 9.11: Frictional signal (Least Squares Method applied)

9.5 Measurement Programme

After the measurement points were established a measurement programme was decided. An

ideal situation would be to adjust one parameter at the time for all parameters. That would

however be very time consuming and very expensive.

Since the cost of running the engine is substantial a measurement programme of limited

character was chosen. Because this is a friction study of engines built for ships a load

diagram for propeller loading was adapted. The engine was run using propeller load at five

different points in the load diagram - which is more or less a standard test schedule - see
table 9.1.

Test | Load Speed

1 0% | 123 rpm
25 % 77 rpm
50 % 98 rpm
75 % | 112 rpm
100 % | 123 rpm

Ot = W N

Table 9.1: Measurement series

As shown above both the speed and the normal load changes on the guide shoe system as
well as the oil supply pressure and therefore this gives rise to a lot of variations within the
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programme.

9.6 Measurement Results (Input parameters)

In this section a fraction of the measurement results are presented.

9.6.1 Guide Shoe Temperatures

The temperatures were logged on 6 discrete points (3 on each surface) as shown in figure 9.12
the measured values can be seen in table 9.2.

Load Point | Up MAN | Center MAN | Low MAN | Up EXH | Center EXH | Low EXH
0 % 60 58 61 65 63 68
25 % o8 59 61 57 55 59
50 % 64 63 65 61 59 61
75 % 65 63 67 62 60 59
100 % 65 64 68 63 60 59

Table 9.2: Temperature (°C') of guide shoe

Figure 9.12: Placement of thermo couples on guide shoe
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9.6.2 Guide Plane Temperatures

The temperatures were logged on 6 discrete points on each guide plane. These can be seen

in table 9.3.

Point 1 21314516 1 2131456
Side | MAN | - | - | - | - | - |EXH| - | -] -1-1] -
0% 53 54 153 |52 |54 52| 53 | 55|59 |60 |58 |52

25 % 52 53 152 | 52|52 |50 | 48 |47 |51 |51 |50 |47

50 % 55 57 | 57 |56 | 56 | 55 | 50 | 50 | 54 | 55 | 54 | 50

75 % 56 59 | 58 | 56 | 56 | b4 | 51 |50 |54 | 56 | 55 | 51

100 % 59 61 |60 | 58 |59 | 56| 52 |52 |55|59 |58 |53

Table 9.3: Temperature (°C') of guide plane

The placement of the measuring points can be seen in figure 9.1

9.6.3 Guide Shoe Oil Supply Pressure

Pressures were logged on each run and plotted in figure 9.13.
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Figure 9.13: Left: Oil supply pressure measured in maneuver side. Right: Oil supply pressure
measured in exhaust side

From the figure it can be seen that oil is supplied all the time for the load cases 25 % and

50 %. Upgrading the speed of the engine shows that the telescope oil supply system is no

longer able to maintain a flow towards the bearing surface in the entire part of the stroke.

This is caused by the volumetric expansion of the telescope, the inertial effects and the feed

rate of the oil supply pump are not well adjusted to meet these situations concerning the

lubrication of the guide plane during the first part of the expansion stroke.
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9.6.4 Normal Load on Guide Shoe

The normal load on the guide shoe could not be measured directly but was established using
a measured acceleration signal and the measured combustion pressure. These measurements

can be seen below for the complete measuring program.

x10°

16 150

— 0% Load
— 25% Load
50% Load H
— 75% Load
100% Load

— 0% Load
— 25% Load
14r 50% Load ]
— 75% Load

100% Load

N
o
=]

-
N

Pl
(/5"

Pressure (P

b
Acceleration

N

=)

_ _\

0 30 60 90 120 150 180 0 2 2 300 330 360
begrees after 1D

N I
0 30 60 90 1290 150 180 0 2 2 300 330 360
%)egrees after 1D

Figure 9.14: Left: Combustion pressure Right: Vertical acceleration of guide shoe

These data are used to generate the normal load input for the guide shoe bearing.
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9.7 Measurement Results (Output parameters)

9.7.1 Oil Film Thickness Measurements

For placement of these measurement points see figure 9.1.

For all these measurements the oil film thickness (OFT) for the capacitive sensors were
recorded. These are presented in the figures 9.15 - 9.18. The signal for oil film thickness for
the 50% load were not recorded due to instrumentation failure.
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Figure 9.15: Left: Oil film thickness measured in maneuver side Right : Oil film thickness
measured in exhaust side (0% Load)
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Figure 9.16: Left: Oil film thickness measured in maneuver side Right : Oil film thickness
measured in exhaust side (25% Load)
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Figure 9.17: Left: Oil film thickness measured in maneuver side Right : Oil film thickness
measured in exhaust side (75% Load)

700 — 700 —T
— Man. C
— Man. B
soofl—Man. A 600
500 500
B B
3 3
100 Nt
© @
= =
300 < 300
-} -
w 2]
.— o=
a A

\l MUJ WY ] 100 u

0 30 60 90 20 150 18 21 A 270 300 330 360 0 30 60 90 20 150 18 211 A 270 300 330 360
egrees after THC egrees after TDC

Figure 9.18: Left: Oil film thickness measured in maneuver side Right : Oil film thickness
measured in exhaust side (100% Load)

9.8 Guide Shoe Friction

The strain gauge measurements are shown in the current section. Measured frictional values
are shown in figures 9.19 - 9.23.
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Figure 9.20: Friction for 25% load
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Figure 9.23: Friction for 100% load

All the measured quantities are used for input and post processing for the numerical part of

this study in the following chapter.

9.9 Summary

A measurement apparatus for measuring friction, oil film thickness, pressure and temperature
was presented. The measurements were conducted with satisfactory result. All though only
a limited number of measurements could be done at a time this showed to be no problem
since repeatability in the measured quantities were present.
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Chapter 10

Calculation = Measurement for Guide
Shoe ?

The chapter compares the experimental values with the ones generated from the calculation
see also Vglund [2002]. The calculated terms shown in the current chapter are generated
using the numerical model. All inputs for the numerical simulation were identical to the
running conditions for the experimental apparatus derived in the previous chapter.

Since the main objective of this study is related to the frictional loss these quantities are
natural for comparisons - shown in figures 10.1 - 10.5.

10.1 Friction
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Figure 10.1: Friction 0% load
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Focusing on figure 10.1 it is observed that correlation between theory and measurement is
present. The frictional history for the first 180 degrees of the stroke shows fine agreement
between theory and measurement. In the last 180 degrees the correlation is not so good.
From 300 degrees to 360 degrees there is fine correlation again, but in the middle of the up
stroke there is a large deviation. This deviation is seen on both signals. It seems as some
cross coupling exists between the normal load and the shear term in the measured quantities
compared to the theoretical values.
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Figure 10.2: Friction 25% load

Focusing on figure 10.2 it is observed that the correlation between theory and measurement
is present in the entire stroke. The theoretical values shows smoother distributions than the
measured values, but all in all very nice agreement between the two of them.
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Figure 10.3: Friction 50% load

Figure 10.3 shows acceptable agreement in the first 180 degrees and also fine correlation
between the exhaust side signals. The maneuver signal is however diverging some which is
more pronounced in the latter part of the stroke.
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Figure 10.4: Friction 75% load
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Figure 10.5: Friction 100% load

Focusing on figure 10.4 and 10.5 shows rather acceptable agreement in the lightly loaded
sides of the bearing for both cases. For the loaded bearing surfaces the deviation between
theory and measurement shows diverging results the more load the more deviation between
the two. It seems like a cross coupling effect from the normal load acting on these surfaces
is seen. “The deviations are larger when the nominal load increases. This effect is observed
for all configurations.

Discussing these results one should bear in mind that this bearing is subjected to a load
which is approximately 50-100 times higher in the normal load direction than the friction
force is generating in the other direction, and part of the deviations may be found here. The
normal load may generate a cross coupling terms as all ready mentioned. Furthermore, the
measured signal in this direction is a combination of mass force and the frictional force acting
on it. In this case the mass forces are up to 10 times larger than the frictional force - also
a possible source of error. Therefore the sensitivity for the component may not be as is was
established by the calibration. Lastly local effects may interfere from the guide plane on to
the guide shoe. One should bear in mind that large forces are acting in the bearing and the
friction force is only a small quantity in this context.

However, the correlation all together shows reasonable results bearing in mind the possible
error causes. Problems with the numerical simulations may also be the cause. The chosen
cavitation model may interfere with the area of shearing fluid and thereby generate larger
friction forces. The accuracy of the frame box stiffness interferes with the oil film thickness
distribution and therefore also the friction force generated. Lastly the assumption of the
temperature distribution within the oil film may be too optimistic. Another issue is the ap-
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pearance of the guide planes due to thermal expansion which is not included in the model and
also the pre-tension appearance of the guide plane compared to the theoretically determined
one. The large influence of the pre tensioned guide plane on the oil film distribution was
revealed in chapter 7 and inaccuracies between the actual appearance of the guide planes and
the theoretically determined appearance will influence the frictional loss.

10.2 Oil Film Thickness

In the numerical problem the oil film thickness values have been extracted for the sensors
mounted in the guide plane at approximately the same positions as the placement of the
sensors in the experiment. These are shown in figures 10.6 to 10.9.
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Figure 10.6: Left: Oil film thickness measured in maneuver side. Right : Oil film thickness
measured in exhaust side. (0% Load)



106 CHAPTER 10. CALCULATION = MEASUREMENT FOR GUIDE SHOE ?

700 T T T T T T T T 700 T T
— Man. C —}éﬁ g
= e A B 4
6001 — Cale. C 6000 —Eolc. B
— Calc. B —Cale. A
— Calc. A
500 500
8 B
3 3
~—400 ~—400
) V ©
O O
= =
@S 300 1 @S 300,
~ +
w0 wn
.— .-
200 \ 1 200
N/
100F \ S 1 100f
!
o N o L
0 30 60 90 20 150 18| 21 270 300 330 360 0 30 60 90 20 150 18| 21 270 300 330 360
egrees aPter QTIS& egrees after QT]S&

Figure 10.7: Left: Oil film thickness measured in maneuver side. Right : Oil film thickness
measured in exhaust side. (25% Load)
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As seen in the figures for the oil film thickness reasonable agreement is found between mea-
sured and simulated values for guide bearing passing each sensor. The sudden changes in
the measurement signal indicates that an oil groove is passing the sensor. A comparison
between 0% and 100% load reveals that the characteristics are very sensitive to changes in
load history. The overall correlation between measured values and predicted values is quite
satisfactory. Figure 10.6 shows good correlation in large parts of the stroke but in other parts
there are large deviations. The fluctuating measurement results in these areas originate from
cavitation of the bearing see for instance the sensors A,B and C in the exhaust side where
cavitation is present when the guide shoe is running mainly on the maneuver plane where
the sensors A,B and C in the maneuver plane are placed. The opposite is the case once the
shoe shifts to the other guide plane. The same is the case for the results presented in figure
10.9.

10.3 Summary

Comparisons were performed between simulated and measured values concerning oil film
thickness and friction force. The measured values for oil film thickness and frictional loss
corresponds to an acceptable degree with the simulated values. The deviations are of varying
size. The numerical model does to an acceptable degree reflect the true guide shoe characte-
ristics. It is hereby concluded that the established numerical model to a satisfactory degree
describes the guide shoe characteristics concerning oil film thickness and friction history. The
established numerical model may therefore be utilized in a frictional reduction study.
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Chapter 11

Reducing Guide Shoe Frictional Loss

In the present chapter a study concerning reduction of the guide shoe power loss is carried
out.

The investigation is initiated in the analytical model. This model is described as a bearing
with co-planar bearing surfaces with rigid components. The system is presented in equa-
tion 7.3. This seems reasonable since the deviation concerning the frictional loss from the
numerical description is small.

The parameters in this model were changed such that the frictional loss was the target for
the optimization search process.

Since the guide shoe is running in a two stroke engine there are a number of parameters that
cannot be changed. For instance the oil supply pressure cannot be altered. Furthermore,
the temperature of the guide planes cannot be changed unless the frictional term is modified
and thereby affecting the temperatures of the bearing surfaces. The oil probably can not be
changed since this is the system oil and is therefore used for lubrication in the entire engine
- the main bearings, the connecting rod bearings, the cam axle system and so on. However,
there are still a number of parameters that can be changed. The active degrees of freedom
are the width (W) and the length (Lgpee) of the bearing. Furthermore, the surface of the
bearing can be changed by for instance the number of oil grooves Ny, o0 and their appearance
and also the clearance (C').

In the first part of the study it is assumed that the bearing surfaces are to remain co-planar
and that the oil grooves are locked to be positioned in axial direction. This gives 5 degrees
of freedom which are listed below. Isothermal conditions are assumed.

e Number of oil grooves (N oove)
o Width (W)
e Length (Lgpoe)
e Clearance (C)

109
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e Viscosity (1)

In the following a rule is set such that the minimum oil film thickness compared to the
standard design may not be reduced no matter the design chosen. Furthermore, it is assumed
that the temperature of the components is constant. The load pattern is chosen to be the
100% load case. The oil supply pressure is assumed to be atmospheric for the analytical
models.

11.0.1 Initial Model

The model for the initial analysis is chosen to be the actual bearing. The input values are

e Number of oil grooves :Nyyoope = 4

Width of bearing Wy, = 0.15m

Length of bearing Lgpo. = 0.7m

Clearance C' = 0.4 - 107%m

Viscosity n = 0.035Pas

The locus is calculated and the minimum oil film thickness is extracted and the frictional
loss is calculated - shown in table 11.1.

Case Lshoe Wshoe C Ngroove hm'm f)lost
m m m-106 - m-10"%| hp
1 0.7 0.15 400 4 31.5 11.0

Table 11.1: Reference condition (Analytical solution)

For the first analysis is assumed that the clearance C and number of oil grooves (Ny,oove) is
constant. Furthermore, it is assumed that the bearing area LgjoeWsnoe = 0.105m2 is to be
kept constant. The reason for this the fact that this is the current design criteria which is
based on the size maximum nominal bearing pressure, which may not override 20 bar.

The result is shown below for the case where 4 oil grooves are used as a constant value, the
length is varied and the width adjusted such that the bearing area is constant.

As shown in table 11.2 an optimum is actually located at a Lgppe/ Wispoe-ratio which is identical
to the reference condition - both regarding lowest friction and minimum film thickness. If
then the number of o0il grooves are altered such that the total number is halved and they are
evenly distributed a new optimum is reached. The results can be seen in table 11.3.

As shown in the table 11.3 above the minimum oil film thickness has increased which opens
for the possibility to change the bearing area without altering the bearing capacity compared
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Case Lshoe Wshoe C Ngroove hmm f)lost
m m | m-107° - m-107% | hp
1 0.5 0.21 400 4 27 12.1
2 0.6 | 0.175 400 4 30.4 11.3
3 0.7 0.15 400 4 31.5 11.0
4 0.75 | 0.140 400 4 31.4 11.0
) 0.8 | 0.131 400 4 31.2 11.1
6 1.0 | 0.105 400 4 28.6 11.8
Table 11.2: Result (LgpoeWinoe = 0.105m?)
Case Lshoe Wshoe C Ngroove hmm Plost
m m m-1076 - m-107% | hp
1 0.5 0.21 400 2 39.8 9.3
2 0.55 | 0.191 400 2 40.3 9.2
3 0.6 | 0.175 400 2 40.1 9.2
4 0.7 | 0.150 400 2 38.5 9.5
Table 11.3: Result 2 grooves (LgpoeWihoe = 0.105m?)
Case Lshoe Wshoe C Ngroove hmm Plost
m m | m-107° - m-107% | hp
1 0.45 | 0.178 400 2 30.8 8.5
2 0.5 | 0.160 400 2 31.0 8.5
3 0.55 | 0.145 400 2 30.6 8.6

Table 11.4: Result 2 grooves (LgpoeWihoe = 0.08m?)
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Case Lshoe Wshoe C Ngroove hmm f)lost

m m m-106 - m-10"%| hp

1 0.30 | 0.217 400 1 29.9 7.1

2 0.35 | 0.186 400 1 31.3 6.9

3 0.40 | 0.63 400 1 30.5 7.0
Table 11.5: Result 1 groove (LgpoeWshoe = 0.08m?)

Case Lshoe Wshoe C Ngroove hmm f)lost

m m m-106 - m-10"%| hp

1 0.35 | 0.186 400 1 31.3 6.9

2 0.35 | 0.186 500 1 31.3 6.6

3 0.35 | 0.186 600 1 31.3 6.4

Table 11.6: Result 1 groove (LgpoeWsnoe = 0.065m?)

to the reference design. This is done in table 11.4, where the frictional loss is reduced without
lowering the minimum oil film thickness.

Taking another step initiates a bearing with only one oil groove and the result is shown in
table 11.5 where the bearing area is further reduced without altering the minimum oil film
thickness. Doing this reduces the frictional loss even further. Viewing this as a minimum
the clearance is altered such that the clearance is increased which reduces the friction a little
more - see table 11.6

If another lubrication technique is used the oil grooves can be removed which has been
calculated and the result is shown in table 11.7, note that the bearing area is further reduced.
Case 2 shown in figure 11.7 has a frictional reduction of 59 % and a bearing reduction of 56
% and this would reduce the fuel consumption with approximately 0.7 g/bhph (130 g/bhph).
This situation is not very usable since lubricant is not added to the bearing. However, if the
bearing could be externally lubricated that might solve the problem. This could be solved
by rethinking the lube system to the guide shoe. Using the lubrication system from the main
bearings to apply lubricant to the guide plane with oil from the top of the guide plane and
thereby use gravity or maybe spray nozzles to lubricate the entire plane is a solution. Two
patents have been filed about this. The first patent Vglund [Filed: 18 may 2002a] denotes
the application of the new lubricating mechanism, and the other patent Vglund [Filed: 18
may 2002b] describes the possibility to continually adapt the bearing area to the applied

Case Lshoe Wshoe C Ngroove hmm Plost
m m | m-107° - m-107% | hp

1 0.215 | 0.215 400 0 30.9 4.88

2 0.215 | 0.215 600 0 30.9 4.54

Table 11.7: Result 0 grooves (LgpoeWihoe = 0.046m?)
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external load. The last parameter chosen in this study is the viscosity.

Case Lshoe Wshoe C n hmzn ]Dlost
m m |m-107%| Pa-s|m-107%| hp

1 0.2 0.2 600 0.045 30.0 5.05
2(REF) | 0.215 | 0.215 600 0.036 30.9 4.54
3 0.23 | 0.23 600 0.027 30.7 3.93

4 0.25 | 0.25 600 0.018 30.9 3.20

Table 11.8: Result 0 grooves varying viscosity

As shown in table 11.8 the power loss may be altered if the viscosity is altered - an effect
of this is also to modify the bearing area in order to design after h,,;. A larger area is
required if h,,;, is to be kept constant. This adjustment is hard to implement in practice
since the oil is used in a lot of different bearing types in the engine, therefore this cannot
be altered without examining the effect of this in the rest of the engine. Furthermore, these
calculations are performed using the simple analytical models and therefore the local effects
are not included - non planar bearing surfaces. A potential is certainly present in optimizing
the frictional loss for the given component. These results are obtained by the use of rigid
components with co-planar components subjected to squeeze motion to be the load carrying
parameter.

It must be examined for the flexible calculation to see whether that is still the case.

11.0.2 Friction Calculation - Flexible Components

The effect of flexible components is examined in the current section. The study conducted
originates in the existing design. The solutions presented in the previous section are repeated
with the flexible model super imposed. The finite element models are recycled for the analy-
sis. This restriction means that not necessarily the best solution regarding frictional loss is
obtained but for an experimental approach this is very usable. The problem of this approach
is the the limited width of the guide plane due to the reference design. The optimum however
is not too far away from the fixed width solution.

Note that the friction is slightly higher in the case for flexible components and finite width
bearings. The results of the different simulations are presented in table 11.9. The simulations
were performed using a lower number of oil grooves varying from 4 to 0.



114 CHAPTER 11. REDUCING GUIDE SHOE FRICTIONAL LOSS

Case Lshoe Wshoe C Ngroove hmzn Plost

m m m 106 - m-107%| hp
FLEX1(REF) | 0.70 | 0.15 400 4 9.3 12.1
FLEX2 0.70 | 0.15 400 2 13.3 10.1
FLEX3 0.70 | 0.15 400 1 14.2 9.4
FLEX4 0.70 | 0.15 400 0 15.5 8.8
FLEX5 0.55 | 0.15 400 0 9.3 7.8
FLEXG6 0.55 | 0.15 600 0 9.2 7.3

Table 11.9: Result flexible calculation

11.1 Summary

The simulations carried out revealed that a frictional reduction of 59 % and a bearing re-
duction of 56 % could be obtained theoretically. This would reduce the fuel consumption with
approximately 0.7 g/bhph (130 g/bhph). The design required to reach such a large reduction
required a wider guide plane, which is not necessarily preferable since this might lengthen the
entire engine - a rather expensive matter. Therefore a study concerning a new design fitting
inside the existing engine was carried out. This guide shoe can operate with 4.8/12.1 ~ 40%
lower friction loss if the guide shoe is fitted for the THOMX test engine. This number could
be lowered some if the width of the guide plane could be widened, but this is not possible in
the current state. This design has no oil grooves and a 50% increased clearance. The width
of the plane should be almost as wide as the length of the guide shoe in order to create the
smallest friction loss for this bearing. This is not possible in the current study. Another
way to optimize for friction could be obtained by lowering the normal load by increasing the
length of the connecting rod, but this is not a parameter for optimization since this would
affect other bearing loads and also generates a taller engine - a negative side effect. In all the
simulations carried out the temperature has been kept constant. Experimental evaluations
of future designs must be conducted to examine whether this is a reasonable assumption in
the search for new improved guide shoe designs.



Chapter 12

Calculation of Piston Ring
Characteristics

In the present chapter analytical and numerical models for calculating frictional loss in the
piston ring package are presented. The frictional loss is directly correlated with the power
loss and therefore an oil film model of the bearing is generated. The model described in this
chapter start out simple and is gradually applied with more features in order to describe
the problem and its solution better. The assumptions for fulfilling Reynolds equation are
assumed to be valid in the entire scope of the analysis’ presented. The reason for the gradual
refinement of the models is to examine the terms which have significant influence on the
bearing performance. The major loss in this context arises from the piston rings. Only small
shearing is present for the piston skirt due to the small side forces acting here. The definition
of the oil film thickness in the bearing can be seen in figure 12.1.

12.0.1 Forces Acting on Piston Ring

Focusing at a single piston ring the forces acting on it is shown in figure 12.2. The ring is
subjected to the pressure p,, and pgey, acting in the piston ring package from the combustion
process. These pressures may be established either by measurements or by simulation see
appendix A.2. The ring is also subjected to a pre-tension term F),,. which is the tension from
the ring arising from the installation. There is the hydrodynamic load carrying capacity
F,; and from the load carried by the asperities F,,,. These two terms also have a shearing
component due to the movement of the ring. The inertia terms mi and mg and the reaction
force from the ring land F,.,. and its shearing component F'tyicreac- Fpress,i denotes the force
arising from the pressure acting behind and on top of the ring.

It is assumed that axi-symmetric conditions are present. The friction force in radial direction
is assumed to be negligible in the present analysis. Furthermore, the axial force equilibrium
is not considered except for the determination of the ring to investigate whether it is resting
on one ring land or the other.

Integrating the oil film pressure generated by the motion of the piston ring gives the load
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Figure 12.1: Ring profile
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Figure 12.2: Forces acting on piston ring
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CTWring

Figure 12.3: Ring profile offset

carrying capacity. Newton’s 2’'nd law is applied in order to check for a valid solution.

my — Fasp + F+ Ffric,'reac - Fpress,y - Fp""e

mi = Ffric,asp + Ffric,oil + Freac - Fpress,x (121)

The inertia of the piston ring is assumed to be negligible, which seems reasonable compared
to the large load subjected to the ring from the gas pressure in the system.

12.1 Analytical Models

In the current section an analytical model for prediction of piston ring friction and other
characteristics will be presented. Focusing on one piston ring the lubrication behavior of
this ring can be characterized. Since the ring is subjected to a periodically shifting sliding
direction the surface of the ring must be tapered in such a way that an oil film can build up
both on the down stroke and the up stroke.

12.1.1 An Analytical Model using a Parabolic Piston Ring Profile

For some ring geometries an analytical description of the solution can be given. It is assumed
that the running surface of the ring can be described by a parabolic formulation with an offset.
This formulation is chosen out on the basis of numerous studies by for instance Hamrock et al.
[August 1998], Sherrington et al. [1991], Yang and Keith [1996a] and Nakai et al. [1996] are
some of many. For instance Saburi et al. [1995] uses a circular description combined with
a plane centerpiece. In figure 12.3 the definition of the piston ring shape for the following
analysis simulations is presented.

The film thickness profile is expressed as shown in equation 12.2.
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1
h=ho+ — (2 — C,Wying)* (12.2)
Tp
Since the axi-symmetric approach is used a simplified version of Reynolds equation can be
used.

3
0 <h 8p>_u8h oh (12.3)

9z \12n0z) ~ 20z " ot
Integrating once produces equation 12.4
h op oh
—— =—h+— A 12.4
12nox 2 + o + ( )
Inserting expression 12.2 into 12.4 gives the expression presented in equation 12.5, where A
is a constant of integration.

op
B_z —1277(

1 i g_/; x
[ho + i (z — Cer‘ng)Q} [ho + i (z — CrWring)Q}
A
[hg + % (x — CrWring)2i| i

(12.5)

U
5 3

+

Integrating this expression introduces a new constant of integration B.
1 ¥ 0h x

p(z) =12n] o dé+ | — de (12.6)
/0 2 [hO + % (5 - CrWring)2]2 0 at [hO + % (5 - CrWring)2]3

+ [ ' 4
0 [ho + % (€ - CrWring)2]3

d¢]+ B

The integration constants A and B are determined using the boundary conditions.
In order to represent this in a simpler way the different terms are renamed:

p(a) = 121 (11(:5)% + 12(;5)‘3—’; + I3(X)A> +B (12.7)

T 1
)= [ - e
0 hO + % (g - CrWring)

Where :

I(z) = / : § i
0 hO + % (g - CrWring)2

_d¢

T 1
L) = / _ 2
0 hO + % (g - CrWring)
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12.1.2 Boundary Conditions

The boundary conditions for the analytical model is chosen to be the pressure at the inlet
zone P, and the pressure at the outlet P,,;. However, cavitation at x = z* may occur. The
Swift-Stieber boundary condition shown in chapter 5 is used for cavitation search.

12.1.3 No Cavitation

Using the first boundary condition at x =0 :

p(0,1) = pin = 127 (Il(O)g + IQ(O)% + 13(0)A> + B (12.8)

The term B may be calculated as B = p;,,. Using the second boundary condition at x = W,;,,

U oh
p(Wringa t) = Pout = 1277 <Il(Wmng)§ + 12(Wring)a + 13(W'r'mg)A> + B (129)
A — Lot 2 Pin 1} (Wring) §+12(Wring) 5

. IsWoing) ' : o
This shows that it is straight forward to determine A and B when cavitation is not present

12.1.4 Cavitation

Introducing the possibility that cavitation may occur at z = 2* and p = p;, at v = x;,
introduces new equations. In equation 12.10 two equations with two unknowns are presented,
the system is nonlinear and an iterative solution procedure is used in obtaining the solution.
Using the first boundary condition at x = 0 is shown in equation 12.8.

Using the second boundary condition at z = z* :

oh
p($*, t) = Peav = 127’] (Il(x*)g + [Q(LE*)— + [3(37*)14) + ]DZ”

ot
op(x*,t) 0— 1277(9 1
=V= 2
Bz 2 [ho + % (517* — CTW”'ng)2:|
* A
49 i + ) (12.10)
ot 213 513
[ho + % (LE* — C’TW,«mg) ] [ho + % (LE* — CrWring)

This gives a system of nonlinear equations. It is assumed that local cavitation is present
and that the oil film can rebuild before the outlet region. In the following flow continuity is
assumed over the cavitation area. This means that flow continuity is used for determination
of x = z**

op(x,t) u [h** — h*
2
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Where 2** is the reformation point and z* is the starting point of cavitation.

However, in regions where the pressure is elevated the cavitation pressure p.., cannot drop
below this elevated pressure. This means that the cavitation pressure will equalize the pres-
sure at the outlet of the bearing, p.uy = Douner- The open-end cavitation is used here - see
chapter 5. This means that only equation 12.10 is used.

The load carrying capacity is determined by the integration of the pressure distribution. The
integration is carried out in equation 12.12.

Ty
F = WDpiston/ ’ 129 {Il(x)g + Ig(x)% + I3(x)A+ B| dz (12.12)
0

The upper integration limit z,, is replaced with W,;,, if cavitation is not present, otherwise
the term is set to x* if cavitation is present.

The other load carrying quantity in this manner is the asperity term Fgz,. This term is
calculated using equation 4.23 at the current problem.

Since the nature of the problem is of the same character as the guide shoe problem concerning
the determination of the dynamic behavior the same approach is used here. The degrees of
freedom is reduced to one which simplifies the system. Therefore the load carrying capacity

is differentiated with respect to % in order to get the damping coefficient.

OF, oil

By = 50 Iy (Wying) | dz: (12.13)
at

W...
ring 13(1-)

= T Dpiston12 / |:I )+ ———

pist 77 0 2( ) 1'3 (Wrz'ng)

Hereby can the system be solved by the methods described as in chapter 6 shown in equation
12.14.

BoilA% - Fasp + Foil - Fpress,y - Fpre
(12.14)

12.2 Simulation Results

Having mentioned the possible lubrication modes for the purely analytical model simulations
have been carried out in order to reveal the difference between the models.

12.2.1 Input Values

The input values for the analytical simulations are presented in table 12.2.1.
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Speed Npey 123 rpm
Height of ring Wing 12.5 mm
Ring tension Dpre 1.0 bar
Ring Profile C, 0.4
Liner Roughness o1 1.2pum
Ring Roughness 09 1.0um
Asperity Fri. chef. Q@ 0.1
Pressure Deombustion | 0-160 bar
Viscosity n varying

The viscosity is determined from a simulation of the temperature distribution in the research
engine. The temperatures of the ring and liner are combined and the viscosity is determined
by equation 8.1.

12.2.2 Result Hydrodynamic Lubrication with No Cavitation Cri-
teria

This simulation generated very small oil film thickness. The large negative pressures genera-
ted in the cavitation zone by the lack of a cavitation criteria created highly unrealistic running
conditions. Film thickness’ smaller than ﬁ um were generated due to the destructive nature
of the large negative pressures.

12.2.3 Result Hydrodynamic Lubrication with Cavitation Criteria
(Open-end Cavitation)

The simulation where cavitation is included excludes the problems encountered in simulations
having no cavitation criteria. The simulation result can be observed in figure 12.4.

As expected the OFT is smallest on the down stroke. The minimum OFT is about 0.1um
near TDC and the maximum about 25um. The jump in OFT in the end of the stroke is
due to the pressure elimination because the rings are passing the scavenging ports. The
corresponding pressure history can be observed in figure 12.5. The frictional loss is depicted
in figure 12.6.

This can be converted to lost power for all rings - presented in figure 12.7.

12.2.4 Result Mixed lubrication with Cavitation (Open-end Cavi-
tation)

A simulation was carried out with the mixed lubrication model applied. The simulation
result can be observed in figure 12.8.

As for the hydrodynamic model the OFT is smallest on the down stroke. The minimum OFT
is about 1um near TDC and the maximum about 25um. The corresponding pressure history
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can be observed in figure 12.9. The frictional loss is depicted in figure 12.10.
This can be converted to lost power for all rings - presented in figure 12.11.

12.2.5 Discussion

Reviewing all three simulations reveal the importance of including cavitation and asperity
interaction in the lubrication model. Furthermore, a significance of the scavenging ports
may be important as well as the thermal effects and starvation. The simulated power losses
are very small compared to the expected values which consolidates the theory of starved
lubrication in the piston ring pack. The mentioned terms call for a numerical description.

12.3 Numerical Models

In this section the basis for calculating oil film thickness using a numerical approach is
presented. A general description is presented along with the properties of the calculation
tool generated.

The numerical model originates in the analytical results which revealed that asperity inter-
action and roughness terms are significant. New terms may also be very significant namely
the possibility for starvation of the piston ring package.

The model is generated from:

1. 2D-model (Cyclic symmetry)

2. Surface roughness and surface profile

3. Asperity model (Greenwood and Tripp)
4. Cavitation model

5. Starvation model

6. Thermal effects

7. Elastic ring land

12.3.1 2D model

The numerical modelling is carried out using the finite difference technique in the same
manner as described in chapter 7. A section of 12 degrees in circumferential direction is
modeled. This section size is chosen by the number of scavenging ports, which is 30. This
gives the possibility to determine the impact on the characteristics from the scavenging ports.
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12.3.2 Asperity Description

Since the oil film thickness is small solid to solid contact will be present during one cycle.
Therefore the surface roughness must be included in the lubrication model as shown in chapter
4. In order to compensate for the surface roughness the asperity contact model is used.
Piston Ring

This ring has a continuously changing geometry because of wear. However, the ring has
approximately the same shape after running in. The only thing that changes is that the ring
tension grows smaller as the rings grows thinner in radial direction. In the following it is
assumed that the roughness of the ring at time t where ¢ > t, nintime Stays the same in the
larger part of the lifetime of the ring. It is assumed that the surface roughness pattern also
stays the same.

Cylinder Liner

The liner is also subjected to wear, however not so significantly as the ring (the lifetime is
substantially larger). The surface roughness of the liner is assumed to follow the same pattern
as the piston ring where the surface roughness stays the same after running in. Wave cut is
not implemented in the current model.

12.3.3 Average Reynolds Equation

Since the roughness at part of the stroke is quite large compared to the oil film thickness the
model proposed by Patir and Cheng [1978] is implemented. The model using the average
Reynolds equation 4.10 seems reasonable, as shown in chapter 4.

12.3.4 Friction

The total frictional force acting on the piston ring can be calculated by equation 4.27

12.3.5 Equilibrium

The method proposed in chapter 6 is used. The force balance shown in equation 12.1 - the

equation with mg. The perturbation coefficient is determined by solving the system with the

perturbed terms shown in equation 12.15 in order to determine the new estimate for 22

at "
h3 Opaon h3 Oppon
O (17 Pagi ) O (17 Pagi) (12.15)
Oxr \ 12 Oz 0z \ 12n 0z
The equilibrium criteria is shown in equation 12.16
Foi Fas - Fe:v
Erreq < Err = ‘ L+ 7 P L (12.16)
ext

The same procedure was shown for the guide shoe problem in chapter 7.
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12.3.6 Starvation

Starvation of the piston rings have been implemented by a combination of the methods
described by Sanda et al. [1997], and Nakai et al. [1996].

The approach uses the film thickness at an infinite distance h. to determine the location
of the inlet h;, - see figure 12.12. Flow continuity into the inlet zone is assumed i.e. the
pressure gradient is zero. In the derivation the ring is steady and the liner is sliding past the
ring. The sliding speed is u. It is assumed that the fluid is attached to the cylinder liner and
is moving rigid with the same velocity as the liner.

At the inlet a flow continuity condition is applied, it is assumed that there is no flow out
of the ring package at this point. This means that the flow profile is assumed to be in the
simplest form - linear and that determines the inlet film thickness to be h;, = 2hs. The
outlet film thickness is described to be the oil film thickness at the point of cavitation. If
no cavitation is present the point where g—g = 0 is used. The back drafts of this is that flow
continuity in the piston ring interface is not necessarily fulfilled.

hoo

— [—

SVVV A

!

hout

Figure 12.12: Oil formation on piston ring face
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Since lubricant in only supplied at every 1st,2nd every 4th or maybe every 10th stroke at a
discrete position the rings have to adopt to this situation. The top ring (ring 1) must ride
on the oil left by ring 2 on the down stroke. Ring 2 must ride on what was left by ring 3
and so on - and vice versa for the up stroke. The lowest ring is denoted ring 4 and this ring
is fully flooded on the down stroke. On the up stroke ring 1 must ride in the oil left by the
same ring on the down stroke.

In the numerical model presented this effect is included using the starvation model mentioned
and by the use of a technique described by Dowson et al. [1979]. The approach is simple -
run the simulation for several cycles and the boundary conditions for every cycle will adjust
itself to reach a stable position. Usually this is achieved after 3-4 cycles. The assumption
used here is that the lowest ring (Ring 4) is always fully flooded on the down stroke.

12.3.7 Cavitation Model

The topology of the piston ring and liner makes it possible for cavitation to occur.
Different cavitation models have been examined by Priest et al. [1998]. Since the inlet and
outlet are not necessarily fully flooded a traditional cavitation model as the approach where
cavitation and reformation of the film may appear is not possible within the lubricated area.
The model chosen for this study is the open-end cavitation. The implementation of this
procedure may be seen in figure 5.6.

12.3.8 Stiffness of Ring Land

The ring land is flexible and deflects dynamically with the load. This can be seen on the
wear profiles of the ring. A simple model has been implemented in order to incorporate the
effect.

The ring land is modeled by finite elements exploiting cyclic symmetry as shown in figure
12.13, where a partial section of the piston crown for the research engine is modeled using
solid tetrahedral elements. The effect of ring land deformation has only minor effect on h,,;,.

12.4 Verification of Oil Film Model

The numerical model was calculated using the conditions for the analytical models described
earlier. Similar results were found.
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Figure 12.13: FE-model of piston



Chapter 13

Calculation Results Piston

Results for the full load condition is shown in the current section. The engine simulated is the
test engine running at full propeller load. Simulated results for measured running conditions
will be presented in chapter 15. These measured conditions were quite different from this
kind of loading, but in order to gain knowledge about the potential for optimization the size
and distribution of oil film thickness and frictional loss is presented at full load in the current

chapter.

131
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13.1 Oil Film Thickness History

The result of the calculation can be seen below. All four rings oil film thickness profiles are
presented in the figure 13.1.
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Figure 13.1: Minimum oil film thickness. Upper Left: Ring 1. Upper Right: Ring 2. Lower
Left: Ring 3. Lower Right: Ring 4.

The oil film thickness is smallest on the up stroke for all rings. The minimum oil film thickness
is about 0.2ym and the maximum about 15um. The sudden jump in oil film thickness in
the end of the stroke is because of the pressure elimination due to the rings are passing the
scavenging ports. The reason why the oil film thickness is smallest on the up stroke is to be
found in the starvation boundary condition. The condition stating that ring 4 is fully flooded
on the down stroke generates larger oil film thickness’ on the down stroke than the up stroke.
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13.2 Pressure History

The pressure distribution for all four rings are presented in figure 13.2 for a discrete circum-
ferential position. The position is chosen such that the section passes a scavenging port rib.
The pressure peaks around 180 degrees originates in the fact that the piston ring is running
on the port ribs which reduces the effective bearing area.

Pressure
Pressure

200 2 . 200

Location Degrees after TDC Location Degrees after TDC

Pressure
Pressure

0.4 ; 200

Location Degrees after TDC Logation Degrees after TDC

Figure 13.2: Pressure history. Upper Left: Ring 1. Upper Right: Ring 2. Lower Left: Ring
3. Lower Right: Ring 4.
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13.3 Cavitation / Starvation of Piston Rings

The lubricated area of the piston ring pack can be seen in figure 13.3. Great variation is
seen between the rings and the position in the stroke. The figures reveal that the rings are
running under starved conditions. The lubricated area of the ring is in fact only a fraction
of the ring width. It is seen that ring 4 is fully flooded on the down stroke - a boundary

condition.
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Figure 13.3: Location of cavitation/inlet position. Upper Left: Ring 1. Upper Right: Ring
2. Lower Left: Ring 3. Lower Right: Ring 4.
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13.4 Friction History

For each ring the friction contribution from hydrodynamic and asperity friction has been
calculated. This can be seen in figure 13.4.
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Figure 13.4: Upper Left: Friction for ring 1. Upper Right: Friction for ring 2. Lower Left:
Friction for ring 3. Lower Right: Friction for ring 4.

Collecting all the contributions gives the total friction from the piston and this is presented
in figure 13.5. This can be converted to lost power - presented in figure 13.6. Reviewing
these simulation results clearly reveals the importance of starvation considerations in the
ring package. The power loss determined using the fully flooded condition compared to the
starved condition reveals that there is a factor of approximately 4 in difference between the
two simulations - figures 12.11 and 13.6. As presented in the figure the total power loss is
calculated to be 19.5hp which corresponds to &~ 80hp for a complete 4 cylinder engine. That
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Figure 13.5: Total friction for all rings

—— Average powerloss=19.4684 hp

30F

(hp)

Power
N
o

200 250 300 350

° Deg%se%s after TDC

0 50 10

Figure 13.6: Power loss for all rings



13.5. SUMMARY 137

is 0.9% of the total generated power.

13.5 Summary

A numerical model for predicting the oil film thickness, pressure distribution and frictional
loss in the piston ring package was established. The calculations carried out revealed the
overall loss in the piston rings was 0.9% of the generated power. As expected this is a rather
large quantity - which verified the optimization potential regarding frictional loss. The choice
of lubrication model is however also very influencing on the result if the results from the fully
flooded conditions in figure 12.10 are compared to the starved lubrication model in figure
13.4, ring 1. It appears that the starved lubrication model needs more refinement such that
flow continuity is satisfied. The condition that ring 4 is fully flooded on the down stroke
controls the lubrication condition of all rings, and is therefore an aim for future work.
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Chapter 14

Piston Ring Measurements

14.1 Introduction

The objective of the study was to build a model for determining the friction in the piston
ring assembly. In order to gain knowledge about the important parameters who control /
affect friction an experimental study was conducted and is presented in the current chapter.

14.2 The Experimental Apparatus

The objective of the measurements was to verify and generate input for the numerical models.
The frictional behavior of the piston assembly is controlled by the interference between piston
rings and cylinder liner. Since the contact is lubricated the frictional behavior will be con-
trolled by the lubrication condition. Therefore measurements will be focused on measuring
the input/output parameters which characterize the lubrication condition in the theoretical
model. Relevant measurable parameters are listed below.

Viscosity of the oil

Piston inter ring pressure

Oil film thickness

Friction

Roughness

Ring profile

14.3 Input Parameters

As shown above some of these measurement points are input parameters and some are output

parameters for the numerical model.

139
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Viscosity of the oil

The viscosity of the oil is a very important parameter since this is to some extent proportional
to the load carrying capacity of the bearing at a given oil film thickness.

Since the viscosity is very temperature dependent and only in limited degree pressure depen-
dent in the interesting pressure range a measurement of the temperature of the oil trapped in
the bearing gives a good description of the viscosity. It is assumed that the temperature of
the oil trapped in the bearing can be expressed as the mean temperature of the two surfaces
and the viscosity may be determined by equation 8.1. The placement of the sensors can be
seen in figure 14.1.

Pressure Drop in Ring Package

The pressure in the surroundings of the piston ring generates the load acting on piston ring.
The load acting on the individual piston rings is established by measuring the inter ring
pressure. The transducers are mounted in the piston between the rings.

Roughness

The roughness of the components determines how much asperity contact that may occur in
the contact. The roughness may be establishes using a roughness measurements.

Ring Profile

The profiles of the rings control the formation of the oil on rings. These profiles can be
determined by profile measurements.

14.4 Output Parameters

Some of these measurement points are output parameters and these measuring points are
supposed to verify/correct the numerical models.

14.4.1 Oil Film Thickness

The oil film thickness is a very characteristic output parameter from the theoretical models
along with the pressure in the piston rings. The oil film thickness is measured by capacitive
sensors mounted in the liner. The placement of these sensors can be seen in figure 14.1. The
sensors were placed at the fore end of the engine in order not to have any disturbance from
side forces that may be generated by the guide shoe mechanism.
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14.4.2 Friction

Lastly the friction generated by the shearing and squeezing of the oil and asperity interaction
was measured.

Measuring friction in the piston ring package is a delicate matter. Since the friction is
approximately in the order of 1 — 3% of the applied load and acting in the same plane as
the combustion pressure on the piston - this requires accurate measurements. One way to
measure friction is to measure the combustion pressure very accurately and measure the force
absorbed in the piston rod below the piston ring pack. This has been done for instance by
Mehmet and Patterson [1984] with limited success. This measurement method was tested on
the research engine. The piston rod was equipped with strain gauges and pressure transducers
were installed in the combustion chamber. The measurement results showed that it was not
possible to determine the frictional loss in this way by the experimental apparatus . It was not
possible to determine what was friction and what was not in the individual tests. Therefore
another method was required. A study revealed that two measurement principles could be
applied to the system. Due to practical problems with one of the methods the floating liner
principle was adopted and applied to the current problem. A sketch of the system is presented
in figure 14.2.

The left part of the figure is divided into two parts. On the left side of the center line the
original layout of the piston assembly is presented and on the right the modified design. The
system on the right differs in such a way that the liner is 'floating’. The liner is not subjected
to pre-tension from the cylinder studs. The liner is positioned on top of 4 force transducers -
shown on the enlarged picture on the lower right. In order to keep down the cylinder cover a
new cooling jacket for the top part of the cylinder liner was designed such that the cylinder
cover will be held down via this arrangement. This makes is possible to measure frictional
loss in the engine under firing conditions. The enlarged picture on the upper right shows the
sealing arrangement whose purpose is to keep the large gas pressures away from the cylinder
liner.

The possibility for a failure in an experiment running on a full size engine with components
weighing several tons required a preliminary experiment. The preliminary experiment inclu-
ded the measurement of friction lost in the piston ring package under controlled circumstan-
ces. This experiment was conducted with the cylinder cover not installed. This eliminated the
large loading on the piston from the combustion gas. This was a safety precaution which was
preferred before testing the friction setup in a firing cylinder. Running the cylinder by pure
motoring did not generate any significant loading on the liner and therefore an arrangement
where the piston rings could be loaded without introducing large forces from a combustion
was constructed. A tripod stand was created to be positioned on top of the piston - see figure
14.3.

The tripod was connected to the frame box using a linkage arrangement. This linkage arran-
gement carried a pneumatic hose filled with air. The hose was attached to the piston and
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via channels drilled in the piston the air was led out in the middle of the piston ring package
between ring 2 and 3. The air supplied originated from a compressor arrangement that nor-
mally is used to startup the engine. The system contained pressurized air at approximately
30 bar. The air was controlled by an electronic valve coupled to an angular encoder of the
engine. The advantage of this tripod arrangement was the ability to load the piston rings
all though no load in the axial direction was generated. This eliminated any normal loading
of the force transducers other than friction and vibrations originating from other parts of
the engine. Another advantage of attaching the tripod was the simple transportation of the
measurement signals from the sensors mounted in the piston to the data logger equipment.
Due to manufacturing problems and heavily booked test schedule of the research engine the
main experiment have been delayed so much, that the experiment have not been conducted
at the delivery of this report. However, the initial experiment which were to examine the
possibility for measuring frictional loss under controlled circumstances were conducted by
the use of the experimental apparatus just described.



14.5. VIEW OF EXPERIMENTAL APPARATUS 143

14.5 View of Experimental Apparatus

The parts shown above were manufactured and are presented in the current section.

The majority of these parts are similar to the ones that are to be used for the final experiment
to be conducted at a later stage. The liner is similar to the one that were manufactured for
the frictional experiment with firing in the cylinder. The liner can be seen in figure 14.4.
The measurement probes installed in the liner consisted of thermo couples and oil film thi-
ckness sensors.

The liner was placed on top of the lower cooling jacket and was positioned on four force
transducers whose function was to measure the friction forces acting in the bearing. Acce-
lerometers were placed on top of the liner in order to see whether vibration not related to
the friction forces were acting on the weighing cell system.

The piston, shown in figure 14.5 was instrumented with pressure transducers, thermo couples
and an accelerometer such that all the characteristic parameters could be measured.

The parts were installed in the engine and can be seen in figures 14.6, 14.7 and 14.8.

The installed force transducers can be seen in figure 14.9 and 14.10

14.6 Measurement Programme

The measurement programme is shown in table 14.1

As in the table both speed and normal load was changed in the system as well as the oil
supply amount and therefore this gives rise to many variations within the programme. The
measurements were logged at 4096 locations per cycle by use of an angular encoder as trigger
pulse for measurements.

14.7 Measurement Results (Input parameters)

14.7.1 Liner Temperatures

The temperatures were logged on 16 discrete points. The temperature profiles for these
measurements can be seen in figure 14.11 for three tests.

14.7.2 Piston Temperatures

The temperatures were logged on the piston, the temperatures to the corresponding loading
condition can be seen in table 14.2.

14.7.3 Piston Ring Pressure

The pressure behind the piston rings was recorded and a fraction of the measurements can
be seen in figure 14.12 for the same test as shown above.
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FRONT WORK

Figure 14.1: Measurement positions of oil film thickness and temperature in liner denoted

by the white cylinders

Test | Nying | Speed | Load | Lube Oil
1 4 30 rpm | vary vary
2 4 50 rpm | vary vary
3 4 70 rpm | vary vary
4 2 30 rpm | vary vary
) 2 50 rpm | vary vary
6 2 70 rpm | vary vary

Table 14.1: Measurements

Test

T (Degree Celsius)

Start
Half
Max

33
ol
72

Table 14.2: Piston temperatures (70 rpm)
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Figure 14.2: Drawing of experimental setup
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Figure 14.3: Linkage arrangement for experimental setup
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Figure 14.5: Piston before installation
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Figure 14.6: Overall view of tripod arrangement
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Figure 14.8: Downward view of tripod arrangement
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Figure 14.9: Location of force transducer

Figure 14.10: Force transducer
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Figure 14.11: Measured temperatures at 16 locations at the liner surface for 3 running
conditions at 70 rpm with different loading of the piston rings. The marks are measurement
positions according to figure 14.1.
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Figure 14.12: Measured inter ring pressures for 70 rpm (P,,, = 20bar)
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14.8 Measurement Results (Output Parameters)

14.8.1 Oil Film Thickness Measurements

These measurements are also shown for the same configuration. There were 14 measurement
points which were coinciding in location as the temperature measurement points. Measure-
ment point 1 is shown in figures 14.13 and 14.14.
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Figure 14.13: Measured oil film thickness for 70 rpm (Sensor 1)

The values presented above are averaged values, where the averaging is performed over 10
revolutions. Unfortunately the experimental values were unusable since a calibration of the
sensors was impossible after installation in the cylinder liner.

14.8.2 Liner Friction

Since a lot of tests with this configuration was carried out only a small fraction is presented
here. The conversion of the measured values was performed in the same manner as for the
guide shoe measurements - see chapter 9. After a local averaging a least squares data fit was



154 CHAPTER 14. PISTON RING MEASUREMENTS

10 Y 1 T T T Y T T T T

Film Thickness (V')
)]

0 'l 'l 'l 'l 'l 'l
20 40 60 80 100 120 140 160 180 200

Encoder pulse after TDC

Figure 14.14: Closer view of measured oil film thickness for 70 rpm (Sensor 1)
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applied in order to filter away some of the noise. The average friction force is plotted versus
the average pressure acting behind the piston rings for various variations.

Plotting the friction loss as a function of the pressure acting behind the rings for 2 different
oil feed situations revealed the graphs shown in figure 14.15 and 14.16.
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0 500 1000 _1500 _ 2000 2500 3000 3500 4000 4500
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Figure 14.15: Measured friction force for 70 rpm - OIL OFF
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Figure 14.16: Measured friction force for 70 rpm - OIL ON
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The difference between the two measurements is that oil was supplied at the nominal rate in
figure 14.16 afterwards the supply was stopped and the recorded friction signal is shown in
figure 14.15.

The number of tests were categorized. The average power loss was plotted for each measure-
ment versus the load behind the piston rings for the different configurations. In figure 14.17
the power loss is shown for three different test series. The power loss is shown as a function
of the load behind the rings and as a function of the speed of the engine.
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Figure 14.17: Power loss for 3 speeds for different average pressures in piston ring pack with
4 rings

The graphs reveal the size of the power loss to be about 3 — 42hp depending on the number
of rings, the pressure acting behind the rings and the lubrication condition.

14.9 Summary

A experimental setup to measure oil film thickness, pressure, temperature and friction was
constructed. An experimental programme was carried out which revealed that the frictional
loss was strongly influenced by the speed and the average pressure acting behind the rings and
the amount of lube oil. A large setback was the lack of usable oil film thickness measurements.
These would have been able to be used for tuning of the numerical model, but this was not
possible.



Chapter 15

Calculation = Measurement for
Piston Rings ?

The chapter compares the experimental values with the ones generated by simulations using
the theory presented in chapter 12.

The calculated terms shown in the current chapter are generated using the numerical model.
All inputs for the numerical description were identical to the running conditions for the
experimental apparatus derived in the previous chapter if the data were available. Since the
main objective of this study is related to the frictional loss these quantities are natural for
comparisons - shown in figures 15.3-15.5.

The input parameters for the simulation are presented in chapter 14. The temperatures are
the ones from figure 14.2 and 14.11. Their mutual mean value were inserted into equation
8.1 in order to get the viscosity.

The loading were generated by the use of the measured pressure drop in the ring package
- see figure 14.12. The roughness terms were measured after the experiment and also the
surface profiles of the piston rings.

15.1 Simulated Condition

A simulation where the engine was running at 70 rpm is shown below for 3 different loadings
behind the rings (pey = 0, 10, 19 bar).
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Oil Film Thickness

The oil film thickness measurements were unusable for verification of the numerical model
due to calibration problems. The simulated values are shown in figure 15.1 - for pg,, = 19bar.
This reveals oil film thickness’ from 1 to 15 um and the fact that the oil film thickness is
smallest on the up stroke and largest on the down stroke.
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Figure 15.1: Minimum Oil Film Thickness Upper Left: Ring 1. Upper Right: Ring 2. Lower
Left: Ring 3. Lower Right: Ring 4.
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Pressure History

The simulated oil film pressure distributions are shown in figure 15.2 - for p,,q = 19bar.

Pressure
Pressure

0.4 200 0.4 200

Location Degrees after TDC Logation Degrees after TDC

Pressure
Pressure

0.4 200 0.4 200

Location Degrees after TDC Location Degrees after TDC

Figure 15.2: Pressure History. Upper Left: Ring 1. Upper Right: Ring 2. Lower Left: Ring
3. Lower Right: Ring 4.

The large peaks in the lower part of the stroke originate from the rings passing the scavenging
ports. This is due to the fact that the bearing area is drastically reduced once the ring is
sliding on the scavenging port ribs. In the rest of the stroke only small pressures are observed.

15.2 Friction

The objective of the experiment and the simulation was to determine the frictional loss. The
simulated values and calculated values are shown in the following.
Collecting all the contributions gives the total friction from the piston and this is presented
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in figures 15.3 - 15.5, for different pressures acting behind the rings. It is observed that
the maximum friction force lies within the range from —5000/N to 6000N for the three tests
shown.

[— Calculation
—  Measured

-2000

-4000

_6000 L L L L L L L L L L L
0 30 60 90 120 150 180 210 240 270 300 330 360

Degrees after TDC

Figure 15.3: Friction total - 70 rpm pg,y = 19bar

15.3 Correlation Between Measurement and Calcula-
tion

Since the oil film thickness measurements were not useful for comparisons only the measured
frictional values could be compared with the ones generated by the simulation.

The frictional values were compared for the case of the lubricated condition. The figures 15.3-
15.4 reveal that the measured values are more or less similar to the measured values for the
up stroke (180 to 360 degrees after TDC). But the simulated values for the down stroke reveal
significantly smaller values than the measured values. The explanation may be found in the
boundary conditions. The fully flooded boundary condition on ring 4 may be too optimistic
compared to the running conditions in the experiment. The problem in this context is the
lack of oil film thickness measurement results in order to investigate this further. Shifting to
the last figure 15.5 the situation is reversed, now it is the opposite which is present. Good
correlation on the down stroke and poor correlation on the up stroke. Focusing on the area
where the rings are passing the scavenging ports is seems as blow by occurs. The ring is not
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in contact with the scavenging port ribs. The friction force is dropping to almost zero which
is not revealed by the simulations. The numerical model assumes that blow by cannot occur.
This is also the explanation for the sudden drop in oil film thickness for the simulated values
shown in figure 15.1.

15.4 Summary

All together the correlation between the measurements and calculations seem to correspond to
a satisfactory degree in the last part of the stroke for heavily loaded rings while the correlation
in the first part of the stroke is poor. The situation is the opposite for the unloaded case.
This experiment was carried out at very low temperatures (50 — 80°C') compared to the
running conditions, where the temperature is about (200°C'). This reduces the effect of the
choice of starvation model on the down stroke because the viscosity is so much lower. The
need for a refinement in the numerical model of the starvation problem is preferable. Once
the full load experiments are conducted the need for alternative models of this property will
be revealed.

The conclusion to be drawn at this stage is that more theoretical work is needed before
predictions concerning future designs become more reliable. By doing that a better correlation
may be observed than the experiments conducted so far has revealed.



Chapter 16

Reducing Piston Ring Frictional Loss

In the present chapter a discussion of friction reduction in the piston rings is presented. The
basis is reduction of friction force. Since wear is present in the piston assembly it is not
enough to reduce the overall power loss if an increased wear is observed - usually near the
dead centers.

Numerous researchers have been working in this field. Many of these have come to different
conclusions concerning the reduction of frictional loss. Only a fraction of the work conducted
in this area is mentioned in the following.

A lot of experiments concerning different lube oils containing different additives have been
investigated which have revealed that this might be beneficial in smaller engines. Wakuri et al.
[1995] showed that the frictional loss could be lowered at mid stroke where hydrodynamic
lubrication is present for a lower viscosity oil. This however increases the friction peak at the
dead centers, and therefore a friction modifier should be added the lube oil. Furthermore, it
was experimentally verified that the frictional loss could be lowered if the width of the rings
is lowered. This again increases the friction peak at the top dead center. It is stated that a
ceramic coating of the top ring could reduce the friction peak at the top dead centers.
Mehmet and Patterson [1984] showed that a friction modifier should be added the lube oil to
reduce the friction near the dead centers by an experimental approach. The reduction was
up to 30-40 %.

Halsband [1995] showed that a surface coating of the liner could reduce the overall fuel
consumption up to 1% on a small four stroke engine.

A problem in this context is the large amount of lubrication oil used - approximately 0.45 —
1.054fp; for the large two stroke marine diesel engines. This calls for mineral oils only and
the additives which can be quite expensive is not preferable in this context.

The size and shape of the piston rings have not been investigated. The reason for this is the
wear subjected to these rings. The rings will attain their geometry according to the wear
profile.

The number of piston rings might affect the over all frictional loss. The viscosity may also
influence the result. Lastly the height of the rings may be significant in this frictional study.
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To summarize the degrees of freedom are:
e Number of rings
e Width of rings
e Viscosity
e Shape of ring
e Amount of oil input in the liner

Looking at friction reduction properties the power loss is interesting but also the maximum
friction force during one cycle since this quantity is related to the wear properties of the
ring pack. Furthermore, the fraction of friction generated by hydrodynamic lubrication is
interesting.

16.0.1 Number of Rings

The experimental part revealed the number of rings might influence the power loss (Not
shown in the thesis). This has been varied and the result is seen in table 16.1

Case | Offset C; | Nying H Frox Poo
(%) (V) (hp)

1 0.4 1 30 | 2850 (ring 1) | 3.4
2 0.4 2 46 | 2850 (ring 1) | 7.5
3 0.4 3 54 | 2800 (ring 1) | 13.4
4 0.4 4 60 2600 (ring 1) 19.5

Table 16.1: Result ring number variation

The analysis clearly reveals the effect of reducing the total number of rings. The problem
in doing this is the relative lower fraction of averaged hydrodynamic friction force compared
to the total friction force. As shown in the table the amount of boundary friction increases
which may be directly correlated to the wear of the cylinder liner. At the same time the
largest friction force increases. The same is revealed by the study carried out by Halsband
[1995]. But a potential for optimization is clearly present for this parameter. A drawback
of the starvation model is observed here. The fully flooded condition for the lowest ring
has a relative larger influence on lubrication condition once the number of rings are lowered.
Another issue not addressed here is the larger normal load on the ring land and the effect
this might have on the wear of this contact face.
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16.0.2 Viscosity Variation

Altering the viscosity is another tool for optimization the result is shown in table 16.2. The
effect of increasing the viscosity reduces the amount of boundary friction but has only small
effect on the overall loss. Lowering the viscosity reduced the frictional loss but created a
larger fraction of boundary lubrication. This effect has been reported by many researchers -
see for instance Hamatake et al. [2001].

SAE | Offset C, | 7, | Hrechud Fras Piost
fric,tot

(m) | (%) (V) (hp)

30 0.4 3 51 | 2750 (ring 1) | 183

40 0.4 3 55 | 2650 (ring 1) | 18.8

50 0.4 3 60 | 2600 (ring 1) | 19.5

60 0.4 3 64 | 2500 (ring 1) | 20.3

Table 16.2: Result viscosity variation

16.0.3 Radius of Curvature of Ring

The radius of curvature is a parameter which most likely can not be altered due to the wear
process. The result of this theoretical variation is shown in table 16.3. Decreasing the radius
of curvature increases the fraction of boundary friction and also increases the overall loss.

Case | Offset C, | 1, % Fox Pyt
(m) | (%) () (hp)

1 0.4 2 58 2400 (ring 1) 18.5
2 0.4 3 60 2600 (ring 1) 19.5
3 0.4 1 62 | 2800 (ring 1) | 19.8
1 0.4 5 63 | 2900 (ring 1) | 20.3
5 0.4 6 | 63 | 3000 (ring 1) | 20.6

Table 16.3: Result radius variation

16.0.4 Offset of Radius of Curvature of Ring

The offset is another parameter which most likely cannot be altered due to the wear of the
ring profile. The result of this theoretical variation is shown in table 16.4.
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Case | Offset C, | 1, % Fox Pyt
C (m) | (%) () (hp)

1 0.3 3 64 | 2350 (ring 1) | 21.1
2 0.4 3 60 2600 (ring 1) 19.5
3 0.5 3 57 | 2700 (ring 1) | 18.6
1 0.6 3 53 | 2950 (ring 1) | 17.9
5 0.7 3 50 | 3000 (ring 1) | 17.3
6 0.8 3 | 48 | 3050 (ring 1) | 16.9

Table 16.4: Result offset variation

Some variation is seen, but again with the same effect. The frictional loss can be lowered but
not without an increase in the boundary friction peak.

16.0.5 Width of Rings

The width is scaled relative to the standard design (1.0) table 16.5.

Case W‘:./ng Tp % Fma:v f)lost
(m) | (%) (V) (hp)

1 1.2 3 o8 2900 (ring 1) | 21.2
2 1.0 3 60 2600 (ring 1) | 19.5
3 08 | 3 62 | 2500 (ring 1) | 18.2
4 06 | 3 65 | 2200 (ring 1) | 17.1
5 | 04 | 3 77 | 1200 (ring 1) | 15.7
6 | 02 | 3 98 | 550 (ring 2) | 13.7

Table 16.5: Result width variation

In the table the frictional loss shifts from a mixed regime to a almost hydrodynamic regime.
This is caused by the fact that the radius of curvature of the ring is kept constant although
the ring height is altered. This is probably not realistic since the surface profile of the ring
is generated by a wear mechanism. The temperature of the ring may increase due to the
reduced size such that the transportation of the generated heat in the contact is more difficult
which again increases the temperature and thereby decreases the viscosity. This may have a
demolishing effect of the lubrication condition.

16.0.6 Lube Oil Amount

If the amount of lube oil can be increased such that ring 4 is flooded on the down stroke and
ring 1 is fully flooded on the up stroke the frictional loss is reduced from 19.6 hp to 10.0 hp
- see table 16.6.
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Case | DOWN | UP 1;/;7 Ja Pross
FF | FF | (%) (N) (hp)

1 1 4 66 2200 (ring 1) 10.0

- 4 60 | 2600 (ring 1) | 19.5

Table 16.6: Result lube oil

This really affects the frictional loss, but if this were the case in an actual running engine a

large lube oil consumption had to pay for this an effect which is not good from an economical

view.

16.1 Design Proposal

Collecting the studies carried out in the previous section may be utilized in order to create

a new ring pack. It was shown that the number of rings and their width had great influence

on the total power loss which is the aim of the analysis.

The design proposal is :

Nring =2

Wring = 0.010m

rp, = 3.0m
C, =040
Oil = SAE60

The calculation results of this proposal is shown in figures 16.1-16.6.

(16.1)
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16.1.1 OFT History
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Figure 16.1: Minimum Oil film thickness. Left: Ring 1. Right: Ring 2
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16.1.2 Pressure History
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Figure 16.2: Pressure history. Left: Ring 1. Right: Ring 2.
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16.1.3 Cavitation / Starvation of Piston Rings

[
[

— Inlet
— Cavitation

— Inlet
— Cavitation ook

o
©

=]
)
=]
)

Ring Height
Ring Height

0.4f 0.4
0.3f
0.2F .
[ |l
0 . . . . . . . . . . 0 . N N N N A . . . . .
0 30 60 90 120 150 180 210 240 270 300 330 360 0 30 60 90 120 150 180 210 240 270 300 330 360

Degrees after TDC Degrees after TDC

Figure 16.3: Location of cavitation/inlet position. Left: Ring 1 Right: Ring 2.

16.1.4 Friction History

The friction history is presented in figure 16.4 and the total amount in figure 16.5. This can
be converted to lost power - presented in figure 16.6.
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Figure 16.4: Friction force. Left: Ring 1. Right: Ring 2
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16.2 Summary

Comparing the figures with the simulations for the standard design performed in Chapter 12
reveal a large difference between the total power loss (from 7.3 to 19.6 hp). The size of the
maximum asperity force is slightly higher in the two ring case than the reference calculation.
The amount of boundary friction is almost 30% higher. At the same time the number of
rings are reduced which might maintain the wear rate of the liner surface at the same level.
With the chosen numerical model it appears to be a simple task to reduce the overall loss.
However, a more refined model of the starvation condition in the ring package is necessary
in order to be able to predict the conditions more accurately. Until then experiments may
reveal the effect of reducing the number of rings and width of rings within the ring package.



172 CHAPTER 16. REDUCING PISTON RING FRICTIONAL LOSS




Chapter 17

Conclusion

The conducted work is summarized in the present chapter. A general description of the
lubrication model applicable for determination of the characteristics for each bearing is pre-
sented. A time stepping device is presented along with cavitation criteria. Two tools for the
determination of frictional loss are presented - one for the guide shoe bearing and one for the
piston rings. The achievements are presented in the two following sections for each bearing.

17.1 Friction in Guide Shoe Bearing

A numerical study revealing the important parameters controlling the guide shoe characte-
ristics have been established. Elasticity was found to be significant in the determination of
guide shoe characteristics. Another significant term was the pre-deformed guide plane arising
from the assembly process of the engine. Including the attitude angle in the model was also
found to have significant influence on the characteristics. The power loss for the guide shoe
bearing was found to be 1.1% of the generated power.

The theoretical model was verified experimentally. An experimental programme was carried
out in order to verify the numerical model. Satisfactory correlation between theory and

experiment was observed.

The verified model was used for studying the friction properties of the guide shoe bearing.
The study revealed an almost 60 % friction reduction potential. The new design contains no
oil grooves and is generated by a bearing layout whose length to width ratio is altered. A
design where the Length-Width ratio was close to one was found to be optimal. A study of
a new design fitting inside the existing frame box revealed that a 40 % reduction could be
attained. This could be attained by removing the oil grooves and shortening the length with
about 20 % and at the same time increasing the clearance ratio with 50 %. The lubricant
should be added in a new way - described in one of the two patent applications currently
being evaluated concerning future guide shoe designs.
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17.2 Friction in Piston Ring Bearings

A numerical model for calculating frictional loss in the piston ring package has been establis-
hed. Asperity interaction was found to be very significant in the determination of frictional
behaviour. The most significant term however was the lubrication condition of the piston
ring package. The total power loss was calculated to be 0.9% of the total generated power.
Measurements of the frictional loss in the piston ring package were performed. Due to
instrumentation problems only a limited amount of usable parameters were measured. The
measured frictional terms compared to the numerical model revealed that large deviations
between the two were found. The likely explanation was the starvation algorithm. More
work must be conducted in this area.

A frictional reduction study was carried out where a number of parameters were varied. A
large potential exits in the reduction of the number of rings and the widths of the rings more
than 50%. This has to be verified experimentally. The need for a refinement in the numerical
model of the starvation problem is obvious. Until then experiments may reveal the effect of
reducing the number of rings within the ring package.

17.3 General

The investigated bearings have revealed that the overall loss for the bearings examined here
is 2%. Lowering the frictional loss is possible for both bearing types without altering the per-
formance of the individual bearing significantly. Still there are shortcomings in the presented
work which will be mentioned in the following chapter.



Chapter 18

Future Aspects

In the current chapter some of the future aspects of the conducted work are presented.

18.1 Guide Shoe Friction

The numerical and experimental work conducted in this area revealed that an acceptable
model was established for the determination of guide shoe characteristics. One of the aspects
to be dealt with in the near future is a redesign of the lubrication system such that the
oil grooves may be removed from the bearing. This is proposed in a patent application
Volund [Filed: 18 may 2002a]. A new experiment reusing the measurement apparatus with
a new lubricating system along with the elimination of the oil grooves is under consideration.
Furthermore modeling another degree of freedom for the guide shoe is interesting. Rotation
of the guide shoe around the x-axis (see figure 7.1). This may be achieved by including the
cross head pin bearing in the numerical model. Thereby the guide shoe will be floating in 3
fluid film bearings. Another aspect of the model is to do calculations of the characteristics of
the other existing designs of guide shoes and frame boxes in order to gain further knowledge
about the optimization potential of this bearing.

18.2 Piston Ring Friction

The measurements performed on this bearing had diverging conclusions. One of the forthco-
ming tasks is to do the measurements under firing conditions. The design of the components
were prepared for this - but a lack of time prevented the experiment from being conducted.
Furthermore, the oil film thickness measurement probes have to be either replaced or a re-
machining of the liner must be performed in order to make the sensors flush the surface and
afterwards a calibration must be issued. Maybe an installation of some of these sensors in
the piston rings should be considered. The numerical model is established and is waiting for
more useful measurements in order to reveal the handles to adjust in the numerical descrip-
tion. Implementing a starvation model which opens for the possibility to eliminate the fully
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flooded condition for ring 4 on the down stroke would be a step toward more realistic run-
ning conditions. The properties determined may be utilized to predict wear and thereby to

examine the change in lubrication condition over time.
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Figure A.3: Piston Crown
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Figure A.9: Scavenging Ports
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A.2 Pressure Drop in Piston Ring Package

Since a very important parameter on the piston ring performance depends on the pressure
drop a model for predicting pressure drop in a piston ring package has been made. This has
been done by adopting the model originally proposed by Ting and Mayer [1974a], Ting and
Mayer [1974b] superimposing some extra effects. The included extra effects is the thermal
expansion of the components such that the time dependency of the ring gab sizes can be
included.

This model assumes that the pressure in between the piston rings can be seen as an unsteady
adiabatic flow fulfilling the perfect gas law. It is assumed that the flow is one-dimensional
and that the discharge coefficient is constant. Furthermore, is assumed that the pressure in
the combustion chamber and below the position is independent of the flow through the ring
gabs. The flow system looks like the one presented in figure A.13.

Flow model

Combustion Chamber

Gab 0,1
Interring Vol. 1

Gab 1,2
Interring Vol. 2

Gab 2,3
Interring Vol. 3

Gab 3,4
Flushing Chamber

Figure A.13: Flow model for pressure drop calculation
There are some notes concerning the model. Characteristics for gab i-1,i:
e Ring gab area (A4;_; )

e Discharge Coefficient (K; 1)
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Case
1 Di-1> DPi > P+
2 Pi—1 > Di < Dit1
3 Pi-1 < Di < Dit1
4 Di—1 < Di > Dit1

Figure A.14: Flow possibilities in inter ring volume 1

Characteristics for inter ring volume i:
e Mass of gas (M;)
e Temperature of gas (T})
e Pressure of gas (FP;)

It is assumed that all the flow is passing through the piston ring gabs.

A.2.1 Equations

Focusing on one chamber - inter ring volume 1.
The mass of gas in the chamber at time ¢; is given by A.1

piVi

M, =
R,T,

(A.1)

However, steady state is not present because gas flows in and out of the chamber. There are
four possible flow conditions and they are listed in figure A.14.

This gives four different equations depending on which one of the the cases it is.

Assume case 2 is present. The flow through Gab i — 1, is presented in (A.2) and the flow
through Gab 7,7+ 1 is presented in (A.3).

dM;_, 2gk Di 1 [N
] CAi— i i— 1-— A2
dt - \/ -7 T (42)
dM; iy 29k Pi |1 Di k-t
— _KcAii i k 1 — E A3
dt ’ +1\/Rg(k - I)Ti-i—lp +1(pi+1) (pi+1) (A43)

Observing the perfect gas law in differential form the pressure gradient due to the flow
becomes:

dpi Vi [dMi,  dM,
i [ Lt “} (A.4)

d 'V, | dt dt
This is done for each ring gab and that gives a system of first order differential equations.
Since there are 3 inter ring volumes and 4 ring gabs this gives a system of equations consisting



192 APPENDIX A. APPENDIX

Liner Profile
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Figure A.15: Thermal expansion of liner

of 7 first order differential equations. This boundary value problem can be solved using an
appropriate time stepping technique. Since a resolution of 2048 calculation steps to cover
360 degrees a simple time stepping technique has been used.

Limitations of the flow.

If the pressure difference between 2 adjacent inter ring volumes becomes critical action must
be taken for that. The critical pressure ratio is given by

k
DPeri 2 k=t
p~t: <k+1> (A5)

Once the critical pressure ratio is reached the flow rate stays constant

A.2.2 Thermal Expansion

The size of the ring gab depends on the position of the piston since the liner is thermally
expanded. The thermal distortion is presented in figure A.15. It is seen that the size of the
radial expansion varies from 0.15 to 0.7 mm. This can be converted to the ring gab and that
shows that the variation is from 1mm to 4.2mm depending on the piston position and that
is a large variation considering that the ring gab is 4.5mm on a new ring.

The piston thermally expands. Calculated values (FEM-calculation) are used for the thermal
expansion model.
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Ring | Temperature(AT) | Elongation (mm)
1 200 3.48
2 170 2.96
3 150 2.62
4 100 1.74

Figure A.16: Temperature of rings

Lastly the piston rings are thermally expanded. It is assumed that the thermal expansion
of a piston ring can be calculated using an average temperature of the current piston ring.
Temperatures of the piston rings have shown that the rings are heated to the values given in
figure A.16

A.2.3 Ring Lift

Ring lift has been included in the model. Including this gives a system of equations. This is
solved by monitoring the forces in axial direction such that the contact pressure on the lower

ring land is monitored.

MringX - Fpress - Fcontact - Ffrz'ction (AG)

Neglecting gravity and friction and solving for F,,,.e reduces the system of equation to:
Fcontact — Fpress - MringX (A7)

Ring data: M,;,, = 2.9kg, 550N < M,;,,X < 750N

The force due to the pressure is in the range ON < Fj,,.s < 900kN

If Fooniaer < 0 then ring lift is present. This changes the inter ring volumes Since the term
MngX is not significant this term will be neglected. Further examination shows that ring
1 will lift about 35 degrees after TDC. From the measurements of the inter ring pressures
it does not seem that the other rings will lift in the high pressure region of the stroke. The
calculated lifts in the piston pack can be seen in figure A.17.

A.2.4 Result of Pressure Drop Calculation

Using the model described above and the input data for the current engine the calculations
concerning pressure drop has been conducted. The calculated pressures in the piston pack
can be seen in figure A.18.

Some measurements were made of the inter ring pressures with sensors mounted in the piston.
The measured values can be seen in figure A.19.

These data will be used for input values for the OFT history calculation.



194 APPENDIX A. APPENDIX

— Position ring 1
Position ring 2
— Position ring 3
Position ring 4

oo |1 [ LI L

Up
Down

oo [
Down

Up
Down
O 'l 'l 'l 'l 'l 'l 'l
-50 0 50 100 150 200 250
Degrees after TDC
Figure A.17: Ring lift in piston pack
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Figure A.18: Pressure in piston ring package
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Pressure in pistonpacket
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Figure A.19: Measured pressure distribution in piston pack
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