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Abstract

Pockets are often machined in the surfaces of tilting-paagistibearings to allow for hydrostatic
jacking in the start-up phase. Pockets and other recessks surfaces of bearing pads influence
the pressure distribution and thereby the position of thetpiesulting in the most advantageous
pad convergence ratio. In this thesis, a theoretical agprsaapplied in the attempt to quantify the
influence of recesses in the pad surfaces. The recesses melgithesly deep and enclosed as is the
case with pockets designed for hydrostatic jacking. Sucksses are characterized by low friction
and a small pressure build-up. As in parallel-step bearinggecesses may also have a depth of
the same order of magnitude as the oil film thickness. Sudssss are characterized by a strong
pressure build-up caused by the reduction of the flow ardseatrnd of the recess.

Numerical models based on the Reynolds equation are usey. itlude the effects of vari-
ations of viscosity with temperature and the deformatiothefbearing pads due to pressure and
thermal gradients. The models are validated using measuntsm

Tilting-pad bearings of standard design are studied anththeences of the bearing length-to-
width ratio, pad deformation and injection pocket size arardified. Suggestions for the design
of energy efficient bearings are given. The results showdbaectly dimensioned, bearings with
oil injection pockets have smaller friction coefficientahbearings with plain pads. Placing the
pockets in the high-pressure zones close to the trailingedfithe bearing pads causes a substantial
reduction in the friction coefficient. The design of the reeizes and positions leading to the largest
improvements is studied and design suggestions for vapadgeometries are given.

Parallel-step bearings theoretically have smaller tiicttoefficients than tilting-pad bearings.
A design of a tilting-pad bearing is suggested which combitiee benefits of the two types of
bearings in a tilting-pad bearing with inlet pockets. Thésigin results in a substantial reduction
of the friction loss. Both this bearing and the bearing desigth enclosed recesses in the high-
pressure regions of the pads suffer from a higher senyitivithe position of the pivot. The design
of such bearing is therefore no trivial task.






Resume (in Danish)

Der freeses ofte lommer i overfladerne af skoene i aksialeegipmejer for at muliggere hydro-
statisk baering ved opstart af rotoren. Lommer og andre forohger i overfladerne af lejeskoene
pavirker trykfordelingen og dermed den position af kipkigt, som giver den mest fordelagtige
smagrefilmskile. | denne afhandling anvendes en teoretakdangsmade i et forsgg pa at kvan-
tificere indflydelsen af fordybninger i overfladerne af l&@sne. Fordybningerne kan veere relativt
dybe og indesluttede i skoens overflade, saledes som ditsdét med lommer, der anvendes til
hydrostatisk baering. Den slags fordybninger er karaldegtsved lav friktion og en lille trykstig-
ning. Som i Rayleigh-step lejer kan fordybningerne ogséhiybde af samme starrelsesorden som
oliefilmstykkelsen. Sadanne fordybninger er karaktegseed en kraftig trykopbygning som fglge
af reduktionen i stramningsareal ved enden af fordybningen

Numeriske modeller baseret i Reynoldsligningen er anveddtinkluderer effekterne af varia-
tioner af viskositeten med temperaturen og deformatiohaj@skoene som falge af tryk og tem-
peraturgradienter. Modellerne valideres ved eksperiarent

Vippeskolejer af standard design undersgges, og indflgdellejernes leengde-til-bredde for-
hold, skodeformation og stgrrelsen af lommer til hydraskabaering kvantificeres. Forslag til de-
sign af energieffektive lejer gives. Resultater viser\as sko med lommer dimensioneres korrekt,
har de lavere friktionskoefficienter end sko uden lommerisHymmerne placeres i hgjtryksomra-
derne teet pa skoenes bagkanter, kan der opnas en betydetigkelse af friktionskoefficienten.
Positionen og starrelsen af lommen, som resulterer i dststirbedringer bestemmes og design-
forslag for forskellige skogeometrier anfares.

Rayleigh-step lejer har en teoretisk lavere friktionskio&nt end vippeskolejer. Der foreslas
et design af vippeskolejer, som kombinerer fordelene vetodgper lejer i vippeskolejer med
indlgbslommer. Dette design resulterer i en betydelig kédn af friktionstabet. Bade dette leje
og lejedesignet med indesluttede lommer i hgjtryksonmréelaf skoene lider af hgjere falsomhed
overfor positioneringen af dens sfaeriske understatningsighet af sadanne lejer er derfor ingen
triviel opgave.
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Nomenclature

Latin Symbols
B

pad mean arc length [m]
c oil specific heat [J/kg/K]
dhertz diameter of Hertzian pressure distribution [m]
E Young’s modulus of pad material [NAD
Friction friction force [N]
F, axial load on bearing [N]
H convection heat transfer coefficient [VWHH{]
h oil film thickness [m]
ho oil film thickness at pivot point [m]
hy, hs pocket (recess) depth, step height [m]
hies Pie oil film thickness at leading edge, trailing edge [m]
K pad convergence ratid;. /hy, — 1 []
k, kpad oil, pad thermal conductivity [W/m/K]
k1, ko oil specific constants defining viscosity [-]
Leng minimum distance between recess and trailing edge [m]
Lpua pad mean arc length [m]
Ly, pivot position in the dir. of motion (rectangular pad) [m]
Lyecess length of elliptical recess (minor axis) [m]
M,, My, M9, M7 pad bending, twisting and thermal bending moments [Nm]
M, resulting moment at pivot point [Nm]
m;, Me mass flow into pocket, mass flow out of pocket [kg/s]
Nu Nusselt number [-]
P pressure [N/m?]
Dinj oil injection pressure [N/m?]
Qgen bearing friction loss [W]
Qgr> Qout groove heat loss, heat flow out of the computational domain ] [W
Qoit.ie, Qoil.te heat flow in oil at leading edge, trailing edge [W]
de,p, Qgew conduction into pocket from the pad, pocket friction loss 1[W
r radial coordinate [m]
r1,7T2 pad inner radius, pad outer radius [m]
Tmeans Tps Tpiv pad mean radius, radius of circular pocket, pivot radius [m]
Re recess Reynolds numbet/h,, /1 [-]
St Source term in the 2-dimensional energy equation (W]

iX



T temperature [K]
Tv,1,,1.,7,, T, inletolil, oil bath, collar, pocket oil, leading edge temakerre K]
Toavs Toack pad babbitt, pad back temperature (used in 2D calculations) [K]
pads tplate pad thickness, pad plus support thickness [m]
U collar speed at mean radius [m/s]
Us, Ug internal energy in inlet and exit oil to and from the recess ] [N
V.,V Kirchhoff shear stresses [N]
Vings Voir injected oil flow, cooling oil flow [mi/s]
Uy, Vg, U velocity components in, 8 andz directions [m/s]
me-c, ij friction work at collar surface, oil injection work [W]
Woads Wiecess pad width, width of elliptical recess (major axis) [m]
w deflection of pad in the direction of,, [m]
Toffset offset of pivot from nominal position [m]

z coordinate in the direction of film thickness [m]
Zpad coordinate in the direction of pad thickness [m]
Greek Symbols

Qy, roll angle, pitch angle of pad [rad]
Qpad pad thermal expansion coefficient 1K

n friction coefficient (Friction force / Load) []

p oil density [kg/m?]
0 angular coordinate [rad]
o, Opiv pad angle, pivot angle [rad]
Orecess angular position of the centre of the recess [rad]
o, fp inlet oil, pocket oil viscosity [Ns/f{
v Poisson’s ratio [-]

w angular velocity of collar [rad/s]

Nondimensionalised quantities
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Abbreviations

TEHD Thermo-Elasto-Hydrodynamic

Refers to a numerical model considering the combined affeidhydrodynamic
pressure generation, viscosity variations due to temperahanges and pad
bending due to pressure and thermal gradients in the beaaithg

THD Thermo-Hydrodynamic
Refers to a numerical model considering the combined affeidhydrodynamic
pressure generation and viscosity variations due to testyrer changes.

ISO Isothermal

Refers to a numerical model considering the effects of hyghamic pressure
generation.

Xi



Xii



Chapter 1

Introduction

1.1 Motivation

Tilting-pad bearings are frequently used in large energweding machinery (electrical engines,
power plants etc.). In hydro power plants tilting-pad thhesarings are used for carrying the weight
of the generators and turbines. The friction in the thrustrings is responsible for a large amount
of the energy losses in hydro power plants.

Operated correctly tilting-pad bearings have an almoshiiefilifetime as wear can be com-
pletely avoided. Correctly dimensioned the bearings dpénahe hydrodynamic lubrication regime
and are only subjected to boundary and mixed lubricatiomaytare loaded at start-up of the rotor.
Using hydrostatic jacking for lifting up the rotor at stanp-ensures a full oil film at all operating
conditions.

Due to the rising energy prices the possibilities of redg¢hre friction in hydro power plants are
receiving increased attention. The energy savings duedtaesl friction can often fully depreciate
the initial cost of new bearings in few years when retrofijtam existing power plant with new
bearings. The long life expectancy of the tilting-pad begsi allow for more intricate bearing
low friction constructions at higher initial costs. The vetion of friction is therefore of special
interest in the design of large tilting-pad thrust bearingssearch questions which are taken up in
the present work are related to the necessity of accurateemaitical modelling of the operating
conditions of thrust bearings and to the study of desigromgtreducing the friction.

1.2 Historical Development

The pivot pad bearing was invented by Anthony G. M. Michell805 and independently by Albert
Kingsbury in 1910 in a slightly different version. Tiltingad bearings have the great advantage over
fixed incline bearings that the pad convergence ratie: ’”e — 1lis a function of the position of the
pivot only. K is independent of the operating cond|t|ons (when thernfatef and side leakage are
negligible). The load carrying capacity depends stronglysoand fixed incline bearings therefore
do not work well under varying operating conditions. Thislgem was solved by the introduction
of the pivot-pad bearing. A schematic illustration of aniff-pad thrust bearing is seen in figure 1.1.
Michell’s construction was based on a line pivot not allogvfor radial pivoting. Kingsbury used a
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trailing edge  point pivot leading edge

Yz

pearing pad

groove between pads

outer diameter of shaft babbitt layer

Figure 1.1: An illustration of a tilting-pad bearing and tieeminology used in this report.

spherical pivot, which allows the bearing-pad to tilt indilections to compensate for misalignment
between the pad and the rotor. Due to this additional adgarmBKingsbury’s design the spherically
pivoted bearing is in more widespread use and it is the tygévot pad, which is considered in this
report.

The present day bearing designs are very similar to themadiglesign. In figure 1:2some
examples of modern tilting-pad thrust bearings are showrenhance the performance some modi-
fications of the design have been introduced over the yeasslling systems have been introduced
to ensure equal loads on all pads. In large bearings crowofitige pads due to thermal gradients
between the oil film side and the backside of the pads may itotesh problem due to a negative in-
fluence on the oil film thickness distribution. In order towed thermal crowning circular supports,
internal cooling of the pads or sandwich constructions hmeen introduced by bearing designers.
Other designers have eliminated the pivot and positioneg#ud on a bed of springs allowing for a
thinner pad in which the thermal deflection is opposed bysumesbending induced by the springs.
Traditionally, bearings are operated in an oil bath undéy filooded conditions. In slow speed
bearings movement of the oil in the oil bath does not inducargel energy loss. In high-speed
bearings however the churning loss may constitute a signifipart of the total friction loss. In
such bearings oil is often directly sprayed onto the cotlidhe groove between the pads or supplied
through leading edge grooves. In large applications sp a loaded rotor from zero velocity
causes high temperatures to develop due to dry friction e@dvhite metal surface may melt. To
avoid this, hydrostatic jacking is often used. In recentrgedtention has turned to using polymer
materials such as Polyetheretherketones (PEEK) as contteyials instead of white metal because
of their low friction coefficients against steel. Hydrostgacking may then be avoided.

*The top row pictures are downloaded from the internet: leftvw.kingsbury.com/pdfs/catalog-leg.pdf, mid-
dle: www.waukbearing.comtata/page/550/CQ.pdf, right: www.michellbearings.qamoduct/images/bearing.jpg,
The bottom row pictures are curtesy of: Alstom Power (Switzed) Ltd.
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Figure 1.2: Thrust bearings with different features: Legdedge grooves(top left), spray lubrica-
tion(top middle), load equilization(top right), PEEK cedtpad (bottom left), oil injection pockets
(bottom right) .

The improvements in the design of tilting-pad thrust beggihave been aided by the develop-
ments in the theoretical description. The analyses of lygdramic thrust bearings have predom-
inantly been based in the Reynolds equation (Reynolds,)1f886he pressure distribution. With
the increasing capacity of computers numerical models baea developed including the influ-
ences of viscosity variations along and across the lubnigdiim (Sternlicht et al., 1961; Huebner,
1974b; Fust, 1981; Kim et al., 1983) and the inclusion of taodnation of the bearing pads due
to pressure and thermal gradients (Sternlicht et al., 1B@les, 1976, 1980; Pistner, 1996). Heat
transfer phenomena have been analysed (Ettles, 1976; 1881, Heshmat & Pinkus, 1986; Et-
tles & Anderson, 1991) and the influence of turbulence in ldgeed bearings (Huebner, 1974a;
Capitao, 1974, Jeng et al., 1986; Hashimoto, 1990) has liedied.

1.3 Objectives and Contributions

The influence of certain design features on the operatingitions of tilting-pad thrust bearings
have only been treated peripherally in the scientific lit& Leading edge tapers are sometimes
used to assist the build-up of the oil film during start-up! iGjection pockets may be machined
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in the pad surfaces at the pivot points in order to facilitagdrostatic jacking at start-up. These
are features which influence the pressure distribution bekby the oil film thickness. The works
presented in the scientific literature dealing with the comab effects of hydrodynamic pressure
build up, temperature variations and deformations of thes@ssume sector shaped pads without
cutouts in the surfaces. The interest in accurately detengithe operating conditions of tilting-pad
thrust bearings and the desire to reduce the friction ledldetdollowing research questions:

The first research question which is taken up, deals with the influence of oil injectiorckets on
the operating conditions and dimensioning of tilting-pladist bearings.

The second research questions concerned with, whether improvements in the performanee
a lower friction coefficient and higher load carrying cappaaan be achieved by applying
features like deep or shallow cutouts in the surfaces of gagibg pads.

In order to answer these questions a numerical model isal@e@d! It includes the components
developed in the past, i.e. hydrodynamic pressure builtempperature variations along and across
the lubricant film and bearing pads and the deformation ofpth#s due to pressure and thermal
gradients. It includes options to vary the geometry of thréases of the pads so that inlet pockets
and enclosed pockets of various geometry, size and depthecstudied. The model also allows for
injection of oil in the surfaces of the pads, such as it is Usetlydrostatic jacking.

The focus of the work is on reducing the friction. The frictiforce in a tilting-pad bearing
can be guantified as the shear stress in the lubricating thleatotor surface integrated over the
rotor surface area. Many approaches can be taken in thendearways to reduce the friction loss.
Designing bearings capable of operating at lower lubrié@mtthicknesses and thereby reducing
the bearing area, choosing a lubricant with improved playgiooperties or changing the lubricant
supply method (New, 1974; Mikula & Gregory, 1983; Mikula8B) are approaches which can lead
to lower friction coefficients. In the present report theusds limited to the design of the bearing
pads. Parameters such as the oil properties, oil film thekaed thermal conditions are consid-
ered given by the design specifications. The attention iomectly dimensioning pads of standard
design for small friction coefficients and on suggesting ifications to the design, which result in
further reductions of the power loss.

The major contributions of this work relate to the following

» The elaboration of a numerical model based on the Reynagjdat®n extends three dimen-
sional thermo-elasto-hydrodynamic (TEHD) analysis aiing-pad thrust bearings to include
the effects of high pressure injection and recesses in taergepads.

« The validation of the model through experiments. Apartfrpredicting the behaviour of
tilting-pad thrust bearings to the same level of accuracgiemslar models published in the
scientific literature it is shown that the model can prediet behaviour of bearings with
enclosed recesses. The ability of the model to predict the-sp behaviour of bearings
subjected to hydrostatic jacking is similarly validated.
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« Combining the parallel-step bearing with the tilting-gaering in a design with inlet pockets
coverings 60-80 % of the surface areas is suggested. Pbtheepivot is positioned cor-
rectly the modified bearing pads operate at lower frictiogftcients than standard pivot-pad
bearings.

» Machining a deep recess (one or more orders of magnitugeedé®an the oil film thickness)
in the surface of a bearing pad creates a low friction zonelénthe pad. It is shown that a
substantial reduction in friction compared to conventldresaring designs is possible when
designing tilting-pad bearings with deep recesses in thle piessure regions. Design charts
are presented stating recess dimensions, recess positidtise corresponding pivot locations
leading to small friction coefficients.

1.4 Organisation of the Report
The outline of the thesis is as follows:

Chapter 2: Describes and derives the mathematical models which am tosstudy tilting-pad
thrust bearings. The models are based in the Reynolds equatd employ 2- or 3-dimensional
treatment of the temperature distribution in the oil film andhe pad. Whether 2- or 3-
dimensional modelling is used depends on the geometry ddttlted lubricant flow.

Chapter 3: The models derived in chapter 2 are validated against memsunts published in the
scientific literature for a bearing with a plain pad surfadéerthermore, a case study of a large
sized bearing with oil injection pockets at the pivot poiistperformed. Oil film thickness
measurements are available for comparison. A study of tingtsaty of the bearing operating
conditions to the pocket dimensions is performed.

Chapter 4: Measurements of oil film thickness and pressure profiles @t dafferent radii are
performed on individual pads in a test-rig. A pad with a legdedge taper and a conical
oil injection pocket are measured at various operating itimms. A plain pad is measured
for reference. The measurements are compared to thebrescits and serve to validate the
numerical model with respect to the description of the pressshanges in the pocket area.

Chapter 5: This chapter studies tilting-pad thrust bearings of steshdisign. The influence of
oil injection pockets placed at the pivot point as well asitifeience of thermal bending on
the optimal positioning of the pivot point is studied. Fetimore, the influence of the pad
length-to-width ratio on the bearing power loss is investigl.

Chapter 6: Correctly designed parallel-step bearings have smaltgidn coefficients than tilting-
pad bearings. The possibility of designing a bearing combithe good qualities of the two
types of bearings is investigated. It is suggested to machishallow inlet pocket in the
surfaces of the bearing pads. It is shown that a substaatiattion in the power loss can be
achieved.
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Chapter 7: Deep low friction recesses are introduced in the bearing.péke recesses create low
friction zones in the high pressure region of the pads. Ih@s that a substantial reduction
in the friction loss can be achieved if the pads and the resesm® correctly dimensioned.

Chapter 8: Summarises the research presented in the report and auti@enain conclusions.



Chapter 2

Mathematical Modelling

The analysis of lubrication problems is usually based oy olds equation which can be derived
through an order of dimension analysis from the Navier-8sagquations. If only the lowest order
terms are retained, these can be introduced in the contiegitation which is then integrated across
the fluid film to give the Reynolds equation. This was first shdwy Reynolds (1886) for a fluid with
constant properties. Various researchers have sinced®dehe equation to include compressibility
and variations in fluid properties along or across the fluid.fiNotably, Dowson (1962) introduced
a general extension of the equation to include varying floighprties both along and across the fluid
film. The energy equation similarly reduced to contain oh/lbwest order terms may be solved for
the temperature distribution. It is common practice to uedamensional flat plate approximation
to calculate the bending of the bearing pads stemming frasgoure and thermal gradients. Models
which include the combined effects of hydrodynamic presg@meration, viscosity variations due
to temperature changes and pad bending are termed theasto-blydrodynamic (TEHD) models.

Many authors have dealt with modelling of hydrodynamic #tiriearings. Sternlicht et al.
(1961) presented the first 2-dimensional TEHD analysis afat@d thrust pad assuming adiabatic
conditions and laminar flow. Design charts (Raimondi & Bo¥€55; Sternlicht & Arwas, 1962)
based on 2-dimensional isothermal and TEHD calculatioastlt used in bearing analysis today.
Models including 3-dimensional treatment of the oil tengpere include (Huebner, 1974b; Kim et
al., 1983; Ettles & Anderson, 1991). Vohr (1981) presentedaael for predicting the operating
temperature and leading edge temperature.

The influence of turbulence in tilting-pad-thrust bearihgs been studied (Capitao, 1974; Jeng
etal., 1986; Hashimoto, 1990). Capitaos 2-dimensionakweedicts twice the load carrying capac-
ity and three times the power loss as would have been prédisteugh pure laminar modelling.
It is generally accepted that the flow can be considered lanfor a modified Reynolds number
D‘ix = pQUth/(nolo) < 1.

With the increasing focus on hybrid journal bearings, meaélsuch bearings have been pre-
sented in recent years (San Andres, 1995; Santos & Nical®®9). They treat temperature as a
bulk flow property. The flow pattern in bearing pockets andrifiience on the pressure distribu-
tion has been investigated by the use of Navier-Stokes iequsadlvers (Ettles & Donoghue, 1971,
Braun & Dzodzo, 1995; Helene et al., 2003; Brajdic-Mitidiet al., 2005). Shinkle & Hornung
(1965) showed experimentally and numerically that the pbikw can be considered laminar for
Re < 1000. The influence of pocket size in a centrally pivoted beariag mvestigated by Hemmi
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& Inoue (1999) using an isothermal model.

Some flow phenomena which occur in bearings are not conghcineated by the Reynolds
equation. Stagnation of oil at the leading edge of a pad esea inertial pressure rise in front of
the leading edge (Heckelman & Ettles, 1987; Rhim & Tichy, Z;38im & Kim, 2002). Similarly,
the changes in flow velocity inside a recess in a bearing peateiinertial pressure changes which
are neglected using the classical simplifications emplayédrication theory (Ettles & Donoghue,
1971). Due to such limitations there is a trend towards egiptpNavier-Stokes equation solvers in
the analysis of bearing fluid flow. The majority of such stgdiave been isothermal and restricted
to the study of fixed geometry flows. The studies have servegthpose of studying isolated
phenomena such as inertial effects in hydrostatic injedlimvs. A number of these studies were
mentioned in the previous paragraph. No analysis usinge¥@tokes equation solvers has been
performed for the purpose of determining the operating tmms of full tilting-pad bearings. At
present the computational effort necessary to analyseégmsinvolving long thin oil films, temper-
ature changes and the movement and bending of the solideanfanders the use of 3-dimensional
flow modelling very time consuming.

In recent years some focus in the theoretical descriptidreafings has turned to the description
and inclusion of inertial effects. It has been proposed ttuite local effects of inertia at fluid film
thickness discontinuities, for instance at the step in alfgsstep bearing, in a Reynolds equation
formulation of the flow problem. Arghir et al. (2002) applifte approach to an oil lubricated
double incline step bearing. In a parallel-step bearingcthrecentrated inertia effect results in a
pressure drop at the step because of the acceleration ofuibeafl the step. Dobrica & Fillon
(2006) applied the approach to a 3-dimensional THD-modauch a bearing of 64 chrsurface
area operating using a VG32 oil at U=30 m/s and a minimum on thiickness of 2Qum. Their
results showed a pressure drop at the step due to conceninatdia of 1 % of the maximum
pressure. This affects the characteristics of the bearanyg Nttle. At higher speeds the effects
are larger. No comparative study between experimentallythaoretically determined pressure
distributions validating the accuracy of including inarbly a concentrated inertia approximation
has been published.

Experimental work on micro texturing have shown a poteriiaimproving the load carrying
capacity by the inclusion of shallow recesses in the susfatdearings, seals and cylinder liners
(Etsion & Klingerman, 1999; Etsion et al., 2004). Recen®avatskikh et al. (2005) presented
measurements showing a reduction in friction and highdiwilthickness when equipping a tilting-
pad thrust bearing with texturing. Arghir et al. (2003) sleolthat inertial effects are instrumental
in improving the load carrying capacity and in textured begs can therefore not be analysed using
the Reynolds equation.

In the work presented in this report a Reynolds equation @dation of the flow problem is
applied. All effects of inertia are neglected.
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Figure 2.1: lllustration of the flow phenomena in the recasa® Left: A bearing with a deep
recess (3-dimensional grid). Right: A bearing with a shalfecess (2-dimensional grid).

2.1 Levels of Modelling

Models of different levels of detail are used in this repdrdimensional modetdor pressure are
used in places to examine the potential of a specific geonzlimensional models for pressure are
used in isothermal versions (ISO) or including 2-dimenaldamperature calculations (2D-THD)
and with the calculation of 2-dimensional thermal bendihthe pad (2D-TEHD). 2-dimensional
models for pressure are used including 3-dimensional testyre calculations (3D-THD) and with
the calculation of 2-dimensional thermal bending of the (@ TEHD). The 3-dimensional models
yield a more detailed picture of the temperature distrdouthan the 2-dimensional models. Heat
transfer phenomena can thereby be determined more adgufaiehermore, the thermal bending
of the pad is much more accurately determined.

In the remainder of this report recesses of different depthstudied. They can be divided
into two categories which have different properties. A slakrecesses termed “deep recesses” are
considered. The depths of the deep recesses are generalty twore orders of magnitude larger
than the olil film thickness. Another class of recesses amdegr‘shallow recesses”. The depths of
the shallow recesses are of the same order of magnitude a# filtra thickness. Flow wise the two
classes of recesses differ in that there is recirculationifidhe deep recesses while no recirculation
in the shallow recesses is predicted by the Reynolds equdtigure 2.1 schematically shows the
two different flow situations.

In the studies performed on deep recesses the recessesclrsednin the bearing surfaces
and they have a relatively small surface area20 %) compared to the total bearing area. The
recirculation in a deep recess results in a large amount »ihmiof the oil in the volume of the
recess. Therefore, the temperature inside the volume ofettess is considered uniform. A 3-
dimensional description of the temperature is used in th&lwi outside of the recess area. This
iIs schematically shown in figure 2.1(left). A 3-dimensiotr@latment of the temperature inside

*The equation set used in the 1-dimensional models is nohgivéhis report. The description and derivation of
1-dimensional models can be found in for instance Hamroek €2004).
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Figure 2.2: The coordinate system used for the 3-dimenkgaheulations.

the recess area would involve a large effort in the constmaif the computational grid, raise the
computation time and make it difficult to study recesses aobus geometries.

In the studies involving shallow recesses the fluid insidecess does not mix as it does in a
deep recess. The assumption of a uniform recess tempeisatineeefore not valid. A 3-dimensional
formulation would require a grid which stretches into théuwoe of the recess. A grid as seen in
figure 2.1(left) which is stretched with the oil film thickreedoes not deal well with oil film thickness
discontinuities. A more intricate grid is necessary. Thauld restrict the study of various recess
geometries. It is therefore chosen to use a 2-dimensionalfiation in which the energy equation
is integrated over the thickness of the oil film.

In section 2.2 the derivation of a 3-dimensional formulatie elaborated. Subsequently in
section 2.3 the equation set is reduced to a 2-dimensiomaliation.

2.2 Governing Equations (3-dimensional formulation)

The bearing is assumed to be operated using a Newtonian emhjpmessible fluid and under con-
ditions where the flow is laminar and body forces and effetinartia are negligible. Viscosity is
considered to vary with temperature only. All other fluid pedies are considered constant. The
3-dimensional formulation is employed for deep recessemwthere is recirculation in the volume
of the recess. The recirculation results in a large amountiging of the oil in the volume of the
recess. The temperature inside the volume of the injecgoass is considered uniform. Figure
2.2 shows the coordinate system used. The governing egsatie nondimensionalised using the
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following variable transformations:
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2.2.1 Fluid film

Subject to the standard reductions and boundary condigpp$ied in fluid film lubrication, the
momentum equations are integrated twice across the oil dilgive the velocity components in the
0- and7-directions. The component is determined using the continuity equation.
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Introducing the=— andd—velocity components in the continuity equation and intéggeacross
the oil film following the approach suggested by Dowson ()92 Reynolds equation for 2-
dimensional pressure in the oil film becomes:

10 _30p 1 0[==s0p] 10][-(C, _
- = \G7h L = — (2 1) =7 2.
r@F[Glr &} 02 289 [Gl 89] 9089[ (FO )} Vaing (26)
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-3 —2 —
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— 4+ — _—”+3_—p)——G 2.8
/ / 0 K 6up<h3 B2) Fo " (2.8)

U,.in; 1S the nondimensionalised injection velocityzat= 1 + Ep. At all edges, the pressure is set
to zero. Subject to a known viscosity distribution, equaii®.6) can be solved to give the pressure
distribution in the oil film.

The assumption of zero pressure at the leading edge is ralystalid. The oil entering the pad
is stagnated at the entrance to the pad resulting in a pegitessure at the leading edge. (Heckel-
man & Ettles, 1987; Rhim & Tichy, 1989; Kim & Kim, 2002) havesitretically and experimentally
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treated this phenomenon and have derived empirical expres®r the pressure. The pressures pre-
dicted by the different expressions vary significantly armbmparison to the experimental results
stated in chapter 4 have shown that none of the expressipn@amate the inlet pressure condition
well at a large interval of velocities. In large slow speedrgys the leading edge pressure is usu-
ally insignificant and the approximation of zero pressusgisquate. The implications of neglecting
inertia in a deep recess are discussed in chapter 7.

Keeping the diffusive term in the—direction only and reducing the dissipative terms follogvin
Dowson (1962) the conservative energy equation for theloilféduces to:

190,7T 1397 zZ0hov, T  Z 0hdu,T  19v.T
- =

or 8 08 hor 05 oohow 0= ﬁ =
k i627+ poriw [ ( 0V, 2+£7"2 gn ?
pewh2 72 022 peToh2 |72\ 0% B2\ 0z
The temperature in the recess is calculated from a contloin@formulation using the approx-

imations that there is zero thermal diffusion on the oil fieaess boundary and that the temperature
on the solid wall is equal to the recess temperature.

0= i — ) mhetie + Qgenp + Qeondy (2.10)

(2.9)

Qgen,p designates the heat generated in the recessQ@Jmp designates the heat conducted from
the pad.u; andu, designate the internal energyu(= ¢ - dT') in the inlet and exit flows into and
out of the recess. Using that the mass flows out of and intoebess are equép . = > ;)
due to continuity and expanding the terms in equation (2iL8an be rewritten to give the recess
temperature:
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A, is the area of the recess aAdis the area in which there is inflow to the recess from the o fil
T; is the oll film temperature & = 1 which is determined by solution of equation (2.9). Equation
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(2.12) and equation (2.13) are expansions of the terms iateou(2.11) for the generated heat in
the recess.

In equation (2.9) upwinding is used for the discretizatibthe convective terms. No boundary
conditions are therefore neededfat 1, 7 = 1 and7 = 7, where the flow direction is out of the
computational domain. M = 0, T = T,.. The leading edge temperattfg, is determined in
section 2.2.2 of the report. At = 0, T = T. which is considered constant in batrandd. T,
must be stated as an input to the model. Inzkdirection, diffusion is neglected at the boundary
to the recess volume. No boundary condition is thereforel@@énside the recess areazat 1
whenv, > 0. T, provides the boundary condition when < 0. The pad temperature gives the
boundary condition outside the recess area. The collargeatyre depends on the thermal boundary
conditions on the backside of the collar. These can varymidipg on how the bearing is built in.
To keep the model general and simple it is therefore chosetate the collar temperature as an
input.

2.2.2 Heat transfer

Equation (2.14) describes heat transfer in the pad. On thmdisurface, equation (2.15) states the
boundary condition on temperature. At the free sides of Htk fhe boundary conditions are given
in the form of convection coefficient$/ (equation 2.16), wherg, is the oil bath temperature and
n represents the normal to the surface. At the inner and oadéal surfaces, a laminar boundary
layer solution is used assuming the free stream velocitgtedual to the collar velocity (equation
2.17). Ettles & Anderson (1991) state the correlation giveaquation (2.18) for the convection
coefficient at the back of the pad. They also state that exygetis indicate the values &f at the
leading and trailing surfaces to be twice as high as the \atiilee back of the pad. These values
are used due to the absence of more detailed experimenitibres

10 [ 0T 1 0°T r2 0T
_ 1O (9 2.14
() * 7 B0, 219
or _ ktpaa OT (2.15)

azpad Epad:O - kpadhoﬁ 85 z=1 ’
_ oT

H(T ~T0) = ~hpoay - (2.16)

332k 2 072
i = 33 i pet | e = Py ch (2.17)

7’17“906 H k
B B (1 +79)0,,

Hback = 25.5(7’1?w)0‘7(,u0ﬁ) 0.2Lpaoc.l47 Lpad:M (218)

2

Following the general procedure of Vohr (1981) andT),. can be determined to fulfil equilib-
rium of thermal energy for the entire bearing and for the geolbetween pads. Assuming that all
the generated heat flows into the oil bath and is mixed wittctieé oil, the oil bath temperatufg,
is determined from the heat generated in the oil due to v'&ae&ma@gen. The generated heat is
calculated as the work used to turn the collar plus the woekl tis inject the oil in the recess. The
oil injection work is calculated neglecting changes in kinenergy and the influence of restrictors
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in the flow. ij can therefore be determined directly from the pressuregdamthe injection
flow.

el 7300w 1o = -

T,=1+-2"2"2220. o =W prie + Win 2.19
cp‘/oleO Q!] QQ d ’ ( )

- T ,u@vg — - 1

Wfric = / / T 07 |- Oded’f‘ ) Winj ho vmjpmj (220)

Pin; 1S the pressure in the oil film at the oil injection pipe detgred from the Reynolds equation.

The heat balance in the groove is not readily determinedt ideanvected to the collar at the
trailing edge of the pad where the exit oil is hot. At the legpdedge of the pad, however the collar
may conduct heat to the oil. Heat is convected from the hatagiio the colder oil bath. All these
phenomena are difficult to quantify and few experimentalltesre available in the literature. Vohr
(1981) states an average experimental value of the groaweecton coefficientZ, v, = 2960
W/m?/K for a bearing ofr; = 0.43 m, ry = 0.585 m andf,,.v.,, = 0.105 rad operating at
wyonr = 15.71 rad/s. Vohr's result is extrapolated using laminar flow theontistathe convection
coefficient to be proportional to the square root of veloditjided by the distance between pads.
The groove heat transfé}gr can then be determined through equation (2.21). Equati@B)2tates
energy conservation on a control volume. With the additiasaumption that no thermal energy is
transported in the radial direction in the groo¥g, can be found through equations (2.24), (2.25)
and (2.26). Equation (2.26) defines the distribution of iegedge temperature in thedirection.
The equation is chosen for reasons of numerical stabilityaoturacy and has no physical basis.
It ensures continuity of temperature at the collar surfaCentinuity of temperature at the collar
surface is important for the global conservation of enelfjien a leading edge taper is present in
the analysed bearing, a uniform temperature distribusarsed. In this case, there is back flow at
the leading edge and most of the inflow to the bearing occosedb the collar.
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T = T —|— T Tle pad) (Z - 22’) (226)

The treatment of heat transfer coefficients is coarse and doetake differences in support
design into account. equation (2.14) is stated for a pad iédum thickness although a multilayered
design is often used in large bearings to reduce thermalatiefhs. As described in section 2.2.3
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the numerical model allows for the analysis of thermal begdif pads of variable thicknesses.

The restriction given by the description of heat transfeéh&t such a pad of variable thickness is
composed of a main pad of uniform thickness and a supportingtare. The main pad is treated

in three dimensions while heat transfer through supposgingctures is considered one dimensional
in the z,.4-direction only. Generally, only a small amourit { 25 %) of the generated heat is

transported through the pad. Inexact treatment of heasfeaphenomena therefore only induces
small errors on the pad and oil temperatures.

2.2.3 Deflection of bearing pad

The deflection of the pad is modelled following Gould (1988ing a flat plate approximation for
a plate of variable thickness. A plate of variable thicknisssiodelled in order to accommodate
supporting structures, which are tightly fixed to the maid.paAn example of the implementation
of the equation system on a pad with a firmly fixed circular upis given in chapter 3.2.

The equation system has not been nondimensionalised asstra simplify the description.
Force equilibrium in the,,,-direction yields:

0 0(7“MT) i 8MT9

0=%"ar 90

+ M| +p (2.27)
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Introducing M,., M, and M, as given by equation (2.29)2.33), equation (2.27) transforms
into a fourth order differential equation in pad deflection A pad with a point pivot is restricted
by w = dw/dr = 0w/00 = 0 at the pivot point. The boundary conditions at the free eadé¢ise
plate are stated in equation (2.28). The Kirchhoff sheassts and bending moments are zero, and
at the four corners the twisting moments are zeégq.. denotes the thickness of the plate.

0="V,(r,0), 0= Mf(r0), 0= Vy(r,0paa), 0= Mp(r,0pa), }
0=V,(r.0), 0= M(r,0), 0="V,(rs.0), 0= M/(rs,0), (2.28)
0= My(r1,0), 0= Mug(ri,0pa), 0= Mug(rs,0), 0= Mu(r,0pua)
om o[ (10 1) o
My=—D Eg—t: %?}% y%} ~ My (2.30)
Mg = —D(1 — 1/)% (%2—2}) (2.31)
My == L - /0 ot — tp;”“’)aszmd (2.32)
3
D= % (2.33)
V.=-D [g(v%) +(1- u)%% (% a;;;;)] - ang (2.34)
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10 02 (1 8w)} 10Mr (2.35)
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For a pad of constant thickness equation (2.27) reduceg tee¢li known plate equation:

V(V2w) = % - 5V2MT (2.36)

2.2.4 Bearing equilibrium

The film thickness is calculated as a geometrical relatidwéen the roll and pitch angles and the
film thickness at the pivot point. Linearizing to only comtéirst order terms yields equation (2.37).
The pressure distribution is integrated over the pad arga/eothe resulting force (equation 2.38)
and the moments in two perpendicular directions arounditreg point (equation 2.39 and 2.40).

h=1—a,[Tpiy —Tco8(0paa(0 — 0pi))] — T sin(bpaa(0 — 0,,)) + W (2.37)
= Fres / / prd@dr - F (238)
= = / / pre sin( pad gpw))dgd? (2.39)
= / / Pr[T cos(Opad(0 — Opiy)) — Tpiv]dOdT (2.40)

Solving these equations for a given pressure distribupad, deflection and load yields the distri-
bution of oil film thickness.

2.2.5 Miscellaneous relations

Viscosity is calculated as a function of temperature usm@xpression by Roelands (Hamrock et
al., 2004).

p1 = 10k (0 5512) 2 —4.200] (2.41)

in which the constants; andk, are determined from the measured viscosity of the oil.

2.3 Governing Equations (2-dimensional formulation)

The equation set stated in chapter 2.2 is reduced to a 2-dioraai form. As shown in figure 2.3

the nondimensional oil film thicknegsin these equations includes the recess depth. The energy
equation for the fluid film is integrated over the oil film thiess to give a bulk flow formulation.
Heat transfer in the pad is considered a 1-dimensional eroldh which heat transfer to the sur-
roundings is assumed to take place at the back of the padTmlysimplifies the determination of
the thermal moment causing the bending of the pad.
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ro

Figure 2.3: The coordinate system used for the 2-dimenkgaheulations.

2.3.1 Fluid film

Assuming viscosity to be a function efandd only, the Reynolds equation reduces to the following:

1 8[?538]3} 19 [E?’aﬂ 1 oh

127r0r | @ OF|  1202,,700 | i 00 29padae+vz’”” (2.42)

The energy equation integrated over the oil film thickriess

lzror| @ oor] 1200, 00l W 08] 20,08 ]

rep [B(0p\', B (0p\' T Sr
pcTy,h2 | 120\ OF 1202 ;i \ 00 h pcw T, ho
whereSr contains the energy added through heat transfer-at) and atz = 1. Sy is determined

in section 2.3.2. The boundary conditions on the equati@@R} and (2.43) are as stated in section
2.2.1.

(2.43)

2.3.2 Heat transfer

Heat transfer through the pad is treated in a simplified waprly modelling heat transfer at the
back of the pad and treating conduction in the pad as a 1-diimeal problem. This formulation
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is used in combination with the 2-dimensional integrateergy equation for the oil film. The oil
temperature in this formulation is considered uniform ia *hdirection and the Nusselt number,
Nu = 7.55 (Kays & Crawford, 1993) for a fully developed velocity prefibetween parallel plates
is used to calculate the convection heat transfer coeftiahpad and collar. Th&p-term in
equation (2.43) thereby becomes:

Ah 1] kNu
kNu+kpZ+Hb J(T—TQ)——(T—TC) (2.44)
pa ac

ST:{ ah

Equation (2.20) for the bearing friction loss reduces to:

7 -2
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2.3.3 Deflection of bearing pad

Subject to a linear temperature distribution through treegrguation (2.32) reduces to the following
expression:

t2,  Ba
My = 2t o Thue 2.46
T 12(1_1/)( bab b k) ( )

in which T;,, designates the temperature on the oil film / pad interfaceZangd designates the
temperature on the oil bath side of a pad.

2.4 Numerical Description and Solution Method

The equation system is solved on a finite volume grid which bwyniform in all the transformed
variables. Alternatively it may be designed to follow thged of a recess in the bearing pad surface
and with increased control volume density close to the tbesgedges. The 2-dimensional thermal
deflection of the bearing pad is always solved on a uniformh grfariables are interpolated between
the grids. Second order discretizations are used for theatiees except for the convective terms
in equation (2.9) which are discretized using upwinding. étailed description of the resulting
equation system is not given here as standard finite volummeuations are used. 2-dimensional
grids are used for pressure and pad deflection equationsnéhdional grids for the temperature
equations. Details of the computational grid are graphjicdown in figure 2.4. To accommodate
abrupt changes in oil film thicknesk,is calculated on the cell faces as well as in the cell centres.
Integrals are evaluated using the composite trapezoitial Ror hydrostatic jacking oil is usually
injected at the centre of the injection pocket. In the nunarformulation the volume flow of
injection oil is specified as a boundary condition. In the eugal implementation of equation
(2.6) oil is injected only in the control volume which is céss to the injection pipe. Thus ;,,; =

Vin;/ (FdFdd).
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Figure 2.4: Selected details of the computational grid. :Tdjme energy equationr— and
f—velocities are evaluated at the cell faces.velocities are calculated at the cell centres and inter-
polated to the lower and upper faces. Middle: The Reynoldaton: Fy, G, andG, are evaluated

at the cell faces. Bottom: The energy fluxes from the oil filtoithe recess control volume.

The problem is solved using an iterative procedure as dapict the flowchart in figure 2.5.
The Newton-Raphson method is used for adjustingy, andh, until the residuals of the equations
(2.38), (2.39) and (2.40) are below some threshold.

The Reynolds equation may predict negative pressures ie sontrol volumes, for instance as
a result of a diverging oil film at the trailing edge cornergda thermal crowning. In such cases
cavitation is to be expected. Numerically the problem iatied by setting negative pressures equal
to zero. This is a simple approximation, which does not getiee equation of continuity. However,
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read input data from file
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write results to file |

Figure 2.5: Flow chart for the programme.

cavitation does not usually occur in tilting-pad thrustiegs with pivots offset from the centres of
the pads, and when it appears in the calculations it is intiletysof bearings operating at unusual
operating conditions.

The discretized Reynolds equation and plate equation itatestinear systems of equations and
are solved using direct methods. The discretized energates for oil and pad and their boundary
conditions constitute a nonlinear system of equations fil@iltemperature, viscosity and oil bath
temperature are calculated simultaneously using a peirative Gauss-Seidel SOR solver.

The first sweep of the equations causes the temperaturédigin to be overestimated. This
causes the pad deflection to be overestimated. As a resutiltfien thickness distribution and
viscosity distribution in the next sweep may cause the gneggation to diverge. To overcome this
problem only a fraction of the calculated deflection is agblio the oil film distribution. A loop
increases the fraction to one. The grid size can be sucedgsivubled to save computation time.
The programme includes an option to adjust the pad surfazelgr the use of a Newton iteration
so that the minimum oil film thickness has a prescribed valueestriction on the minimum oll
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film thickness is often used as a design criteria. Similahlg,radial position of the pivot point can
be adjusted by the use of a Newton iteration so that the mimmilifilm thickness is located at the
centre of the trailing edge. Calculations have shown thsigtkng for this criteria gives close to the
optimal performance when prescribing a minimum oil film Kmess.

2.5 Conclusion

In this chapter two numerical models for tilting-pad thriaeairings have been derived. Both models
are based on the Reynolds equation for pressure and invodvealculation of temperature in oil
and pad and the influence of the bending of the pad due to peesisd thermally induced moments.
The oil bath and leading edge temperatures are calculatedgh control volume expressions for
conservation of energy. The collar temperature must bedstet an input parameter. This restriction
on the model is imposed to avoid modelling heat transfer pirema through the collar, rotor and
adjoining components.

A model involving a 3-dimensional description of the tengiare field is elaborated. The model
allows for the inclusion of deep recesses with recircutatlows in the pad surfaces and for high
pressure oil injection through the surfaces of the bearadsp The assumptions of the Reynolds
equation are not valid for the flow in a deep recess, whichésasmmore orders of magnitude deeper
than the surrounding oil film. In addition, depending on tiperating conditions, the recess flow
may be turbulent. However, the pressure variations insidedcess are small and assuming inertial
effects to be negligible the errors induced on the calcdlgtessure distribution are small. The
description of the thermal conditions inside the recessmpldied by treating the volume of the
recess as one control volume of constant temperature. Therajed heat inside the volume of the
recess is much smaller than in the thinner oil film and thecaation flow results in a large amount
of mixing justifying this description.

The 3-dimensional formulation does not provide a good detson of bearings in which there
are shallow recesses in the bearing pads. In such recessessimo recirculation and the assump-
tion of a uniform mixed temperature is not valid. AllowingtB-dimensional grid to stretch into the
recess is not feasible due to the discontinuity of the oil filnthe recess edges. For such problems
a 2-dimensional formulation is elaborated in which the gnequation is integrated over the thick-
ness of the oil film. The 2-dimensional treatment of the terajee field does not deal well with
regions of back flow and the study of recesses are therefaid to those sufficiently shallow not
to generate recirculation. The principal disadvantage afd@mensional over a 3-dimensional for-
mulation of the flow in standard bearing pads without recggsen the less exact calculation of the
temperature gradients at the pad and collar surfaces. Th@at#on of the heat transfers through
the solid components is therefore less accurate and morariamily, especially in large bearings,
the calculation of the thermal crowning of the pads is lessiaate due to the lack of knowledge of
the temperatures on the pad / oil interface.

In chapter 3 and chapter 4 the models are validated usingurezasnts.
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Chapter 3

Validation of Models

To validate the numerical models theoretical results amnepared to different sets of experimental
data. Glavatskikh (2000, 2001) has published experimeiaiia for a 228 mm outer diameter six-
pad bearing. The data include extensive measurements petatares below the babbitt surface
and oil film thickness measurements at the leading andrngadidges of the pad. Glavatskikhs
measurements are used to validate the models for a beaiingutsrecesses in the bearing surface.
Calculations using isothermal, 2-dimensional and 3-dsr@ral adiabatic models and models in
which heat transfer and pad bending is included are perfdrifiee variations in the results between
the different models are discussed.

Furthermore, a comparison between theoretical resultsrmasurements conducted ona 2.2 m
outer diameter bearing in operation in the Bieudron hydmgy@lant in Switzerland is performed.
The bearing has oil injection pockets at the pivot pointseecimg 3.6 % of the total bearing area

In chapter 4 experiments are presented to further validetartodels. Comparisons between
theoretical and experimental pressure profiles are peddnvith and without oil injection pockets
in the bearing surface and with and without constant volume High-pressure oil injection. Fur-
thermore, a validation of the theoretically predicted puge bending and thermal crowning of the
bearing pads is performed.

3.1 Comparison with Published Experimental Data

Simulation results are compared to experimental data preddy (Glavatskikh, 2000, 2001) con-
cerning a 228 mm outer diameter six-pad bearing. The padsuggorted by spherical pivots and
coated with a babbitt layer less than 1 mm thick. Data for theslered bearing, operating condi-
tions and measurements are given in table 3.1 and figure BelmEasurements of temperature and
oil film thickness are performed in separate bearing pads.

Calculations of the bearing are conducted using a grid of&Dcontrol volumes in the radial
and circumferential directions - and in the case of 3-dinwra models 10 control volumes in
the z-direction of the oil film and 10 in the,4-direction of the bearing pad. A uniform collar
temperature of 61°C is used. The results are stated in tahldllBstrations of the numerical results
are given in figure 3.2. In table 3.2 a measured value of povssr ik stated. It represents the total

*The measurements are supplied by Alstom Power (Switzérladd
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number of pads | 6

inner radius 57.15mm

outer radius 114.3 mm

pivot radius 85.725 mm

pad angle 50.0°

pivot angle 30.0°

pad thickness 28.58 mm

oil type VG46

viscosity at 40°C | 39.0 mPas

viscosity at 100°Q 5.4 mPas

density 855.0 kg/m

thermal capacity | 2090 J/kg/K L f /
thermal conduc. | 0.13 W/m/K 28.6
axial load 52265 N B
shaft speed 1500 rpm

Inlet temperature | 40°C (a) film thickness measurements (b) temperature measurements
Oil flow 15 L/min

Figure 3.1: Locations of measurements are shown. Tempera-
Table 3.1: Data for the bearing.tures are measured in the pad 3 mm below the babbitt layer.

power loss in the bearing and contains losses from thedndietween the pads and the collar and
losses stemming from the churning of the oil in the oil batlme Talculated power loss does not
include churning losses. It can therefore not be directipmgared to the measured value.

The 3-dimensional TEHD model predicts a power loss 15 % Iawan the measured value.
The oil film thickness at the trailing edge is 10 % too high. #¢ teading edge it is 22 % too small.
Calculated temperatures at the leading edge are close th&uneel ones. At the trailing edge they
are 2 to 4 K lower than the measured ones. The temperaturéoisethe leading to the trailing
edge is 15 % smaller than the one measured. The temperaeream bearing inlet to the trailing
edge of the pad is 23.3 K which is 9 % less than the measured.valu

Considering the fairly simple treatment of the heat tranpfeenomena in the oil bath the cal-
culated temperatures are quite accurate. However, thd sngderature rise from the leading to
the trailing edge of the pad suggests than one or more of thettansfer coefficients used in the
calculations are too high.

The discrepancies in the oil film thickness show that theutated pitch angley, is too small.
This may partly be caused by a calculated pad deflection whitdo small. The pad is considered
to be a flat plate of uniform thickness while in reality it hagauts (Glavatskikh, 2000) at the
leading and trailing edges giving larger deflections. Alse pad is considered to be initially flat
while it may be slightly crowned due to machining inaccueac{Glavatskikh et al., 2002). The
pressure at the leading edge is set to zero. The velocitydawyriayer at the collar surface is
however much larger than the oil film thickness at the leaeuhge. Therefore, the oil is stagnated
as it approaches the pad leading to an inlet pressure bpilektore the leading edge. Assuming
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experi- | HD- | 2D- 2D- | 2D- 3D- 3D- | 3D-

mental | ISO' | THD! | THD | TEHD | THD' | THD | TEHD

value adiab. adiab.
T, [°C] 61 61.0 | 61.0 61.0 | 61.0
Trnaz [°C] 765 | 709 |69.6 |789 |70.0|68.9
T onaz pavvitt|“C] 69.9 | 68.5 69.1 | 67.8
T: [°C] 52 50.8 | 49.3 55.8 | 52.4
T, [°C] 53 495 | 48.1 56.9 | 52.4
T5 [°C] 51 49.7 | 48.3 55.6 | 50.5
T, [°C] 62 62.2 | 61.0 62.1 | 61.0
Ts [°C] 68 62.9 | 61.7 65.0 | 63.9
Ts [°C] 67 64.9 | 63.6 66.5 | 65.1
hi [pm] 58 43.6 | 48.8 | 47.2 | 55.6 |47.2 |30.2 |455
ha [pm] 20 27.2 | 25.0 | 247|255 |245 |19.8 |22.1
Ponaz [pm] 53.0 | 60.2 [ 584|718 |58.3 |36.0|58.9
Ponin [om] 23.8 1196 |199 214 |195 |17.9|19.7
Power loss [kW]| 3.2 2.71 | 2.66 3.19 | 2.73

Table 3.2: Comparison of experimental and numerical resuli, = %(T;Tin) in the models
marked with. In the other modeld;. is determined by energy conservatiofi, =61°C is the
condition necessary to close the numerical problem.

Lines of corfstaqt ‘  Lines of co‘ t ‘ | | Lines of codstaqt

film thickp@ss [LN] pressure JAPa; temperatdre [°C

Figure 3.2: Simulation results showing lines of constahfilon thickness (left), lines of constant
pressure (middle) and lines of constant pad surface terype(aght).

an inlet pressure larger than zero results in a larger pitgjeareducing the error at the leading
edge. A parameter which strongly influences the leading étigethickness is the leading edge
temperature profile. Choosing a uniform temperaturgnaises the value of; by 8 %. This is due

to a higher temperature on the pads surface at the leadirey @dhgs generates a higher deflection
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3D-TEHD 2D-TEHD
15 x 15%x {30 x 30x |60 x 60x 120 x 120 || 15 x 15{30 x 30|60 x 60|120 x 120
(5+5) |(10+10)|(20+ 20) | x(40 + 40)
Romin [pm]  120.020 [19.714 |19.665 |19.650 21.681|21.420|21.355|21.324
Pmaz [pm] 160.881 |58.870 |59.082 |59.149 70.689|71.807|72.185|72.235
Tz [°Cl 68.835 |68.897 |68.950 |68.985 69.505|69.578(69.622|69.662
Tonazpab [°C] |67.508 |67.754 |67.836 |67.868 68.829|68.483|68.296|68.208
Qgen [kW] [2.6975 [2.7259 |2.7262 |2.7262 2.6499|2.6558|2.6565|2.6570
Qout [KW] 2.7598 |2.7475 |2.7380 |2.7335 - - - -

Table 3.3: Grid convergence study: Energy flows are state@ peds, i.e. a full bearing.
Q..: represents the sum of all heat flows out of the computatioorlaiin.

of the pad due to higher thermal gradients. Simulations stihatvthe combined effects of inlet
pressure build-up and increased deflection due to the effeehtioned above cannot fully explain
the errors in oil film thickness. Some effects which are notuded in the model may influence
the results. There is the possibility that the measuringpgsdhemselves affect the measurements.
The eddy-current sensors are embedded in the pad. Thi@s/atmoval of the babbitt surface
over and around the sensors. This area is covered with egokgtal of four sensors are located
in the pad. The epoxy surfaces cover approx. 10 % of the Igpatirface. Two of the sensors are
located close to the trailing edge. If the areas in which dreylocated have a reduced load carrying
capacity this would in effect correspond to a pivot pointaiszl closer to the trailing edge with

a higher tilting-angle as a result. Discrepancies simiathbse reported here between measured
and theoretical tilting-angles are reported by Glavatslgkal. (2002) in a comparison between a
3-dimensional TEHD model and measurements conducted tlengame test bearing.

In comparison to the results of the 3-dimensional TEHD maldelisothermal model overesti-
mates the minimum oil film thickness by 23 %. Considering thep$icity of the model this result is
quite good. The 2-dimensional models only slightly ovedprethe maximum babbitt temperature
and minimum oil film thickness compared to the the 3-dimemsionodels. They estimate pitch
angles which are much higher than those calculated by the8rdional models. The pitch angles
are close to the one which is experimentally determined. Z-démensional and 3-dimensional
adiabatic models predict oil film and temperature distidng which only differ slightly. The dif-
ference between the models as heat transfer is includeérisftine a result of the different accuracy
in the description of heat transfer phenomena. And the segynimore accurate oil film thickness
calculations in the 2-dimensional case must therefore hsidered to be an accidental effect of less
accurate boundary conditions on the energy equation in-thigection.

Both 2- and 3-dimensional modelling provide good resultgie minimum film thickness,,.;,,
although the predicted pitch angles are very different. fdason is that,,;, is insensitive to
changes in boundary conditions which strongly influencepiteh angle. A higher pitch angle
demands a higher mean oil film thickness because of equitibwith the applied load. Raising
the pitch angle while keeping the minimum oil film thicknessistant provides a higher mean film
thickness. This effect in combination with a higher sidekéage causes,,;, to be insensitive to
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raisingoy, for the bearing in question.

To determine the minimum oil film thickness and the maximuiblathtemperature a 2-dimensional
model seems to be sufficient for the considered bearing. Aisional integrated description is
meaningful only if streamlines are nearly parallel. If thilp angle is large reverse flow may oc-
cur at the leading edge. In cases where reverse flow is signifac 2-dimensional model does not
accurately determine the temperature distribution.

Grid convergence studies showing the convergence of kegblas for both the 3-dimensional
and 2-dimensional TEHD models are shown in table 3.3. Fdn bwidels the variables are seen
to converge as the grid sizes are increased. In the 3-dimeadsstudy the values of generated
friction work at the collar surface and the heat transpootgdf the computational domain converge
towards each other. The 230 grid which is used in the calculations is shown to be sefficfor
the study of the problem.

3.2 Comparison to Measured Data for a Large Sized Bearing

The 3-dimensional TEHD model is applied to a thrust bearirtg@Bieudron hydro power plant in
Switzerland. Theoretical values of oil film thickness arenpared to measurements. A comparison
is approximate as details of the thermal conditions of theribg are scarce rendering it necessary
to estimate the collar temperature. An earlier theoretiegtment of this bearing was performed
by Santos & Fuerst (2003). Only the steady-state behavibtlveobearing at nominal operating
conditions is analysed. I. e. the high-pressure oil ingetis turned off.

Figure 3.3(left) shows a picture of the instrumented begpiad. Measurements of the oil film
thickness are performed at the leading and trailing edgéeipositions marked withy, h,, hz and
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Figure 3.3: Left: The instrumented pad. Right: The dimensiof the ring support (in mm). The
dotted line indicates the smoothing function used for tlaggaihickness. A 3 mm babbitt layer coats
the pad.
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hs. The bearing operates using a VG32 mineral oil under fullpdkd conditions in combination
with a guide bearing. A conical pocket with radiug,and maximum depth, ..., centred at the
pivot point allows for hydrostatic lift off. There is a 10 mr8; taper at the leading edge. Data
for the bearing and oil arezop.4s = 6, 6y = 45.31°, 0, = 27.24°, 11 = 0.527 m, ro = 1.098

m, rpip, = 0.8125 M, 7, = 0.065 M, hp 1mee = 2.27 MM, p1y00c = 27.1 MPas,ugpoc = 6.8 mPas,

p = 848 kg/m?, ¢ = 2090 J/kg/K, k = 0.13 W/m/K, F, = 4.94 MN, w = 44.9 rad/s, T, ~ 40°C.
The collar temperature is unknown. A valuelaf= 56°C is used. At this temperature, simulations
show that approximately 7 % of the generated heat flows oatitir the collar. The sensitivity of
the solution to changes in the valuegfis examined later. The bearing pad is firmly mounted on a
ring support with a 2 mm gap between pad and support. The geiordata for the pad and support
are given in figure 3.3(right). Both pad and support are aflst&s described in chapter 2.2.2 heat
transfer in the main pad is considered 3-dimensional whiledamensional description is used for
the circular support. As the oil of the gap has a much lowet tiaasfer coefficient than steel, little
heat is transferred across the gap justifying the simplifiedtment of heat transfer in the support.
Equation (3.1) gives the boundary condition on equatiob4Rinside the area of the support. The
solution of equation (2.27) requires continuous first demes of D, and therefore a smoothing
function is introduced to give the plate thickness showngari 3.3(right).

1 1 0.15m  0.002m
- + + (3.1)
H back, eff H back ksupport koil

The Reynolds number in the pockBt = pwrh,/u is approx. 4000 at the maximum depth.
This indicates turbulence in the deep parts of the pockearmeihg the fluid mixing. Shinkle &
Hornung (1965) showed that the transition to turbulenceiscatRe ~1000.

A grid with a final size ofn, x ng x (n. +n. ,,) = 30 x 30 x (10 + 10) control volumes is used
in the simulations.

In table 3.4 a grid convergence study is performed. For tkiferent grid sizes, the study
presents key operating parameters for the bearing. Thengéees are: friction Ios@gen, total heat
flow out of the computational doma@out, the maximum oil temperaturg,,,, and the oil film
thicknesse#, andhs. Furthermore, pocket specific variables are studied. Taesenmass flow into
and out of the pockeX_ i; and Y 7., the generated heat in the pockgt.., ,, the heat conducted
from the pad to the pock@condm and the pocket temperature.

The study is performed both with and without a leading edgertar he results without a leading
edge taper are presented to study the convergence of thiéddvesatAll other calculations presented
in this paper are conducted with a leading edge taper.

The generated friction loss and the total heat flow out of tpmutational domain converge
slowly towards each other. This is due to the leading edgertayhich causes the grid to be very
distorted at the leading edge and causes back flow. Congygubka inflow to the computational
domain occurs in only a few control volumes close to the collthese inaccuracies on the heat
flows do not however influence the other bearing parametgrsfisiantly and a 3@ 30x(10+10)
grid is considered adequate for the calculations. The heasftonverge more rapidly towards
the values of generated work when no leading edge taper seprén the bearing. There is little
difference betweed)gen and(,.; with a grid of 60x60x (20+20) control volumes indicating that
the energy equation is implemented correctly. The genda@gew) and conducted@condm) heat
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Uniform grid - with 10 mm taper Uniform grid - without taper

15 x 15x | 30 x 30x | 60 x 60x 15 x 15x | 30 x 30x | 60 x 60x
(54 5) (104+10) | (20+20) | (5+5) (10+10) | (20 + 20)
General parameters

Qgen [KW] || 49.37 49.24 49.38 48.78 49.86 50.15
Qo [KW] || 63.79 59.54 54.26 49.95 50.10 50.20
Tree [°C] || 84.97 83.58 83.00 84.64 82.92 82.81
By [pm] 4217 425.2 427 4 4175 414.0 418.0
hs [am] 77.65 76.30 76.80 78.18 76.91 77.01

Pocket parameters
S, [kals] || 2.569107* | 2.54710* | 2.77410~* || 2.65010~* | 2.60210~* | 2.79710~*
> [kals] || 2.447107* | 2.52810* | 2.77010~* || 2.52610~* | 2.58310~* | 2.79310~*

Qgenp W] 254.8 280.4 305.4 251.2 282.6 305.6
Qcondp [W] || -75.98 -43.46 -57.90 -83.17 -49.42 -64.95
T, [°C] 63.12 62.52 61.77 62.42 61.31 61.15

Table 3.4: Grid convergence study: Energy flows are stategamt Q... represents the sum of all
heat flows out of the computational domaim.,; andm,. refer to the mass flow terms of equation
2.10.

Tc hl h2 h3 h4 Tmaa: Tmax,babbitt Qgen
[°C] || [pm] | [pm] | [pm] | [pm] | [°C] [°C] [kW]
measurement:

nfall 430 | 173 | 66 | 202 | nla| n/a | nla
simulation with pocket included:

56 || 425.2| 111.6| 76.3 | 122.1| 83.6 81.5 295.5
46 | 428.9| 116.4| 88.2 | 128.2| 79.6 78.1 327.5
66 | 421.1| 108.4| 66.4 | 117.9| 88.6 87.7 272.0
simulation without pocket included:

56 H 423.5\ 114.4\ 77.7\ 123.6\ 83.7\ 82.7 \ 298.8

Table 3.5: Comparison of experimental and numerical resljltis a boundary condition.

in and into the pocket are seen to converge slowly. This idaltiee relatively few control volumes
covering the pocketheW and de,p are however small compared to the generated heat for the
whole pangen. Therefore, the errors are inconsequential. The pockgideature converges with
increasing grid size. The mass flows into and out of the pooeterge towards each other. This
indicates a correct implementation of the pocket equations

Intable 3.5 the simulation results are compared to measmsnFor comparison, a pad without
an oil injection pocket is also calculated. Additional siations at varying rotor temperatures are
shown as well. A comparison to the measurements shows thahaximum film thickness, is
estimated well by the modet; is slightly overestimated and, andh, are heavily underestimated.
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The discrepancies on the valueshgfandh, may be due to thermal bending of the collar, which is
not included in the model.

The theoretical results for pads with and without a pockigediittle. The effect of the pocket
on the oil film thickness is small as it covers only 3.6 % of tleafing surface area. When intro-
ducing a pocket in the surface the position of the centre eggure moves towards the centre of the
pad causing a higher tilting angle to compensate. The rdation flow in the pocket causes the
temperature downstream of the pocket to be reduced. Themuaxbabbitt temperature is reduced
only slightly by the mixing as it is positioned at a radiusadé of the downstream flow of the
pocket.

The calculations at collar temperatures/pt= 46°C andT, = 66°C are performed to study the
sensitivity of the solution to this unknown parameter. GleminT,. strongly influence the minimum
oil film thickness while the influence on the maximum film tmess is small.

In figure 3.4 the theoretical distributions of oil film thickss, pressure and pad surface temper-
ature are shown. The results are compared to those for angerith a plain bearing surface.

In the following a theoretical study of the influence of thecket dimensions is performed. In
figure 3.5 the influence of changing the pocket depth and sadianalysed. Figures 3.5{ajd)
show pressure profiles, minimum and maximum oil film thiclehaad friction loss for different
pocket radii. The curves are intended to allow designergafibgs with injection pockets to asses
the influence of pockets on these key parameters.

In figure 3.5(e}»(h) the influence of the pocket depth on the same parametersaiysed.
For the given bearing configuration an increase in pockethdegsults in improved performance
(reduced friction loss and increased minimum oil film thieks) up tg,, ;4. ~ 0.15 mm~ 1.1-hq.

At this value ofh,, ..., the pressure at the trailing edge of the pocket reaches amaxi a pressure
build-up similar to that of a Rayleigh-step bearing and a féitwation where no recirculation flow
in the pocket is predicted by the formulation used. At highecket depths recirculation occurs,
the pocket does not contribute to the pressure build-uplaatbss of bearing area results in a loss
of oil film thickness. A similar behaviour is seen when tregta cylindrical pocket of constant
depth having the best performancehgt~ 0.08 mm ~ 0.6 - hy. For decreasing pocket depth, the
simulation results converge towards values different ftbmvalues obtained when no pocket is
present. This is partly due to the different thermal coondtion the pad, as the pad surface in the
pocket area is set equal to the pocket temperature. Howaaénly it is due to numerical errors,
which decrease with decreasing control volume sizes.

The results indicate that machining shallow recesses ibé¢aging surface could enhance the
performance of tilting-pad thrust bearings. Simulatiohevg this to be true also for a bearing in
which the pivot position has been optimized for minimal poe@sumption.

3.3 Conclusion

Comparisons between measurements made in two differeringsand the models presented in
chapter 2 have been performed.

Calculations have been carried out to compare with experiahdata available in the literature.
These are data for steady-state operation of a bearing an228uter diameter. Simulations show
that an isothermal model predicts the minimum olil film thieka within 30 % of the actual value.
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Figure 3.4: Predicted contours of film thickness (top graptessure (middle graph) and pad surface
temperature (bottom graph) for the studied thrust bearadgp Left graphs concern the bearing
with injection pockets. Right graphs show results for trerpbearing pad. Operating conditions:

w = 44.9 rad/s,F, = 4.94 MN.
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Figure 3.5: Figure showing the influence of varying the poekdth (left) and pocket depth (right).
Figure (a) shows the pressure distribution at the 25 %, 50 @o/&rP6 radial positions for various
pocket radiir,. The pocket radius is varied between zero and 115 mm. In tusdithe maximum
pocket depth, ... = 2.27 mm is kept constant. Below, the corresponding minimum aih fil
thickness (b), maximum oil film thickness (c) and frictios$o(d) are presented. Figure (e) shows
the pressure distribution at the 25 %, 50 % and 75 % radiatipasifor various maximum pocket
depthsh,, ,,... The maximum pocket depth is varied between zero and 5 mmhigdrfigure the
pocket radius, = 65 mm is kept constant. Below, the corresponding minimum ot fihickness
(f), maximum oil film thickness (g) and friction loss (h) atkustrated. The horizontal lines in the
graphs (f}=(h) represent values obtained for a plain pad without a pgocke
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2-dimensional and 3-dimensional models both determinartimmum oil film thickness within
15 % and the temperature rise from inlet to trailing edge wit% of the measured values. The
temperature distribution is most accurately determinethby3-dimensional TEHD model. The 3-
dimensional models do not improve the accuracy of the thieatgredictions of oil film thickness
for this bearing.

Furthermore, the 3-dimensional TEHD model has been appiig¢bde analysis of an existing
bearing of large dimensions. The bearing has oil injectiockpts at the pivot points. The calcula-
tions have been performed at nominal operating conditidtistive high pressure injection turned
off. The pocket has a surface area of 3.6 % of the total padardaesults in a 1.2 % decrease
of the minimum oil film and a 2.2 % increase in the pitch anglmpared to a plain bearing pad.
Mixing of the oil in the pocket results in cooling of the padfawge downstream of the pocket. The
maximum babbitt temperature is only slightly affected big ttooling effect as the hot spot is not
located directly downstream of the pocket.

The sensitivity of the results to variations of the diametiethe conical pocket has been studied
and the influence on key operating parameters are stateda®ynthe effect of varying the pocket
depth has been analysed. A shallow pocket is shown to imgh&/performance of the bearing. It
contributes positively to the pressure build-up as it hagatteristics similar to those of parallel-
step bearings. A deep pocket has a negative effect on therpenhice due to the loss of bearing
area.

Further validation of the models with regard to the influeateil injection pockets and high-
pressure oil injection is presented in chapter 4, in whicbragarison of theoretically and experi-
mentally determined pressure profiles is performed.

Further validation of the numerical behaviour of the modelen using variable grid sizes
are performed through grid convergency studies presentelapters 5, 6 and 7 for different pad
geometries.
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Chapter 4

Experimental Results

Few papers documenting the influence of injection pockethemehaviour of tilting-pad bearings
have been published. Hemmi & Inoue (1999) presented datangemting the tilting angle as a
function of speed for a tilting-pad thrust bearing subjechybrid lubrication. The pad has two
cylindrical injection pockets at the circumferential aentyuan et al. (2001) presented a comparison
of experimental data and numerical predictions for a lagéng-supported thrust bearing with
centrally placed ring-shaped injection pockets. The nigakpredictions were based on a model
developed by Ettles (1991). (Yuan et al., 2001; Ettles, 1@@Ilnot, however, present details of the
theoretical implementation of the injection pockets.

This chapter presents a comparison between theoreticdtg@snd experimental data obtained
in a test-rig for two different bearing pads of approximgat&00 cn? surface area. One pad has
a leading edge taper and an injection pocket. The other igia phd without taper or injection
pocket. The oil film thickness is measured at the four coroéte pads and pressure is measured
in the collar at four different radii. Measurements are iegrout at various loads and velocities,
with and without constant volume flow, high-pressure oikatjon. The test-rig is capable of test-
ing individual pads, not full bearings. Therefore, the thal boundary conditions such as rotor
temperature and leading edge temperature are differemtthose of full bearings. The test-rig is
located at Alstom Power (Switzerland) Ltd., Birr, Switzertl. Earlier Mahieux (2005) published a
comparison of data for babbitt, PTFE and PFA coated padsnautén the test-rig.

Results are given in the form of graphs showing the oil filnckhiess at the four corner points
as functions of load and velocity. Curves of the distribatod pressure are presented for selected
measurements showing the change in the pressure profilea@suhd velocity is changed. All
presented experimental data are compared to the corraggaheoretical values calculated using
the 3-dimensional numerical model. Some boundary conditio the model are adjusted to comply
with experimentally determined values. This approach &seh in order to isolate the comparison
between the experiments and the model results to those plegr@owhich are of interest. For
instance, the inlet pressure to a pad is set as a boundaritioond order to compare the pressure
profiles along the pad circumference as the primary objectithe comparison is to study the effect
of the oil injection pocket.

35
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Figure 4.1: Operational principle. The collar diameter.i&0m.

4.1 Test Facility

The operational principle of the test rig is shown in figur&.4Two pivot pads are hydraulically
pressed against opposite sides of a collar. The load isiggipirough spherical supports allowing
the pads to tilt freely. Movement of the pads in the planelfer® the babbitt surface is restricted.
The oil used is a VG46 mineral 0iji40.c = 40.1 mPas u90oc = 6.0 mMPas,py00c = 872 kg/m?,

¢ = 2090 J/kg/K, k = 0.13 W/m/K. A piston compressor provides a constant volume flow oi
injection, which can be varied from 0 to 400 &min per pad. Measurements are conducted on the
lower pad.

4.2 Measuring System

Oil film thicknesses are measured by eddy current sensorstemat the four corners of the pad,
hi, ha, hs andhy, as illustrated in figure 4.2. Four transducers placed in thiarcat four different
radii, p1, p2, p3 andp, measure the hydrodynamic pressure distribution. Theroqaes are build in

3 mm below the collar surface at the radii: 283.0 mm, 298.5 84,0 mm, 329.5 mm and 345.0
mm. The pad dimensions and the positions and sizes of theHibkrtess and pressure probes are
shown in figure 4.2. Two different babbitt (85% Pb, 14% Sb}edateel (DIN CK45, ASTM 1045)
pads are measured. One pad has a leading edge taper andrgectibn pocket at the pivot point.
The babbitt coating is 4 mm thick and all edges have a 1 mm atrarfhe other pad is measured
for reference. It has no taper, no injection pocket and tlgegdre not chamfered. The babbitt
coating has a thickness of 2.5 mm. The spherical pivot hadiagaf curvature of 300 mm. Figure
4.3 shows pictures with details of the test-rig, sensorseading pads. The load is determined by
measurement of the pressure in the hydraulic load systed8 2@mples of pressure and oil film
thickness are made during one turn of the rotor, approximdte4 pressure samples during one
pass of the pad. The eddy-current sensors are mounted iareplahich are fixed to the pad by
each two bolts as seen in figure 4.3(middle-right). The leq@dge holder is of 5 mm moulded
plastic. The trailing edge holder is of 2.5 mm aluminium. Tta&l holder is movable in the radial
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Y /

Figure 4.2: Left: The position of sensors and the dimensadiise pad with an injection pocket are

shown. all edges have a 1 mm chamfer. Top right: Positioneeptessure sensors in the collar.
They are positioned approximately 0.1 mm below the surf8cdtom Right: Cross section of the

injection pocket. A brass insert provides the injectionmmip

direction in order to ease the changing of bearing pads. atli@lrpositioning is done by eye. The
distance of the outer edge of the pad from the shaft centrehsarfore vary+0.5 mm from the
nominal value of 360 mm.

Prior to the measurements the eddy-current sensors abeatati outside the test-rig using a mi-
crometer screw and subsequently in the test-rig by meagth@aoutput voltages with and without
a disk of known thickness between the pad and the collar. Bas¢hese measurements the maxi-
mum uncertainty of the distance measurements is estimatseht2 %. The pressure sensors were
calibrated when installed, not prior to this set of experitseA discrepancy between the measured
values of the applied load and the pressure distributioedsnded as can be seen in the results sec-
tion of the paper. The measured value of applied loadd-i20 % higher than the integrated value of
measured pressure over the pad. This discrepancy leads-t058% uncertainty on the calculated
values of oil film thickness compared to the experimentalesl An example of oil film measure-
ments at the trailing edge of the pad is seen in figure 4.4(tdpg 2048 measurements cover the
circumference of the collar. The change in oil film thicknesa measure for the unevenness of the
collar. The measurements with the four sensors vary apgfox65 ym with standard deviations of
o~ [12,17,11,16] um for the sensor§, hy, hs, hy). The distance measurements represent the



38

Experimental Results

Figure 4.3: Top left: The test-rig. Top middle: The user ifgee. Top right: Pad shown in a

dismounted pad holder. Middle left: A view into the testwgh a dismounted pad. Middle right:

A view of the trailing edge. The distance sensors and the@ttion pipe is seen. Bottom: Pictures
of the tested pads taken after the measurements. The plhimgsea ground down surface finish.
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Figure 4.4: Top: An example of trailing edge film thicknessasi@ements (sensokg and ).
There are 2048 sampling points for one turn of the rotor. Tdsétjmn for the pressure measurements
and the position for calibration of the distance sensors&ied. Bottom: Distance from collar to
sensorh, at 143 evenly spaced points on the collar circumference. pBldels pressed against the
collar. Offset measurement 123 is used for calibration efdistance sensors.

distances from the sensors to the collar surface subtraatémtation values measured with the pad
pressed against the collar. Figure 4.4(bottom) shows #tartie from an eddy-current sensor to the
collar at 143 evenly spaced positions around the collauniference. The pad is pressed against
the collar. The graph shows variations similar to those ef2848 film thickness measurements.
To accurately determine average values of oil film thickrieesoffset values used for calibration
of the sensors are always determined in the same positidreafdllar (measuring point no. 123).
The measured offset in this position does not represent dammffset distance from the collar. The
calibration-offset value is therefore corrected to repné$he mean distance. E.g.,6h is added to
the calibration-offset value for sensor 4 as described urdigh.4(bottom). With these corrections,
the mean value of the 2048 sampling points represents tliagaséilm thickness. The calibration
is done at the operating temperature as the axial posititthea§ensors move up to Qusn/K when
changing the oil bath temperature due to thermal expangitresensor holders and bolts.

Data are presented for pads operating at 40°C oil bath teaatyer loads of 15 and 40 kN
and velocities varying from the minimum possible for eacddd®o a maximum of 1000 rpm. The
pad with an injection pocket is measured without and with 466/min constant volume flow
oil injection. At each operating condition, the measuretaeare carried out when the thermal
conditions have stabilized. Thermal equilibrium is ackewithin a couple of minutes.
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Figure 4.5: lllustration of the forces acting on the pad. Pphessure distribution in the oil film
and the Hertzian pressure distribution between the spdiesupport and the pad are indicated. The

centres of the pressure distributions are showi’asThe centres are offset bys. A resulting
moment)/,., in the pivot point is therefore necessary.

4.3 Simulations

Simulations are carried out for comparison. The pad with é&ebis simulated as a pad 6f =
19.64°, 0,;, = 11.82°, r; = 269 mm,r, = 359 mm and a 9 mm taper at the leading edge. Thus,
the dimensions of the test pad are reduced by the 1 mm chamfdl edges. The pad is modelled
as a solid steel plate of 40 mm thickness. The influence of @ikt layer is neglected. All other
dimensions are as stated in figure 4.2. The boundary condiaoe as follows: The collar tem-
perature is set equal to the mean value of the five experiineoitar temperature measurements.
The scatter between the five measurements is generallyhkesd K. The leading edge temperature
profile is set uniformly equal to the collar temperature. Ashithe laminar velocity- and temper-
ature boundary layers grow to thicknesses much larger tiaretding edge oil film thickness it
is reasonable to assume the temperature variations in thkedawection to be small justifying the
choice of boundary condition. A grid of 3B0x (10+10) control volumes is used.

The force and the moment acting at the centre of the spheuiiatl can be calculated from the
experimentally determined pressure curves. The curvesxdrapolated to a grid covering the pad
and numerically integrated. As will be shown in the resuttstion of this paper the moment is not
zero as it is assumed in the theoretical description of tbelpm. Figure 4.5 shows a schematic
illustration of the forces acting on the pad. The measuredsure profiles indicate centres of pres-
sure located to the trailing edge side of the pivot point.uksimig the Hertzian pressure distribution
on the interface between the spherical pivot and the pad sytenetrical around the centre of the
pivot there must be a resulting moméit,. , acting at the pivot point. As an example, the forces and
moments are stated for the operating conditians:= 40 kN, w = 1000 rpm. The force determined
from the numerical integration of the pressure curve.is= 37.3 kN and the resulting moment is
M,.. = 108 Nm. From the theoretical solution the friction force is eafted to b&igion = 133 N
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generating a moment of 2.7 Nm in the same direction as thaeqgbtessure distribution. It is 2.5 %
of M,., and its influence is negligible. The diameter of the Hertpeessure distribution between
the pad and the spherical support is calculated @ he = 8.5 mm. The resulting moment may be
generated by external forces acting on the pad but not irdlirdthe analysis or it could be a result
of an offset of the centre of pressure of the Hertzian presdistribution. The origin of\/,.., is not
known. In this report however, it is treated as an offset efgivot point, which for the presented
example isrgrse = 2.9 mm representing 2.6 % of the pad length. The rolling motiothef pad
on the spherical pivot will move the pivot position in theetition of the leading edge and give a
negative value in the figure. This effect is negligible as aves the pivot point only a few tenths
of a millimetre. Five sets of measurements with the plain gisithe same nominal operating con-
ditions (16 kN, 400 rpm) have been made. In between the measunts, the pad was built out of
the test-rig. The calculated offsets: [3.9, 2.4, 2.9, 2.8] 8im vary by 1.5 mm. The reason for the
offsets could be construction tolerances in the movingsparthe supporting structure. Possibly the
hydraulic piston positions itself at an angle in the cylindausing the spherical pivot to be angled
as well. A chain of tolerances of the necessary magnitudevieter not found.

The values of", andé,;, used as input parameters for the calculations are detedrtoreomply
with the experimental results. The values are calculatedyusimerical integration as described in
the previous paragraph. Similarly, the inlet pressure jasadd to comply with the experimentally
determined value. This approach is chosen because the maof aomparing measurements with
calculations is to validate the numerical model with regards ability to determine the pressure
distribution when a pocket is present in the pad surface.aipgsted input parameters are external
to the oil film and using the nominal values makes it difficoltevaluate the effect of the pocket
because the shapes of the theoretically and experimed&ttymined pressure profiles are different.
For comparison however, data are also presented using thalovalues ofF’, andd,,;, .

4.4 Comparison between Experimental and Theoretical Restd

4.4.1 Pressure profiles

Pressure profiles for selected measurements are compatieelot@tical values in the figures 4.6
to 4.8. Figure 4.6 shows curves for the plain pad operatintbatN, 600 rpm. In figure 4.6(a)

the nominal values of load and pivot position are used in dileutations. In the calculations of
figure 4.6(b) the pivot is moved 2.1 mm towards the trailingestb achieve moment equilibrium
with the measurements and the load is reduced to the expegtlyedetermined value. The dis-
crepancies between the measured and theoretical presstilespare much smaller when the pivot
point is moved and the applied load adjusted. Similar goodeagent between the theoretically
and experimentally determined pressure curves is founthéoplain pad at all other operating con-
ditions treated in this report. The figures 4.7 and 4.8 sh@mwritical pressure profiles obtained
using input parameters adjusted to give zero moment ane fdifterences between calculations
and measurements. The input data for these corrected siomdare stated later.

In figure 4.7 curves are shown for the pad with a pocket withhilgla-pressure injection turned

off. The influence of the pocket is larger at small oil film #knesses, i.e. at high loads and low
speeds. The pocket stretches from appthx. = 10°— 6,,, = 14°. There is a significant pressure
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Figure 4.6: Comparison of measured (red lines) and similif@iele lines) pressure profiles for the
plain pad. Calculations in (a) are performed with nominatragping conditions. In (b) the pivot
point is moved and the load reduced to give force and momaeuilil@gum with the measurements.
The line legend shown in the left figure also applies to theréigd.6(b), 4.7 and 4.8.

build-up in this area at a load of 15 kN. At 40 kN where the degitthe pocket is larger relative

to the oil film thickness the build-up is smaller. The themadtand the experimental curves do not
correspond as well to each other as in the case of the plainTedgeneral shapes of the pressure
profiles are described well & = 15 kKN. The measurements with sensors 3 and 4 are higher than
the ones with sensors 1 and 2. This indicates that the paddgepi so that the oil film thickness at
the outer radius is smaller than at the inner radius. At higld$, the simulated pressure profiles are
less accurate. The predicted maximum pressure is smadlerthie experimental value by 10 % as
the model under predicts the pressure rise after the pocket.

In figure 4.8 oil is injected at a volume flow of 400 &min. At the load of 15 kN shown and at
all presented velocities the pressure curves are well bestby the theoretical model. Again, the
measured pressure profiles indicate that the pad is tiltggyea smaller oil film thickness at the
outer radius. In figure 4.8(a) the constant pressure indigdhe position of the pocket is seen to
have a larger circumferential extend for sensor 3 comparaeénsor 2. This indicates that the pad
is positioned slightly inaccurately in the radial directio

The simulated pressure profiles shown in figures 4.7 and 48ryredict the influence of the
pocket. This is especially clear at high loads whereas $@epancies are small at low loads. Inside
the pocket, the measured pressure rises little followeddbgep rise after the pocket. The theoretical
model predicts a steeper pressure rise inside the pocketdosgquently a lower pressure rise after
the pocket.

As the pressure profiles for the plain pad show good agreewiémthe theoretical results it is
natural to assume that the discrepancies seen in figurg 4rid¢d) are results of a poor description
of the pocket influence by the model used. In figure 4.9, howeveomparison of measured
pressure profiles is made for three different pads. Reswoilta fpad without a pocket but with a
taper are included. The pad is seen in figure 4.10. It has acufinish similar to that of the pad
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Figure 4.7: Comparison of measured and simulated pressofitep for selected operating condi-
tions for the pad with an injection pocket.

with an injection pocket. The pressure profiles for the pfad with an inlet taper behave in a way
similar to those for the pad with a pocket. In both cases a drmpsubsequently a rise in pressure
is seen atl = 14 — 16° for the sensors 1 and 4. This may be a result of the unevemfdbs
collar as it is described in figure 4.4. The plain pad withauyter has a highét,,.... /b, —ratio
and it is therefore less likely that the unevenness of thircalill result in a diverging oil film
for this pad. The unevenness of the collar has an increasiiigence as the oil film thickness
becomes smaller and it may therefore contribute to the elsercies between the theoretical and
experimental results, which are seen in figures 4.7(c) an@}. Furthermore, the surface finish
may influence the results. The plain pad without a taper hiasligg tracks in the direction of
motion. These tracks inhibit the flow perpendicular to tleeks and thereby reduce the pressure
fluctuations seen in the measurements of the other two pads.

The simplified flow description, which follows from using tReynolds equation, neglects terms
that may significantly influence the flow in the pocket. Chaniganertia at the edges of the pocket
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Figure 4.8: Comparison of measured and simulated pressaofitep for selected operating condi-
tions when oil is injected at a flow rate of 400 ¢/min.

result in reduced pressure at the leading edge of the poc#et Bse in pressure at the trailing edge.
This is a result of the recirculation flow in the pocket actati@g the oil entering the pocket. Ettles
& Donoghue (1971) discussed this. Simulations for 15 kN,QLffim show an acceleration of the
oil at the mean radius from an average speetl4ifU before the pocket leading edge to more than
0.95U. The influences of inertial changes are likely to increasenportance as loads are lowered
and speeds are raised. The discrepancies between thetitea@ed experimental pressure curves
do not, however, increase with the velocity and it is conetlithat the large discrepancies seen in
figures 4.7(c) and 4.7(d) are results of other factors thartial effects.

4.4.2 OQil film thickness

Film thickness measurements and simulations are compariéguire 4.11. The gradients:/df
at the leading and trailing edges of the pad are used to lineatrapolate the simulated oil film
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Figure 4.9: Comparison of measured pressure profiles forpmbut taper or injection pocket
(dashed lines), pad with taper but no injection pocket (finks) and pad with taper and injec-

tion pocket (dotted lines) operating without oil injectiah 39 kN, 400 rpm. Left:p;- and p,-
measurements. Right;- andp,-measurements.

thicknesses to the measuring points. Simulation valueshare/n using nominal values (e.§, =
15 kN, 6,,, = 12°) and also using values corrected to give zero force and modedicits between
calculations and measurements (e:g= 14.2 kN, 6,,, = 12.38°).

For the plain pad, the experimental values g
leading edge oil film thickness correspond we
with the simulations. The model less accurately
determines the trailing edge values. As the loadli§
increased, the discrepancies become larger. T
for the plain pad, the simulated values/gfand
h4 are 9um or 25% lower than the experimenta
values at 40 kN, 1000 rpm. Similar discrepancig
are seen both with and without oil injection fo
the second pad. The reason for this discrepanc
probably a measuring error. As earlier stated t
distance sensor holders move due to thermal el
gation of the pad, sensor holders and bolts. T
temperature in the pad increases with load and ve-
locity and therefore the possible inaccuracy due
to this phenomenon also increases. Simulations
predict the mean pad temperature at the trailing edge to & &340 kN, 1000 rpm. As the sensors
move up to 0.5:m/K this corresponds to a 12m inaccuracy on the measurements of the oil film
thickness. At these operating conditions, the measurefilrnithickness is approx. 3pm at the
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Figure 4.10: Plain pad with taper.
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velocity [rpm] | 200 | 400| 600 | 800| 1000
Fioad = 15 kKN | error estimatem]

leading edge | 1 2 2 2 2
trailing edge | 3 5 6 7 7
Fioad = 40 kN
leading edge | 2 2 3 3 3
trailing edge | 3 7 9 11 | 12

Table 4.1: Error estimates on the measured oil film thickness

trailing edge. The calculations are approx.r@ smaller. The results deviate with 75 % of the esti-
mated accuracy. Estimates of the error at all the operatingitions stated in the figure are given
in table 4.1. The thermal conditions are similar for the td®so the estimates apply to both. The
errors seen in figure 4.11 on the trailing edge oil film thicksare within the range given in table
4.1. The leading edge errors are larger than those predicted

For the pad with a pocket, the theoretical thicknesses abittitm do not correspond as well to
measurements as those for the plain pad. At the trailing,egtigeexperimental values are higher at
the inner radius than at the outer radius indicating thaptkis tilted radially. This was also seen
in the pressure measurements in the figures 4.7 and 4.8. €beetltal values indicate a slight tilt
in the other direction.

The results with high-pressure injection in figure 4.11¢@) &) show a reasonable agreement
between the measured and calculated values of trailing @tifien thickness as the velocity goes
towards zero. This good agreement is achieved with the idatat corrected for force and moment
deficits. With the nominal values of load and pivot posititime trailing edge oil film thickness
is much higher. This shows that the behaviour of the pad duwtart-up with high-pressure oil
injection is sensitive to the position of the pivot. Caldidas predict oil film thicknesses at zero
velocity of [hg, ha|isen = [25, 24], [hs, halsoen = [18, 18] at the nominal conditions while the values
arelhg, ha|isen = [9, 7], [hs, halaorn = [9, 8] at the corrected pivot locations.

In figure 4.12 the inputs data for the numerical model areedtdtigure 4.12(a)(b) present the
loads applied in order to achieve zero force deficits betweemrmeasurements and the theoretical
results. At 15 kN nominal load, the loads determined fromdih&lm pressure measurements are
1 — 11 % smaller. The mean value in figure 4.12(a) is 6 % lower thamtmainal value. At 40
kN nominal load, the loads determined from the pressure oneasents ard — 9 % smaller. The
mean value in figure 4.12(b) is 6 % lower than the nominal valadigure 4.12(c) the offsets in
the angular direction of the pivot point which are used in ghreulations are stated. The offsets
vary between 0.6 and 3.4 mm in the direction of the trailingeedThis corresponds ta5 — 3.1
% of the pad length. The resulting moment acting at the nolnpiosition of the pivot point can be
calculated from figure 4.12(a)c). Figure 4.12(d) and (e) show the leading edge pressuré¢han
rotor temperature used in the calculations. These inpainpaters are set equal to measured values.
At high velocities, the leading edge pressure is smallemdpyax. 25 % when the pad has a taper.

In figure 4.13 simulation results are shown for a pad opeyadinl4 kN, 400 rpm. The vol-
ume of the pocket significantly affects the temperatureritistion. The effect is probably larger
than it would be in most bearings because the collar temerat the test-rig is relatively low in
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Figure 4.11: Comparison of measured and calculated oil filickhesses. (Full lines: Measure-
ments. Dashed lines: Calculations using nominal valugs ahdé,,;,. Dotted lines: the pivot point
is moved and the load reduced for force and moment equitibriith the measurements.) Top
figures show leading edge film thicknesses. Bottom figuresepitarailing edge values. Figures (a)
and (d): Results for the plain pad. Figures (b) and (e): Redat the pad with a pocket. The oil
injection is turned off. Figures (c) and (f): Results withD4@m*/min oil injection. Symbols:x, O,
+ ando represent measured values. Additionally, measuremeaiseaiformed with intervals of 10
rpm from the minimum possible of 20 rpm to 120 rpm for the padraged with oil injection.
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Figure 4.12: Input data for the calculations in which theopipoint and the load are adjusted
for moment and force equilibrium with the measurements. bmenclature for all figures is
defined in (d). Figure (a) illustrates the loads used whemtminal condition is a load of 15 kN.
Data for various collar speeds and three bearing configuratre given: pad without pocket”,
pad with pocket but without high-pressure injectiafi and pad with pocket and 400 ¢/min oil
injection ‘O’. Figure (b) illustrates the same data for a moshload of 40 kN. Figure (c) presents the
pivot offsets resulting in moment equilibrium with the messments. Figure (d) shows the leading
edge pressures determined form measurements and usedca¢hkations. Figure (e) shows the
measured collar temperatures used as a boundary conditiba calculations.

comparison with the maximum temperature in the babbittrlaye

An experimental study of the influence of oil injection is geated in figure 4.14. The oil film
thicknesses measured with oil injection turned on are coetpt those measured with no high-
pressure injection. At a load of 15 kN the oil injection raighe mean film thickness by 14m
at 600 rpm and by 1&m at 400 rpm. At a load of 40 kN it raises the mean film thickngs8 b
pm at 600 rpm and by 7Zm at 400 rpm. The change in the tilting angle depends on theabpg
conditions. At both 400 rpm and 600 rpm, it results in a higkiprangle at a load of 15 kN. The
kip angle is reduced dt, = 40 kN when the high-pressure oil injection is turned on.

4.4.3 Lift-off oil film thickness

In figure 4.15 a comparison between measured and theoréticdf height is shown. The measure-
ments are performed by hydraulically pressing the pad ag#ie collar and measuring the offset of
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Figure 4.13: Theoretical values of ail film thickness, patlet#ion, pressure and babbitt tempera-
ture for a pad operating af, = 13.92 kN, velocity= 400 rpm, §,,,, = 12.05°

the distance sensors. Subsequently the offset is measittetthevhigh-pressure injection turned on.
The differences between the offset values are shown in theefigcight measurements at random
positions on the collar are performed at each load. The gporeding simulations are performed
with a speed of 0.01 rpm, a collar temperature of 40 °C and thighnominal values of load and
position of the pivot. The results are higher than the expenital values. This is as expected as the
unevenness of the collar causes a remaining layer of oildetwhe pad and collar when the initial
offset measurement is performed. The errors between tbedtieal values of oil film thickness and
the measured values are within the values of the standardtibas on the variation on the collar
surfaces ~ [12,17,11, 16] um for the sensor§, ho, hs, hy| as they were calculated in section
4.2. Assuming the pivot located further towards the trgilgdge could explain the differences in
the measured and calculated trailing edge oil film thickn@sswas previously shown, the trailing
edge lift-off film thickness is very sensitive to small vadideas in the pivot location.
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Figure 4.14: Comparison of measured oil film thicknesses itll lines) and without (dashed
lines) 400 cm/min oil injection. Left: Leading edge film thicknesses. RigTrailing edge values.

4.4.4 Thermal bending

The bending of the pad due to thermal gradients is measureg asstrain gauge arrangement as
seen in figure 4.16(top). 35Q, 6 mm gauges with gauge factér= 2.06 are used. They are
compensated for the smallest available linear thermalresipa coefficient which has a value of
a = 0.5-10"% K™, approximately 4.5 % of the value for steel. The influenceenfiperature on
the measured strain is thereby minimized. The strain-gaage arranged in two half bridges for
respectively the inner radius and the trailing edge. Thertitecal values of strain in the positions
of the strain-gauges are calculated using Taylor expasgibthe deflections as described in figure
4.16(bottom).

In figure 4.17 experimentally and theoretically determinatlies of strain in the positions of
the strain-gauges are shown for two different speeds art$ learying from 15 kN to 65 kN. It is
seen that the calculated strains obtained with a correct@d point are within a 20 % difference
from the experimental values. The average deviation fragrettperimental values is 7 % . These
results indicate that the flat plate approximation usedHerdalculation of the bending of the pad
yields results which are within a reasonable accuracy ohtteal behaviour.
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ness. the simulated values of pad deflection

The influence of thermal bending on the oil film thickness a#l a® the pressure and tem-
perature distributions for a pad operating at 15 kN, 400 r@am loe seen in figure 4.13 showing
simulation values. The figure shows results for a pad witmgttion pocket in order to show the
influence of the pocket on the pressure and temperaturébdistins. The values of deflection for
pads with and without injection pockets deviate little.

4.5 Conclusion

Oil film thickness and pressure profiles have been measurdaavéodifferent thrust bearing pads
of approximately 100 cisurface area. One is a plain bearing which is measured fererate.
The other is a pad with a leading edge taper and a high preisgeicéon pocket which is measured
with and without constant volume flow high pressure oil itige. The pads operate at loads of
approximately 1.5 and 4.0 MPa and velocities of up to 33 mfe measurements have been per-
formed in order to study the influence of injection pocket&eybearing parameters and to validate
a numerical model.

Simulations and measurements of oil film thickness agreé¢ atdbw loads. As the load is
increased discrepancies become larger at the trailing duggis due to a measuring error which is
proportional to the difference between the oil bath and patperatures. For the plain pad operating
at 15 kN, 400 rpm the calculated values argr2 or 6 % lower than the measurements. At 40 kN,
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Figure 4.17: Comparison between measured and theorgtetkrmined values of strain.

1000 rpm the calculated values ar@® or 25 % lower than the measurements. The results when
oil is injected at high pressure show that the start-up ail thickness depends strongly on the pivot
location. The start-up behaviour is predicted well by thedeio

The pressure measurements indicate that there is a mom#ra aircumferential direction at
the nominal position of the pivot point. As no external faeee found it seems that the pivot point
is shifted towards the trailing edge compared to the nonpoaition. This is likely to be due to
construction tolerances. When the pivot point used in theerical model is shifted.6 — 3.4 mm
(0.5 — 3.1 % of the pad length) in the direction of the trailing edge thedretical pressure profiles
for both pads correspond well to those experimentally oletior low loads. The influence of the
pocket is slightly under predicted at low loads, i.e. thegktions predict a slightly higher pressure
rise over the pocket than documented by the experiments.ightlbads the theoretical pressure
profiles correspond less accurately as the experimentshidua strong pressure rise after the
pocket, which is not predicted by the model. It is assessaitiiese discrepancies are due mainly
to geometric inaccuracies of the collar surface althougly thay to some extend be due to the
simplifications employed in a Reynolds equation descniptibthe pocket flow.

Using a strain-gauge arrangement the deflection of thermpped due to pressure bending and
thermal gradients has been measured at various operatiiifions. An average deviation of 7 %
between the measured values of strain at the inner radiusitating trailing edge and the values
theoretically determined from the model is recorded. ltosauded that the model determines the
bending of the pads to a reasonable level of accuracy.



Chapter 5

Analysis of Standard Tilting-Pad Thrust
Bearings

In this chapter bearings of conventional design with andheuit oil injection pockets at the pivot
point are studied. An investigation of the influence of vasigparameters on the friction loss, the
load carrying capacity and the optimal position of the ppoint is performed. The influences of
pockets, of pad bending and of the pad length-to-width iatemalysed. The 3-dimensional TEHD
model is used.

Calculations have shown that a good performance, i.e. ¢toge minimum friction loss for
a given minimum oil film thickness is achieved when the beppads tilt so that the minimum
oil film thickness is located at the centre of the trailing @ddrhis is generally not the case in
a tilting-pad thrust bearing with the pivot located at theameadius. In a bearing in which the
thermal crowning of the pads is insignificant the minimumfdrh thickness may be located at
the inner or outer trailing edge corner depending on the gégnof the pads. A Michell type
bearing with a line pivot can be constructed with the pivagraéd with the trailing edge to fulfill
the criterion of minimum film thickness at the mean radiusisTdorresponds to moving the pivot
in the radial direction in bearings with spherical pivots.order to generalize the results and study
the improvement on the friction loss, calculations in whibk pivot position is radially adjusted
to achieve a minimum oil film thickness at the centre of thditrg edge are performed as well
as calculations with the pivot positioned at the mean radhAlthough some boundary conditions
do not in this case correspond to those employed in the asalysa Michell type bearing the
differences are small and the predicted performance ircteti@responds to the performance of a
Michell type bearing with the pivot aligned with the traijredge.

5.1 Influences of Oil Injection Pockets and Thermal Bending

Bearing pads both with and without cylindrical oil injeatipockets are investigated. Pads with two
different pocket sizes are studied. The diameters of thkgie@re chosen to span the sizes normally
used for hydrostatic jacking. The influence of the pivot posion the load carrying capacity and
friction loss is investigated. Furthermore, the influentpax bending is analysed.

Calculations are performed on an 8-pad example bearingavghd length-to-width ratio of

53
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Figure 5.1: The influence of oil injection pockets. Left: ldoearrying capacity at different pivot
locations. Right: Power loss at different pivot locatiofke results are nondimensionalized to give
values of 1 in the optimum points.

0.9. The bearing operates using a VG32 mineral oil undey fidbded conditions. A cylindrical
pocket with diametetl, and depth,, centred at the pivot point allows for hydrostatic lift-oBata

for the bearing and oil aref, = 37.5°, r; = 0.509 m, r, = 1.091 m, r;, = 0.800 m, h, =

2.0 mm, jg00c = 27.1 MPas,ugpec = 6.8 mPas,p = 848 kg/m?, ¢ = 2090 J/kg/K, k = 0.13
W/m/K, F, = 5.00 MN, w = 400 rpm, T, = 40°C, T, = 55°C. A variable sized grid with
n, X ng X (n, + "zpad)=24>< 24x(10+10) control volumes is used in the calculations. Theaye
density of the volumes in the area of the pocket is 1.5 timghdri than in the oil film. Bearing
pads with pockets of, = 100 mm andd, = 200 mm and plain bearing pads (without pockets) are
studied. Two different grids designated griahd grid are used for respectively the bearing with
the small pocket and the bearing with the large pocket.

Using the procedures explained in chapter 2.4 the effectaofing the dimensionless pivot
Iocationépiv = 0, /0paa ON the load carrying capacity and on the power loss is studiedinimum
oil film thickness of 75um is the criteria used in the calculations. Thus, for the wtotlload
carrying capacity the load is adjusted to comply with thigecion. For the study of power loss the
load is kept at 5 MN while the pad surface area is adjusted maptp with the criterion. A fixed
length-to-width ratio is maintained.

Curves showing the nondimensional load carrying capacitifaction loss as functions of the
pivot position are given in figure 5.1. The optimal pivot laoas with respect to both maximum
load carrying capacity and minimum power loss move towanésléading edge with increasing
pocket size. Introducing a pocket in a bearing pad incretsegpitch angle due to the change in
pressure pattern. To compensate for this effect the pivation should be moved towards the
centre of the pad. In figure 5.1(left) the optimal load cargycapacity is seen to be achieved at
G_I,iv,opt = 0.57 when a plain pad is analyseéimv,opt = 0.54 with a pocket diameter of 200 mm. In
figure 5.1(right) the effect of pockets on the optimal pasitof the pivot point is seen to be larger
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as it moves fromgpw,opt = 0.62 for a pad without a pocket té,,iv,opt = 0.58 when a pocket of
d, =200 mm is machined at the pivot point. However, the optimunelatively flat. If designing a
bearing without taking the pocket into account and positigrthe pivot atd,,, = 0.62 the bearing
with the @100 mm pocket will have a friction coefficient 0.2 dglrer than the optimal while the
coefficient for the pad with the @200 mm pocket will be app@%6 higher than the optimal value.
This indicates that standard design charts for bearingsowitoil injection pockets can be used in
the design process while still maintaining a near optimalgte

Figure 5.2 shows the oil film thickness, pad deflection, pressnd pad surface temperature
for the three different pads with the pivot location optiedzfor minimizing the power loss. The
tilting angle decreases with the pocket size. The effecbisdver relatively small. The pressure
distributions in the pocket areas are almost constant. Tikegin the pockets of the hot oil at the
pad surfaces with the colder oil at the collar surface resualcooling of the pads downstream of
the pockets. The effect only influences the pads directlyrdtvgam of the pockets and as the hot
spot is usually located at a larger radius close to the tigaiidge it is not significantly lowered by
the mixing in the pocket.

The effect of thermal deflection of the pads is studied. Tloening of a pad can be controlled
in different ways: changing the pad thickness, multi layenstructions, changing the backing
material etc. Here, it is chosen to study the effect of vayyire pad deflection without considering
the method of achieving such a variation. The deflectiortistacescribed in chapter 2.4 and figure
2.5is used to control the amount of crowning. A deflectiowtitm of 1 corresponds to the nominal
conditions with the deflection distribution shown in figur@@ottom row).

Figure 5.3 shows the nondimensional load carrying capaaitlfriction loss for the plain pad at
four different deflection fractions: 0, 0.2, 0.5 and 1, irading ratios from no deflection to the nom-
inal crowning with a pad thickness of 0.3 m. The optima are mmore clearly defined when the
pads are considered rigid than when thermal crowning isidezd. This indicates that positioning
the pivot correctly in the circumferential direction is reomportant in bearings with insignifi-
cant thermal bending than in the typically larger bearingere the oil film distribution is strongly
influenced by thermal bending. The optimal position of theppoint with respect to the load
carrying capacity is strongly influenced by the bending. hfitt bending),;, ,,; = 0.62 while it
is épw,opt = 0.57 at the nominal conditions. The values@tv minimizing the friction loss is less
influenced by the crowning?mwm = (.63 without deflection, while it is approxépw,opt = 0.62
at the other conditions. Designing the pivot location of arivey without considering thermal de-
flection therefore only results in a minor increase in thetioh loss for this bearing geometry. At
épw = 0.63 the friction loss with the nominal deflection is 0.25 % higkigan the minimum value.
It should be noted that the influence of the deflection fractio the optimal pivot location depends
on the bearing geometry. Calculations with a 6-pad bearitiy length-to-width ratios of 1.2 show
a stronger variation with the deflection. With respect toimiming the friction Ioss§piv7opt = 0.65
without thermal crowning while it iépw,opt = 0.615 when pad bending is included.

In the following the deflection fraction is varied betweemazand one so that only a fraction
of the deflections shown in figure 5.2 are used in the cal@xiati The optimal pivot location and
the corresponding minimum power consumption are seen irefigi(a). In figure 5.4(b) the radial
pivot location is adjusted so that the minimum oil film thielgs is located at the mean radius at
the trailing edge. As is also seen in figure 5.3(right), figbi&(a-right) shows that with increased
bending of the pad the optimal position of the pivot movesaiais the leading edge of the pad. The
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Figure 5.2: From left to right: Simulation results withoytacket, with a @100 mm pocket and with
a @200 mm pocket. The simulations are performed with thetpoaation minimizing the power
loss. From top to bottom the figures show: oil film thicknessspure, pad surface temperature and
pad deflection.
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Figure 5.3: The influence of thermal bending (Pad withowdatipn pocket). Left: Load carrying
capacity at different pivot locations. Right: Power lossliffierent pivot locations. The results are
nondimensionalized to give values of 1 in the optimum points

optimal value of deflection is seen to be approximately 40 dhehominal value. With this amount
of bending the friction loss is 5 % lower than the loss whenghéd is flat. The example bearing
is of a large size. In such bearings the deflection has a lafgence on the olil film thickness. In

smaller mass-produced bearings the influence of deflectiemaller and sometimes negligible. It
is however seen that an amount of bearing deflection or paciue is preferable to a flat surface.
The reason is that curvature in the radial direction resalesbetter oil film thickness distribution

in which the minimum value is located somewhere around tireef the trailing edge and not

in either of the two trailing edge corners as is the case oftgp#ld. The bearing with @200 mm

pockets produces a larger friction loss than the plain pake Bearing with @100 mm pockets
produces a smaller friction loss than the plain pad - at liesst range of deflection fractions. The
results indicates that introducing pockets in a bearingqoadid lower the friction loss. The results
of figure 5.4(b-left) show that when the radial tilt of the kiag is controlled a flat pad not subjected
to any curvature is preferable as it produces the smallesioin loss. The figure also shows that
both pads with oil injection pockets have smaller fricti@etficients than the pad without a pocket.
With an @200 mm pocket the reduction in friction is up to 2.5élative to the plain pad. Figure

5.4(b-right) presents the corresponding pivot locatiortbé circumferential direction. These would
be the optimal positions of the pivots if designing with lipeots.

5.2 The Influence of the Length-to-Width Ratio

The length-to-width ratio of the individual pads influentes performance of the bearing due to the
differences in the convergence of the oil film. In the follagithe influence of the length-to-width
ratio is examined. Tilting-pad thrust bearings with 4, 58@nd 12 pads are studied. The mean
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(b) rpiv is adjusted so that,,;,, is positioned at the centre of the trailing edge.

Figure 5.4: Left: Minimum obtainable power consumptiontwdifferent pocket sizes and different
values of pad deflection. Right: The corresponding optimaltpocations.

radius is 0.8 m. The width of the bearings vary from 0.55 m &b@epending on the number of
pads and the angular extend of all the pads. All pads haveknigss of 0.3 m.

In figure 5.5 power losses, optimal angular pivot positioms @ptimal radial pivot positions are
shown. For rigid pads with the pivot positioned at the meaiusithe optimal length-to width ratio
is 1.2. This corresponds to a 6-pad bearing. The reasonitcam be seen in 5.5(right) showing
the radial position of the pivot point which leads to a minmaoil film thickness at the centre of
the trailing edge. The usual praxis of positioning the patothe mean radius fulfills the criteria of
a minimum oil film thickness at the centre of the trailing edg@ length-to-width ratio of approx.
1.2. At lower length-to-width ratios positioning the pivatt the mean radius leads to a minimum
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oil film thickness at the inner trailing edge corner while gfrhlength-to-width ratios the minimum
oil film thickness is located at the outer trailing edge corfads, which experience strong thermal
crowning have higher optimal length-to-width ratios (appr 1.4-1.8). This is also the case for
bearings in which there is no radial tilting at the trailirdge. Figure 5.5(middle) shows the optimal
circumferential pivot location. The optimal pivot locatidirst rises with the length-to-width ratio
from aratio of 0.6 to 0.8 then falls from a ratio of 0.8 to 1.4oif a ratio of 1.4 to 1.8 it rises sharply.
The thermal bending of the pad increases with the pad letagthickness ratio and to achieve an
advantageous pressure distribution the nondimensiowal fgication moves towards the centre of
the pad for higher length-to-width ratios. At a ratio of Ih&tleads to cavitation at the trailing edge.
That is disadvantageous for the power loss because theffrictss in the regions with cavitation
is large while there is no contribution to the pressure bupd The optimal position of the pivot is
therefore closer to the trailing edge leading to a high&énglangle and no cavitation.

The optimal length-to-width ratio depends on the curvatinde pads. In the results discussed
in the previous paragraph the bearing outer radius is appeigly twice the inner radius. This is
a typical value for mass-produced bearings. The ratio afraatinner radius is rarely much larger
than 2. It is however not unusual to use bearings in whichr#tie is much smaller than 2. A ratio
of 1 corresponds to a rectangular pad. Such bearings cograsall6 or more pads of much lower
circumferential curvature. In order to illustrate the aéion in the optimal length-to-width ratio
depending on the pad curvature a rectangular pad is studieel rotor temperature is 55 °C, the
oil bath temperature is 40 °C and the leading edge temperetget equal to the rotor temperature.
The speed is 30 m/s and one pad carries a load of 1.0 MN. Thegrads3 m thick. Pads with
length-to-width ratios of 0.2 to 2.0 are studied.

Figure 5.6(left) shows that length-to-width ratios of ©80 result in small friction losses. Fig-
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Figure 5.6: Left: Minimum power loss at different lengthwadth ratios of a square bearing pad.
Right: The corresponding pivot locations.

ure 5.6(right) shows optimal nondimensional pivot locasiavhich for flat pads are between 0.01
smaller and 0.035 higher than those presented for sectpedhmads in figure 5.5(middle).

Based on the results of figure 5.5 and figure 5.6 it is conclubatithe length-to-width ratios
of the pads of tilting-pad thrust bearings should be kephwithe interval [0.8; 1.8] to minimize
friction. The choice of ratio within this interval depends the curvature of the pads.

5.3 Conclusion

Tilting-pad thrust bearings of standard design with andhauit oil injection pockets have been stud-
ied. The influence of thermal bending, pad length-to-widtiorand pad curvature on the friction
loss and the optimal circumferential position of the pivoir has been investigated. Furthermore,
the influence of thermal bending on the load carrying capaeis been studied. In addition to study-
ing bearings in which the pivots are radially positionedhat inean radius as is the usual praxis, a
comparative study has been made with bearings in which tlot igilocated so as to result in zero
radial tilting at the trailing edge. This corresponds to ledaviour of a Michell type bearing with
the line pivot aligned with the trailing edge.

Oil injection pockets at the pivot point - with the oil injéah turned off - cause higher pitch an-
gles than in bearings without pockets due to the changegipréssure distribution. To compensate
for this the pivot point should be moved towards the centrthefpad. Within the range of pocket
sizes usually used for high pressure injection this resultptimal pivot locations up t0.04 - 0,4
smaller than the optimal positions in plain bearing pads.

The thermal crowning of the bearing pads influences the @bwsition of the pivot point. The
larger the thermal crowning, the lower the optimal nondigienal pivot location. The influence
is however small for the example bearing and designing witlbonsidering the crowning induces
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only slightly higher (0.25 %) friction losses. The optimusfiatter when the pads are crowned.
Thus, it is more important to correctly position the pivobigarings where the pad curvature due to
thermal bending is small.

Bearings with various length-to-width ratios have beeristd. The optimal length-to-width
ratio has been shown to be between 0.8 and 1.8. The choicgmWuithin this interval depends on
the curvature of the pads. The higher the curvature the highlke optimal length-to-width ratio.
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Chapter 6

Analysis of Tilting-Pad Bearings with
Shallow Recesses

Parallel-step bearings have smaller friction coefficights tilting-pad bearings. Several reasons
however, disqualify this bearing type for use in many aggtian. The performance of parallel-step
bearings strongly depends on the operating conditionsthe bearing must be operated at an oll
film thickness close to the design value. This also implias wear reducing the height of the step
reduces the performance significantly.

This chapter analyses the theoretically obtainable padioce improvement of parallel-step
bearings compared to tilting-pad bearings. The possitolitapplying features of the parallel-step
bearing to tilting-pad bearings in order to create a doufdérie tilting-pad bearing with improved
performance is investigated. The results of chapter 3.2abel that the performance of tilting-pad
bearings can also be improved by the use of enclosed shadloegses. Calculations show this to
be a special case of bearings with inlet pockets - but withrgroperformance. Enclosed shallow
recesses are not investigated further. The results of Hapter are obtained using 1-dimensional
and 2-dimensional bulk flow analysis.

6.1 1-Dimensional Double Incline Bearings

In the following a 1-dimensional isothermal analysis of aible incline tilting-pad bearing is per-
formed. A bearing pad with a length of 0.5 m operating at a dp#e30 m/s, a load of 1.0 MN
and a temperature of 55 °C is analysed. The width of the bg#&siadjusted to achieve a minimum
oil film thickness at the trailing edge of 7om. The geometry of the bearing is shown in figure
6.1(left). The height and position of the step atg/h;. = 0.98 andL/L,.q = 0.79. These are the
dimensions giving the minimum friction loss at a tiltingeg@ of zero. At this tilting-angle the bear-
ing behaves as a parallel-step bearing. The values of stgpttand step position available in the
literature (Hamrock et al., 2004) giving the maximum loadgag capacity:hs/h,. = 0.897 and
L/ Lpeq = 0.718 result in a friction loss 2.25 % higher than the minimum val&eure 6.2(left)
shows the friction loss of the double incline bearing ateddht tilting-angles. The results are com-
pared to those for a single incline bearing. The best pedona is achieved at a tilting-angle of
zero where the power loss is 13.4 % lower than the minimumimditée loss with the single incline

63
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Figure 6.1: Left: The bearing used in the 1-dimensionalysisl(side view). Right: The bearing
used in the 2-dimensional analysis of rectangular padsviep).
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Figure 6.2: 1-dimensional analysis of a bearing with= 0.98 - h,c andL, = 0.79 - L,,4. Left:
Friction loss as a function of the pad convergence ratio.hRigriction loss as a function of the
corresponding nondimensional pivot positibp, / L

bearing. Figure 6.2(right) shows the power loss as a fundidhe pivot position. The optimal pivot
positions for the two bearings are both located at values,Qf L,.. between 0.59 and 0.60. The
friction loss of the single incline bearing is relativelysgnsitive to the pivot position compared to
the double incline bearing, in which the power loss risestewith the offset from the optimum.

6.2 Rectangular Parallel-Step Bearing Pads

Figure 6.1(right) shows a parallel-step bearing with sateds. The recess is rectangular and has
a uniform depthj,. Figure 6.3 presents a THD-analysis of the bearing pad foowsa side land
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Figure 6.3: 2-dimensional THD-analysis of the design of ealpal-step bearing with side lands.
Left: The minimal obtainable friction loss as a function bétstep position. Results are stated for
various side land widths. Right: The corresponding optistep height.

widths, W, and step positions,;. The operating conditions aré/ = 30 m/s, F, = 1.0 MN,
T, = 40 °C and7,. = 55 °C. The pad area is adjusted to give a minimum olil film thiclenes
75 um. For each combination d¥/;; and L, the step height,, is optimized to give the minimum
friction loss. A grid of 50<50 control volumes is used in the calculations .

In figure 6.3(left) the friction loss is shown. For comparisine minimum obtainable fric-
tion loss of a tilting-pad bearing is also presented. FiguB{right) shows the corresponding step
heights. ForlV,;, = 0, indicating a bearing without side lands, the friction Iassore than 20 %
higher than the minimum obtainable friction loss of a tiffipad bearing. The side leakage in this
bearing is high and it does not perform well. When introdgcéide lands figure 6.3(left) shows
that narrow side lands and a step position close to thertgaddge gives a good performance. The
maximum step position shown in the figure is 0.9 but calcofetishow that the theoretically best
performance is obtained fé¥,, — 0 andL; — L,,4. The good performance of a bearing with very
narrow side lands and the step positioned very close to #iety edge is purely theoretical. In
practice the side leakage would be large due to the unevewohése rotor and if mixed lubrication
occurs during operation the wear of the bearing surface avbeallarge. More realistic values are
W /Wpaa = 0.1 and L/ L,.q = 0.9. With this geometry and the optimal step heightlcf6 - A,

a parallel-step bearing has a friction coefficient 17 % lothan that of a tilting-pad bearing. The
curves of figure 6.3(right) show that the optimal step hedgrends strongly on the step position
while the variation with the width of the side lands is legdiicant.

Figure 6.4 presents a study of the sensitivity of a paraliep bearing to the height of the step.
The bearing is of a length-to-width ratio of one, with,,/W,,; = 0.1 andL,/L,.,s = 0.9. The
optimal step height for minimizing the friction lossi96 - h,, = 147um. The area is fixed at the
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Figure 6.4: THD-analysis if a parallel step bearing with, /W, = 0.1 andL,/L,.q; = 0.9. Left:
Friction loss as a function of the step height. Right: Minimail film thickness as a function of the
step height.

value giving an oil film thickness of 7pm at this step height. The maximum load carrying capacity
is achieved at a step height of 135, 8 % smaller than the design value. The oil film thickness is
75.3um. As the maximum load carrying capacity is achieved at a t@tgp height than the design
value, the bearing is relatively insensitive to moderataned the step. At a step height of 73.5,

50 % lower than the optimal step height, the oil film thickniss88.1.:m, 9 % less than the design
value. The friction loss is 10 % higher than the valuéat= 1.96 - h,.. Further reducing the step
height reduces the performance more rapidly.

6.3 Rectangular Double Incline Bearing Pads

This section investigates the possibility of designindtang-pad bearing with an inlet pocket. The
parallel-step bearing withi’y,/W,., = 0.1 and Ls/L,.s = 0.9 is now considered to be equipped
with a spherical pivot at thé,,;,—position. To evaluate the influence of thermal effects bsbithier-
mal, THD and TEHD models are used in the analysis.

Figure 6.5 shows the generated friction loss at varioust ppgations for inlet pocket depths of
20, 60, 100, 140 and 18@m. In all calculations the area of the pad is adjusted to gireramum
oil film thickness of 75um. Figure 6.5(a) presents isothermal results obtainedatigéhtemperature
of 55 °C. With the chosen pocket geometry the friction losyves all have minima in the region
Lyiv/Lpaa = 0.64 t0 L,/ Lyea = 0.66. Choosing a value ok, /L,.q = 0.66 for the design gives
good values of the friction loss at all recess depths. Delpgrh the pocket depth the friction loss
is reduced by up to 12 % in comparison to a bearing with plagsp@his indicates that a tilting-pad
bearing can be equipped with inlet pockets to improve théopaance while still maintaining the
qualities which make the tilting-pad bearing superior te garallel-step bearing: low sensitivity
to variations in the operating conditions and to reductibthe pocket depth due to wear. The
reduction in friction is however achieved at the cost of ahbigsensitivity to the position of the
pivot point. The deeper the pocket the higher the sensitast can be seen in the steep rise in
friction loss as the pivot point is raised from the valuelgf,/L,.. = 0.66. Reducing the values
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Figure 6.5: Friction loss as a function of the pivot locatibg,/L,.. for inlet pockets of various
depth. Figures stating result obtained using isothermidD Bind TEHD models are presented in
the three figures.

of L,;, to approx.0.645 - L, the friction curves forh, = 60 pm andh, = 100 pm rise sharply.
Below this value ofL,;, no equilibrium position exists and the bearing does not wdrke end
of the friction curves indicate the operating conditionsZero tilting angle, i.e. for a parallel-step
bearing. E.g. for a pocket depth of @én this operating condition is located &f;,,/L,.q = 0.656
and a friction loss of 39.2 kW. At pivot locatiors,;, /L. > 0.656 there are two solutions to the
equilibrium position of the bearing pad, one at a positiltantj angle as shown in the figure and one
at a negative tilting angle. This phenomenon is studied latéhis chapter. Positioning the pivot
close to the smallest possible valuelgf, /L,.. = 0.646 may result in pad flutter.

Figure 6.5(b) shows the friction losses as calculated usie@-dimensional THD-model. Com-
pared to the isothermal analysis the curves move to theileft, the minimum friction loss is
achieved at pivot locations closer to the centre of the pad.si#own in chapter 3.1 this is due
to an increased tilting-angle as a function of the viscogégation in the sliding direction. For a
plain pad the optimum is located B&j;,/ L,.. = 0.645 whereas the isothermal analysis predicted an
optimum atL,,, / L,.s = 0.66. Although not very well illustrated by this figure the optihpecket
depth predicted by the THD-analysis is larger than in théhsanal analysis. For a parallel-step
bearing the optimal pocket depth predicted by the THD-agalig1.96 - h;. = 147 um as shown in
figure 6.4. A similar isothermal analysis indicafes,sima = 1.76 - hye.

Figure 6.5(c) shows the results when pressure bending amch#th crowning of the pad are in-
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Figure 6.6: Isothermal analysis of a bearing of fixed arehauit inlet pocket and with pocket with
depths ofh, = 60 um andh, = 140 um. Results are given as functions of the pivot location
L/ Lyaq- Left: Friction loss. Middle: Minimum oil film thickness. Bit: Oil film convergence
ratio. Full lines indicate solutions with a positive tiljrangle. Dotted lines indicate solutions with
a negative tilting angle.

cluded in the analysis. The optimal pivot locations moveamithe centre of the pad in comparison
to the results for a rigid pad. The optima of the curves aratkt betweed;,,/L,.q = 0.62 and
L,/Ly.a = 0.64. As was also noted in chapter 5 the bearing is less sengitiletposition of the
pivot due to the curvature of the pad.

Figure 6.6 shows an isothermal study in which the pad aredbreé different pads is kept
constant at the value resulting in a minimum oil film thickee$ 75um at L,;,/L,.c = 0.66 for a
bearing without a pocket. As earlier stated for pads witatipbckets there are two solutions to the
pressure distribution which for a given pivot location riésin force and moment equilibrium at the
pivot point. In the figures both solutions with positiveitity angles(full lines) as well as solutions
with negative tilting angles(dotted lines) are presented.

Figure 6.6(left) shows the reduction in friction when mgtify the plain bearing with an inlet
pocket ofW; /Wy.q = 0.1 @andL,/L,., = 0.9 and pocket depths of Gdm and 14Q:m. Introducing
an inlet pocket reduces the friction as well as increasiegaihfilm thickness as shown in figure
6.6(middle). A shallow inlet pocket results in reducedtfdn and higher minimum film thickness
for large ranges of pivot positions. Deeper pockets givegelaimprovements in the performance
in small intervals of pivot locations. The bearing with theeger pocket does however not perform
well at for instance a pivot location df,;,/L,.c = 0.70 where the friction loss is higher and the
oil film thickness is smaller than those of the plain pad. Fegé.6(right) shows the convergence
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Figure 6.7: The sector shaped bearing pad considered.

ratio of the pads. When introducing inlet pockets of the elmagimensions the convergence ratio is
reduced. AtL,;,/L,.q = 0.66 the ratio is 3 for a plain bearing pad while it is approx. 1.btfee
bearing pads with pockets.

The solutions for the pressure distribution obtained widgative tilting angles show much
higher friction losses than with positive tilting angles.nl® the friction loss forh, = 140 ym
can be seen in the figure. It rises sharply with increasinglyative tilting angle. This is due to a
rapidly declining minimum oil film thickness.

6.4 Double Incline Tilting-Pad Thrust Bearings

In this section of the report the analysis previously penfed on rectangular pads is extended to the
study of multi-pad bearings with sector shaped pads.

A tilting-pad thrust bearing with 8 pads of a length-to-wWidatio of 0.9 is studied. The mean
radius is 0.8 m. The pads have a thickness of 0.3 m. The ratgudeture is 55 °C, the oil bath
temperature is 40 °C and the leading edge temperature topeatks determined from a control
volume analysis of heat transfer in the groove between this.pa@he speed is 400 rpm and the
bearing carries a load of 5.0 MN. The numerical model adjigearing surface area to achieve
a minimum oil film thickness of 7%:m. Figure 6.7 illustrates the bearing. In all calculations
W /Wpaa = 0.1

In table 6.1 a grid convergence study is shown. A plain bgaaimd a bearing with a 60m
inlet pocket withd, /6, = 0.8 are studied. For the plain pad values of friction loss, maximoil
film thickness, maximum oil temperature and pad surface @e@erge monotonously. For the pad
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No. control volumeg 25 x 25 | 50 x 50 | 100 x 100 | 200 x 200
Plain bearing pad (no pocket)

Qgen [KW] 272.89 | 274.31 | 274.72 | 274.83

hmaz [pm] 317.13 [ 320.51 [ 321.34 |321.51

Tnae [°C] 61.73 |61.54 |61.48 61.45

Pad Area [m] 1.6283 | 1.6362 | 1.6377 1.6378
Bearing pad with 6Q:m recess

Qgen [KW] 254.61 | 251.89 | 252.97 253.54

hmaz [pm] 252.96 | 250.34 | 244.98 | 242.02

Tnae [°C] 65.07 |63.90 |64.21 64.41

Pad Area [m] 1.4585 | 1.4307 | 1.4309 1.4313

Table 6.1: Grid convergence stud@'gen is the shear work at the collar surfade,,,. is the max-
imum oil film thickness and’,,,. is the maximum temperature in the oil film. In all calculasan
Pomin = 75.00 pm.

with an inlet pocket the stated parameters converge mooashnonly from a grid size of 5950
control volumes. With 2525 control volumes the boundaries of the pocket are notéalcat the
control volume interfaces and this induces differencefienresults compared to the larger grids.
The results of the plain bearing converge faster for inéngegrid size than when a pocket is present
in the surfaces of the pads. The friction loss ak50 control volumes is in both cases within 1 %
and the value of pad area within 0.1 % of the values atZiD control volumes. A grid of 5050
control volumes is used in the calculations which follow.

Figure 6.8 shows the power loss as a function of the pivotiposior various pocket depths and
step positions. The pivot point is placed at the mean radihe. end of the power loss curves for
declining nondimensional pivot locations indicate padvwesgence ratios close to zero. Lower pivot
locations result in cavitation and a steep rise in the iitctoss. The numerical calculations of these
cases are generally numerically instable and the soluaomgherefore not stated in the figures.
The end of the curves (e.g. figure 6.8(b), 1@® and 140um ) indicate close to the minimum
friction loss with the respective pocket depths. The dewmfrom the minimum obtainable values
of friction loss is estimated to be within 0.5 % in all the ecdations.

Figure 6.8(a) shows the friction loss fér/0, = 0.9, i.e. dimensions of the pocket which
are similar to those of the rectangular pad studied in theigue section. The minima of the
power loss curves are positioned at highgr/6,-values for higher pocket depths. Positioning the
pivot atd,;,/0p, = 0.61, which is the optimum location for a pad without a recess wdlse a
non functioning bearing if inlet pockets are machined inlae surfaces. Smaller friction losses
and lower optimab,,, /6,-values are achieved with /6, = 0.85 as shown in figure 6.8(b). The
minima of the friction loss curves are located at almost @m@®e nondimensional pivot location
(0.61-0.62). Figure 6.8(c) presents results withd, = 0.8. The minima of the power loss curves
are positioned at lowet,,;, /6y-values for higher pocket depths. Small values of frictiod atable
operating conditions at all values of the pocket depth caadigeved by positioning the pivot at
8,:v/600 = 0.61. At this pivot location the reduction in the friction lossup to 8 % for the chosen
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Figure 6.8: Friction loss as a function of the pivot locatin, /¢, for inlet pockets of various
depth. The figures state result obtained using TEHD modgdiith 6, /6, = 0.90, 0.85 and0.80.
Tpiv = 0.8m

pocket depths, compared to using plain bearing pads.

As discussed in chapter 5 a tilting-pad thrust bearing steapegrior performance if the radial
positions of the pivot points are adjusted so that the bgashows no radial tilt at the trailing
edges of the pads. Figure 6.9 presents friction loss curveghich this condition is imposed.
The achievable friction reduction by the use of inlet poskstin the region of 1617 % for all
investigated values df,. The closer the step is to the trailing edge the higher is toket depth
giving a minimal friction coefficient. This was also the c&sethe rectangular parallel-step bearings
studied in figure 6.3. Witld, /0, = 0.8 and a pivot position of,;, /6, = 0.61 the bearing operates
in the stable region at all pocket depths and the reductidhérfriction loss is up to 12 % for the
chosen pocket depths, compared to using a plain bearing pad.

Figure 6.10 show the distributions of oil film thickness, gsere and temperature for bearings
with 6,/6y = 0.8, 6,,, /8, = 0.61 and pocket depths of 6om and 14Qum. The minimum oil film
thickness in both cases is 7Bn. The bearing with a 140m pocket is 17 % larger (1.68%nthan
the bearing with a 6um pocket (1.43 rf). However, due to the higher mean oil film thickness
the friction loss is only 0.7 % higher. The bearing with thepl@ocket has a higher convergence
ratio and due to the larger area the maximum pressure is |oWex maximum temperatures are
not significantly affected by the pockets. In a bearing withmockets it is calculated to be 61.6 °C.
With a 140um pocket it is 60.4 °C while it is 63.9 °C with a §n pocket.
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Figure 6.9: Friction loss as a function of the pivot locatign /¢, for inlet pockets of various depth.
The figures state result obtained using TEHD modelling Wijtft, = 0.90, 0.85 and0.80. 7, iS
adjusted to achieve zero radial pivoting at the trailingeedg

The friction reductions of figure 6.8 are smaller than thok&gure 6.9 because the optimal
radial position of the pivot is located at higher offsetafrthe mean radius when inlet pockets are
present in the bearing than when no inlet pockets are predéms is seen in figure 6.11 which
presents a study of the behaviour of bearings with pockethdepf 2, = 0 um, h, = 60 um
and h, = 140 um when the radial position of the pivot is adjusted. The wpsurface area is
dimensioned to give a minimum oil film thickness of @B for a plain pad with the pivot located
at the mean radius and &4;,/6, = 0.61. The radial position of the pivot giving the highest oil
film thickness is located further towards the outer radiusfgher pocket depths. In the plain pad
it is located at the radial nondimensional position: 0.506th the shallow pocket it is located at
0.525 and with the deep pocket at 0.535. For all the radiatgwesitions illustrated in the figure
the bearing with the 6@m-pocket performs better than the plain pad, i. e. the oil fhiokness
is higher and the friction loss is lower. The 14@n-pocket has a better performance than both
the other bearings in a small interval of radial pivot pagis. The bearing however rapidly looses
thickness of the oil film as the pivot is moved away from theiropin value. The radial tilting
stability of this bearing is lower than in a standard tiltipgd thrust bearing. The radial tilting can
be controlled by using different values bf,; at the inner and outer radius.
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Figure 6.10: Simulation results with a @@ (left) and a 14Q:m (right) pocket. From top to bottom:
oil film thickness, pressure and oil temperature.
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Figure 6.11: Radial stability analysis of bearingshgf= 0 um, hy, = 60 um andh, = 140 pm.
Left: oil film thickness as a function of the radial pivot piosin. Right: Friction loss as a function
of the radial pivot position. Due to failing convergence loé humerical calculations the curves for
hs = 140 pm do not cover the full interval of pivot locations.

6.5 Conclusion

Parallel-step bearings theoretically have smaller fiicttoefficients than tilting-pad bearings. 1-
and 2-dimensional studies predict friction coefficients1¥3% lower than those obtainable in
tilting-pad bearings. Parallel-step bearings howevedesidifom the disadvantage that they do not
perform well at varying operating conditions. This also lrep that the performance is reduced as
the step wears down. This chapter studies the feasibiligpofbining the two types of bearings in
order to benefit from the advantages of both.

Significant performance improvements are possible by dasygoearings with inlet pockets or
by modifying existing bearings. By combining the featuréparallel-step bearings and tilting-pad
bearings it is possible to reduce the friction coefficientlloyl5 %. The step can be positioned to
give small friction losses and stable operating conditianall pocket depths from zero up to the
design value. Thereby the bearing is tolerant to wear of #uespirfaces.

The reduction in friction is achieved at the cost of a higlesrsstivity to correct circumferential
positioning of the pivot. The correct position dependsrggip on the thermal conditions of the
bearing and the amount of thermal crowning of the pads. Basig the pivot too close to the
centre of the pad causes the bearing to entirely loose itlsdaaying capacity while positioning the
pivot too far towards the trailing edge results in a smallkfilon thickness than would be achieved
with plain bearing pads. An example thrust bearing has shawinterval off,,;, /6,¢[0.59; 0.66] in
which the bearing performs superior to a standard bearinge tD the relatively small interval in
which a good performance is achieved and the danger of posig the pivot in a position in which
the bearing will not work the design of bearings based onghiwiple is not trivial.



Chapter 7

Analysis of Tilting-Pad Bearings with Deep
Recesses

The results of chapter 5 showed reductions in the generatgidh when oil injection pockets are
machined in the surfaces of the pads. The reductions werevsvsmall and required relocation
of the pivot point.

This chapter further investigates the influence of equigghe surfaces of tilting-pad thrust
bearings pads with deep recesses . The 3-dimensional TEHI2Insoused. In deep recesses (one
or more orders of magnitude deeper than the oil film thickyiese is recirculation and no positive
effect on the pressure build up. The pressure distribuidharefore scalable with the Sommerfeld
number and the design suggestions stated in this chaptbe aeport are generally applicable at
all operating conditions - with the reservation that theuefice of thermal effects vary with the
operating conditions. Due to the large depth the shearsséitetbie collar surface is small inside the
recess area. Thus, the purpose of the recess is to creatle-pregsure and low friction zone.

In the volume of a deep recess, the reductions of the flow emqsateading to the Reynolds
equation are not strictly valid. In particular, the assumpbf inertialess flow seems unreasonable.
The recirculation flow accelerates the oil entering thess@ausing an inertial pressure drop at the
recess leading edge. At the trailing edge of the recess, ithe stagnated leading to an inertial
pressure rise. In tilting-pad bearings with recesses,niag cause a smaller tilting angle than the
one predicted by using the Reynolds equation. In conveatibearings effects of inertia in the
groove between the pads lead to an inlet pressure build-tipdéading edge. In large and slow
speed tilting-pad bearings the inlet pressure build-usisally negligible indicating that, for such
bearings, the effect of inertia on the pressure in a receasadikely to be small. In sector shaped
bearing pads the centrifugal term may cause a shift of thespre maximum towards the outer
radius resulting in a radial tilt of the pad. Shinkle & Horrquf1965) showed the recess flow to be
turbulent atRe = pUh,/u > 1.0 - 10°. For some of the recess geometries and velocities used in
this report, turbulence is to be expected. The function oé@pdrecess is to create a low friction
zone. When inertial end effects in the recess are negligitdepressure inside it is close to constant
regardless of whether the flow is laminar or turbulent. Alitpo the use of the Reynolds equation
inside the recess is not strictly valid, the inaccuraciesirag from using this equation in a laminar
formulation are therefore small. Determining the frictioss in the recess poses a more delicate
problem. The friction loss in the bearing is calculated fribva shear stress at the collar surface.
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Figure 7.1: Left: The bearing pad used in Brajdic-Mitidietial. (2005) for the 1-dimensional
analysis. Right: The bearing pad used for the 2-dimensiamallysis. The recess is 2n deep.

Due to the thick oil film in the recess, the friction is smalkims area when the flow is laminar and
inaccuracies have a negligible influence on the calculatiohe total friction loss. In turbulent flow
recesses, the friction is larger and may significantly infaeethe total friction loss. Based on the
work by Shinkle & Hornung (1965) the inaccuracy on the re@sstotal friction loss is analysed
later in this chapter of the report.

The main contribution of this part of the report is relatedhe study of the influence of equip-
ping tilting-pad bearings with deep recesses in the higisgure region. It is shown that a signifi-
cant reduction of the friction loss is possible comparedtaventional tilting-pad bearings and it is
shown that recesses placed in the high-pressure regiorecaseld for high-pressure jacking.

7.1 Comparison to CFD-Model Results

In an isothermal study, using a CFD-code Brajdic-Mitidietrial. (2005) investigated the effect of
equipping fixed incline bearings with recesses. They fohatthe friction factor) = Friction/Load
was significantly reduced when a recesses was placed inghephéssure region. They presented
theoretical results for the 1- and 2-dimensional bearimgsvs in figure 7.1. The bearings operate
at a speed of 1 m/s, a viscosity of Om?/s and a density of 1000 kgAnin both cases the leading
edge oil film thickness i$;. = 2 um while the trailing edge thicknessis, = 1 um. In tables 7.1
and 7.2 their results are compared to results obtained heatiikReynolds equation based model used
in this report. In the 1-dimensional mode] x n. = 200 x 10 control volumes are used. In the
2-dimensional model, xn, xn, = 100 x 100 x 10 uniformly distributed control volumes are used.
Increasing the number of control volumes does not changeatioves ofy;,, /7, stated in the tables
on the three decimals given. In both the 1-dimensional adirznsional cases, the calculations by
Brajdic-Mitidieri et al. show higher friction reductiony bhe use of recesses than the calculations
using the Reynolds equation. The results are however,mitfi% difference and the trends in the
calculations are the same suggesting that the analysi®bfgms of this nature can be performed
using the Reynolds equation. It should be noted that theerhsgeed and fluid film thickness are
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h, Load Friction Friction Nhy /Mo
[um]| [KN/m] [KN/m] coef.n - 10*
Bra| Rey| Bra | Rey | Bra | Rey | Bra | Rey
0 634 | 636 | 0.153| 0.155| 2.42| 243 | 1 1
5 619 | 626 | 0.139| 0.141| 2.25| 2.25 | 0.926| 0.924
10 | 613|622 | 0.126| 0.133| 2.06| 2.13 | 0.845| 0.878
20 | 611|612 | 0.115| 0.126| 1.89| 2.04 | 0.779| 0.838
30 | 611|620|0.113| 0.124| 1.85| 2.00 | 0.762| 0.822
40 |610| 620 0.113| 0.122| 1.84| 1.97 | 0.759| 0.812

Table 7.1: Comparison of results for the 1-dimensionalysiglpresented by Brajdic-Mitidieri et
al. (2005)(Bra) and results obtained using the ReynoldsittopuRey). Results are presented for
various recess depths.h

L, Load Friction Friction Nh,y /Mo
[mm]| [kN/m] [KN/m] coef.n - 10%
Bra| Rey| Bra | Rey | Bra | Rey | Bra Rey
n/p | 276 | 277 | 0.150| 0.145| 5.44| 5.24 | 1 1

5.0 | 220| 227 | 0.119| 0.119| 5.40| 5.26 | 0.992| 1.004
7.5 | 242|248 | 0.116| 0.116| 4.81| 4.69 | 0.884| 0.896
8.0 | 241|247 | 0.113| 0.116| 4.79| 4.69 | 0.881| 0.895
8.5 | 235|239 | 0.115| 0.115| 4.88| 4.79 | 0.896| 0.915

Table 7.2: Comparison of results for the 2-dimensionalysiglpresented by Brajdic-Mitidieri et
al. (2005)(Bra) and results obtained using the Reynoldstaop(Rey). Results are presented for
various recess positions I(See figure 7.1). n/p indicates a pad without a recess.

small. Effects of inertia become more important with insiag Reynolds number. The Reynolds
equation based model may therefore be less accurate atiogeranditions usual for thick film
bearings. The 1-dimensional analysis shows a reductiomeofriction coefficient of approx. 20 %
while the 2-dimensional analysis shows a reduction of appi® %. These results are obtained
using a fixed convergence rafiQ /h,. = 2 which is not optimized for achieving a minimum friction
coefficient. In the 2-dimensional cabg/h;. = 3um/1um = 3 is a more optimal convergence ratio
leading ton = 4.54 - 10~ for a non-recessed bearing. This is 3 % less than the mininaloev
stated in table 7.2.

7.2 Analysis of Tilting-Pad Thrust Bearing

In the following, the effect of equipping the surfaces dinidj-pad thrust bearings with recesses is
analysed and design suggestions minimizing the frictigs kre stated.
In order to isolate the effects leading to improved perfaragethe problem is investigated using
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12 x 12x | 24 x 24x | 48 x 48 | 96 X 96 %
(5+5) (10+10) | (20 +20) | (40 + 40)
Plain bearing pad (8-pad bearing) - (TEHD)

Qgen [KW] | 266.39 276.32 279.26 280.02

Qout [KW] | 274.95 280.46 281.24 281.09

Romin [#M] | 75.00 75.00 75.00 75.00

Tnaz [°C] | 81.80 80.52 78.53 77.69
Recessed bearing pad (8-pad bear.) - (TEHD)

Qgen [KW] | 215.69 231.56 236.42 237.17

Qout [KW] | 532.42 275.59 241.09 235.43

Rmin [pm] | 75.00 75.00 75.00 75.00

Trnae [°C] | 91.16 76.85 74.76 74.32

Table 7.3: Grid convergence study;]en is the shear work at the collar surfao@om represents the
sum of all heat flows out of the computational domdip,,, is the minimum oil film thickness and
Tnae 1S the maximum temperature in the oil film.

increasingly complex modelling. 1-dimensional modellgigpws the potential in reducing friction.
Isothermal and 3-dimensional modelling of a rectangularing pad documents the influence of
finite width, temperature and thermal bending. Finally, eitidg of a thrust bearing with sector
shaped pads verifies that the method is applicable to reahigsaand an analysis of start-up be-
haviour including hydrostatic jacking shows that recegdased in the high-pressure region can be
used as oil injection pockets as well as for reducing the povgs.

Calculations are carried out on example bearings of largeedsions typical for the use in
hydro power plants. In all calculations, the bearings aselia®d to operate using a VG32 mineral
oil under fully flooded conditions. The data for the oil argy.c = 27.1 mPasugp.c = 6.8 mPas,

p = 848 kg/m?, ¢ = 2090 J/kg/K, k = 0.13 W/m/K. The recess depth is 4 mm corresponding to
53hmin-

Table 7.3 shows a grid convergence study performed on arsg@ped 8-pad bearing. Results
are stated for bearings both with and without a recess auyapprox. 18 % of the pad area. For a
fixed minimum olil film thickness and variable pad area, thestiojly shows the convergence of fric-
tion loss, total heat loss, minimum oil film thickness and maxm temperature for a non-recessed
pad. The heat loss converges towards the generated shdar@ggr which is the parameter used
throughout this chapter of the report for the friction lofke bottom study shows the convergence
of the calculations of the recessed pad. They converge mocé stowly with increasing grid size.
At the grid size used throughout this chapter:x ny x (n. +n.,,,) = 24 x 24 x (10 + 10) the
heat loss is 19 % higher than the generated friction lossawjelr grid sizes, the values converge
towards each othngen for the grid of24 x 24 x (10 + 10) control volumes is within 2.5 % of the
value obtained using6 x 96 x (40 + 40) control volumes. For comparing friction losses between
recessed and non-recessed pads this is a reasonable gaouthe generated friction.
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Figure 7.2: (a) Figure showing the position of the pocket) The generated friction loss. By
introducing the recess shown the minimum friction loss tuced by 27 %. (c) Bearing width
leading to a minimum oil film thickness of 7&m for a load of 1.0 MN. In (b) and (c) full lines
indicate a plain bearing pad and dashed lines indicate a@nlgeaith a 4 mm recess.

7.2.1 1-dimensional isothermal analysis of a linear bearm

The problem is analysed using the 1-dimensional Reynoldatean and isothermal operating con-
ditions (55 °C). A bearing pad with a length of 0.5 m operati@ speed of 30 m/s and a load of
1.0 MN is considered. A 4 mm deep recess is machined in thadf the bearing. A parameter
study has shown that a recess of width and position as shovigure 7.2(a) gives the minimal
friction loss. The recess covers 38 % of the bearing area.witiih of the bearing is adjusted to
give a minimum oil film thickness of 7am. Figure 7.2(b) presents the generated friction loss with
and without a recess for different oil film thickness conesrce ratios. By introducing the recess,
the minimum friction loss is reduced by 27 %. Figure 7.2(@ves the bearing width. Introducing
the recess increases the necessary width correspondimgdoiction in load carrying capacity per
unit width of approx. 10 %.

7.2.2 Analysis of a bearing with rectangular bearing pads

Rectangular pads of different length-to-width ratios dueled. The rotor temperature is 55 °C, the
oil bath temperature is 40 °C and the leading edge temperetiset equal to the rotor temperature.
The speed is 30 m/s and one pad carries a load of 1.0 MN. Theriaai@odel adjusts the bearing

surface area to achieve a minimum oil film thickness ofui As the pads are considered sym-
metrical, the minimum oil film thickness is located at thetcerof the trailing edge. Rectangular
and elliptical pockets have been studied and the ellippicekets have proven more optimal. In
the following only elliptical pockets with a uniform deptti 4 mm are considered. In figure 7.3

a drawing of a pad is seen and the nomenclature used to deéimedass and pad geometries is
presented. All pads have a thickness of 0.3 m. Pads withhetogividth ratios of 0.2 to 2.0 are

studied.n, x ng X (n. +n.,,,) = 24 x 24 x (10 +10) control volumes are used in the calculations.
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Figure 7.3: Drawing of a rectangular pad with a recess,; and W, define the pad length and
width. L,;, denotes the distance of the spherical pivot from the leaglhug of the padL,...ss and
W,ecess denote the minor and major axis of the elliptical recess iangd defines the position of the
recess relative to the trailing edge.

An isothermal parameter study has determined optimal satfé., ..., and L., as stated in
figure 7.4(a), whiléV,....s = 0.78 - W4 is @ good value for the recess width at all length-to-width
ratios. With these values, the optimal positions of the fapaint for pads with and without recesses
are shown in figure 7.4(b). The positions are given for isotta (ISO) calculations, thermo-
hydrodynamic (THD) calculations not including the bendofghe bearing pad and for thermo-
elasto-hydrodynamic (TEHD) calculations including bergdi The pads, which are considered,
are of large sizes where thermal bending has a significanteinéle on the oil film thickness. In
smaller bearings, thermal bending has a smaller influermemBst bearing dimensions the optimal
position of the pivot is therefore located between the pmsst suggested by the THD- and the
TEHD-analysis. For recessed pads with small or no thermfaraation, the isothermal analyses
determine optimal pivot positions close to those suggelie@HD-analyses. For conventional
bearing pads, isothermal analyses are less accurate. he figd{c) two sets of curves are shown.
The curves marked with (I) represent the percentage ineiedbhe pad surface area with a recess in
the pad surface relative to the area of a pad without a redésscurves marked with (Il) represent
the area of the recess relative to the area of a pad withoaeaseln the THD-analyses the increase
in total pad ared.,., - W,,« When introducing recesses in the surfaces is much smaber ttre
recess areas. Following the design suggestions given irefig4(a)-(b), the pad areas should
be increased by approximately 205 % relative to the areas of pads without recesses in order to
achieve the same minimum oil film thickness. When pad benwimgcluded, this result is more
complex. At small and large length-to-width ratios, the mpad bending is large as can be seen in
figure 7.4(d). Due to larger pad areas, the recessed padsengeelarger thermal bending and this
reduces the load carrying capacity. In figure 7.4(e) the p@easumption is shown. The THD-
analysis indicates that a length-to-width ratio of appr@>6 is optimal for a recessed bearing pad.
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Figure 7.4: (a) and (b) state design parameters definingettesss geometry and the pivot position
for rectangular pads. The values are chosen to minimizeritteoh loss. In (c) two sets of curves

are shown. The curves marked with (I) represent the pergentecrease in the pad surface area
with a recess in the pad surface relative to the area of a pémbwtia recess. The curves marked
with (1) represent the area of the recess relative to tha afea pad without a recess. (d) shows

values of thermal bending, (c) states the friction loss ah)dHe reduction in friction for recessed
bearing pads relative to non recessed pads.



82 Analysis of Tilting-Pad Bearings with Deep Recesses

50 50 ‘ ‘ -
Isothermal analysig
)]
8 40}
c
2 35¢
Q
LL 30+t recgs%'lsmpad 1
‘ ; ; ; ; . pad ; ; ;
050 055 060 0.65 0.70 0.75 050 055 060 0.65 0.70 0.75
pivot location, L,;,/L pqal-] pivot location, L,;,/L yqql-]

Figure 7.5: Left: Friction loss as a function of pivot positi Right: Isothermal analysis showing
the influence of the length of the recess on the friction loss.

The value is approx. 0.8 for a non-recessed pad. With padhgmtiuded larger ratios give good

results. At low length-to-width ratios, the bending of theedgn the direction perpendicular to the
sliding direction is very large. In a non-recessed beattinig,leads to a higher pressure-maximum
than when there is no thermal bending. In the recessed lgedha area of maximum pressure
stretches radially into areas of large film thickness legdma large amount of side leakage. For
low length-to-width ratios, the recessed pads thereforaatgoerform well. Figure 7.4(f) states

the percentage reduction in friction loss when using ressesmds - compared to bearings with
plain pads. With small length-to-width ratios, the improwent in performance is close to the 27 %
obtained in the 1-dimensional analysis for an infinitely evglider bearing. As the length-to-width

ratio increases, the improvement is less significant.

Figure 7.5 shows a study of the influence of the pivot locatiohe friction loss of the bearing
with a length-to-width ratio of 1.0. In figure 7.5(left) it een that the optimum is more clearly
defined when a recess with the suggested dimensions is neddhithe pad surface. It is therefore
important to place the pivot point correctly in order to ast& an energy saving. Figure 7.5(right)
shows an isothermal analysis of the influence of the recesgHe For decreasing recess size, the
optimum becomes more flat and the bearing is therefore lesstise to incorrect positioning of
the pivot point. This improvement in behaviour is a trade agfinst a larger friction loss. In
all the examples studied in figure 7.5(right) the positiortte# recess is chosen so that,; =
0.026 - L,,q. This has proven to be a good strategy when trying to makeehé&ry less sensitive
to pivot positioning while still obtaining a relatively sth&iction loss. However, as seen in figure
7.5(right) the optimal position of the pivot point moves iretdirection of the trailing edge as the
recess size decreases. The suggestions for positionimg @itot point given in figure 7.4(b) are
therefore only valid for the recess lengths given in figu&). With the size suggested in figure
7.4 (Lyecess = 0.53 - Lyaq), the value is 0.615 while it is 0.68 for a pad Wikh,ccss = 0.15 - Lgq.
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Figure 7.6: The sector shaped bearing pad considered. Thsgsize and position are defined by
equation 7.1.

7.2.3 3-dimensional analysis of tilting pad thrust bearing

Tilting-pad thrust bearings with 4, 5, 6, 8, 12 and 18 padsstudied. The mean radius is 0.8 m.
The widths of the bearings vary from 0.55 m to 0.65 m dependimghe number of pads. The
angular extend of all pads in a bearing is 2820°. All pads have a thickness of 0.3 m. The rotor
temperature is 55°C and the oil bath temperature is 40°C.|ddding edge temperature to each
pad is determined from a control volume analysis of heatsterin the groove between the pads
as described in Heinrichson et al. (2006). The speed is 480arm the bearings carry loads of 5.0
MN. The numerical model adjusts the bearing surface aredhemnichdial position of the pivot point
to achieve a minimum oil film thickness of 78n at the centre of the trailing edge. As discussed
later in this chapter, positioning the pivot at the meanuadioes not yield good results for pads
with recesses as it may result in significant radial tiltifgree pads. Therefore, this restriction is
introduced on the pivot position. The sizes and positionth®fecesses are as stated in figure 7.4(a)
for rectangular bearing pads. A drawing of a sector shapddspseen in figure 7.6. The elliptical
recess is stretched with the circumferential length of the @nd the recess circumference is given
by the equation:

(T - COS [9 - erecess] - Tmean)z (’I“ : Sin[e - erecess])z
(Wrecess/2)2 (Lrecess/2)2 : T/Tmean

whered, ... is the angular centre of the recess determined solthatas given in figure 7.4(a) is
the distance between the recess and the trailing edge ateae radius.)V,..... is the maximum
extent of the recess in the radial directiadn...., denotes the extent of the recess perpendicular to
the radial direction in the point defined By....; andr,,,can-

~1 (7.1)
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Figure 7.7: (a) and (b) state the radial and circumfereptialt position for sector shaped pads with
and without recesses. The values are chosen to minimizetheri loss and are stated for various
length-to-width ratios. The pad length is definedlas; = 0puq - "mean- (C) States the friction loss
and (d) the reduction in friction for recessed bearing patigive to non recessed pads.

Figure 7.7(a) shows the radial position of the pivot poinickhleads to a minimum oil film
thickness at the centre of the trailing edge. The resulthefdifferent simulations are hard to
distinguish from each other as they show the same trend. Jin@ praxis of positioning the pivot
at the mean radius fulfils the criteria of a minimum oil filmakiess at the centre of the trailing
edge at a length-to-width ratio of approx. 1.2. Positiortimg pivot at the mean radius leads to a
minimum oil film thickness at the inner trailing edge corneloav length-to-width ratios. At high
ratios, the minimum oil film thickness is located at the outaiing edge corner. Figure 7.7(b)
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shows the optimal position of the pivot point in the circunefaial direction. The THD-analyses of
the recessed bearing pads lead to positions almost idetatitese obtained with a rectangular pad.
The TEHD-results cannot be compared as the pad thickness/esto the pad area is different in
the analyses of rectangular and sector shaped pads. Theoessed bearing behaves in a peculiar
way under the influence of pad bending. The optimal pivottiocfirst rises with the length-to-
width ratio from a ratio of 0.4 to 0.8 then falls from a ratio @8 to 1.4. From a ratio of 1.4
to 1.8 it sharply rises. The thermal bending of the pad irsgsavith the pad length-to-thickness
ratio and to achieve an advantageous pressure distridhigamondimensional pivot location moves
towards the centre of the pad for higher length-to-widthosat At a ratio of 1.8, this leads to
cavitation at the trailing edge. That is disadvantageou#i® power loss because the friction loss
in the regions with cavitation is large while there is no cimition to the pressure build-up. The
optimal position of the pivot is therefore closer to theling edge leading to a higher tilting angle
and no cavitation. The same phenomenon is responsibledqudkition of the pivot of the 4-pad
bearing equipped with a recess. Figure 7.7(c) shows theofmidoss. THD-analysis indicates an
optimal length-to-width ratio of approx. 1.5 for a non-resed bearing while it is approx. 1.0
for a recessed bearing. Both with and without recesses ttimwm length-to-width ratio is larger
when thermal bending is considered. Figure 7.7(d) showssithéction in friction loss when using
recessed bearing pads - compared to bearings with plain péésreduction is smaller than what
was obtained for rectangular pads. This is as expected asdhss sizes and positions have been
optimized for rectangular pads and not for sector shapesl. gait the common 6 to 8-pad bearings
with length-to-width ratios of 0.8 to 1.2 the reduction ircfion is around 10-15 %.

The recess creating a high-pressure zone inside the remetssls the pressure distribution. The
bearing pads therefore loose some of their tilting stahifitthe radial direction as seen in figure
7.8(top-left) showing the minimum oil film thickness obtathwhen radially moving the pivot point
of the 8-pad bearing. The recessed bearing pad is much musgige to radial positioning of the
pivot point than the non-recessed pad. The pad is therefeoesansitive to inertial effects in the
radial direction in the recess. The centrifugal force artin the recess oil may cause an oil flow
towards the outer trailing edge leading to a radial tilt af gad. Figure 7.8(middle-left) shows the
effect of reducing the recess width on the radial tiltingodity while 7.8(bottom-left) shows the
corresponding friction losses. A narrower recess impraledilting stability but at the cost of a
much higher friction loss. The reduction in radial tiltingility compared to conventional tilting-
pad bearings makes it difficult to obtain an improvement irfggenance by the use of enclosed
recesses when using point pivots. Spring bed bearings dnéMitype bearings with line pivots
instead of point pivots do not suffer from tilting stabilipyoblems in the radial direction. Such a
characteristic suggests that designing with enclosedsesanay result in good design alternatives
reducing the friction in these types of bearings.

Figure 7.8(top-right) shows the minimum oil film thicknessafunction of the circumferen-
tial position of the pivot point. The optimum is more cleadgfined when a recess is machined
in the surface. Figure 7.5(left) documented a similar cotteréstic for a rectangular pad. Figure
7.8(middle-right) shows an isothermal analysis of the &filte of the circumferential length of the
recess on the behaviour of the optimum. Equivalent to théteepresented in figure 7.5(right) for
a rectangular pad, figure 7.8(middle-right) documentsah@duction of the recess length reduces
the circumferential sensitivity to the pivot location. Wit the range of dimensionless pivot loca-
tions shown a recess length 6f...ss = 0.20 - L,,q gives a flatter and therefore more desirable



86 Analysis of Tilting-Pad Bearings with Deep Recesses
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Figure 7.9: Results from the TEHD-analysis of the 8 pad Ingari

behaviour than the non-recessed bearing pad while stillcied the friction by 9 % (see figure
7.8(bottom-right) ).

Figure 7.9 illustrates simulation results for the 8-padriven The figure shows graphic illus-
trations of oil film thickness, pressure, pad surface terdpee and pad bending. The analysis has
shown that the minimum friction loss is achieved when thesguee maximum covers the recess
area as it is seen in the figure. Positioning the recess dioslee pad centre causes a pressure peak
downstream of the recess.

7.2.4 The influence of recess depth

The depth of the recess influences the shear stress at tlae sotface and thereby the friction
loss. Figure 7.10 presents a study of the influence of thessedepth on the friction loss in the
8-pad bearing defined by the design values stated in figure A.iecess depth of, = 4 mm

corresponding to a recess Reynolds numbegtof= 4.2 - 10? is used throughout this chapter of the
report. Using a laminar formulation the friction loss insithe pocket is 11.8 kW corresponding to
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Figure 7.10: The influence of recess depth on the friction.|l&aill lines indicate results obtained
with the laminar model. Dashed lines indicate estimatek@irifluence of turbulent recess flow. (a)
The friction loss in the pocket area. (b) The friction losghe bearing. (c) The friction reduction
relative to an optimal non-recessed bearing.

5 % of the total friction loss. However, d@e = 4.2 - 10? the flow is turbulent as determined by
Shinkle & Hornung (1965). They presented measurementseofrittion factor for a hydrostatic
journal bearing with various pocket depths. Far < 1.0 - 103 the friction factor is proportional to
Re~! and the recess flow laminar. At the shift to turbulent flow thetibn factor increases slightly
(< 10 %). At increasing turbulent Reynolds numbers the factoretses. The results of Shinkle
& Hornung (1965) are used to estimate the influence of turtlmdeon the results presented in this
chapter. AtRe = [2-10%,4 - 103, 1 - 10%] the amounts of turbulent friction are [1.7, 2.3, 3.5] times
the values for laminar flow. Estimates using these amouetpm@@sented in figure 7.10(a). For the
4 mm deep recess this raises the recess friction by a factapmox. 2.3 and the total bearing
friction loss is increased by 6.6 %( figure 7.10(b) ). Figurgd[c) shows the reduction in friction
relative to a non-recessed bearing of optimal design asetkefig the design values of figure 7.7.
The reduction in friction is significantly smaller when tulbnce is taken into account. This does
not generally change the results presented in figures 7.4 andThe designs suggested in these
figures are applicable irrespective of size and operatingitions. The influence of turbulent recess
flow on the friction loss however depends on the Reynolds rurabd thereby the bearing design,
operating velocity and oil.
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7.2.5 Recesses used for hydrostatic jacking

An isothermal analysis is performed in order to study theabetur of the bearing pads when op-

erated using hybrid lubrication. Pads similar to those istlich figure 7.8(middle-right) without
high pressure jacking are now operated with ©)2* m3/s volume flow of ail injection at the cen-

tres of the recesses. The conventional bearing pad witleeass is equipped with a cylindrical oil

injection pocket covering 5 % of the bearing surface aredacated at the pivot point.

In figure 7.11 the olil film thicknesses at the four corners ef plads are shown for velocities
ranging from 0 to 100 rpm. Figure 7.11(a) shows oil film thiekses for the conventional pad with

an oil injection pocket. The pad has a significant radialdilstart-up with a minimum oil film

thickness of 1Qum. When increasing the speed the circumferential tiltingleamemains close to
constant. Figure 7.11(b) shows that there is a negativariferential tilting angle at start-up for
the bearing with a recess of length...;s = 0.400 - L,,q. As rotation is initiated the minimum
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oil film thickness at the leading edge of the pad drops. Favorgés of 8 to 68 rpm the numerical
solution of the problem has not been possible. In this regiovelocity the tilting angle changes
from negative to positive. This behavior of the pad at starisuundesirable as the increasingly
negative tilting angle as the collar is accelerated frono 2etocity could lead to mixed lubrication
and wiping of the bearing pad. Flutter of the pad may occuhatttansition from a negative to
a positive tilting angle. In figure 7.11(c) the pad with...ss = 0.565 - L,.q IS Seen to have a
slight positive tilting angle at zero velocity while figurelZ(d) shows a better start-up behavior
for Lyecess = 0.700 - L,qq. Due to the smaller tilting angle the minimum oil film thiclgseat zero
velocity is larger for this bearing than it is in bearingswtionventional oil injection pockets. The
figure shows that recesses can be used as oil injection popk&tided that care is taken toward
achieving positive tilting angles at the start-up condiio This can be achieved by increasing the
length of the recess. Alternatively, the recess can be mimveards the centre of the pad. The good
behavior seen in figure 7.11(d) is achieved at the cost ofghtdli higher friction loss as it was
shown in figure 7.8(b-right). However, as shown in figure B-ft) a bearing with a longer recess
is more sensitive to the circumferential positioning of pivot point.

7.3 Conclusion

A 3-dimensional thermo-elasto-hydrodynamic laminar fload®l based on the Reynolds equation
has been used to study the effect of equipping tilting-padsthbearings with deep recesses with
the purpose of reducing the friction loss. A comparison guits obtained using a CFD-code to
analyse recesses in fixed incline bearing pads publisheddggiB-Mitidieri et al. (2005) has been
performed. The two methods of analysis give similar resatigcating that problems of this nature
can be analysed using the Reynolds equation.

A 1-dimensional isothermal analysis of an infinitely widelst bearing has shown that by plac-
ing a recess in the high pressure zone close to the trailigg #ds possible to reduce the minimum
friction loss by 27 %.

In a bearing pad of finite width the potential for reducingtion is smaller. A study of rectan-
gular bearing pads shows a 10 % reduction with a length-tlikwatio of 2.0 while a larger energy
saving is possible for low length-to-width ratios. At a cadif 0.2, a saving of 24 % is possible. Opti-
mal values of recess lengths and widths, and the correspgogtimal positions of the pivot points
are stated for length-to-width ratios ranging from 0.2 1. 2n analysis shows that the sensitivity
of the bearing pads to the circumferential positioning @& fivot is greater than in conventional
bearings. In order to achieve a performance superior tafreatonventional bearing it is therefore
imperative that the pivot is placed close to the optimal pposi

The design suggestions given for rectangular pads haveegubstly been applied to sector
shaped thrust bearings. For the common 6 to 8-pad bearingaergy saving o0 — 15 % is
obtained. The bearing pads are very sensitive to the radatipn of the pivot point. Spring bed
bearings or Michell type bearings with line pivots are tlere preferable to bearings with spherical
pivots.

The design charts presented in figure 7.4(&) are intended to state the necessary geometric
changes when redesigning a tilting-pad thrust bearing i@monventional design with plain pads to
a design with deep recesses in the high-pressure regiongeudq it has been shown in figure 7.5
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that the sensitivity of the bearing operating parametessiall changes in the design and to changes
in the boundary conditions is larger than when using coneeat bearing pads. For instance, the
influence of the leading edge pressure build-up or geomaaaxuracies on the oil film distribution
is larger than in conventional bearings.

At recess Reynolds numbers higher thad - 10® the recess flow is turbulent. This does not
change the design suggestions but the energy saving isaeéduc

Recesses with the suggested sizes and positions can besusithgection pockets for hydro-
static jacking at start-up. Because they are positiondagdrailing edge side of the pivot point, the
pads may however tilt backwards at start-up. This could tegahd flutter and mixed lubrication
when accelerating the rotor. Using recesses with largeugiferential dimensions can solve this
problem by guaranteeing positive circumferential tiltititdff.
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Chapter 8

Summary and Conclusion

Historically the analyses of tilting-pad thrust bearingsé generally not included cutouts in the pad
surfaces. Pockets are however often machined in the sarfa@dow for hydrostatic jacking in the
start-up phase and inlet tapers are sometimes used to dwitdeup of the oil film. The question
is therefore raised, how such cut-outs influence the beajegation and whether the position of
the pivot point leading to the smallest friction coefficiemsignificantly affected by such features.
A more general question is whether cutouts of arbitrary steaq position, deep or shallow could
enhance the performance of tilting-pad thrust bearingedyeing the friction loss.

A theoretical approach is chosen in the attempt to answeethjgestions. Numerical models
are constructed which include the phenomena treated i stahe art models of tilting-pad thrust
bearings. These are the hydrodynamic pressure build-ugssided by the Reynolds equation,
temperature variations along and across the fluid film arautjir the pads, bending of the bearing
pads due to pressure and thermal gradients and heat trahsfgsmena at the free sides of the pads
and in the grooves between the pads. Furthermore, the maltteisfor the inclusion of recesses of
arbitrary shape in the bearing surfaces. Models are carettdior two separate classes of recesses.
“Deep recesses” which are two or more orders of magnitudpetdban the oil film thickness are
studied using a model including 3-dimensional treatmenheftemperatures in the oil film and in
the pads. In such recesses, there is a recirculating flow dadj@ amount of mixing of the oil.
This mixing may be helped by turbulence. While the tempeeatin the oil film are calculated on
a 3-dimensional grid the oil in the recess is consideredhéatal. “Shallow recesses” constitute
another class of recesses. They have a depth of the sameobrdagnitude as the oil film. In such
recesses, there is no backflow and the oil does not mix asstidakeep recesses. A 2-dimensional
bulk flow treatment of the oil film temperatures is used fordahalysis of bearings with this feature.

Both models are validated against measurements availabie iscientific literature performed
on a bearing with plain bearing pads. Furthermore, the 3dsional model is validated against
measurements made on a bearing of large size, which hastpdakRydrostatic jacking at the pivot
points. The results show reasonable agreement with theursgasnts although some discrepancies
exist concerning the tilting-angle. The measurements enptlain bearing pads indicate a higher
circumferential tilting-angle than the angle predictedtbg models. An independent comparison
available in the literature shows the same discrepancy.abiigy of the 3-dimensional model to
predict the pressure distribution in an oil injection pddkevalidated through an experimental study.
Individual pads with conical oil injection pockets are &gkin a test-rig. At moderate loads (0-5
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1.5 MPa mean pressure), measured pressure profiles showegsmdblance with the theoretically
predicted pressures. At a mean pressure of 4 MPa the diswiepdetween results are larger. It is
argued that this may be due to the unevenness of the collar.

Tilting-pad thrust bearings of standard design are studidé influences of varying the length-
to-width ratio, varying the pocket sizes and varying theod®fation of the pads are studied. Design
suggestions are stated based on the results. The oil mjegtickets influence the pressure distri-
bution and thereby the optimal position of the pivot poinhieth moves towards the centre of the
pad with increasing pocket size. Length-to-width ratio® & — 1.8 are shown to give the lowest
friction loss. The best choice in this interval depends @ndirvature of the pads.

Parallel-step bearings theoretically have smaller ticttoefficients than tilting-pad bearings.
They however suffer from the disadvantage, that they do ediopm well at varying operating
conditions. The advantages of tilting-pad bearings candmbined with those of parallel-step
bearings by machining shallow inlet pockets in the surfatéise tilting-pads. The friction loss can
thereby be reduced by 10 - 15 % in comparison to that of a stdrittang-pad bearing. Suggestions
for the dimensions of the inlet pocket are stated in the ite@od it is shown that the modified
bearings are tolerant to varying operating conditions aednoef the pad surfaces. Such bearings
however suffer from a high sensitivity to the position of fiieot point, i.e. the oil film thickness
is reduced more rapidly with the offset of the pivot from thgtimal position than is the case in
standard tilting-pad bearings. Placing the pivot too fathe direction of the leading edge may
cause the bearing to entirely loose its load carrying céypaci

A deep recess in the surface of a bearing pad constitutes &ition zone of nearly constant
pressure. Placing such a recess in the high-pressure aeebealring pad can reduce the friction
coefficient, as the reduction of friction due to the low fioct zone is higher than the loss of load
carrying capacity due to the reduced area of converginglmil iDepending on the length-to-width
ratio of the bearing pads the reduction in the friction coedfit can be as much as 27 %. Just
as is the case with the bearings with inlet pockets, thisibgatesign also suffers from a higher
sensitivity to the circumferential position of the pivothi§ sensitivity can however be reduced,
even to a lower level than in standard bearings by changiagttket geometry. This raises the
friction coefficient but substantial savings are still gbkswhen comparing to standard bearings.
The recess creates a zone of constant high pressure. Tiggrfe radial tilting-stability of such
bearings is very low. The pressure distribution is affetitdd by radial tilting and the compensation
which occurs within standard bearing pads by the shift ofpifressure maximum is much smaller
in recessed bearings. It is therefore not recommended tthissapproach of reducing friction in
bearings with spherical pivots. Michell-type bearingshalihe pivots and spring bed bearings do
not suffer from radial tilting-stability problems and ahetefore good alternatives.
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